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TECHNICAL  EVALUATION  REPORT 

by 

W.J.  Anderson 
Bearings  and  Lubrication 
North  Olmsted,  Ohio,  US 


! .  INTRODUCTION 

\l 

'"The  key  role  which  bearings  play  in  the  performance  and  durability  of  engines  and  transmissions  has  long  been 
recognized  by  designers.  Although  dramatic  advances  have  been  made  in  bearing  and  lubrication  technology  during  the 
past  few  decades,  there  continue  to  be  problems,  both  in  performance  prediction  and  in  performance  limitations.  These 
^problems  are  manifest  in  the  life  and  durability  of  engines  and  transmissions  in  current  use,  and  also  in  the  limits  they 
place  on  the  design  of  future  engines  and  transmissions, 

/ 

It  was  for  the  purpose  of  addressing  these  problems  that  the  59th  AGARD  Propulsion  and  Energetics  Panel  Meeting, 
a  Symposium  on  Problems  in  Bearings  and  Lubrication,  was  held  at  the  Lester  B.Pearson  Building  in  Ottawa,  Canada, 

31  May -3  June,  1982. 

.The  Symposium  \yas  divided  into  four  sessions.  Thirty  five  invited  papers  and  one  short  presentation  were  given. 

A  very  broad  scope  of  Subjects  was  covered'  These  include: 

(1)  Rolling  element  bearings-design,  materials  and  lubrication; , 

(2)  'Gear lubrication;  . 

(3)  Elastohydrodynamics 1 

(4)  Hydrodynamic,  hydrostatic  and  hybrid  bearing  design  and  lubrication; 

(5)  Squeeze  film  dampers'  '  " '  .  . . 

(6)  '  Lubricant  deposition  studies; 

(7)  Gas  film  bearings  ■ 

(8)  Magnetic  bearings 

(9)  Diagnostics  and  health  monitoring  of  lubrication  systems 1 

(10)  '  Rotor  dynamics'  '  . ~ 

(11)  Engine  lubrication  system  design t  , _ . ’  r 

(12)  (Helicopter  transmission  efficiency  as  influenced  by  lubricant  composition  c  -t  . 

2.  TECHNICAL  CONTENT 

Ten  papers  (3,  7,  8,  9,  17,  20,  26,  27,  31  and  33)*  report  experimental  data  on  rolling  element  bearings,  gears, 
dampers,  oils  and  transmissions.  These  papers  contain  highly  relevant  information  on  improved  high  speed  roller  bearing 
design  (3),  high  speed  cage  design  (8),  the  criticality  of  the  bearing  thermal  environment  (7,  9),  the  influence  of  material 
and  lubrication  on  bearing  life  (11),  power  losses  in  a  helicopter  transmission  as  influenced  by  the  lubricant  (20),  oil 
characteristics  at  high  temperatures  (26),  temperature  profiles  in  both  bearings  (7),  and  gears  (27),  and  viscous  damper 
performance  (3 1 , 33). 

Some  of  the  more  significant  implications  of  these  data  are: 

(1)  The  lubrication  and  cooling  system  used  in  both  rolling  element  bearings  and  gears  can  significantly  influence 
the  temperature  profiles  of  these  components.  Careful  attention  must  therefore  be  given  to  the  design  of  the 
lubrication  and  cooling  system  to  avoid  thermal  distortion.  These  could  conceivably  destroy  the  original 
precision  geometry  of  these  elements  with  a  possible  detrimental  influence  on  performance  and  life. 

(2)  A  single  thermocouple  at  a  bearing  or  gear  location  or  a  single  pyrometer  reading  is  not  adequate  to  describe 
the  thermal  ei?  ironment.  Significant  axial  temperature  gradient"  or  difference  in  inner  and  outer  race  tempera¬ 
tures  can  be  present,  again  with  the  implication  of  a  detrimental  influence  on  performance. 


•Throughout  the  discussion,  numbers  in  parenthesis  refer  to  paper  numbers  assigned  to  each  contribution  to  the  symposium. 
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(3)  Simulation  of  the  conditions  in  the  actual  application  may  be  critical  to  an  accurate  assessment  of  lubricant 
behavior  at  elevated  temperatures.  The  startling  differences  in  lubricant  deposition  character  under  static  and 
dynamic  conditions  in  (26)  attests  to  this. 

(4)  Lubricant  composition  can  cause  variations  in  helicopter  transmission  power  losses  as  high  as  50  percent, 
although  the  differences  in  efficiency  arc  small  (20),  A  50  percent  increase  in  power  loss  would  require  a 
comparable  increase  in  size  and  weight  of  cooling  system. 

(5)  Where  conditions  of  unfavorable  lubrication  are  present  in  a  bearing,  high  temperature  resistant  steels  such 
as  T-l  and  M-50  have  life  expectancies  superior  to  that  of  52100  steel  (17).  Locally  severe  temperatures  not 
detectable  by  a  thermocouple  measuring  bulk  bearing  temperature  have  a  fur  greater  detrimental  effect  on 
52100  steel  than  they  do  on  either  T-l  or  M-50. 

(6)  Cylindrical  roller  bearing  design  and  quality  control  for  ultra  high  speed  applications  should  be  reassessed, 
based  on  the  results  of  (3).  In  particular,  roller  balance  is  critical,  and  rollers  with  shorter  length/diameter 
ratios  than  are  now  standard  should  be  considered. 

Six  papers  (10,  11,  12,  13,  16  and  18)  deal  with  elastohydrodynamics.  The  regimes  of  EHL  lubrication,  clastic  or 
rigid,  isoviscous  or  viscous,  and  fully  flooded  or  starved  are  discussed  in  (10)  and  (12).  Sliding  and  spinning  effects 
influence  traction  more  than  film  thickness  (11).  An  application  of  EHL  analysis  to  the  cone  rib  contact  in  a  tapered 
roller  bearing  is  presented  in  (13).  Starvation  is  treated  (10,  16  and  18),  but  not  in  a  way  that  can  be  directly  applied  to 
multiple  body  assemblages  such  as  ball  and  roller  bearings. 


Papers  (5)  and  (6)  are  concerned  with  advanced  low  density  high  tempeiature  rolling  element  bearing  materials. 

Both  of  these  papers  deal  with  critical  needs  which  must  be  met  for  a  material  such  as  silicon  nitride  before  it  can  bo 
considered  a  viable  material  for  bearings,  These  are; 

(1)  Quality  control,  specifically  non-destructive  inspection  techniques  which  can  reliably  separate  good  from  bad 
material.  The  increasing  use  of  advanced  analytical  physics  tools  to  accomplish  this  is  particularly  encouraging. 

(2)  Improved  manufacturing.  The  systematic  attack  on  manufacturing  methods  as  reported  in  (6),  is  mandatory. 

The  very  important  subjects  of  diagnostics  and  health  monitoring  are  treated  in  papers  (2)  and  (4).  These  arc 
important  subjects  because  they  deal  with  the  realities  of  actual  applications.  Good  design  and  proper  installation  and 
operation  arc  necessary  to  achieve  good  service  life,  but  not  sufficient  in  themselves.  Imperfections  in  the  total 
-engineering  system  and  variances  in  operating  environments  can  introduce  unforseen  hazards  to  reliability.  There  is  a 
need  for  health  monitoring  of  operating  systems,  but  the  monitoring  equipment  must  be  reliable  and  the  personnel  who 
interpret  the  data  must  be  properly  trained.  The  advent  and  use  of  several  new  tools  from  analytical  physics  hus  greatly 
enhanced  the  potential  of  system  health  monitoring. 


With  the  steady  trend  toward  higher  and  higher  speeds,  rotor  dynamics,  including  methods  for  predicting  instability 
thresholds,  and  the  use  of  viscous  dampers  for  attenuating  rotor  vibrations,  has  become  an  increasingly  important  area  of 
research.  Papers  (22),  (24),  (3 1 )  and  (33)  deal  with  rotor  dynamics  and  vibration  attenuation.  Rotor  dynamics  and 
related  topics  could  well  be  the  subject  of  a  future  conference. 


Papers  (21),  (23),  (25)  and  (28)  present  new  approaches,  through  analysis  and  design,  for  hydrodynamic,  hydrostatic 
and  hybrid  fluid  film  bearings.  The  use  of  CADE  (23)  in  the  design  of  journal  bearings,  with  the  capability  of  handling 
misalignment,  is  a  step  forward.  Further  incorporation  of  flexibility  in  the  bearing  and  its  support  utilizing  finite  element 
structural  analysis  would  probably  be  required  to  truly  represent  a  bearing  application.  The  advanced  hybrid  bearing 
design  approach  (28)  is  needed  because  the  intricate  geometries  of  hydrostatic-hybrid  bearings  demand  special  fluid  flow 
analysis  techniques. 

More  attention  is  now  being  given  to  compliant  typos  of  gas  film  bearings  rather  than  rigid  geometry  bearings 
because  of  their  lesser  sensitivity  to  contaminant  particles  in  the  gas,  occasional  high  speed  rubs  and  human  error.  Paper 
(35)  reports  results  on  both  foil  type  and  tilting  pad  bearings.  Paper  (36)  deals  with  advanced  surface  coatings  for  foil 
bearings,  a  necessary  element  in  their  successful  use,  especially  at  extreme  temperatures.  Paper  (38)  reports  operating 
experience  with  several  types  of  gas  film  bearings  in  small  cryogenic  turbo-compressors.  The  experimental  work,  in  these 
papers  is  especially  welcome. 

Feasible  magnetic  bearings  have  long  been  sought  as  a  possible  solution  to  specialized  bearing  problems.  Paper  (30) 
is  a  very  comprehensive  treatment  of  a  number  of  successful  applications  of  active  magnetic  bearings.  It  is  quite  apparent 
that  they  will  prove  to  be  advantageous  in  many  situations  where  size  and  weight  are  not  critical,  and  where  cost  is  not 
the  dominating  factor. 


3.  CONCLUSIONS  AND  RECOMMENDATIONS  V 

The  symposium  successfully  addressed  a  number  of  topics  related  both  to  improving  presently  operational  systems 
and  to  advancing  design  capability  for  future  systems.  Bearings  and  lubrication  encompass  a  multitude  of  technologies. 
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however,  und  it  is  not  possible  to  discuss  all  of  them  in  any  depth  in  a  single  symposium.  As  with  any  major  technology 
urea,  reseurch  on  bearings  and  lubrication  ranges  from  very  fundamental  studies  involving  first  principles  in  fields  such  as 
physics,  mechanics,  stress  analysis,  chemistry  und  rheology,  to  applied  studies  of  complete  systems.  Well  directed  funda¬ 
mental  research  supplies  the  foundation  for  later  applied  research.  The  various  technical  societies  effectively  provide 
forums  for  the  discussion  and  critical  review  of  the  more  fundamental  research,  and  the  journals  which  constitute  the 
permanent  written  record  of  the  work.  Our  present  efforts  ut  disseminating  the  results  of  applied  research  und  develop¬ 
ment,  both  component  and  systems  oriented,  which  can  be  of  direct  use  to  operations  und  design  engineers,  is  much  less 
effective.  The  Propulsion  and  Energetics  Panel,  party  because  of  its  international  makeup,  is  ideully  structured  to  improve 
the  interchange  of  applied  research  and  development  information. 

It  is  recommended  that  in  future  symposia  more  stress  be  placed  on  the  presentation  of  research  and  development 
results  which  can  be  immediately  put  to  use  by  designers.  To  that  end  symposia  titles  which  include  the  specific  applica¬ 
tion  such  as  aircraft  turbine  s.id  turboshaft  engines,  and  rotorcraft/turboprop  transmission  would  encourage  the  sub¬ 
mission  of  more  upplied  papers. 

In  regard  to  this  symposium  and  its  technical  content  the  following  additional'  comments  are  offered: 

-  ( 1 )  The  several  papers  on  elastohydrodynamlcs  are  almost  totally  concerned  with  film  thickness  on  a  macro  scale. 

More  information  on  micro-elustohydrodynuniics  of  real  surfaces  is  needed,  particularly  as  it  relates  to  future 
progress  in  bearing  and  gear  life  prediction  and  enhancement.  The  criticality  of  surface  finish  and  texture, 
and  of  system  cleanliness  and  filtration  level,  and  their  influence  on  bearing  lit' s  and  system  reliability  need  to 
r  be  emphasized  and  placed  in  balance  with  all  of  the  research  on  film  thickness.  -The  role  played  by  lubricant 

chemistry  also  needs  to  be  explored  to  learn  why  some  systems  operating  with  asperity  contact  successfully 
- -  .----eru n  in,  and  why  others  do  not.  This  is  particularly  critical  in  gear  lubrication,  ana  in  low  speed,  highly  loaded 
'  rolling  element  bearings. 

(2)  The  papers  on  squeeze  film  dumpers  offer  a  significant  body  of  information,  Non-cential  dampers  may  be 
sensitive  to  shaft  attitude  so  experiments  at  various  shaft  attitudes  other  than  the  horizontal  are  encouraged. 
Even  in  civilian  aircraft,  takeoff,  landing  and  in-flight  maneuvers  can  produce  markedly  different  results. 

(3)  A  future  symposium  on  rotor  and  structural  dynamics  is  recommended.  The  subject  need's  to  be  treated  in 
depth.  In  particular,  flexible  or  supercritical  rotors,  the  prediction  of  damped  critical  speeds,  vibration 
attenuation  and  prediction  and  control  of  instability  thresholds  are  subjocts  vital  to  the  design  of  future  high 
speed  turbomachinery. 

(4)  Continuance  of  the  types  of  research  with  high  potential  for  the  development  of  design  tools  is  ocommended. 
Paper  (15)  on  cage  slip,  (23)  on  journal  bearing  design,  and  (27)  on  improved  gear  lubrication  are  good 
examples. 
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ABSTRACT 

A  brief  status  report  on  bearing  technology  and  present  and  near-term  future  problems  that  warrant  research 
support  is  presented.  For  rolling  element  bearings  a  material  with  improved  fracture  toughness,  lite  data 
in  the  low  A  region,  a  comprehensive  failure  theory  verified  by  life  data  and  incorporated  into  dynamic 
analyses,  and  an  improved  corrosion  resistant  alloy  are  perceived  as  important  needs.  For  hydrodynamic 
bearings  better  definition  of  cavitation  boundaries  and  pressure  distributions  for  squeeze  film  dampers,  and 
geometry  optimisation  for  minimum  power  loss  in  turbulent  film  bearings  are  needed.  For  gas  film  bearings, 
foil  bearing  geometries  that  form  more  nearly  optimum  film  shapes  for  maximum  load  capacity,  and  more 
effective  surface  protective  coatings  for  high  temperature  operation  are  needed. 


LIST  OF  SYMBOLS 

C  radial  clearance,  m  (in) 

D  diameter,  m  (in) 

E  modulus  of  elasticity,  N/m2  (psi) 

-dSj _ ;i_~“Wodified  modulus  of  alasticity, 


_ 2 _ 

(i-yj)  u-y2) 

~  FJ  +  Ej 


F  normal  applied  load,  N  (lb) 

G  dimensionless  material  parameter,  E'/P# 

Wmin  dimensionless  minimum  film  thickness,  h/Rx 

h  film  thickness,  m  (in.) 

k  _ _ ellipticity  parameter,  a/b  _ ^  _ 1 _ 1__ _ 

;L  length,  m  (in) 

R  radius  m  (in) 

r  radius  of  curvature,  m  (in.) 

Rx.  Ry  effective  radius  of  curvature,  m  (in.) 

1  *  l  ♦  1  ;  1  »  1  +  _1 

Rx  'lx  r2x  Ry  rly  *2y 
U  dimensionless  speed  parameter,  (um4)/(E'Rx) 

u  surface  velocity  in  x  dir-ction,  m/sec  (in. /sec) 

Wp  dimensionless  lose  parameter,  F/(e'rJ) 

A  lubricant  film  parameter,  h/<r 

P  a  dynamic  viscosity,  N  sec/m2  (  lb  sec/in.2) 

v  Poisson's  ratio 

a  composite  surface  roughness,  micrometers  (fiin.) 

a  1 ,  a2  surface  roughness  of  bodies  1  and  2,  micrometers  (pin.) 

Subscripts: 

1 ,  2  bodies  1  and  2 

x,  y  coordinate  directions 

b  bearing 

p  preload 


INTRODUCTION 

In  these  days  of  intensive  research  efforts  in  a  multiplicity  of  high  technology  areas  which  result  in  a 
steady  stream  of  products  unknown  only  a  few  years  ago,  one  would  think  that  anything  as  prosaic  as  bearings, 
which  have  been  with  us  since  the  dawn  of  civilization,  would  long  since  have  been  relegated  to  RS.D  dor¬ 
mancy.  That  is  not  the  case,  however,  because  we  find  a  continued  high  level  of  research  and  development 
activity  in  bearings  and  other  mechanical  components.  A  continued  level  of  substantial  support  for  bearing 
related  RSD  activity  ia  a  result  of  the  recognized  key  role  that  bearings  play  in  rotating  machinery.  Thus 
we  find  that  advances  in  rotating  machinery  technology  have  necessitated  parallel  advances  in  bearing 
technology. 

Large  aircraft  gas  turbine  engines,  and  transmissions  and  gear  boxes  fer  rotorcraft  and  turboprops  have,  for 
example,  been  a  principal  driver  for  improvements  in  rolling  element  biarings.  The  general  demand  for 
greater  power  density  in  rotating  machinery  has  led  to  ever  increasing  speed  demands  on  both  rolling  element 
and  fluid  film  bearings.  High  speeds  havo  intensified  rotor  dynamics  problems,  forcing  greater  attention  on 
the  stability  aspects  of  fluid  film  bearings  and  rotor -bearing  systems.  They  have  brought  about  an  increas- 


ingly  wide  use  of  non-circular,  whirl  resistant  journal  bearings  and  of  viscous  dampers  configured  as  non¬ 
rotating  journal  bearings  for  vibration  attenuation, 

High  sliding  speeds  in  fluid  film  bearings  can  also  result  in  super  laminar  flow  accompanied  by  sharply  in¬ 
creased  levels  of  frictional  power  loss.  In  large  power  generating  equipment  bearing  power  loss  may  reach 
several  thousand  kilowatts  so  bearing  power  loss  is  of  major  concern,  especially  in  today's  atmosphere  of 
energy  conservation,  Accordingly,  the  development  of  a  better  understanding  of  super  laminar  flow  and  of 
bearing  designs  which  minimise  power  loss  without  degrading  load  capacity  should  have  high  priority. 

The  development  of  gas  film  bearings  continues  with  a  steadily  broadening  scope  of  applications,  The  obvi¬ 
ous  benefits  are  a  simpler  lubrication  system,  less  mechanical  complexity  and  higher  operating  temperature 
capability  because  of  the  elimination  of  organic  lubricants.  Research  has  concen  rated  on  compliant  types 
of  bearings,  many  incorporating  flexible  foils,  because  of  their  relatively  forgiving  nature.  Wear  resis¬ 
tant  coatings  are  also  under  intensive  development  for  completely  self-acting  bearings. 

It  is  not  the  objective  of  this  paper  to  present  an  in-depth  treatise  on  the  state  of  the  bearing  art,  Such 
an  attempt  would  result  in  a  compendium  of  encyclopedic  proportions.  Rather,  the  objective  is  to  present 
highlights  illustrating  where  we  are  and  what  problems  are  most  urgently  in  need  of  solution.  A  few  key 
references,  some  of  which  contain  extensive  bibliographies,  are  presented. 


ROLLING  ELEMENT  BEARINGS 

The  principal  driver  has  seen  the  need  for  bearings  with  higher  speed  capability  and  improved  endurance  in 
aircraft  propulsion  systems,  most  notably  large  gas  turbine  engines,  and  transmissions  and  speed  reducers 
for  rotorcraft  and  turboprops.  Aircraft  turbine  engine  designers  want  bearings  with  3  million  DN  and  even 
higher  speed  capability  coupled  with  extended  endurance  life.  Gear  box  designers  want  bearings  with  2+ 
million  DN,  and  high  combined  thrust  and  radial  load  carrying  capability,  again  with  extended  endurance  life 
and  high  reliability.  ~ 

Liquid  Lubrication  -  Parker  (1)  presents  a  thorough  review  of  rolling  element  bearing  lubrication.  During 
the  mid  1960 's  it  became  apparent  that  jet  lubrication  of  large  bore  mainshafl  ball  and  roller  bearings 
would  not  be  adequate  for  DN  values  beyond  2.3  to  2.5  million.  As  speeds  increase  centrifugal  effects  make 
it  increasingly  difficult  for  oil  to  penetrate  to  the  critical  interior  surfaces  of  the  bearing  when  directed 
from  jets  at  the  sides  of  the  bearing.  Brown  (2)  first  presented  the  concept  of  underrace  lubrication, 
figure  1.  Underrace  lubrication  allows  oil  to  be  metered  at  controlled  flow  rates  directly  into  the  bearing 
with  an  option  to  use  part  of  the  flow  exclusively  for  cooling  by  bypassing  the  bearing,  Underrace  lubrica¬ 
tion  offers  several  advantages  for  extreme  speed  applications.  Churning  losses  can  be  kept  to  a  reasonable 
level  by  feeding  directly  into  the  bearing  only  enough  oil  to  satisfy  the  internal  lubrication  and  cooling 
requirements.  By-passed  oil  flow  serves  exclusively  as  a  coolant.  With  underracd  lubrication,  centrifugal 
effects  assist  in  pumping  oil  into  the  critical  areas  requiring  lubrication.  In  (3)  jet  lubrication  was 
found  to  be  ineffective  at  2.5  million  DN  in  experiments  with  120  mm  bore  ball  bearings,  figure  2.  Under¬ 
race  lubrication  is  effective,  in  contrast,  at  DN  values  to  3  million  (4). 

Underrace  lubrication  has  also  been  applied  to  small  bore  (35-mm)  ball  bearings  operating  at  DN  values  to 
2.5  million  (5),  and  to  highly  loaded  tapered  roller  bearings  operating  at  DN  values  to  2.4  million  (6).  It 
has  proven  to  be  particularly  effective  in  solving  lubrication  problems  associated  with  the  cone  rib  flange 
in  high-speed  tapered  roller  bearings. 

It  can  reasonably  be  said  that  the  concept  of  underrace  lubrication,  in  its  various  forms,  constitutes  a 
major  advance  in  the  lubrication  and  cooling  of  very  high  speed  bearings.  Lubrication  and  the  control  of 
frictional  heat  generation  and  bearing  temperature  no  longer  constitute  a  problem  or  limiting  factor  in  high 
speed  bearings. 

Elastohydrodynamics  -  Beginning  with  the  work  of  Grubin  (7),  and  followed  by  both  analytical  and  experimen¬ 
tal  work  of  numerous  other  investigators,  most  notably  Dowson  and  Higginson  (8),  Archard  and  Cowking  (9), 
and,  most  recently,  Hamrock  and  Dowson  (10,  11),  the  calculation  of  elastohydrodynamic  film  thickness  has 
become  an  integral  part  of  rolling  bearing  analysis  and  design.  An  easily  used  equation  for  minimum  film 
thickness  in  either  point  and  line  contacts  (10)  is. 

"min  -  3.63  U  °-68  G  0^9  Wp_0'073(l-  «'-0.68tC) 

"min  is  a  dimensionless  minimum  film  thickness  and  K  is  a  function  of  the  contact  ellipticity. 

K  «  1,03  ("D  °'64 
Rx 

The  influence  of  elastohydrodynamic  films  on  bearing  performance  is  determined  by  the  now  widely  accepted 
EHD  film  parameter,  A,  which  is  the  ratio  of  film  thi.kness,  h,  to  composite  surface  roughness,  a  ,  where 

*|.t7+  0-2 

1  1  2 

and  w2  are  t"e  RMS  roughnesses  of  the  two  surfaces  in  contact.  Tallian,  et.al.,  (12,  13)  first  investi¬ 
gated  the  relationship  between  A  and  bearing  performance.  As  shown  in  figure  3,  there  is  a  high  prob¬ 
ability  that  surface  distress  in  the  form  of  superficial  glazing,  smearing  and  micropitting  will  occur  at 
A<1,  figure  4.  The  frequency  of  asperity  contact  in  this  A  region  is  high.  At  .9  <  A  <1,5  surface 
distress  may  occur.  If  surface  distress  does  occur  it  will  probably  result  in  early  bearing  failure  due  to 
wear  out  and/or  surface  initiated  fatigue.  At  A  >3  very  little  asperity  contact  occurs,  and  the  surfaces 
are,  for  practical  purposes,  completely  separated.  In  this  region  the  bearing  can  be  expected  to  run  to  its 
full  endurance  life  expectancy. 


In  the  A  range  between  1  and  3,  where  many  bearings  operate,  successful  operation  depends  on  additional 
factors  such  as  the  boundary  lubricating  characteristics  of  the  lubricant  with  the  bearing  materials  in¬ 
volved,  bearing  kinematics  such  as  spin-roll  ratios,  temperature  and  surface  texture  (other  than  rms  surface 
finish) . 

It  is  in  the  low  \  region  where  the  departure  of  bearing  life  from  that  predicted  by  classical  fatigue 
theory  becomes  the  greatest.  Tallian  and  his  coworkers  have  recognized  the  need  for  a  much  broader  theory 
of  bearing  failure,  based  on  several  competing  modes  of  failure  (13,  14,  15).  The  theory  allows  for  mate¬ 
rial,  lubrication  and  surface  topography  effects  and  goes  considerably  beyond  the  consideration  of  A  alone. 
This  is  especially  needed  in  the  low  A  range  where  the  scatter  in  the  little  available  life  data  is  great¬ 
est,  figure  5,  (15).  Eearing  endurance  data  are  needed  in  the  A  range  up  to  2  with  controlled  values  of 
asperity  slopes  and  traction  in  order  to  demonstrate  the  validity  of  the  theory. 

A  second  lubrication  related  factor  for  which  better  predictive  methods  are  required  is  starvation.  The 
influence' of  lubricant  availability  in  front  of  the  contact  (in  terms  of  inlet  distance)  on  the  ability  of 
the  rolling  system  to  develop  an  elastohydrodynamic  film  has  been  mathematically  described  by  Hamrock  (11) 
and  lubricant  starvation  has  been  observed  experimentally  by  Wsdeven,  et.al.,  (16)  and  Wolveridge,  et.al., 

(17)  in  simple  ball  and  cylinder  contacts.  The  problem  of  observing  and  predicting  starvation  in  full  scale 
bearings  operating  at  high  speeds  is  considerably  more  complex  than  developing  mathematical  models  and  con¬ 
ducting  simple  experiments. 

Chiu  (18)  developed  a  film  replenishment  model  which  incorporates  a  speed-viscosity  parameter  and  a  starva¬ 
tion  parameter  dependent  on  oil-air  surface  tension  and  rolling  element  spacing.  Experimental  data  are 
needed  to  verify  Chiu's  model  and  to  assist  in  developing  more  effective  predictive  techniques.  The  impor¬ 
tance  of  starvation  in  ball  and  roller  bearings  is  not  well  understood.  It  appears  to  be  significant  in 
gyro  bearings  and  may  very  well  influence  Che  operation  of  other  high  speed  bearings.  Pemberton  and  Cameron 
(19)  conducted  experiments  with  a  cylindrical  roller  bearing  operating  at  approximately  0.2  million  DN  and 
had  difficulty  producing  starvation.  The  method  of  lubricating  a  bearing  as  well  as  the  operating  DN  of  the 
bearing  may  be  critical  to  the  onset  of  starvation,  and  that  hasn't  been  studied. 

Computerized  Analysis  and  Design  Methods  -  The  availability  of  accurate  elastohydrodynamic  film  thickness 
and  traction  predictive  methods  has  made  possible  the  development  of  both  quasi-static  and  dynami  ball  and 
roller  bearing  analyses  which  can  accurately  predict  bearing  performance.  The  evolution  of  large  high  3peed 
computers  has  made  the  use  of  complex  computer  programs  practical  as  design  and  performance  prediction  tools. 

The  first  widely  used  ball  bearing  analysis  was  conceived  by  Jones  (20,  21).  Coulomb  friction  was  assumed 
to  exist  in  the  ball-race  contacts.  Jones'  analysis  p-edicted  life  quite  well  but  had  shortcomings  ir.  pre¬ 
dicting  skidding  and  slip.  Harris  (22)  first  incorporated  elastohydrodynamics  into  a  ball  bearing  analysis. 
Harris  used  Archard  and  Cowking ' s  (9)  film  thickness  equation  and  an  exponential  viscosity  pressure  relation¬ 
ship.  As  shown  in  figure  6,  Harris'  analysis  predicted  cage  slip  better  than  did  Jones'  earlier  race  con¬ 
trol  theory. 

A  revised  version  of  Harris'  computer  program  called  SHABERTH  was  developed  incorporating  experimental  trac¬ 
tion  data.  Further  revisions  by  Coe  (23)  resulted  in  a  program  which  predicted  bearing  temperatures  reason¬ 
ably  well  (figure  7). 

The  development  of  analytical  tools  for  predicting  the  performance  and  life  of  cylindrical  roller  bearings 
parallels  that  for  ball  bearings.  Harris  (24)  first  introduced  elastohydrodynamics  into  a  roller  bearing 
analysis.  Since  then  increasingly  reliable  programs  have  evolved  through  the  introduction  of  more  precise 
traction  relationships.  Poplawski  (25)  and  Rumbarger  (26)  generated  programs  which  predicted  roller  beari’g 
skidding  with  increasing  accuracy,  figure  8. 

Quasi-3tatic  analyses  have  also  been  developed  for  tapered  and  sphericsl  roller  bearings.  These  programs  are 
being  continually  updated  with  more  efficient  subroutines,  ..specially  thermal  subroutines  which  can  produce 
reliable  estimates  of  bearing  temperatures. 

The  quasi-static  analyses  are  suitable  only  for  describing  steady-state  bearing  operation  since  they  tacitly 
assume  that  an  equilibrium  of  forces  exists  at  all  times.  Evidences  of  transient  behavior  and  instabilities 
have  been  observed  in  gyro  bearings,  and  unsteady  state  behavior  has  probably  been  responsible  for  numerous 
high  speed  bearing  failures.  These  have  provided  the  stimuli  for  full  scale  dynamic  analyses,  such  as  Gupta 
(27-30).  Even  with  a  high  speed  digital  computer,  however,  a  full  dynamic  analysis  is  costly  and  time  con¬ 
suming,  as  such  a  program  can  only  be  used  very  selectively.  Quasi-static  programs  have  proven  to  fca  very 
effective  engineering  design  tools.  Dynamic  analyses  may  prove  of  real  value  in  the  diagnosis  of  bearing 
failures,  many  of  which  follow  in  the  wake  of  the  onset  of  unsteady  state  dynamic  conditions. 

Bearing  life  prediction  is  presently  based  on  the  Lundberg  and  Palmgren  theory  with  several  life  multiplying 
factors  applied  as  suggested  in  (31).  These  factors  include  corrections  for  materials  and  lubrication.  The 
lubrication  factor  is  developed  from  experimental  data  relating  bearing  life  and  A  .  An  "average"  curve 
such  as  that  of  figure  9  is  recommended  for  use,  but  we  have  already  seen  the  wide  scatter  in  fatigue  lives 
at  low  A  's  (figure  5)  and,  as  stated  earlier,  we  lack  a  good  understanding  of  the  factors  that  control 
bearing  life  in  the  low  A  region  of  operation,  At  high  values  of  A  the  lubrication  factor  recommended  in 
(31)  is  probably  valid  although  even  there  it  may  be  overly  simplistic,  based  on  Tallian's  work  on  competing 
failure  modes  (13,  14,  15)  and  the  dramatic  advances  that  have  been  made  in  the  quality  of  bearing  materials. 
It  may  be  argued  with  some  validity  that  the  advent  of  double  vacuum  melted  steels  and  superior  processing 
techniques  has  greatly  diminished  the  incidence  of  classical  subsurface  fatigue,  upon  which  the  Lundberg- 
Palmgren  theory  is  based.  Advanced  life-prediction  methods  should,  therefore,  recognize  the  many  failure 
modes  that  are  possible,  and  incorporate  physical  and  chemical  factors  in  addition  to  surface  texture  effects 
These  should  then  be  incorporated  into  computer  programs  for  more  realistic  life  prediction. 

Materials  -  A  broad  scope,  in-depth  discussion  of  the  state  of  the  art  of  rolling  element  bearing  materials 
is  given  in  (33).  As  stated  above,  dramatic  improvements  in  bearing  endurance  life  have  resulted  from  modi- 


fixations  in  melting  and  processing  techniques  applied  to  existing  iron  base  bearing  alloys  (as  opposed  to 
the  development  of  new  alloys).  Bearing  endurance  life  itnpro  »ement  realized  through  the  evolution  of  AISI  M- 
50  bearing  steel,  for  example,  is  shown  in  figure  10  (from  33).  The  extended  bearing  endurance  life  re¬ 
sulting  from  improved  alloys  has  made  bearings  more  susceptible  to  other  failure  modes  (such  as  surface  ini¬ 
tiated  fatigue).  This,  together  with  an  increasing  awareness  of  el astohydrodynamic  and  other  lubrication 
effects,  has  made  the  development  of  a  more  comprehensive  life  (or  failure)  prediction  method  even  more 
relevant. 

The  dramatic  improvement  in  iron  base  bearing  alloys  has  also  made  it  possible  to  achieve  adequate  endurance 
life  at  extreme  speeds,  despite  the  high  cycling  rate  and  the  detrimental  centrifugal  effects  (34).  With  the 
aforementioned  developments  in  underrace  lubrication,  computerized  design,  and  now  adequate  material  endur¬ 
ance,  one  might  be  tempted  to  think  that  all  aspects  of  the  3  million  DN  bearing  problem  have  been  solved. 
Such  is  not  the  case,  however,  as  reported  in  (34)  because  fatigue  spalling  at  3  million  DN  was  followed  by 
crack  propagation  through  the  rotating  inner  ring.  This  quickly  precipitated  catastrophic  failure  (figure 
11).  At  moderate  bearing  speeds,  spalling  is  a  benign  type  of  failure,  but  at  extreme  speeds  the  hoop  stress 
in  the  rotating  ’"ing  coupled  with  inadequate  fracture  toughness  of  the  ring  material  combine  to  make  the 
failure  catastrophic.  A  number  of  research  efforts  are  presently  directed  toward  obtaining  bearing  materials 
with  improved  fracture  toughness.  Some  of  the  more  promising  approaches  are  discussed  in  (33).  These  are 
critically  needed  efforts,  because  fracture  toughness  presently  constitutes  a  barrier  problem  preventing 
rolling  element  bearing  operation  at  DN  values  beyond  2.4  million,  figure  12. 

Bearing  ring  fracture  is  also  a  problem  in  anti-skid  roller  bearings  (35).  These  bearings  frequently  utilize 
non-circular  raceways  designed  to  produce  preload  or  "roller  pinching"  at  points  within  the  bearing.  Inner 
ring  flexing  can  occur  in  these  bearings  resulting  in  fatigue  cracks  which  propagate  radially  outward  from  - 
the  initiation  site  at  the  bore.  Similar  problems  occur  in  hollow  rollers  when  that  approach  is  used  to  pro¬ 
duce  bearing  preload.  It  is  clear  from  this  discussion  that  beaming  materials  with  improved  fracture  tough¬ 
ness  are  required  to  solve  several  critical  bearing  problems.  This  is  a  major  challenge  for  the  bearing 
materials  researcher. 

Other  areas  of  bearing  materials  research  which  are  particularly  relevant  to  present  and  near  future  needs 
and  problems  are  corrosion  resistant  ferrous  alloys,  powder-metallurgy  produced  materials,  and  ceramics.  A 
large  number  of  conventional  oil-lubricated  bearings  are  rendered  unserviceable  each  year  because  of  corro¬ 
sion,  Table  1,  (36).  Therefore,  there  is  a  genuine  need  for  a  cost  competitive,  corrosion  resistant  alloy 
with  endurance  characteristics  equivalent  to  vacuum  processed  M-50  and  AISI  52100.  One  promising  alloy  under 
development  is  AMS  5749,  a  martensitic  stainless  steel.  AMS  5749  has  shown  fatigue  characteristics  which 
compare  favorably  with  those  of  M-50  in  bench  fatigue  tests  (37).  Endurance  tests  of  full  scale  bearings 
should  be  run  to  properly  assess  the  potential  of  AMS-5749. 

Powder-metallurgy-produced  materials  have  been  under  investigation  as  potential  bearing  materials  for  a  num¬ 
ber  of  years.  Among  the  P/M  alloys  under  investigation  are  M-50,  T-15  and  CRB-7  (an  alloy  similar  to  AMS- 
5749)  (38,  39).  The  potential  for  producing  a  fine-grained  material  with  fine,  evenly  dispersed  carbides  is 
recognized  and  provides  the  incentive  for  this  research.  A  viable  P/M  material  might  also  lead  to  lower  cost 
bearings  through  the  reduction  of  waste  in  processing  bearing  parts.  Results  so  far  have  been  promising 
but  somewhat  erratic.  An  integral  part  of  the  problem  is  quality  control  in  both  making  and  processing  the 
powders.  Continued  research  is  needed  to  establish  good  quality  control  so  that  the  ultimate  potential  of 
P/M  materials  can  be  assessed. 

Ceramics  have  also  been  the  subject  of  much  research  as  potential  bearing  materials  since  the  1950’s.  A 
successful  ceramic  material  would  find  application  in  high  temperature  bearings,  and  bearings  for  corrosive 
and  non-lubricating  environments.  A  summary  of  ceramic  bearing  materials  research  is  given  in  (33).  Much 
of  the  early  work  proved  disappointing;  quality  control  was  erratic  and  the  endurance  characteristics  were 
generally  poor.  Recent  emphasis  has  shifted  to  silicon  nitride,  which  has  shown  considerable  promise  in 
both  hybrid  (silicon  nitride  rolling  elements  coupled  with  ferrous  alloy  races)  and  in  all  ceramic  bearings, 
(40).  It  has  demonstrated  endurance  characteristics  comparable  to  those  of  a  good  quality  forged  bearing 
alloy  (41).  Its  low  density,  excellent  high  temperature  properties  and  excellent  corrosion  resistance  insure 
that  it  will  someday  find  use  in  bearings  requiring  a  material  with  one  or  more  of  these  properties.  Re¬ 
search  on  silicon  nitride  should  continue  with  strong  emphasis  on  manufacturing  quality  control. 

Solid  Film  Lubrication  -  Operation  of  rolling  element  bearings  at  extreme  temperatures,  either  very  high  or 
low,  or  in  vacuum  usually  precludes  the  use  of  conventional  oil  or  grease  lubricants.  Solid  film  lubrication 
can  often  be  used  in  these  unusual  environments,  and  in  systems  where  the  life  requirements  are  short  and 
simplicity  of  mechanical  design  is  of  premium  importance. 

The  use  of  solid  film  lubrication  generally  limits  bearing  life  to  a  small  fraction  of  its  full  endurance 
life  potential  with  oil  lubrication.  Solid  lubricants  are  most  often  used  in  the  form  of  bonded  films  or  as 
transfer  films.  Gas  entrained  loose  powders  of  molybdenum  disulfide,  lead  monoxide  and  graphite  have  been 
evaluated  in  experiments,  but  to  the  writer's  knowledge  have  not  found  use  in  actual  applications  (42). 

Polytetrafluoroethylene  base  materials  have  found  considerable  use  in  cryogenical ly  cooled  bearings  in  high 
energy  rocket  engine  turbopumps  (43).  Feasibility  studies  of  very  thin  (  «  5000  A°)  sputtered  films  of  hard 
nitrides  and  carbides  as  surface  protectants  in  gyro  and  turbine  engine  bearings  with  short-life  require¬ 
ments  are  presently  being  made  (44).  Thin  films  are  probably  more  suitable  for  use  in  He-tzian  contacts 
than  are  thick  films. 

The  ultimate  utility  of  solid  film  lubricants  in  rolling  element  bearings  is  probably  limited  by  the  nature 
of  their  stressed  contacts  and  kinematics,  but  one  of  the  factors  limiting  the  success  achieved  to  date  may 
lie  in  the  bearing  designs  used.  Bearings  designed  for  use  with  liquid  lubricants  have  been  the  vehicles 
employed  in  evaluating  solid  lubricants.  Careful  studies  to  optimize  surface  texture  and  bearing  design 
have  never  been  done.  Such  studies  would  enhance  the  level  of  success  with  solid  lubricants. 


K-5 


HYDRODYNAMIC  BEARINGS 

The  analytical  and  experimental  foundation  for  hydrodynamic  bearing  design  began  with  the  work  of  Osborne 
Reynolds  and  Beauchamp  Tower  before  the  turn  of  the  present  centruy.  In  contrast,  rolling  element  bearing 
analysis  does  not  predate  the  work  of  Lundberg  and  Palmgren  in  the  1940's.  A  reasonably  good  level  of  tech¬ 
nical  understanding  of  hydrodynamic  bearings  was,  therefore,  established  before  a  comparable  understanding 
of  rolling  element  bearings  was  developed.  Probably  for  this  reason  the  level  of  research  activity  on 
hvdrodynamic  bearings  in  recent  years  has  been  somewhat  lower  than  that  on  rolling  element  bearings.  There 
appear  to  be  several  rather  select  areas  in  which  research  on  hydrodynamic  bearings,  directly  relevant  to 
visible  needs  and  problems,  is  being  carried  on.  These  include: 

1.  Non-circular  journal  bearings  for  vibration  suppression  in  high  speed  rotating  machinery. 

2.  Non-rotating  journal  bearings  as  squeeze  film  dampers,  for  suppression  of  vibrations  in  high  speed 
rotors  supported  on  rol.ing  element  bearings. 

3.  Turbulent  flew  bearings  for  more  efficient  design  and  energy  conservation. 

As  mentioned  earlier  the  trend  toward  higher  speed,  higher  power  density  rotating  machinery  has  made  manda¬ 
tory  steady  advances  in  both  rolling  element  and  fluid  film  bearing  technology.  Higher  operating  speeds 
have  aggravated  problems  associated  with  vibrations  due  to  critical  speeds,  unbalance  and  stability.  Several 
of  the  bearing  types  developed  to  combat  these  problems  are  discussed  in  (45).  These  include  multilobe 
(figure  13),  pressure  dam  and  tilting  pad  bearings. 

A  critical  element  in  the  design  aud  selection  of  anti-whirl  bearings  for  high  speed  systems  is  the  ability 
to  predict  the  instability  threshold  speed,  or  the  onset  of  subsynchronous ,  potentially  dangerous,  vibration 
frequencies.  In  investigations  reported  in  (45)  bearing  coefficients  were  determined  using  finite  elements 
and  the  flexible  rotor  was  modeled  using  lumped  rotor  masses.  Theoretical  predictions  compared  reasonably 
well  with  experiments,  as  shown  in  figure  14.  More  work  is  needed  to  establish  more  realistic  boundary  con¬ 
ditions  for  the  solution  of  the  relevant  differential  equations,  and  to  incorporate  real  geometry  effects 
(runout,  out-of-round,  minor  unbalance)  into  the  theoretical  model.  Additional  experiments  would  then  be 
required  to  test  the  degree  of  correlation. 

The  ability  to  predict  the  stiffness  and  damping  coefficients  of  squeeze  film  dampers  has  been  limited  partly 
by  an  inability  to  properly  characterize  film  cavitation.  Recent  analytical  attempts  (46,  47)  utilizing 
more  sophisticated  extensions  of  the  short-bearing  theory  have  produced  some  interesting  film  boundaries. 
Experimental  studies  (48)  indicate  that  significant  pressure  variations  may  occur  in  cavitated  regions, 
contrary  to  the  usual  assumption  of  constant  pressure. 

Additional  experimental  work  in  which  film  shapes  can  be  observed  over  a  range  of  eccentricity  ratios,  fre¬ 
quencies,  supply  pressures,  end  conditions,  etc.,  needs  to  be  done  to  obtain  data  for  correlation  with,  and 
possible  feedback  into  existing  analyses.  Squeeze  film  dampers  are  an  important  component  of  high  speed 
bearing-rotor  systems.  The  ability  to  accurately  predict  their  performance  is  vital  to  continued  advance¬ 
ments  in  rotating  machinery  technology. 

The  occurrence  of  turbulent  or  superlaminar  flow  in  liquid  film  bearings  has  been  recognized  for  over  three 
decades  (49).  Superlaminar  flow  is  accompanied  by  greater  than  expected  load  capacity,  power  loss  and  tem¬ 
perature  rise  together  with  reduced  flow.  Interest  of  late  has  centered  around  large  bearings  in  electric 
power  generating  machinery.  These  bearings  have  very  considerable  power  losses  which,  together  with  the 
escalating  cost  of  energy,  has  stimulated  research  on  more  energy  efficient  bearings  (50).  An  in-depth  dis¬ 
cussion  of  the  state  of  the  art  of  turbulent  bearings  and  of  their  economic  importance  is  given  in  (51). 
Turbulent  lubrication  theories,  although  somewhat  empirical  in  nature,  are  well  developed  and  have  been 
translated  into  usable  design  procedures  (52,  53,  54). 

There  remain,  however,  areas  where  further  research  gains  could  be  translated  into  significant  economic 
savings.  From  a  fundamental  point  of  view  the  nature  of  the  flow  over  a  wide  range  of  Reynolds'  numbers 
immediately  beyond  the  lamimr  flow  region  is  not  well  understood.  Vortex  flow  appears  to  persist  over  a 
wide  range  of  Reynolds'  numbers  up  to  the  development  of  fully  turbulent  flow,  if,  in  fact,  the  latter  ever 
comes  about  (51).  It  is  in  this  "transition"  region  where  discrepanices  occur  among  the  various  theories. 
Further  analytical  and  experimental  studies  are  needed.  In  the  practical  arena  lubricant  supply  effects  and 
parasitic  churning  losses  need  to  be  better  defined  and  translated  into  design  guides.  Much  can  probably  be 
done,  by  way  of  power  loss  and  energy  saving,  through  studies  of  the  portions  of  the  thin  film  regions  in 
both  journal  and  thrust  bearings  that  don't  contribute  appreciably  to  load  capacity.  Elimination  or  mini¬ 
mization  of  non-productive  thin  film  regions  could  result  in  reduced  levels  of  power  loss, 


GAS  FILM  BEARINGS 

Air  or,  more  generally,  gas  film  bearings  have  evolved  into  practical  entities  jsed  in  a  fairly  broad  scope 
of  machinery  and  mechanisms.  Gas  bearings  can  be  found  in  gyros,  magnetic  recording  heads,  microcircuit 
pattern  generators,  metrology  instruments,  load  transportation  pallets,  textile  spinning  rings,  space  power 
turboalternators  and  air  cycle  machines.  The  pattern  of  gas  bearing  development  has  been  interesting.  At 
first  rigid  geometry  bearings  were  applied;  of  late,  compliant  bearings,  most  of  which  incorporate  foils  of 
various  designs,  have  been  finding  more  widespread  use.  Compliant  gas  bearings  have  greater  tolerance  to 
contaminants  and  shock  loads  than  rigid  geometry  bearings. 

Foil  bearings  which  have  been  developed  to  the  point  of  application  include  tensioned  foil  bearings,  figure 
15,  (55),  cantilevered  foil  bearings,  figure  16,  (56),  and  bump  foil  bearings,  (57).  A  more  recent  version 
of  a  bump  foil  journal  bearing,  being  developed  by  Mechanical  Technology,  Inc.,  is  shown  in  figure  17.  A 


journal  bearing  that  utilizes  a  telescoped  foil  within  a  rigid  shell  (58)  and  a  thrust  bearing  that  utilizes 
a  spirally  grooved  membrane  on  a  compliant  back  (59)  were  successfully  evaluated  in  experiments  conducted 
with  a  high  speed  rotor.  Schematic  diagrams  of  these  bearing  concepts  are  shown  in  figures  18  and  19. 

Development  work  is  continuing  on  both  the  cantilevered  and  bump  foil  bearing  types  to  achieve  geometries 
closer  to  the  optimum  for  both  load  capacity  and  stability.  Continued  research  on  these  bearings  is  fully 
warranted  by  their  promise  as  rotor  support  systems  superior  to  conventional  oil  lubricated  bearings  for  a 
variety  of  high  speed  turbomachines.  Their  advantages  are  obvious  -  the  complete  elimination  of  conven¬ 
tional  lubrication  systems  and  operating  temperature  capability  limited  only  by  the  properties  of  the 
bearing  materials  rather  than  those  of  organic  lubricants. 

All  of  these  bearings  are  completely  self-acting  which  means  that  their  surfaces  are  in  contact  at  startup, 
shutdown  and  perhaps  momentarily  at  high  speeds.  Wear  resistant  surface  coatings  are  therefore  mandatory  on 
both  the  foils  and  the  journal  or  the  thrust  runner.  Foil  coatings  must  be  very  thin  and  resilient, 
adherent,  possess  good  wear  properties  and  be  stable  at  temperatures  up  to  the  maximum  operating  tempera¬ 
ture.  Foil  bearing  coatings  are  under  development  (60);  the  ultimate  success  of  gas  bearings  depends  heavily 
on  the  degree  of  success  achieved  in  coating  development. 


SUMMARY 

A  brief  status  report  on  bearing  technology,  present  and  near-term  future  problems  that  warrant  research 
support  has  been  presented.  Some  selected  research  needs  are  the  following: 

1 .  Rolling  Element  Bearings 

a.  Bearing  materials  with  improved  fracture  toughness  to  allow  bearing  operation  to  at  least  3 
million  DN  without  catastrophic  failures. 

b.  Ball  and  roller  bearing  life  data  in  the  low  A  region  with  carefully  controlled  surface 
textures  and  lubrication  factors  for  correlation  with  and  feedback  into  a  bearing  life  or  failure  theory 
which  recognizes  competing  failure  modes. 

c.  A  comprehensive  bearing  life  or  failure  theory  that  goes  beyond  Lundberg-Palmgren  and  incorpor¬ 
ates  competing  failure  inodes. 

d.  Bearing  experiments  at  high  DN  values  for  assessment  of  starvation  effects. 

e.  Incorporation  of  advanced  life  prediction  methods  into  bearing  dynamic  analyses. 

f.  An  improved  corrosion  resistant  bearing  alloy. 

g.  Improved  thin  film  surface  protective  coatings  for  unlubricated  short  life  bearings. 

h.  Optimization  of  bearing  surface  texture  and  geometry  for  solid  film  lubrication. 

2 .  Hydrodynamic  Bearings 

a.  Experiments  with  non-rotating  short  journal  bearings  subjected  to  oscillating  loads  to  estab¬ 
lish  the  boundaries  of  cavitated  films  and  pressure  distributions  in  both  the  film  and  cavitated  regions  for 
prediction  of  squeeze  film  damper  performance. 

b.  Analysis  and  experiments  to  determine  lubricant  supply  effects  and  parasitic  churning  losses 
in  turbulent  flow  bearings. 

c.  Analysis  and  experiments  to  determine  optimum  geometries  for  minimum  power  loss  in  turbulent 
flow  bearings. 

3 .  Gas  Film  Bearings 

a.  Foil  bearing  geometries  that  form  more  nearly  optimum  film  shapes  for  maximum  load  capacity. 

b.  Surface  protective  coatings  for  use  in  compliant  bearings  at  temperatures  to  1200°F. 
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Figure  1.  -  Underrace  oiling  system  lor  main  shaft  bearings  on 
turbofan  engine.  (From  ref.  2. 1 
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Figure  2.  -  Effectiveness  of  under- race  lubrication  with  120  mm- to  re 
angular  contact  ball  bearings.  (Oll-ln  temperature,  394  K  (250®  F). 
(From  ref.  3.) 
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Figure  1,  -  Underrace  oiling  system  for  main  shaft  bearings  on 
turtoofan  engine.  (From  ref.  if.) 
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Figure  2,  -  Effectiveness  of  under- race  lubrication  with  120  mm-bore 
angular  contact  ball  bearings.  (Oll-ln  temperature,  394  K  (250°  F). 
(From  ref.  3.) 
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Figure  9.  -  Lubrlcatlon-llfe  correction  factor  as  a  function 
of  lambda.  (From  ref.  31.1 
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Figure  10.  -  Evolution  of  A,  I.S,  I  M-50  bearing  steel.  (From 
ref.  33. 1 


Figure  11.  -  Fractured  bearing  inner  race  Initiated  by  a  rolling-element 
fatigue  spall.  (From  ref.  34. ) 
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Figure  12.  -  Malnshaft  bearing  lives  and  expected  (allure  mode  as  a 
(unction  of  speed  for  a  constant  bore  size.  (From  ref,  33. 1 
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Figure  13.  -  Multilobe  bearing  geometry.  (From  ref.  45  ) 


INSTABILITY  THRESHOLD  SPEED,  RPM 


Figure  18.  -  Schematic  drawing  of  journal  foil-bearing  (Design  B). 
Structure  before  and  after  insertion  of  journal  is  depicted.  De¬ 
tails  illustrate  rounded  vertices  and  retaining  groove.  (From  ref. 
58. ) 
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(b)  Design  2. 


Figure  19.  -  Isometric  drawings  of  thrust  bearings.  (From  ref.  59.) 


DISCUSSION 


D.G.Astridge,  Westland  Helicopters,  Yeovil,  UK 

Concerning  the  low  A  (=  h/R)  region  for  rolling  clement  bearings  (and  gears),  much  attention  is  being  given  to 
improvement  of  film  thickness,  as  evidenced  by  the  number  of  papers  at  this  conference.  Much  attention  is  also 
being  given  to  the  analysis  and  modelling  of  the  influence  of  surface  roughness  characteristics  on  film  thickness  (h). 
It  should  be  remembered,  however,  that  surface  roughness  (R)  is  just  as  influential  and  further  work  is  required  to 
establish  the  required  characteristics  of  optional  surface  finish,  and  the  means  of  producing  this.  Also,  the  influence 
of  filtration  on  the  size  of  build  or  wear  debris  particles  entrained  in  these  contacts  should  be  noted  -  of  the  three 
factors  discussed,  h,  R,  and  particle  size,  the  latter  is  the  one  which  we  can  address  most  readily.  The  program 
carried  out  by  the  US  Army  on  SO  UH-1  helicopters  has  demonstrated  the  powerful  influence  of  fine  filtration  on 
the  life  of  bearings  and  gears  in  engines  and  transmissions.  The  optimum  value  of  3  mm  absolute  may  appear 
magical  at  first  sight,  in  terms  of  its  universal  applicability  to  aircraft  gears  and  bearings,  and  in  the  fact  that  at  this 
filtration  level  normal  wear  processes  appear  to  be  arrested,  I  am  sure  that  both  can  be  explained  by  EHL  theory 
(film  thickness  virtually  independent  of  load  temperatures  and  surface  speeds  not  too  different)  and  by  surface 
roughness  characteristics  of  ground  bearings  and  gears).  1  found  your  survey  very  valuable,  but  would  make  a  plea 
for  implementation  of  fine  filtration  and  improved  surface  finishes. 

Author’s  Reply 

It  is  fully  agreed  that  factors  such  as  surface  roughness,  surface  texture  and  lubricant  cleanliness  arc  critical  to 
system  life  and  reliability.  Further  work  needs  to  be  done  on  those  aspects  of  achieving  improved  system  perfor¬ 
mance  and  durability. 


E.Covert,  MIT,  US 

Is  there  any  discussion  of  cryogenic  application  of  bearings? 

Author’s  Reply 

No.  Although  this  is  certainly  a  relevant  topic  for  review. 


C.Brownridge,  Pratt  &  Whitney,  Ca 

What  is  the  maximum  D.  N.  Value  used  today  in  Engines  today? 

Author’s  Reply 

Approximately  2.2  to  2.3  million. 
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ABSTRACT 


Because  of  high  investment  and  maintenance  costs  for 
various  types  of  propulsion  equipment,  such  as  aircraft  gas 
turbine  engines  and  transmission  systems,  considerable  in¬ 
terest  exists  in  nondestructive  methods  of  monitoring  mech¬ 
anical  condition  to  forestall  costly  failures,  increase  re¬ 
liability,  and  maximize  useful  operating  life.  Various 
methods  have  evolved  by  which  wear  debris  can  be  effectively 
utilized  to  diagnose  wear  condition  and  reveal  imminent 
mechanical  failure.  Spectrometric  trend  monitoring  of  wear 
metals  in  lubricating  oils  is  the  predominant  method  in  cur¬ 
rent  use.  In  recent  years  new  methods,  such  as  ferrography 
and  scanning  electron  microscopy  coupled  with  X-ray  micro¬ 
analysis,  have  been  applied  to  extract  additional  diagnostic 
information  from  wear  debris.  As  a  consequence,  the  nature 
and  severity  of  mechanical  wear  in  oil-lubricated  components 
can  now  be  more  completely  characterized.  Aspects  of  wear 
revealed  by  advanced  analytical  methods,  and  the  manner  in 
which  these  methods  are  being  successfully  applied  to  detect 
and  diagnose  bearing  deterioration  in  aircraft  propulsion 
machinery  are  reviewed. 


INTRODUCTION 

In  the  management  of  military  aircraft  operation,  maintenance  of  propulsion  machin¬ 
ery  accounts  for  a  major  proportion  of  life  cycle  costs.  Considerable  effort  is  there¬ 
fore  expended  in  finding  ways  to  facilitate  and  minimize  maintenance,  and  improved 
tools  and  techniques  for  performance  assessment  and  condition  monitoring  are 
continually  being  sought  to  ensure  dependability  and  forestall  costly  failures. 

Monitoring  the  condition  of  dynamic  components  such  as  bearings  presents  special 
problems.  Apart  from  effectiveness,  fault  sensing  techniques  must  be  nondestructive, 
and  must  not  unduly  disrupt  equipment  operation.  While  numerous  monitoring  concepts 
have  been  proposed,  no  single  method  meets  all  requirements  for  satisfactory  failure 
detection  and  diagnosis.  Present  practice,  therefore,  is  to  use  mutually  supportive 
procedures  proven  by  experience  to  reduce  maintenance  costs. 

A  well-known  concept  that  ha3  met  with  some  success  is  wear  debris  analysis.! #2 
Although  this  procedure  is  well-established  for  military  aircraft,  there  is  ample 
evidence  that  its  effectiveness  could  be  greatly  Improved  by  the  application  of  newer 
methods  which  are  better  suited  to  utilizing  the  diagnostic  information  available  from 
wear  debris.  This  paper  reviews  some  current  advances  and  trends  in  wear  debris 
analysis  with  emphasis  on  bearing  failures  in  aircraft  propulsion  equipment. 


BACKGROUND 

Bearing  failure  continues  to  be  a  primary  cause  of  aircraft  machinery  malfunction 
and,  consequently,  is  the  focus  of  extensive  research  and  development  into  improved 
diagnostic  techniques,  as  well  as  into  more  wear-resistant  materials.  Experience  in 
current  wear  debris  monitoring  programs  has  shown  that  existing  procedures  are  in  many 
cases  ineffective  or  only  marginal  in  the  timely  detection  of  bearing  deterioration. 
For  example.  Figure  1  illustrates  the  breakdown  of  a  turbo-jet  engine  bearing  that  was 
barely  detected  in  time  to  avoid  complete  destruction.  The  quantity  of  debris  sub¬ 
sequently  recovered  from  an  oil  sample  taken  prior  to  detection  was  unusually  large 
(Figure  2)  and  included  coarse  fragments  representative  of  the  severe  pitting  and 
spalling  evident  on  the  races  and  balls.  A  surprising  aspect  of  the  analytical  results 
was  the  discovery,  on  more  accurate  analysis  of  the  sample,  that  the  detection  was  made 
on  the  basis  of  little  more  than  one-third  of  the  actual  iron  content  because  of  method 


deficiencies.  Consequently,  this  case  and  others  of  similar  nature  have  pointed  to  an 
obvious  need  for  critical  review  of  conventional  analytical  procedures  and  the  pros¬ 
pects  of  utilizing  wear  debris  to  better  advantage. 

The  merits  of  potential  analytical  methods  are  Judged  on  the  basis  of  their  capabi¬ 
lities  with  respect  to  failure  detection,  diagnosis,  and  prognosis.  The  time  available 
to  carry  out  these  separate  actions  Is  defined  by  the  lead-time  allowed  by  the  parti¬ 
cular  type  of  failure.  Prospective  methods  must  therefore  be  capatle  of  providing  ac¬ 
curate  data  as  early  as  possible  If  failure  Is  to  be  properly  diagnosed  and  avoided. 
The  variety  of  wear  debris  analysis  methods  now  available  can  be  classed  basically  as 
"ln-llne"  or  "off-line"  In  application  and  detective  or  diagnostic  In  function.  The 
most  economic  and  effective  monitoring  program  would  combine  reliable  ln-llne  real-time' 
fault  sensing  for  early  detection  of  Incipient  bearing  failure  and  precise  off-line 
diagnostic  procedures  to  predict  life  expectancy.  However,  proven  real-time  sensors 
are  not  yet  available  and  present  aircraft  monitoring  programs  still  rely  p.^marlly  on 
off-line  detection  techniques.  Since  these  techniques  give  only  limited  data  con¬ 
cerning  component  wear,  more  Informative  analytical  procedures  are  being  applied  In¬ 
creasingly  to  ensure  correct  diagnosis  of  the  nature  and  extent  of  deterioration. 
Prognosis,  or  the  prediction  of  remaining  life  following  detection  of  an  abnormality. 
Is  dependent  on  the  quality  of  diagnostic  data  and  baetcground  experience  -'latlng  to 
characteristic  failure  trends.  At  present,  further  understanding  of  faili  -  processes 
and  refinement  of  diagnostic  procedures  are  necessary  before  prognoses  can  made  with 
full  confidence. 


WEAR  DEBRIS  ANALYSIS 

The  use  of  wear  debrl3  In  lubrication  systems  for  monitoring  machinery  health  has  a 
long  history,  particularly  as  It  relates  to  spectrometric  oil  analysis.  However,  only 
In  the  last  decade  has  the  concept  been  recognized  In  Its  broadest  context,  which  In¬ 
cludes  the  physical  as  well  as  the  chemical  characteristics  of  wear  particles.  With 
the  development  and  adaptation  of  new  methods  of  analysis,  such  as  ferrography  and 
electron  microscopy,  new  perspectives  on  wear  mechanisms  have  evolved,  and  the 
prospects  of  more  cost-effective  monitoring  have  greatly  improved. 

In  the  application  of  wear  debris  analysis,  significant  advantages  and  some  dis¬ 
advantages  are  evident,  as  follows: 

Advantages 

-  minimal  Interference  with  machinery  operation 

-  Independent  of  operating  parameters 

-  falling  components  Identifiable 

-  wear  mode  and  severity  determinable 

-  high  sensitivity  to  wear  rate  change 

-  verification  of  results  readily  done 

-  Indicates  cleanliness  of  lubrication  system 

Disadvantages 

-  requires  substantial  lead  time  to  detect  failure 

-  requires  skilled  personnel  for  effective  application 

-  high  Instrumentation  and  monitoring  costs 

-  labor-intensive 

-  moderate  potential  for  Judgmental  errors 

In  view  of  the  limited  availability  of  other  suitable  ui agnostic  methods  for  moni¬ 
toring  dynamic  components,  the  advantages  of  wear  debris  analysis  presently  outweigh 
the  disadvantages  and  this  approach  continues  to  be  one  of  the  more  attractive  options 
for  aircraft  machinery. 

In  reclrculatory  systems,  wear  debrl3  samples  are  generally  available  from  three 
sources:  the  lubricating  oil,  magnetic  plugs,  and  the  pressure  filter  (Figure  3).  Oil 

sampling  Is  done  from  the  return  or  scavenge  line  before  filtration  to  obtain  debris 
representative  of  current  condition.  Magnetic  plugs,  also  located  in  the  scavenge 
line,  cumulatively  sample  a  portion  of  the  debris  within  a  pre-det.ermined  time  frame. 
The  pressure  filter  contains  virtually  all  debris  generated  over  a  given  time  span, 
which  Is  thus  representative  of  the  total  wear  for  the  period.  The  oil  sample  normally 
contains  wear  particles  finer  than  the  filter  pore  size,  commonly  in  the  30  to  50  jx m 
range.  Since  15  to  25  H m  particles  are  indicative  of  accelerating  wear,  debris  from 
this  source  permits  the  earliest  detection  of  bearing  deterioration.  Coarser  particles 
(>100  /im)  are  collected  by  the  magnetic  plug  and  a  substantial  time  interval  may  be  re¬ 
quired  to  accumulate  sufficient  debris  for  visual  or  microscopic  examination  of  wear 
severity.  Fine  (pressure)  filters  are  ar.  excellent  source  of  accumulated  wear  debris 
of  broad  size  range  and  have  yet  to  be  fully  exploited  for  wear  diagnosis. 

The  current  trend  to  finer  oil  filtration  (=3  /<m)  in  aircraft  engines  to  extend 
useful  life  by  removing  damaging  abrasive  debris  suggests  that  oil  samples  will  become 
an  outmoded  source  of  debris  In  future.  Chip  detectors  and  filters  of  improved  design 
are  therefore  likely  to  become  more  Important  sources  of  debris  for  diagnostic  moni¬ 
toring. 
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Wear  debris  contains  a  wealth  of  Information  about  the  state  of  component  wear  in 


mechanical  equipment.  For  example,  debris 
the  respective  diagnostic  significance,  are 

Parameter 

Quantity  (volume  or  metal  content) 
Composition  (general) 

Composition  (particulate) 

Particle  Size 
Particle  Morphology 


and  wear  particle  data  of  importance,  and 
ac  follows: 

Interpretation 
degree  and  rate  of  wear 

characteristic  wear  metals  and  contaminants 
material  specification,  component  source 
stage  of  wear  and  possible  severity 
modes  and  severity  of  wear 


Several  analytical  methods  and  procedures  highly  suited  to  the  recovery  of  this  in¬ 
formation  for  diagnostic  application  art  now  available. 


METHODOLOGY 

The  simplest  methods  of  wear  debris  analysis  are  based  on  visual  or  microscopic  ex¬ 
amination  to  obtain  elementary  clues  about  machinery  condition.  However,  the  most  in¬ 
formative  methods  are  based  on  more  complex  analytical  Instrumentation  which  provides 
appreciaoly  greater  insight  into  the  character  and  severity  of  wear  and  thus,  the 
actual  condition  of  equipment.  The  more  advanced  methods  in  current  use  and  undergoing 
further  evaluation  and  improvement  are:  alternative  spectrometric  analysis  techniques, 
ferrography,  electron  microscopy,  and  X-ray  mlcroanalysls.  Spectrometric  analysis  is 
widely  used  as  a  primary  method,  while  the  remaining  methods  are  presently  used  in  sup¬ 
porting  roles. 

Spectrometric  Oil  Analysis  (SOAP) 

This  method  has  been  moderately  effective  in  identifying  deterioration  of  aircraft 
bearings  and  associated  components.  Two  analytical  procedures  are  in  common  use  on 
military  bases,  one  based  on  direct-reading  atomic  emission  apectrometry  (AS),  and  the 
other  on  atoxic  absorption  spectrometry  (AA).  The  former  has  the  advantages  of  minimum 
sample  preparation  and  fast,  automatic  read-out,  and  documentation  or  results  when 
coupled  with  modern  data  processing  techniques.  The  AA  method  is  less  costly  but  more 
time-consuming  and,  though  more  sensitive  for  some  significant  wear  metalB,  eg.  silver, 
it  is  likely  to  be  used  for  only  small  monitoring  programs  in  future.  Two  alternative 
spectrometric  methods  -  X-ray  fluorescence  spectrometry  and  plasma  spectrometry  -  show 
promise  of  quantitative  superiority  but  are  expensive  and  need  Turther  development. 
Plasma  spectrometry  has  exceptionally  high  sensitivity  and  offers  the  prospect  of 
identifying  the  materiel  specification  and  thus,  the  origin  or  Isolated  particles. 

Because  of  speed  and  the  ability  to  cope  with  large  numbers  of  oil  samples,  spec¬ 
trometric  oil  analysis  is  the  most  effective  off-line  method  for  the  early  detection  of 
wear  anomalies.  Its  applicability  for  detecting  aircraft  bearing  deterioration  is 
greatly  enhanced  by  the  special  materials  used  in  bearing  assemblies.  For  example, 
alloy-rich  tool  steel  bearings,  such  as  M50,  and  high  nickel  (Incoloy)  bearing  housing 
alloys  facilitate  identification,  and  bronze  and  steel  bearing  cages  with  silver 
platings  enable  ready  spectrochemlcal  diagnosis  of  cage  wear.  Other  component 
materials  of  singular  composition,  eg.  graphite  seal  debris,  are  identifiable  by 
complementary  techniques  such  as  X-ray  dlffractometry. 

Although  SOAP  has  enjoyed  moderate  success  as  a  preventive  maintenance  procedure, 
shortcomings  are  frequently  evident  in  cases  in  which  typical  failures  are  not  de¬ 
tected.  This  has  prompted  critical  examination  of  spectrometric  procedures  which  has 
revealed  limitations  in  accuracy  due  to  insensitivity  to  larger  wear  particles  (>5  /tm) 
of  primary  diagnostic  importance.  As  previously  mentioned,  studies  have  shown  that 
more  than  half  the  wear  debris  In  a  sample  may  be  overlooked  In  an  analysis.  It  has 
been  demonstrated  that  if  more  accurate  analysis  was  done,  fewer  failure  oversights 
would  occur  and  earlier  detections  >.ould  be  possible.  A  refinement  of  the  method  in 
which  wear  debris  is  isolated  by  microfiltration  of  the  sample  and  dissolved  in  acids 
prior  to  analysis  has  been  shown  to  improve  accuracy  and  yield  supplementary  informa¬ 
tion  concerning  the  size  distribution  and  significance  of  wear  particles. 

Ferrography 

Ferrography,  a  method  of  wear  particle  analysis  that  appeared  in  the  early  1970 's, 3 
has  stimulated  new  interest  in  mechanical  wear  phenomena  and  the  potentialities  of 
machinery  condition  monitoring.  Although  simple  in  concept,  this  method  uniquely 
reveals  the  nature  of  wear  and  is  very  sensitive  to  changing  wear  conditions.  The 
method  has  proven  particularly  effective  for  the  characterization  of  aircraft  turbine 
engine  bearing  deterioration. 

In  principle,  ferromagnetic  wear  debris  In  an  oil  sample  is  isolated  magnetically 
on  a  glass  slide  (Figure  9)  and  particles  are  separated  into  large  (>5  nm)  and  small 
(<5  /im)  size  fractions.  The  entry  deposit  on  the  resulting  ferrogram  contains  the 
larger  particles  which  are  of  primary  diagnostic  interest  based  on  the  observation  that 
wear  particle  size  increases  as  wear  progresses.  By  examination  of  the  debris  in  a 
bichromatic  illumination  microscope  and  optical  measurement  of  particle  density,  much 
can  be  learned  about  the  qualitative  and  quantitative  aspects  of  wear  processes. 
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Particle  features  observed  at  high  magnification  (1000  X)  reveal  the  various  modes  of 
material  failure,  and  the  measured  area  or  density  ratio  of  large  to  small  particles 
provides  an  index  of  wear  severity.  Non-ferrous  particles,  such  as  copper  and  alumi¬ 
num,  are  also  retained  on  the  ferrogram  and  are  distinguishable  by  color  or  random 
alignment. 

Wear  caused  by  the  dynamic  surface  interaction  of  rolling  bearing  components  pro¬ 
duces  particles  with  distinctive  features  characteristic  of  the  mechanisms  by  which 
they  were  formed.  Surface  fatigue,  induced  by  such  factors  as  subsurface  stresses, 
surface  flaws,  and  cyclical  loading,  is  the  classic  failure  mode  in  ball  and  roller 
bearing  components.  This  type  of  failure  is  evidenced  by  surface  pitting  and  spal¬ 
ling.  The  majority  of  particles  generated  in  advanced  bearing  wear  will  therefore  be 
in  the  form  of  irregularly  shaped  flat  platelets  representative  of  these  mechanisms.1* 
Associated  particle  forms  indicative  of  bearing  surface  fatigue  are  thin  laminar  frag¬ 
ments,  apparently  produced  by  interfaeial  sandwiching,  and  small  spheres  (<3  ,«m  dla.) 
believed  to  be  generated  by  ultrafine  particle  agglomeration  during  fatigue  crack  prop¬ 
agation.  Other  common  wear  modes  may  also  be  evident  in  debris  originating  from 
rolling  bearings  or  associated  components.  Rubbing  (adhesive)  and  cutting  wear  often 
precede  fatigue  wear,  for  example,  and  particle  contamination  produced  by  these 
mechanisms  may,  in  fact.  Initiate  surface  fatigue.  As  wear  progresses,  clearances  and 
abrasive  contaminant  levels  Increase  and,  as  a  consequence,  secondary  damage  occurs  as 
other  components  begin  to  wear  and  generate  identifiable  characteristic  particles. 

To  gauge  the  significance  of  wear,  optical  measurements  can  be  made  from  the 
ferrogram  deposit  or  with  a  direct-reading  ferrograph  which  magnetically  separates 
large  (AL)  and  small  (A$)  particles  as  the  oil  sample  flows  through  a  glass  tube 
and  numerically  measures  the  relative  density  of  the  fractions  by  parallel 
densitometers.  An  index  of  wear  severity  (Is)  is  calculated  from  area  measurements  by 
an  arbitrary  relationship  Ig-Ar^Ag^  which  correlates  debris  quantity  and  particle 
3ize  distribution.  This  index  increases  sharply  as  debris  quantity  and  particle  size 
increase  with  advancing  wear.  Since  aircraft  engine  wear  debris  is  comparatively  free 
of  interfering  non-metallic  contaminants,  the  index  can  be  an  effective  indicator  of 
the  rate  of  bearing  deterioration. 

Scanning  Electron  Micros cope/X-ray  Microanalysis 

The  scanning  electron  microscope  coupled  with  an  X-ray  microprobe  analyser  adds  a 
further  dimension  to  ferrography  for  wear  particle  analysis, 5  and  facilitates  the  study 
of  surface  wear  phenomena  in  failure  diagnosis.  For  wear  particle  examination  the  fer¬ 
rogram  serves  as  an  ideal  sample  when  coated  with  an  electrically  conductive  carbon 
film.  Outstanding  advantages  gained  with  this  instrumentation  are:  1)  the  extension 
of  the  optical  microscope  magnification  limit  of  1000  X  by  several  orders  of  magnitude 
with  high  resolution  and  large  depth  of  focus,  and  2)  the  ability  to  utilize  char¬ 
acteristic  X-ray  signals  to  perform  elemental  chemical  analyses  on  individual  wear  par¬ 
ticles.  Particle  form  and  surface  topography  can  thus  be  more  precisely  correlated 
with  wear  mode  and  the  location  of  abnormal  wear  can  be  determined  from  material  speci¬ 
fications.  Facilities  of  this  kind  are  therefore  invaluable  diagnostic  aids  in  the 
characterization  of  bearing  failures.  Despite  high  initial  costs,  their  use  is 
expanding  as  potentialities  are  recognized  and  military  requirements  warrant  more  cost- 
effective  machinery  condition  monitoring. 


CASE  HISTORY 

To  illustrate  the  manner  in  which  the  above  methods  can  improve  tha  detection  and 
diagnosis  of  bearing  deterioration,  a  case  history  relating  to  a  General  Electric  T58 
helicopter  engine  is  reviewed.  Impending  failure  of  the  engine  was  predicted  by  con¬ 
ventional  spectrometric  oil  analysis  and  confirmed  by  filter  examination.  Oil  samples 
therefore  contained  meaningful  wear  debris  that  could  be  used  as  a  basis  for  evaluating 
the  above  methods  and  establishing  whether  further  relevant  diagnostic  information  was 
available. 

The  detection  of  the  apparent  abnormality  was  based  on  wear  metal  trends  in  five 
samples  preceding  bearing  failure.  Incipient  wear  was  indicated  by  small  increases  in 
iron,  copper,  and  silver,  but  prescribed  caution  guidelines  had  not  been  reached. 
Engine  failure  was  averted  on  discovery  cf  excessive  wear  debris  in  the  filter.  In¬ 
spection  revealed  that  the  front  bearing  was  In  an  advanced  state  of  deterioration. 

Retrospective  analysis  by  the  procedures  discussed  above  provided  an  enlightening 
failure  diagnosis.  Comparative  spectrometric  data  are  shown  in  Figure  5*  In  the 
original  analysis  (lower  profiles)  sudden  Increases  in  iron  to  8  ppm  and  copper  to 
2  ppm  were  noted  after  140  operational  hours  By  applying  the  more  accurate  technique 
involving  microfiltration  and  acid  dissolution  or  the  wear  debris  prior  to  spectro¬ 
metric  analysis,  substantially  higher  results  (24  ppm  iron  and  8  ppm  copper)  were  ob¬ 
tained  (upper  profiles).  Further,  it  was  noted  that  iron  content  had  actually  in¬ 
creased  fivefold  in  the  preceding  sample  taken  13  hours  earlier.  Application  of  fer¬ 
rography  confirmed  these  results  (Figure  6),  indicating  the  early  increase  followed  by 
the  sharp  increase  as  bearing  deterioration  progressed.  This  profile  of  wear  rate  re¬ 
flects  the  significant  growth  in  particle  size  as  surface  pitting  and  spalling  devel¬ 
oped.  Confirmation  of  these  events  was  then  revealed  by  scanning  electron  microscopy 
and  X-ray  mieroanalysls  (Figure  7).  The  large  particle,  verified  as  AISI  type  5210 0 


2-5 


bearing  steel,  Is  typical  of  surfaoe  fatigue  spalling.  Cutting  wear  particles,  evident 
at  the  lower  right,  were  observed  by  ferrography  in  the  early  samples  before  spalling 
ooourred,  and  are  a  possible  cause  of  the  surfaoe  fatigue  that  led  to  failure.  Posi¬ 
tive  identification  of  silver-plated  brass  particles  by  X-ray  mloroanalysls  also  con¬ 
firmed  that  oage  wear  was  muoh  more  severe  than  indicated  by  the  original  copper  deter¬ 
mination. 

It  is  clear,  therefore,  that  the  initial  detection  of  this  failure  could  have  been 
made  more  positively,  and  probably  earlier,  had  more  aoourate  and  comprehensive  analy¬ 
sis  of  the  wear  debris  been  possible.  Similar  results  observed  in  other  bearing  fail¬ 
ures  confirm  that  the  diagnostic  information  available  from  wear  debris  is  not  being 
fully  or  adequately  exploited  by  present  methods,  and  that  monitoring  programs  could  be 
appreciably  more  cost-effective  if  appropriate  combinations  of  analytical  procedures 
were  employed. 


PAILURE  DIAGNOSIS 

An  important  aspect  of  any  evaluation  of  new  non-destructive  methods  with  poten¬ 
tialities  for  wear  detection  or  diagnosis  is  the  correlation  of  observed  results  with 
actual  damage  to  machinery  components.  It  is  essential,  therefore,  to  identify  the 
symptoms  by  which  abnormal  wear  can  be  recognized  at  progressive  stages  if  reliable 
Judgments  of  mechanical  condition  are  to  be  made.  Retrospective  in-depth  investigation 
of  failures  occurring  in  service  equipment  offers  an  expedient  course  if  components  are 
not  too  severely  damaged  and  useful  diagnostic  evidence  is  not  obliterated.  However, 
to  properly  understand  and  define  the  sequence  of  wear  mechanisms  it  Is  necessary  to 
examine  the  wear  process  from  its  initiation  rather  than  its  termination.  This  can 
only  bn  done  systematically  with  test  machinery  in  which  normal  operating  parameters 
oan  be  simulated.  For  example,  observation  of  one  form  of  roller  bearing  deterioration 
under  controlled  conditions  has  identified  the  stages  of  wear  at  which  detection  and 
diagnosis  become  feasible. 

Rollers  in  gas  turbine  engine  bearings  have  a  common  tendency  to  wear  excessively 
on  their  front  ends  (Pigure  8).  In  the  early  stage  smooth  polishing  wear  occurs,  ac¬ 
celerating  in  depth  as  fine  abrasive  particles  are  generated,  and  producing  a  sharp, 
pronounced  ridge  at  the  boundary  of  the  roller  end  contact  with  the  race  flange.  As 
clearances  increase,  slackness  and  skewing  of  the  roller  develops,  causing  high  Btress 
contact  which  initiates  fatigue  pitting  on  both  the  roller  end  face  and  the  opposing 
inner  race  flange  surfaoe  (Figure  9).  With  increasing  roller  skewing,  secondary  damage 
begins  by  rubbing  contact  of  the  roller  end  and  the  roller  surface  extremities  with  the 
bronze  cage  walls.  Deep  circular  tracks  develop  in  the  sidewalls  and  dumbbell-shaped 
wear  soars  form  on  the  cage  ribs  (Figure  10).  In  the  latter  case,  the  wear  mode 
changes  from  fine  rubbing  action  to  fatigue  spalling  (flaking)  with  a  corresponding  in¬ 
crease  in  particle  size  (>20  ft m).  Deterioration  then  proceeds  rapidly  to  final  de¬ 
struction  of  the  bearing 

From  the  perspective  of  wear  debris  analysis,  events  in  the  course  of  the  failure 
.hat  provide  diagnostic  evldenoe  are  the  initial  removal  of  fine  particulate  steel  deb¬ 
ris,  the  proportional  increase  in  particle  size  as  fatigue  pitting  develops,  and  the 
teneratlon  of  fine  partloulate  bronze,  followed  by  coarse  fatigue  wear  particles,  as 
cage  wear  progresses.  With  conventional  procedures  this  bearing  deterioration  would  be 
detected  only  after  substantial  cage  wear  had  occurred  and  failure  was  imminent.  By 
using  the  more  refined  methods  described  above,  the  failure  could  be  detected  with  the 
onset  of  the  fatigue  pitting  of  the  roller,  which  would  allow  time  for  subsequent  diag¬ 
nosis  and  prognosis  as  failure  progressed.  Thus,  with  precise  foreknowledge  of  the 
nochanlsms  of  bearing  deterioration,  the  prospects  for  life  prediction  and  failure  pre¬ 
vention  could  be  greatly  enhanced. 


SUMMARY  AND  CONCLUSIONS 

Recent  developments  in  methodology  suggest  that  wear  debris  analysis  will  continue 
to  be  an  Important  procedure  for  the  detection  and  diagnosis  of  bearing  deterioration 
in  aircraft  propulsion  machinery.  Retrospective  analysis  of  samples  representative  of 
bearing  failures  has  shown  thot  diagnostic  information  available  from  wear  debris  can 
be  used  more  effectively  in  condition  monitoring.  Earlier  detection  of  Incipient  bear¬ 
ing  failure  Is  possible  by  more  precise  spectrometrlc  analysis  and  the  advanced  methods 
of  ferrography  and  electron  microscopy /X-ray  spectroscopy  enable  more  positive  diag¬ 
nosis  of  wear  trends  and  severity.  These  and  related  developments  indicate  that  future 
condition  monitoring  programs  will  be  more  precisely  controlled  by  the  complementary 
application  of  reliable  real-time  sensors  to  detect  incipient  failure  and  off-line 
diagnostic  procedures  to  monitor  subsequent  deterioration  and  accurately  predict  re¬ 
maining  bearing  life. 
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Pig.  1.  Advanced  Failure  of  Aircraft  Engine  Bearing 
Detected  by  Wear  Debris  Analysis 


Fig.  2.  Particulate  Wear  Debris  Representative  of 
Fatigue  Fitting  and  Spalling  of  Bearing 
in  Fig.  1. 


Fig.  8,  Excessive  Roller  End  Wear  (Right)  Causing  Roller 
Skewing  and  Eventual  Destruction  of  Bearing 
Left  -  Minor  Wear  on  Opposite  End  of  Roller 


Fig.  9.  Fatigue  Pitting  (Right)  on  Roller  End  (Left) 
Caused  by  High  Stress  Contact  With  Inner  Race 
Following  Expensive  Rubbing  (Polishing)  Wear 
(Left-Lower  Right) 


Fig.  10.  Circular  Grooves  in  Cage  Sidewall  Caused  by  Contact 
Kith  Ridged  Roller  End 

Inset  -  Fatigue  Fracture  of  Rib  Wall  (Arrow)  by  High 
Stress  Contact  With  Roller  Surface 


DISCUSSION 


W.E.  A.Fries,  Ministry  of  Defense,  Ge 

Is  use  of  the  latest  USAF  method,  which  is  based  upon  bringing  into  solution  all  wear  particles  in  an  oil  sample  by 
utilizing  a  known  mixture  of  acids  (nitric  acid  and  hydrofluoric  acid)? 

The  method  is  especially  useful  for  particles  in  the  range  of  25-50  which  the  rotating  disc  spectrometer  does  not 
see. 

Author’s  Reply 

Yes,  we  are  aware  of  the  USAF  method  in  question,  and  have  confirmed  its  analytical  accuracy  when  applied  to  the 
determination  of  titanium  wear  meta:  in  oil  samples.  Since  implementation  of  the  method  requires  modification  of 
existing  procedures  and  introduces  a  potential  acid  handling  hazard,  it  has  not  been  adapted  for  field  use. 


E.Saibel,  USARO,  Research  Triangle  Park,  North  Carolina,  US 

Instead  of  using  Severity  of  Wear  Index  (Als  —  As2)  along  with  debris  quantity,  a  non-dimensional  quantity  having 
a  rational  basis  should  be  established. 

Author’s  Reply 

Thank  you  for  your  suggestion.  The  severity  of  wear  index  referred  to  is  a  programmatic  approach  devised  by  the 
originators  of  the  method  which  utilizes  the  measureable  parameters  of  debris  quantity  and  particle  size  distribution. 
Variants  of  this  index  have  been  applied  by  different  investigators  in  attempts  to  achieve  more  meaningful  correla¬ 
tions  between  wear  debris  and  component  surface  damage.  As  you  suggest  the  theory  of  non-dimensional  para¬ 
meters  svill  be  explored  to  determine  the  feasibility  of  this  approach. 


EJantzen,  DFVLR,  Ge 

Have  you  established  border  lines  (for  severe  bearing  failures)  for  the  lab  numbers  e.g.,  ppm,  or  wear  index  for  the 
different  engine  types,  and  where  are  these  border  lines? 

Author’s  Reply 

In  the  day-to-day  monitoring  of  aircraft  engines  by  spectrometric  oil  analysis,  atomic  absorption  and  atomic 
emission  guideline  levels  in  ppm  are  specified  for  each  type  of  engine.  Similar  wear  index  guidelines  based  on  ferro- 
graphy  have  not  yet  been  established.  Preliminary  work  is  in  progress  to  determine  the  wear  characteristics  and 
threshold  wear  levels  for  each  type  of  engine  and,  from  this  information,  the  feasibility  of  using  wear  index  data. 
Engine  types  have  been  observed  to  exhibit  appreciably  different  degrees  and  rates  of  wear  and  some  are  more 
amenable  to  condition  monitoring  by  wear  debris  analysis  than  others. 


D.G.Astridge,  Westland  Helicopters  Ltd,  Yeovil,  UK 

Whilst  paying  tribute  to  the  useful  work  of  those  who  have  developed  the  equipment  and  application  techniques  that 
the  author  has  described,  implementation  of  3  mm  filtration  in  engines  and  transmissions  -  shown  to  be  necessary 
for  extending  bearing  life  -  nullifies  most  oil  sampling  methods.  Wear  debris  may,  of  course,  be  extracted  from  the 
filter  for  examination,  but  this  involves  a  significant  penalty  in  maintenance  workload.  The  loss  of  oil  analysis 
capability  would  not  be  regreteed  by  aircraft  operators,  however,  if  any  effective  alternative  can  be  found.  1  believe 
that  such  an  alternative  does  exist,  combining  the  experience  gained  from  the  US  Army  program  on  the  UH-1 
helicopter,  and  Westland’s  experience  with  the  TEDF.CO  QDM  system  on  the  Westland  30  helicopter  transmission. 

I  would  advocate: 

(a)  Engines :  3  mm  absolute  filters;  magnetic  chip  collectors  with  relatively  low  catch  efficiency  in  each  bearing 
scavenge  line  (for  fault  location  -  only  to  be  inspected  following  master  sensor  “amber”  alert);  a  quantitative 
debris  monitoring  system  (e.g.,  TEDECO  QDM)  in  u  full  flow  high  catch  efficiency  arrangement  in  the  common 
scavenge  line  upstream  of  the  fine  filter. 

(b)  Gearboxes  with  recirculating  oil  systems:  3  mm  filter;  quantitative  debris  monitoring  sensors  in  highest  catch 
efficiency  (transport  efficiency)  location  this  may  be  inside  the  gearbox  or  in  an  external  scavenge  line, 
depending  upon  this  particular  gearbox  design. 

(c)  Gearboxes  -  Splash  Lubricated.  Quantitative  debris  monitoring  system  with  sensor  in  position  giving  highest 
catch  efficiency  (less  important  than  on  circulating  oil  system). 

Whatever  the  principles  of  operation  employed  in  the  wear  sensor,  I  believe  that  particle  size  detection  thresholds 
will  be  of  order  0.0 1  gins  of  metal.  In  my  experience  of  failures  occurring  in  helicopter  transmissions  and  engine 
bearings,  in  service  and  in  rig  tests,  such  a  threshold  size  is  perfectly  adequate  for  detecting  failure  progression  early 
enough  for  maintenance  planning  purposes,  without  jeopardizing  flight  safety.  I  believe  that  detection  of  wear 
phenomena  at  a  very  early  stage  in  the  failure  progression  can  be  disadvantageous  (it  is  likely  to  result  in  an  increase 
in  premature  rejections)  when  fine  filters  are  fitted  these  can  prevent  secondary  damage.  Visual  inspection  of  such  a 
sensor  fitted  in  a  quick-release,  self-sealing  housing  can  quickly  reveal  the  likely  source  of  debris  -  whether  build 


or  wear  debris,  and  whether  from  gears  or  bearings,  with  a  level  of  skill  commensurate  with  aircraft  service  engineers. 
Maintenance  workload  for  wear  monitoring  is  reduced  to  a  minimum  -  regular  recording  of  numbers  accessible  in  an 
avionics  compartment,  or  processing  by  a  centralized  maintenance  processor  system  being  suggested  for  aircraft  of 
the  future. 
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SUMMARY 

The  objective  of  thla  analytical  and  experimental  program  la  to  develop  r>  long  life 
bearing  for  operation  at  3.0  MDN .  Life  limiting  roller  end  wear  of  the  eccen-.ric  type, 
which  ultimately  results  ‘In  cage  failure,  was  demonstrated  In  high  speed  rig  . ,#t»  to 
levels  of  3.0  MDN.  Seventeen  parameters  having  the  potential  for  Influencing  the  skew 
action  of  the  roller  and  its  end  wear  were  selected  for  experimental  evaluation  on  a 
series  of  124  mm  experimental  roller  bearings.  The  corresponding  statistical  test  plan 
Is  described  and  the  essentials  of  a  mathematical  model  are  covered  that  ultimately 
defines  the  motion  of  the  roller  and  Its  Interaction  with  other  parts  of  the  bearing. 

The  test  results  showed  roller  corner  radius  runout  as  having  the  most  influence  on  wear 
with  roller  length  to  diameter  ratio  and  end  clearance  demonstrating  modest  effects. 


INTRODUCTION 

Background 

Increasing  th rus t -t o-we lght  ratios  for  aircraft  turbine  propulsion  systems  realised 
In  recent  decades  require  that  main  shaft  engine  bearings  operate  reliably  at  ever 
Increasing  severity  levels  of  speed  and  load.  In  addition  to  Increased  rotor  speeds 
which  are  needed  to  achieve  maximum  gas  dynamics  performance  and  minimize  engine  size 
and  weight,  larger  shaft  diameters  are  required  because  of  greater  bending  and  torsional 
stiffness  requirements.  These  factors  result  In  requiring  high  levels  of  bearing  DN, 
which  is  a  severity  parameter  defined  as  the  product  of  the  bearing  bore  In  millimeters 
and  the  rotor  speed  In  revolutions  per  minute.  Rumme 1  and  Smith  (1)  have  shown  that  even 
at  today's  service  engine  DN  levels,  main  shaft  engine  bearing  failures  are  a  major 
cause  of  accidents  and  unscheduled  removals.  Therefore,  a  continuous  upgrading  of 
bearing  technology  Is  necessary  for  advanced  and  current  day  engines. 

Valorl  (2)  conducted  a  study  which  Identified  the  need  to  advance  the  technology  of 
high  speed  cylindrical  roller  bearings  from  a  state-of-the-art  of  about  2  million  DN  to 
a  level  of  3  million  DN.  Bearing  research  and  development  at  the  time  concentrated  hea¬ 
vily  on  the  development  of  high  speed  ball  thrust  bearings  to  the  point  where  they 
operated  successfully  for  thousands  of  hours  at  3  million  DN  In  test  rigs  (3).  In  con¬ 
trast  cylindrical  roller  bearlnga  technology  had  lagged  to  the  point  where  It  became  the 
limiting  factor  In  the  design  of  high  speed  bearing  systems.  At  that  time,  both  field 
and  development  data  Indicated  that  bearing  performance  was  very  sensitive  to  roller 
Instabilities.  These  Instabilities  are  aggravated  by  high  DN  operation  and  cause  roller 
skewing  which  is  Identified  by  rapid  eccentric  wear  on  the  end  surfaces  of  some  or  all 
of  the  rolling  elements  of  a  bearing.  Figure  1  shows  the  eccentric  wear  pattern  on  one 
end  of  a  roller  with  the  other  end  having  a  similar  pattern  but  180  degrees  out  of 
phase.  This  condition  can  exist  undetected  until  bearing  failure  occurs.  Figure  2 
shows  a  typical  example  of  bearing  failure  precipitated  by  eccentric  end  wear  of  but  one 
roller  element. 

Related  to  skewing,  and  apparently  influenced  by  many  of  the  suae  forces  which  In¬ 
duce  It  Is  roller  skidding.  Currently,  skidding  Is  considered  to  be  of  secondary  Import¬ 
ance  compared  to  roller  end  wear.  Roller  skidding  occurs  when  bearing  radial  loads  are 
light  and  rotational  speeds  are  high.  A  concept  commonly  used  to  supplement  the  external 
load  Is  a  two-point  radial  preloac  design.  However,  as  speeds  increase,  the  ability  to 
maintain  control  of  the  Internal  clearance  to  prevent  skidding  damage  becomes  increas¬ 
ingly  dependent  upon  accurate  knowledge  of  the  internal  heat  generated  by  the  bearing. 

The  heat  generated  must  be  known  to  control  the  operating  clearance  so  as  to  maintain 
the  roller  loading  at  a  level  that  successfully  inhibits  roller  skidding. 

Attempts  at  operating  roller  bearings  at  high  DN  levels  using  bearings  of  novel 
designs  such  as  the  Dual  Diameter  Roller  Bearing  by  Rumbarger,  et  al  (4)  have  met  limit¬ 
ed  success.  Zwicker's  (5)  work  on  conventional  roller  bearings  demonstrated  the  Import¬ 
ance  of  geometrical  and  tolerance  factors  on  bearing  performance  even  at  speeds  below  2 
million  DN.  The  work  described  herein  was  aimed  at  developing  an  analytical  tool  for 
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Figure  J  Typical  Eccentric  Roller  End  Wear  Figure  2  Typical  Bearing  Failure  Attlbutable  to  Eccentric  Roller  End  Wear 

Pattern  Indicating  Dynamic  Instability 

designing  conventional  cylindrical  roller  bearings  for  operation  up  to  3  million  DN  with 
particular  emphasis  on  the  elimination  of  surface  damage  due  to  roller  skewing  and 
skidding-  The  program  involved  developing  a  dynamic,  l.e.  time  transient,  analysis  and 
generating  correlative  experimental  data  to  verify  and  modify  the  analysts  as  required. 
Tests  were  conducted  on  bearings  with  variations  1 n  those  geometrical  and  tolerance 
parameters  which  would  most  likely  affect  roller  wear. 

Program  Approach 

Future  engine  design  requirements  dictate  roller  bearings  that  can  operate  at  DN 
levels  to  3  million.  To  develop  these  bearings,  considerable  analytical  and  ex perl mental 
effort  must  be  undertaken  to  Investigate  the  effects  of  Increased  DN  levels  on  critical 
design  parameters.  In  addition  to  the  conventional  parametric  studies  Involving  fatigue 
life,  stresses,  temperature,  flta,  clearances,  alignment,  lubrication,  and  rotor  dynamic 
response,  special  attention  must  be  given  to  roller  skidding  and  skewing  motions  which 
have  been  Identified  as  likely  problem  areas  for  high  DN  operation.  Proper  analysis  of 
these  effects  requires  development  of  a  new  computer  program  which  considers  the  com¬ 
plete  dynamic  motion  of  each  element  In  the  roller  assembly. 

The  effort  under  this  program  was  directed  towards  formulating  a  viable  generalised 
roller  bearing  analytical  design  system.  The  program  was  based  on  an  Integrated  analyti¬ 
cal/experimental  effort.  The  resulting  design  system,  in  the  form  of  a  computer  program, 
provides  the  bearing  design  engineer  with  a  useful  tool  for  studying  the  static  as  well 
as  dynamic  characteristics  of  high  DN  roller  bearings  for  future  aircraft  engine  main- 
shaft  applications.  This  design  system  could  be  used  In  a  parametric  study  which  would 
establish  basic  design  criteria,  select  important  variables,  predict  the  effect  of  each 
controllable  design  factor,  and  would  substantially  reduce  the  number  of  costly  test 
programs  In  the  early  phase  of  new  bearing  development.  The  design  system  could  also  be 
used  to  assist  In  the  diagnosis  of  roller  bearing  failures  In  service  engines. 

Program  Scope 

This  program  encompassed  both  analytical  and  experimental  activity.  However,  empha¬ 
sis  will  be  given  to  the  experimental  effort  and  only  a  brief  description  of  the  analy¬ 
tical  aspects  of  the  program  will  be  given.  Analytically,  a  computer  program  was  deve¬ 
loped  which  describes  the  roller  bearing  dynamics,  loads,  stresses,  deflections,  defor¬ 
mations,  thermal  conditions,  heat  generation,  lubrication,  and  operating  parameters. 

The  experimental  uffort  comprised  a  series  of  rig  tests  conducted  on  thirty  12 h  mm 
bore  roller  bearings  tested  In  four  separate  groups  in  accordance  with  a  statistically 
designed  test  plan.  The  bearings  were  designed  to  permit  evaluation  of  the  effect  of  a 
number  of  geometric,  dimensional  tolerances  and  operating  variables  on  thermal,  wear  and 
skidding  performance.  Pre-  and  post  test  measurements  made  on  each  bearing  Included 
roller  weights  and  angles  of  skew  which  provided  data  necessary  to  refine  the  roller 
bearing  dynamics  computer  program. 

Roller  Bearing  Analytical  Model 

General  Approach 

The  basic  roller  bearing  analytical  modeling  requirement  was  divided  Into  two  major 
areas;  first,  a  static  analysis  to  compute  roller  load  distribution  and  to  determine 
optimum  bearing  geometry  and  oil  flow  for  maximum  B-10  life,  and  second,  a  dynamic 
analysis  to  predict  bearing  component  behavior  when  influenced  by  time  varying  load  con¬ 
ditions.  Both  the  static  and  dynamic  analyses  consisted  of  smaller  "sub-analyses"  which 
were  combined  Into  a  computer  prugram. 

The  static  analysis  consisted  of  a  basic  elasticity  analysis  to  determine  roller 
load  distribution,  a  p reload /out e r  ring  out-of-roundness  calculation,  and  a  roller 
geometry  and  oil  flow  optimization  procedure.  The  roller  load  distribution  analysis 
included  the  effects  of  ring  and  structural  flexibility  as  well  as  misalignment  and 
moment  load Ing . 

The  dynamic  analysis  used  the  results  of  the  static  analysis  as  part  of  Its  input. 
Other  analyses  were  developed  to  determine  roller  and  cage  loads  at  other  interfaces, 
Including  the  cage  bore  and  Inner  ring  land,  roller  OD  and  outer  raceway  ID  surfaces, 
roller  OD  and  Inner  raceweay  OD  surface,  roller  end  and  guide  flange  faces  and  roller 
end  and  cage  pocket  walls. 


Static  Analysis 


The  purpose  of  tht  static  analysis  was  fourfold;  (1)  to  determine  valuaa  of  key 
gaoae  t  ry  parameters  which  result  in  optimum  bearing  fatigue  life,  (2)  to  calculate 
roller  load  distribution  for  both  detaralnatlon  of  fatigue  life  and  further  identify 
dynamic  loads,  (3)  to  determine  the  fatigue  life  of  the  optimised  bearing  design  and  (4) 
to  provide  a  means  by  which  the  bearing  stlffnesa  can  be  determined  for  use  In  rotor 
dynamics  analyses. 


Bearing  performance  la  Influenced  by  the  combined  effects  of  fits,  thermals,  and 
operating  conditions,  so  well  as  the  design  of  the  support  structure.  Ideally,  the 
earing  Internal  geometry  should  be  designed  to  acnleve  the  maximum  possible  fatigue 

these  conditions  without  violating  any  theoretical  or  experience-baaed  design 
criteria.  The  oil  flow  level  chosen  for  lubricating  and  cooling  the  bearing  should  be 

such  that  the  temperature  of  the  bearing  rings  will  never  cause  a  complete  loas  of  bear¬ 
ing  clearance  or  result  in  a  temperature  level  that  exceeds  the  capability  of  either  the 

"n*  or  the  oil  Itself.  Initial  fits  must  also  be  set  so  that  they  never  reduce 

the  bearing  clearances  to  sero,  yet  remain  tight  at  speed  and  temperature.  Since  the 
determination  of  factors  such  as  the  optimum  oil  flow,  bearing  fits,  raceway  out-of- 
roundness,  and  fatigue  life  la  a  laborious  task  involving  many  Iterations  within  each 
and  among  all  of  the  bearing  performance  analyses,  the  optimisation  proceaa  la  usually 
not  fully  implemented.  However,  with  the  development  of  the  analyses  described  In  this 
report,  full  optimisation  of  any  or  all  of  these  psrameters  can  be  more  readily  accom¬ 
plished  from  s  quasl-ststlc  point  of  view. 


The  ststlc  analysis  wss  developed  to  permit  two  distinct  operating  modes  -  checkout 
and  optimisation.  In  the  checkout  mode,  an  analysis  was  made  of  an  existing  bearing 
design  whose  critical  geometric  parameters  were  already  established.  This  bearing  was 
analysed  to  determine  Its  roller  load  distribution,  preload,  contact  stress  and  fatigue 
life  at  operating  conditions.  If  the  bearing  was  in  its  early  stages  of  design,  the 
static  analysis  would  be  used  In  Its  optimisation  mode.  The  objective  of  this  system  was 
to  determine  the  optimum  roller  bearing  geometry  for  maximum  bearing  fatlgua  life.  The 
program  calculated  optimised  values  of  lntarnal  radial  clearance  and  out-of-roundnaaa 
with  respect  to  input  preload  and  race  temperature  criteria.  Also,  all  bearing  fits  were 
optimised  with  regard  to  fit  pressure  requirements.  After  establishing  the  bearing 
Internal  geometry  ,  the  program  then  calculated  values  of  roller  flat  length  and  crown 
radius  for  maximum  bearing  life  at  acceptable  levels  of  roller  edge  stress. 

Dynamic  Analysis 


The  dynamic  analysis  used  the  output  of  the  static  analysis  along  with  other  Input 
to  determine  all  the  forces  acting  on  the  bearing  cage  and  rollers,  Including  those  due 
to  contact  between  the  Inner  ring  and  cage,  rollers  and  cage,  and  rollers  and  inner 
race.  The  equations  of  motion  of  the  Interacting  elements  were  solved  as  a  function  of 
time  to  determine  the  dynamic  behavior  of  the  cage/roller  system  under  the  action  of  the 
external  forces. 


The  motion  of  the  rollers  waa  due  to  the  action  of  a  complex  force/moment  system  as 
shown  in  Figure  3.  This  system  included  e Is  a t ohyd rody naml c  (BHD)  traction  force  at  the 
inner  and  outer  race,  centrifugal  force  due  to  orbiting  of  the  roller  mass  center, 
imbalance  force  due  to  geometrical  Imperfection  of  the  rollers,  aerodynamic  drag  on 
rolling  elements,  external  loading  transmitted  through  the  roller/race  contact  and 
gravity  forces  due  to  the  roller  mass.  Other  Important  forces  considered  In  the  system 
yere  contact  forces  at  the  cage  pocket  walls  and  guide  flanges  as  well  as  fluid  shear 
drag  forces. 

A  bearing  cage  Is  similarly  subjected  to  the  combined  effect  of  a  force/moment 
system,  as  shown  In  Figure  4,  which  consists  of  hydrodynamic  forces,  inertial  forces, 
aerodynamic  forces,  shear  drag  forces  and  roller  Impact  forces. 

It  la  apparent  that  the  motion  of  the  rollers  Is  affected  by  the  motion  of  the  cage, 
and  vice  versa,  as  a  result  of  forces  and  moments  transmitted  through  the  various 
interfaces.  In  a  loaded  bearing,  an  Individual  rolling  element  and  the  cage  may  take 
turnB  driving  each  other.  This  motion  may  result  In  intermittent  contact  between  the 
moving  elements.  Intuitively,  the  contacting  process  may  involve  one  or  a  combination  of 
the  modea  listed  below: 

1.  hydrodynamic  contact  occurlng  when  the  roller  Is  far  enough  away  from  the  well 
of  the  cage  pocket  so  that  a  hydrodynamic  oil  film  Is  maintained  at  the  Inter¬ 
face  . 

2.  Elaatohydrodynsmlc  contact  which  always  exists  when  the  contacting  surfaces  are 
extremely  close  and  the  pressure  generated  in  the  interposed  lubricant  film  Is 
sufficient  to  cause  simultaneous  elastic  deformation  of  the  surfaces,  and 

3.  Elastic  action  in  the  contact  mode  which  exists  when  the  approach  velocity  la 
such  that  contact  occurs  before  the  lubricant  film  has  sufficient  time  to 
develop  or  whrn  the  roller  forces  are  large  enough  to  break  through  an  existing 
oil  film. 
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Furthermore,  the  motion  of  the  rollers  and  the  cage  la  Influenced  by  the  ambient 
fluids.  Determination  of  the  roller  and  cage  motion  requires  simultaneous  solution  of 
their  respective  equations  of  motion.  Once  the  analyses  ware  developed  and  tested,  they 
were  combined  Into  a  large  scale  computer  program.  Till  BO  I,  for  solution.  The  name  TRIBO 
!  •  derived  f  roi  the  word  " t ri bology M . 

Organization  of  the  Coaputer  Prog  ria 

TRIBO  I  Is  a  state-of-the-art  cylindrical  roller  bearing  design  tool  capable  of 
accomplishing  both  static  and  dynamic  phases  of  the  design  process.  The  program  la  com¬ 
posed  of  two  basic  modules  -  STATIC  and  SYSDYN.  The  module  SYSDYN  Is  composed  of  the 
modules  CADYN  and  RODYN.  Figure  5  shows  the  relationship  of  th^  modules  to  each  otlie’ 
and  to  the  complete  TRIBO  I  program.  STATIC  contains  the  structural  analysis  of  the 
bearing  due  to  loads  resulting  from  a  qua  a l-o t at  1 c  equilibrium.  RODYN  analyses  roller 
dynamic  behavior  without  the  Influence  of  the  element  retainer  or  cage.  CADYN  analyses 
the  cage  dynamic  behavior  without  the  Influence  of  '.he  rollers.  SYSDYN  analyses  the 
complete  system  dynamic  behavior  allowing  for  full  Interaction  among  the  rollers,  the 
cage,  and  the  two  raceways.  The  complete  program,  TRIBO  I  Is  Invoked  by  running  STATIC 
and  SYSDYN  together  so  that  the  output  from  STATIC  Is  used  •:  input  to  SYSDYN.  STATIC 
may  also  be  run  to  provide  Input  for  RODYN. 

The  TRIBO  I  output  consisted  of  the  quasl-statlc  design  parameters  mentioned  pre¬ 
viously,  along  with  the  motion  of  each  roller  In  the  bearing,  as  well  as  the  cage, 
expressed  as  a  function  of  time.  Since  the  forces  acting  on  the  roller  ends  were  known, 
It  was  possible  to  estimate  the  amount  of  wear  on  each  roller  for  a  given  set  of  operat¬ 
ing  conditions.  The  coaputer  program  predictions  of  end  wear  were  correlated  with  the 
teat  data  obtained  from  the  experimental  program. 


Parameter  Selection,  Experimental  Program 

The  main  obstacle  to  advancing  high  speed  roller  bearing  technology  Is  related  to 
roller  element  skewing  end  skidding.  It  was  the  objective  of  this  experimental  portion 
of  this  program  to  quantify  those  variables  having  an  Influence  on  roller  skew  and 
skid.  Thirty  separate  variables  were  Identified  and  are  shown  In  Table  1.  Operational 
variables,  such  as  bearing  speed,  externally  applied  load,  and  lubricant  temperature 
were  not  counted  In  this  total.  The  basic  categories  considered  were  design  geometries 
that  included  internal  lubrication  arrangements,  manufacturing  tolerances,  and  quality 
control  variables. 
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Table  1.  Relative  Ranking  of  Roller  Bearing  Varlablaa 


Category  I 

Category  11 

Category  III 

(Most  affect  on  wear) 

(Moderate  effect) 

(Least  effect) 

1. 

Roller  Length/Diameter 

15. 

Rollar  Clamping  Load 

23  . 

Roller  Length 

Ratio 

16. 

Flange  Face  Runout 

V?  rlatlon 

2  . 

Roller  Unbalance  - 

17. 

Rollar  Crown  Radius 

24. 

Cage  Pocket  Offset 

( Nonhomoganaous 

Runout 

25. 

Roller  End  Surface 

material,  rollar 

18. 

Extended  Rollar  Flat 

Finish 

corner  runout,  crown 

Length 

26. 

Flange  Surface 

radius  runout) 

19. 

Flange  Face  Wavlnesa 

Finish 

3. 

Pre load 

20. 

Flanga  Layback  Angle 

27. 

Raceway  Surface 

4. 

Cage  Unbalance 

21. 

Roller-Cage  Pocket 

Finish 

5. 

Rollar  Flat  Centrality 

Clearance 

28. 

Cage  Pocket 

6. 

Rollar  End  Circular 

22  . 

Flange  Contour 

Squa  renesa 

Runout 

29. 

Raceway  Wavlnesa 

7. 

Rollar  End  Shapa 

30. 

Roller  Taper 

8.  Raceway  Taper 

9.  Rollar  End  Clearance 

10.  Rollar  Diameter 
Variation 

11.  Lubrication 

12.  Flange  Haight 

13.  Raceway  Angular 
Misalignment 

14.  Percent  Flat  Length 
of  Rollar 


It  waa  apparent  that  an  evaluation  of  all  30  varlablea  required  some  Judgment  be 
made  aa  to  the  relative  Importance  of  theaa  varlablea.  Therefore,  theae  were  divided 
Into  three  catagorlea  aa  ahown  In  Tabla  1.  Category  I  Included  14  varlablaa  that  ware 
conaldared  to  have  the  graataat  Influence  on  the  rollar  bearing  waar  phenomena.  Category 
II  conalated  of  eight  varlablaa  conaldared  to  have  laaa  Impact  on  wear.  Category  III  waa 
compoaed  of  eight  varlablea  Judged  to  have  the  laaat  affect.  The  criteria  employed  In 
making  theae  asaeaamenta,  although  aomewhat  subjective ,  were  baaed  on  experience  avail¬ 
able  from  experimental  teat  raaulta,  field  aarvlca  reporte,  analytical  atudlea,  manufac¬ 
turing  eurveya,  and  an  u nde ra t and  1 ng  of  the  phyalcal  phenomena  affecting  fundamental 
bearing  behavior. 


Four  groupa  of  baarlnga,  A,  B,  C  and  D  Identified  by  parameter  grouplnge  In  Table  2, 
were  aelectad  for  evaluation  In  a  a t a 1 1 e t lea  1 ly  designed  experiment.  Each  group  Incor¬ 
porated  parameter*  from  Table  1  which  could  be  varied.  By  varying  the  parametere  In  the 
statistical  experlmenta,  It  waa  poaslble  to  isolate  and  rank  the  effect  of  any  parameter 
on  surface  damage  due  to  roller  skidding  and  skewing. 

Table  2.  Identification  of  Parameters  Evaluated 
In  Each  of  the  Four  Bearing  Test  Groups* 


Group  A  Group  B 

(8  Bearing  Designs)  (8  Designs) 


Group  C 
(5  Designs) 


Group  D 
(6  Designs) 


1.  Bearing  preload 

2.  Roller  coupled 
corner  runout 

3.  Roller  end 
circular  runout 

4.  Inner  race  taper 

5.  Roller  flat 
centrality 

6.  Outer  ring  angular 
misalignment 

7.  Lubrication  flow. 


1.  Roller  length/ 
diameter  ratio 

2.  cage  Imbalance 

4.  Extended  roller 

clearance 

4.  Roller  end  shape 

5.  Flange  height 

6.  Roller  diameter 
variations 

7.  Roller  flat  length 


1.  Guide  flange  layback 

2.  Guide  flange  contour 

3.  Guide  Flange  runout 

4.  Extended  roller 
flat  length 


1 .  Rolle  r  end 
c learance 

3  levels 

2.  Roller  end 
circular  runout 

3.  Roller  flat 
centrcllty 

4.  Flange  height 
variations 


*Each  parameter  was  tested  at  two  levels 
unless  otherwise  Indicated. 


A  statistically  designed  test  program  Incorporating  the  fractional  factorial  method 
waa  selected.  Table  3  shows  the  number  of  main  effects  and  the  number  of  Interactions 
that  can  be  determined  with  programs  consisting  of  5,  6  and  8,  bearing  designs  with 
variations  In  the  number  of  bearing  parameters  to  be  studied.  For  each  parameter  the 
level  of  variation  was  maintained  at  two.  The  combination  of  eight,  test  bearing  designs 
was  chosen  for  Groups  A  and  B.  Seven  parameters  were  chosen  for  Investigation  In  each 
of  the  two  groupa  so  that  the  maximum  number  of  main  effects  could  be  evaluated.  The 
parameters  which  were  studied  with  these  two  groups  of  bearings  were  all  selected  from, 
and  comprise  the  entire  list  of  the  Category  I  variables  shown  in  Table  1. 

The  scope  of  that  portion  of  the  program  In  which  the  Group  C  bearings  were  evalu¬ 
ated  limited  lta  size  to  five  designs.  Four  parameters  Is  the  maximum  number  for  which 
the  main  effects  can  be  Investigated  when  employing  five  designs.  The  four  parameters 
In  this  group  are  listed  In  Table  2  and  were  selected  from  Category  II  which  corresponds 
to  the  parameters  that  wero  anticipated  to  have  only  a  moderate  effect  on  roller  wear. 
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Identlfl-  Roller  Cage  Hollar  Roller 

cation  No .  Length/  labalanee,  tnd  Ind  Shape, 

Diaaeter  Ores  Clearance,  Ha*. 

Retlo,  Centlaeter  aa  Protrusion, 

aa/aa  aa 


Plangw  Roller  Dla. 

Height,  Variation* 

X  of  Per 

Roller  Rearing, 

Diaaeter  aa 


Roller 

Plat 

Length, 

Pe  rcent 
of  Roller 
Length 


leoellne 

1.0 

3.0 

0.0236 

0.00127 

23 

0.00127 

60 

1 1 

1.0 

1.0 

0.0236 

0. 00127 

20 

0.00127 

0 

12 

1.0 

1.0 

0.0236 

0.01016 

20 

0.00127 

30 

13 

0.77 

1 . 0 

0.0236 

0.01016 

20 

0.01270 

0 

16 

0.77 

1.0 

0.0236 

0.00127 

20 

0. 01270 

50 

15 

0.77 

1.0 

0.1270 

0.01016 

30 

0.00127 

0 

16 

0.77 

6*0 

0.1270 

0.00127 

30 

0.00127 

30 

17 

1.0 

1.0 

0. 1270 

0.00127 

30 

0.00127 

0 

18 

1.0 

1.0 

0.1270 

C. 01016 

30 

0.01270 

30 

Figure  9  Group  C  Parametric  Bearing 
Designs 


14.. till-  I.t.od.4  II  Gull*  II  Cull*  II  Gull* 

cetlon  No.  Roller  Plat,  Plango  Plaage  Plange 


X  n(  Roller 
».er.tth.  f 


Laybac  k , 

■■  1 


Contour, 
P  or  C 


Runout  to 

Paco  A  .  aa  Has 


0.1)0631  Ha«. 


21 

66 

0.00633  Has. 

lyt» 

P 

0.0102 

22 

67 

0.02266-0.02796 

T»|« 

P 

0.0306 

23 

67 

0. 02286-0. 02796 

Typ. 

c 

0.0102 

26 

67 

0.00633  aas 

lyp. 

c 

0.0308 

23 

66 

0.02266-0.02796 

lyp. 

n 

0.0506 

Identic  i- 
No. 

Roller  Coupled 
Corner  Runout 
to  Roller 

OD,  aa 

R 

toller  Plat 
Centrality,  aa 

Y 

Roller 

Rnd 

aa 

E 

Cu  i le  Plange 
He iBht  ,  X 
Roller  Die. 

H 

laee  1 1 ne 

0.007068 

0.236 

0.0256 

25 

27 

0.002360 

1.270 

0.0256 

20 

26 

0.005060 

0.236 

0.0256 

30 

29 

0.005080 

1  .270 

0.0308 

20 

30 

0.002360 

1.270 

0.0306 

30 

31 

0.002560 

0.236 

0.1270 

20 

32 

0.005060 

1.270 

0. 1270 

30 

i?rocuroment  of  Boaring  Hardware 

Tho  Split  Ballbearing  Co.  (SBB),  Dlvlilon  of  MPB  Corporation,  waa  aalactad  to  fabri- 
oata  tha  parametric  baarlnga.  SBB  la  a  producar  of  tha  oaalc  No.  5  aalnahaft  poaition 
rollar  baarlng  uaad  In  production  of  TF30  anglnaa  and  haa  auppllad  experimental  hardware 
which  haa  boon  auccaaafully  avaluatad  In  taata  to  apaada  of  3.0  MDN . 

A  total  of  10  Group  A  paraaatrlc  baarlnga  warn  aanufacturad  for  taatlng.  Ona  oach 
of  tha  alght  daalgna  ahown  In  Figure  7  and  two  dupllcato  baarlnga  for  rapaat  taatlng 
war*  procurad.  Tha  baarlnga  aalactad  for  rapaat  taatlng  wara  numbers  7  and  8  ahown  in 
Flguro  7.  A  total  of  alght  baarlnga  wara  aanufacturad  In  Croup  B,  alx  In  Group  C  with 
ona  baarlng  ldantlflad  aa  No.  26  balng  a  duplicate  bearing  for  rapaat  taatlng,  and  alx 
baarlnga  manufactured  for  parametric  Group  0. 

For  each  of  tha  baarlnga,  detailed  dlmanalonal  maaaurenanta  of  tha  baarlng  compo- 
nant a  ware  made  and  recorded  by  SBB.  Thia  waa  dona  to  anaura  tha  tight  quality  control 
required  aa  dictated  by  tha  damanda  of  any  a tatiatlcally  planned  program  and  to  aaalat 
In  the  poat-teat  analyaia  of  tha  experimental  raaulta. 

Tha  Inapactlon  data  which  accompanied  each  of  tho  baarlnga  wara  reviewed  and  with 
rare  exception*  no  algnificant  deviation*  compared  to  the  de.lgn  apeclf Icatlona  ware 
uncovered.  Since  tha  Inapactlon  raaulta  for  each  baarlng  conalatad  of  94  pagoa,  only  a 
nummary  of  Inapactlon  raaulta  for  tha  rollers  in  baarlng  No.  1  In  Group  A  la  praaented 
In  Table  5  which  la  rep ra aentat 1 va  of  tha  data  obtained  for  all  30  baarlnga  In  thla 
program.  For  almpli f lcation,  avaragaa  are  praaented  aince  28  aeparata  rollar 
meaaurements  were  made. 

Table  5.  Typical  rtanuf  ac  turlng  Inapactlon  Data  for 
Baarlng  Number  1  Roller*,  Group  A 


Length,  mm  12.99345 

Diameter,  mm  12.99616 

Surface  Flnlah  AA,  no  88. 9 

Coupled  Corner  Runout,  mm  0.0940 

Crown  Radlua,  cm  76.2 

Cylinder  Length,  mm  5.200 

Cylinder  Flatneaa,  nm  304.8 

Cylinder  Off-Set,  mm  1.27 

Crown  Profile  R.O.,  nm  4064 

End  Circular  R.O.,  mm  0.006223 

Crown  Drop,  mm  1.524 

Hardness,  R  60 


Preteat  Bearing  Preparation  and  Inapactlon 

Preparation  of  the  parametric  bearing*  for  teat  Included  Instrumenting  each  outer 
ring  with  a  strain  gage  to  permit  measurement  of  roller  pass  frequency  during  teat  which 
determined  whether  or  not  the  roller  elements  were  skidding  for  each  of  the  program  test 
combinations  imposed.  Each  roller  was  weighed  before  and  after  test  to  detevmlne  the 
amount  of  rollar  mass  loss  attributable  to  wear.  Alao,  each  of  the  rollers  was  measured 
for  static  skew  angle-o f-tur n  allowed  by  tha  inner  raceway  guide  flanges.  Table  6  shows 
typical  pretest  roller  weight  and  static  skew  angle  measurements  for  the  Group  A  bear¬ 
ing*. 

Table  6.  Group  A  Bearings  -  Pretest  Wear 
Related  Meaaurements 


Identification  No. 

Avg .  Roller  Weight,  Grams 

Avg.  Skew  Angle,  Minutes 

1 

13.2457 

14.94 

2 

13.2918 

11.95 

3 

13.2417 

14.19 

4 

13.2755 

13.71 

5 

13.2768 

13.43 

6 

13.2411 

14.98 

7 

13.2866 

10.87 

8 

13.2446 

14.47 

9 

13.2999 

13.96 

10 

13.3340 

15.10 

In  addition  to  the  bearing  manuf ac t u re r ' a  pretest  Inspection  data,  in-house  inspec¬ 
tion  measurements  were  made  and  recorded  during  Installation  of  the  bearings  Into  the 
test  rig.  These  measurements  Included  the  fits  of  the  Inner  ring  on  the  shaft  and  the 
outer  ring  in  the  support  housing,  the  installed  internal  radial  clearance  of  the  test 
boaring  and  the  axial  mlaallgnment  of  the  Installed  outer  ring. 

Test  Rig  and  Instrumentation 

The  test  rig  used  for  the  experimental  evaluation  of  the  parametric  bearings  is 
shown  in  Figure  11.  Relatively  trouble-free  operation  was  experienced  with  this  rig  in 
more  than  5000  hours  of  testing,  of  which  over  250  hours  were  at  speeds  of  3,0  MDN. 


Figure  11  High  Speed  Roller  Bearing  Test  Rig 

Ths  test  rig  consisted  of  a  cylindrical  houalng  with  a  hydraulic  load  cylinder 
located  centrally  on  top  of  the  houalng  to  apply  a  radial  load  to  the  teat  bearing* 

Three  bearlnga  were  located  on  a  common  ahaft  aaaeably  In  the  rig.  The  two  bearlnge 
neareat  the  enda  of  the  ahaft  aaaeably  were  rlgloly  mounted  to  the  houalng.  The  center 
or  teat  bearing  waa  aounted  In  a  carrier  attached  to  the  load  cylinder  platon  and  wav 
radially  guided  by  tracke  in  the  houelng. 

Radial  load  applied  to  the  teet  bearing  by  the  load  cylinder  waa  tranaaltted  through 
the  ahaft  assembly  to  the  end  bearlnga  and  then  through  the  end  bearing  carrlera  to  the 
houalng.  Theae  bearlnga  were  equally  apaced  from  the  center  bearing  and  each  carried 
half  the  load  applied  to  the  center  bearing.  Thla  arrangement  maximized  alignment  con¬ 
trol  among  the  bearlnga.  Axial  location  of  the  ahaft  aaaeably  waa  controlled  by  the 
ball  thruet  bearing  mounted  at  the  drive  end. 

Lubrication  and  cooling  oil  waa  aupplied  to  the  teat  bearing  by  directing  Jet  oiling 
into  both  sides  of  the  bearing  cavity.  Oil  waa  aleo  aupplied  eeparately  to  axial  alota 
located  under  the  rotating  Inner  ring.  Radial  holea  intercepting  a  number  of  axial  alota 
directed  lubrication  to  the  inner  ring  roller  guide  flangea. 

The  tost  rig  was  serviced  by  a  lubrication  syatem  that  supplied!  1)  oil  to  the  teat 
bearings  aa  well  aa  to  the  rig  alave  bearings  for  lubrication  and  temperature  control, 

2)  oil  to  the  speed  lncreaser  gearbox  for  lubrication  of  the  gearbox  bearings  and  geara, 

3)  pressurising  oil  to  the  hydraulic  load  cylinder  of  the  rig  to  radially  load  the  test 
bearing,  and  4)  controlled  and  monitored  the  temperature,  pressure  and  flow  of  oil  sup¬ 
plied  to  each  part  of  the  system. 

The  lubrication  system  Included  an  oil  reservoir  which  supplied  oil  to  two  pressure 
pumps.  The  hlgh-capaclty  pump  supplied  oil  filtered  to  a  level  of  IS  microns  absolute  to 
the  test  rig  internals  and  to  the  gearbox.  The  low-capacity  pump  supplied  oil  to  the 
load  cylinder  which  provided  the  radial  load  to  the  test  bearing.  The  temperature  of  the 
oil  to  the  test  rig  was  controlled  by  a  heat  exchanger.  Three  delivery  branches  supplied 
oil  to  the  test  bearing.  Two  of  ths  branches  supplied  the  bearing  with  primary 
lubrication  and  provided  outer  ring  temperature  control.  The  third  branch  supplied  oil 
to  the  test  bearing  for  inner  ring  temperature  control  and  lubrication  of  the  inner  ring 
guide  flanges. 

Instrumentation  was  provided  to  measure  the  Imposed  test  conditions,  bearing 
operating  conditions,  and  operating  conditions  of  ths  test  rig.  Table  7  lists  the  mea¬ 
surements  obtained.  Manual  recordings  of  all  measurements  were  made  every  10  minutes 
during  the  calibration  portion  of  the  experimental  program  and  once  every  20  minutes 
during  the  endurance  running. 

Table  7.  Instrumentation 
Imposed  Teat  Conditions! 

o  Applied  radial  load  o  Rig  shaft  speed 

o  Test  bearing  oil  flow  o  Oil  supply  temperature 

Test  Bearing  Operating  Conditions: 
o  Outer  and  Inner  ring  temperature  o  Cage  speed  or  slip 

o  Discharge  oil  temperature  o  Horsepower  and  torque 

Rig  Operating  Conditions: 

o  Slave  bearings  oil  f low  o  Slave  bearing  temperatures 

o  Vibration 


Exp«  riii^r.  ta  1  frograa  Plan 


The  10-hour  teat  program  that  waa  followed  during  tha  rig  evaluation  of  each  para¬ 
metric  bearing  la  ahown  In  Table  8  and  waa  dealgned  to  obtain  both  calibration  and 
endurance  data.  Tha  calibration  aection  conalated  of  30  aeparate  teat  comblnatlona  which 
were  designed  to  obtain  bearing  operational  data  with  variatlona  of  apaad,  oil  flow, 
radial  load,  and  oil  temperature.  The  lmpoaed  conditlona  were  maintained  at  each  teat 
combination  for  10  minutee.  Proa  the  operational  taat  data  obtained,  the  following 
performance  parametera  were  determined  for  each  bearing;  heat  generation,  horaepower  and 
torque,  roller  skid,  Inner  and  outer  ring  thermal  atabillty,  outa r-t o-inne r  ring  thermal 
gradient,  and  axial  and  circumferential  thermal  gradients. 

TABLE  8.  Test  Program 


Supply  Oil  Flow! 

K*/«i n 

Applied 

Baa  ri n| 

Spatd ,  MDN/Potut  No. 

Undar 

Race 

Each 

Jet*  Total 

Load  , 

*C  N 

Too 

1.0  2.0  2.5  2.25  2.9  3.0  hr 

Ca 11  brat  ton  4 . 336 

2.266 

9.072 

107 

1112 

1 

4 

7 

10 

13 

16 

2224 

2 

3 

8 

1 1 

14 

17 

3 

2.  2*8 

1.614 

3.897 

107 

4448 

3 

6 

9 

12 

13 

18 

22  24 

19 

20 

21 

22 

23 

24 

1 

4.990 

4.062 

13.134 

133 

2224 

23 

26 

27 

26 

29 

30 

1 

Steady  State  Endurance 

Group  A  2 . 268  or 

i  .990 

1.814  or 

4.082 

3.897  or 

13.134 

107 

2224 

End  uranca 

at 

3  MDN 

4 

Croupe  I. 

C,  D  A. 536 

2.266 

9.072 

Cyclic  Spaed 

Group  A  2,268  or 

4.990 

1.814  or 

4.082 

3.897  or 

13.134 

107 

1112 

2.0/2.75 

MDN 

Accala- 

Da  c  a  1  a 

1 

Groupa  B, 

C,  D  4.536 

2.268 

9.072 

Two  Jata,  on*  dlractad  at  etch  (Id*  of  baartn|. 


Once  the  calibration  portion  of  the  program  waa  completed,  endurance  testing  was 
conducted  In  order  to  assess  the  extended  operating  performance  and  roller  wear  durabi¬ 
lity  of  each  bearing  design.  The  first  A  hours  of  endurance  running  were  conducted  at 
the  3.0  MDN  a t <■ ad y~% t a t e  condition  noted  In  Table  8.  For  a  specific  bearing  teat  within 
Group  A,  the  level  of  the  oil  flow  variation  of  either  5.897  or  13.154  kg/mln  was  deter¬ 
mined  from  the  Group  A  bearing  design  chart  shown  In  Figure  7.  The  oil  flow  for  the 
Group  B  through  D  bearings  was  maintained  at  the  baseline  level  of  9.072  kg/min.  In  the 
fifth  hour  of  the  endurance  testing,  the  bearing  speed  was  cycled  between  the  two  speed 
levels  indicated  in  Table  8.  A  total  of  30  acceleration-deceleration  cycles  were 
completed  on  each  bearing,  simulating  the  type  of  transient  operation  found  in  gas 
turbine  engines  where  accelerated  bearing  wear  due  to  skidding  and  skewing  may  be 
encountered  due  to  the  rapid  accelerations  experienced  by  the  rollor  elements. 

Ax.  che  completion  of  each  10-hour  test,  the  experimental  data  was  reduced  to  obtain 
the  individual  performance  parameters  for  each  bearing.  Each  roller  element  was  weighed 
and  also  measured  for  the  static  angle  of  turn  that  Is  allowed  within  the  inner  ring 
guide  flanges.  Roller  wear  by  weight  loss  and  roller  and  guide  flange  wear  by  change  in 
static  skew  angle  were  determined  using  pretest  and  the  post-test  measurements. 

Experimental  Evaluation 

A  total  of  26  parametlc  bearings  was  tested  including  a  baseline  bearing  described 
In  Figures  7-10.  The  bearing  was  rig  evaluated  in  accordance  with  the  test  program  out¬ 
lined  In  Table  8.  it  performed  smoothly  throughout  the  10-hour  test. 

Performance  was  stable  both  thermally  and  mechanically  with  no  indication  of  roller 
element  skidding.  Visual  examination  of  the  rollers  showed  them  to  be  free  of  any  eccen¬ 
tric  end  wear.  However,  several  of  the  rollers  were  found  to  have  some  concentric  end 
wear,  providing  an  Indication  that  these  particular  rollers  experienced  the  greatest 
amount  of  weight  loss  during  test.  The  average  weight  loss  of  each  roller  was  0.0004 
gram  .The  static  skew  angle  for  the  baseline  bearing  was  not  measured  since  the  roller 
static  skew  angle  Inspection  equipment  was  not  yet  available.  It  was  used  later  In  the 
program  on  other  bearings. 

Of  the  total  of  nine  bearings  experimentally  evaluated  in  Group  A,  bearing  No.  7  was 
first  selected  for  test  since  No.  9,  a  duplicate  bearing,  was  available  for  repeat  test¬ 
ing.  This  permitted  back-to-back  tests  of  a  similar  design  at  the  beginning  of  the  pro¬ 
gram  so  that  testing  repeatability  could  be  assessed.  Both  bearings  performed  In  a 
stable  manner  throughout  their  respective  10  hour  tests.  No  thermal  Instabilities  or 
significant  raceway  axial  thermal  gradients  were  noted. 

Post-test  Inspection  of  both  bearings  Indicated  a  similar  overall  appearance  with 
all  of  the  bearing  components  In  good  condition  and  showed  no  evident  distress  >  All  of 
the  rollers  in  both  bearings  were  free  of  any  eccentric  end  wear,  however,  they  exhibit¬ 
ed  moderate  levels  of  concentric  wear  on  both  ends.  Post-test  Inspection  measurements 
revealed  similar  low  levels  of  wear  for  each  bearing.  Roller  weight  measurements  indi¬ 
cated  an  average  roller  weight  loss  of  0.0003  grams  for  bearing  No.  7  and  0.0007  grams 
for  bearing  No.  9.  Post-test  static  skew  angle  measurements  Indicted  an  average  increase 
of  1.26  minutes  for  bearing  No.  7  and  1.79  minutes  for  bearing  No.  9. 
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The  experimental  reeulte  obtained  trom  teate  of  beerlngt  No.  7  end  9  demonstrated 
adequate  repeatibllity ,  allowing  testing  of  the  remainder  of  the  Uroup-A  deelgns  to  be 
pursued . 


During  the  ten  hour  teat,  four  of  theae  bearings  felled  because  of  rapid  roller  end 
wear  which  allowed  the  rollere  to  skew  exceaslvely.  In  each  instance,  this  caused  the 
cage  to  break.  Theee  failures  occurred  with  the  No.  1.  3,  6  and  8  bearings,  and  as  seen 
In  Figure  7,  they  contained  rollers  with  a  high  level  of  coupled  corner  radius  runout  or 
dynamic  Imbalance.  Another  group  of  four  bearings  exhibited  continuous  skidding  over  the 
speed  range  from  1.0  to  2.3  million  DN,  however,  at  the  2.73  million  DN  level  and  above 
no  skidding  was  measured.  These  bearings  were  No.  3,  A,  3  and  6,  and,  as  seen  In  Figure 
7,  were  all  designed  without  preload.  A  graphical  representation  of  the  skidding  perfor¬ 
mance  typically  experienced  is  shown  In  Figure  12  for  bearing  No.  A.  The  cage-to-ehaf t 
apead  ratio  la  shown  Increasing,  i.e.,less  skidding,  with  Increased  applied  load  In  the 
1.0  to  2.3  MDN  ringe.  No  obvious  skid  damsga  was  observed  on  any  of  the  rollers  and 
raceway  surfaces  of  bearings  No.  A  and  3.  These  bearings  contained  low  Imbalanced  rol¬ 
lere  and  successfully  completed  the  10-hour  teat.  Stable  operation  was  obtained  with 
bearings  No.  2,  7  and  9,  which  were  of  a  preloaded  dealgn  end  contained  rollere  with  a 
low  level  of  coupled  corner  runout.  Thermal  performance  was  similar  for  each  of  the 
Group-A  bearings  tested.  Figure  13  presents  typical  bearing  outer  ring  and  heat  genera¬ 
tion  results  obtained  for  bearings  operating  at  opposite  ends  of  the  roller  wear  eprec- 
trum.  Although  bearing  No.  7,  as  shown  In  Figure  10,  performed  with  low  roller  wear  and 
bearing  No.  8,  which  contained  rollers  with  a  high  level  of  corner  runout,  showed  heavy 
end  wear,  no  significant  difference  In  outer  ring  thermal  perforsance  or  heat  generation 
was  observed. 


Figure  13  Extreme  Roller  Eml  Wear  not  Reflected  In 
Bearing  Thermal  Performance  - •- 


Testing  was  subsequently  conducted  on  the  Groups  B,  C  and  0  bearings  In  a  similar 
manner  to  that  performed  on  the  Group  A  bearings.  A  total  of  eight  bearings  were  evalu¬ 
ated  In  Group  B,  five  in  Group  C  and  six  in  Group  D.  Stable  operation  and  performance 
were  observed  with  each  bearing  except  for  No.  21  of  Group  C  which  experienced  an  inner 
ring  fracture  while  running  at  2.75  MDN,  point  No.  11  in  the  test  sequence  shown  in 
Table  8.  The  total  running  time  at  failure  was  only  1.75  hour.  The  rollers  were  severely 
edge  damaged  but  free  of  eccentric  end  wear.  Metallurgical  analysis  conducted  at  the 
site  of  the  Inner  ring  break  Indicated  a  transverse  fracture  which  had  progressed  in  a 
tensile  manner.  It  wee  concluded  that  the  fracture  originated  at  the  inner  diameter  of 
the  ring  in  the  vicinity  of  the  Intersection  of  a  radial  oil  hole  and  an  axial  oil  slot. 

The  thermal  performance  data  for  Groups  B,  C  and  D  bearings  was  determined  to  be 
similar  to  that  previously  observed  for  the  Group-A  bearings  as  shown  in  Figure  10.  Post 
test  bearing  wear  related  measurements,  roller  weight  and  skew  angle,  were  obtained 
where  possible.  The  resultant  changea  from  pretest  vslues  are  presented  in  Table  9. 
Included  here  are  the  wear  results  obtained  for  the  four  groups  of  bearings  as  well  as 
for  the  baseline  bearings. 

Analysis  of  Test  Results 

The  statistical  analysis  of  the  wear  results  obtained  in  the  experimental  evaluation 
of  the  four  groups  of  bearings  was  accomplished  using  regression  and  correlation 
analyses.  The  parameters  listed  In  Table  2  were  evaluated  and  ranked  using  the  roller 
weight  loss  and  static  skew  angle  change  measurements.  Procedures  outlined  by  Drnper 
and  Smith  (6)  were  followed  in  the  analysis  where  the  "T  value”  provides  a  measure  of 
the  relative  magnitude  of  the  Influence  of  the  test  variable  being  analysed. 
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TABLE  9 


Bearing 

Identification 

Baaa llna 

Group-A  1 

2 

3 

4 

5 

6 

7 

8 
9 

Group  B  11 

12 

13 

14 

15 

16 

17 

18 

Group  C  21 

22 

23 

24 

25 

Group  D  27 

28 

29 

30 

31 

32 


Experimental  Near  Data 


oils  r  Weight 

Roller  Skew 
Angle  Change, 

Lost,  Grams 

Minutes 

0.0004 

not  messured 

0.0311 

73.06 

0.0001 

1.20 

0.0188 

60.64 

0.0003 

1.70 

0.0001 

1.62 

0.0003 

1.26 

0.0136 

71.05 

0.0007 

1.79 

0.0008 

1.02 

0.0000 

3.48 

0.0001 

1.17 

0.00c. 

1.15 

0.0005 

3.97 

0.0014 

14.14 

0.0046 

24.40 

0.0031 

20.65 

0.2094 

60.84 

0.0001 

0.79 

0.0002 

1.75 

0.0002 

2.09 

0.0001 

1.10 

0.0022 

9.86 

0.0003 

0.93 

0.Q004 

5.27 

0.0003 

1.17 

0.0061 

32.43 

0.0022 

11.41 

The  analyala  of  the  roller  weight  change  reaulta  tabulated  In  Table  9  ahowed  that 
roller  coupled  corner  runout  or  Imbalance  has  the  etrongeat  effect  on  roller  weight 
change.  The  regression  analyala  produced  a  T  value  for  roller  coupled  corner  runout  that 
was  at  least  an  order  of  magnitude  larger  than  for  any  of  the  other  variables.  Its 
effect  Is  positive,  l.e.,  increasing  the  level  of  coupled  corner  runout  Increases  roller 
weight  loss.  A  typical  graphical  display  of  the  roller  weight  loss  regression  model 
using  a  least  squares  fit  Is  shown  In  Figure  14  for  the  variable  roller  coupled  corner 
runout.  Therefore,  based  on  the  roller  weight  loss  analysis,  for  minimum  roller  wear, 
the  lower  level  of  runout  evaluated  In  this  test  program  should  be  specified  for  high 
speed  roller  bearing  design.  Other  variables  tested  that  also  indicated  a  significant 
affect  on  roller  weight  change  are  tabulated  in  Table  10.  Included  is  the  direction  of 
their  effect  as  well  as  the  recommended  variable  design  level  for  minimum  wear. 


X  X 

ROLLER  COUPLED  CORNER  RUNOUT,  mm 

Figure  14  Typical  Regression  Model  Analysis-Roller  Coupled  Corner  Runout 
shows  a  Significant  Positive  Effect  on  Roller  Weight  Change 
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Table  10.  Parameters  That  Influence  Roller  Weight  Lom 


Recommended 


Level  of 

Slgnif icanc  e 

Independent  Variable 

Direction 
of  Effect 

Level  for 
Minimum  Wear 

Important 

Roller  coupled 
corner  runout 

Positive 

0.00254  mm 

Moderate 

Inner  race  taper 

Negative 

3.5  min 

Outer  raceway 
misalignment 

Negative 

0.5  deg 

Roller  I,/D 

Positive 

0.7/ 

Roller  end 
clearance 

Curvilinear 

0.0508  mm 

Slight 

Roller  end 
circular  runout 

Negative 

0.004572  mm 

Roller  flat 
cent  rality 

Neg  stive 

1.27  mm 

Inner  ring  guide 
flange  runout 

Negative 

0 . 0508  mm 

Roller  preload 

Negative 

2224  N 

The  remaining  parameters  were  determined  not  to  be  statistically  Important  In  con¬ 
tributing  to  the  roller  weight  change  for  the  range  of  parameter  variations  evaluated. 
These  parameters  consist  of  lubrication,  cage  imbalance,  roller  end  shape,  guide  flange 
height,  roller  diameter  variation,  roller  flat  length,  Inner  ring  guide  flange  layback 
and  Inner  ring  guide  flange  contour. 

The  regression  analysis  of  the  alternate  dependent  variable,  roller  skew  angle 
change,  also  showed  that  roller  coupled  corner  runout  or  imbalance  had  the  most 
significant  Impact  on  wear.  The  T-value  for  this  variable  was  again  greater  than  that 
for  any  of  the  other  variables  evaluated.  The  variables  along  with  the  direction  of 
their  effect  and  the  recommended  design  levels  are  listed  below: 

Table  11.  Parameters  That  Influence  Roller  Skew  Angle  Change 


Level  of 
Significance 

Independent  Variable 

Direction 
of  Effect 

Recommended 
Level  for 
Minimum  Wear 

Important 

Roller  coupled 
corner  runout 

Positive 

0.00254  mm 

Moderate 

Roller  L/P 

Positive 

0.77 

Roller  end 
c  lea  ranee 

Positive 

0.0254  mm 

Guide  flange 
height 

Negative 

3  OX 

Slight 

Roller  end 
circular  runout 

Negative 

0.004572mm 

Inner  Rice 
tape  r 

Negative 

3.58  min 

Roller  d  .'araeter 
variation 

Po  s i t ive 

0. 001270  mm 

The  regression  analysis  further  determined  that  the  following  variables  were  not 
statistically  important  for  the  range  of  parameter  variations  evaluated;  roller  preload, 
roller  flat  centrality,  outer  raceway  misalignment,  lubrication,  cage  Imbalance,  roller 
end  shape,  roller  flat  length,  inner  ring  guide  flange  layback,  inner  ring  guide  flange 
contour  and  inner  ring  guide  flange  runout. 


CONCLUSIONS  AND  RECOMMENDATIONS 

An  experimental  program  using  full  scale  124  mm  roller  bearings  was  successful  In 
providing  a  reliable  means  of  evaluating  the  parameters  affecting  roller  end  wear,  one 
of  the  primary  concerns  In  high  speed  cylindrical  roller  bearing  operation.  The  experi¬ 
mental  test  running  time  duration  and  operating  conditions  produced  roller  end  wear 
levels  of  sufficient  magnitude  to  allow  correlation  of  the  wear  results  with  the  roller 
bearing  test  parameters. 

Although  a  wide  range  of  wear  was  observed  in  the  parametric  testing,  similiar  ther¬ 
mal  characteristics  were  measured  for  each  bearing.  Thus  bearing  temperature  monitoring 
cannot  be  employed  as  a  means  of  detecting  roller  wear.  Also,  extreme  amount  of  roller 
slippage  did  not  result  in  any  unusual  thermal  behavior,  nor  did  it  produce  obvious  skid 
damage  or  distress  in  the  test  environment  imposed  and  over  the  duration  of  the  test 
runs. 


The  experimental  portion  of  thia  program  established  that  roller  coupled  corner 
radius  runout  or  imbalance  haa  the  moat  significant  Influence  on  roller  end  wear  as 
deterainad  by  roller  weight  loss  and  akew  angle  change  meaaurementa .  High  speed  roller 
bearings  should  therefore  be  designed  with  the  lowest  possible  levels  of  roller  corner 
runout.  The  experiments  also  identified  roller  end  clearance  and  length-to-diameter 
ratio  (L/D)  as  being  parameters  of  significance  albeit  to  a  lesser  degree  than  that  for 
roller  corner  runout.  Ae  established  by  both  the  roller  weight  loss  and  skew  angle 
change  measurements,  these  parameters  should  be  designed  into  high  speed  roller  bearings 
to  the  lower  levels  evaluated. 

The  experiaental  roller  wear  data  obtained  in  this  program  was  used  successfully  to 
correlate  the  computerized  analytical  model,  TR1B0  I.  Substantiation  of  the  capability 
of  TRIBO  I  to  provide  an  optimum  prototype  bearing  design  at  least  for  short  term  ser¬ 
vice  was  successfully  demonstrated  in  a  separate  60  hour  rig  test.  A  description  of 
this  work  is  beyond  the  scope  of  this  psper  but  was  done  in  conjunction  with  the  program 
described  herein.  This  60  hour  test  provided  additional  wear  data  allowing  some  exten¬ 
sion  of  the  capabilities  of  TRIBO  I.  Currently,  tests  on  additional  bearings  are  being 
conducted,  under  the  auspices  of  a  related  U.S.  Air  Force  contract  that  will  provide 
wear  data  under  extended  rig  endurance  conditions.  In  this  effort  a  pair  of  bearings, 
designed  with  use  of  TRIBO  I,  are  being  tested  for  1000  hours  with  all  of  this  time 
spent  in  the  2.5  to  3.0  million  DN  speed  range.  When  the  wear  data  becomes  available 
from  this  test,  the  TRIBO  I  computer  model  will  be  updated  accordingly.  The  result 
will  be  a  design  system  with  improved  capability  for  providing  high  DN  roller  bearlnp 
with  extended  wear  life  for  main  ehaft  application  in  aircraft  gas  turbine  engines* 
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DISCUSSION 


D.G.Astridge,  Westland  Helicopters  Ltd,  Yeovil,  UK 

(1)  Do  you  consider  that  bearing  manufacturers  can  achieve  a  cost  effective  improvement  in  corner  radius. runout? 

(2)  In  view  of  the  considerable  (excellent)  experimental  effort  expended  by  you  and  your  team  to  determine  the 
ranking  of  so  many  parameters,  do  you  consider  that  detailed  design  of  bearings  for  high  speed  applications  is 
beyond  the  scope  of  the  bearing  manufacturers,  and  needs  to  be  undertaken  by  the  engine/transmission 
designers  -  yourselves  in  this  case? 

Author’s  Reply 

(1)  Yes,  they  are  doing  it  now. 

(2)  From  an  aircraft  engine  manufacturer’s  point  of  view  cooperation  between  the  bearing  manufacturer  and  the 
engine  manufacturer  is  essential  in  engineering  successful  high  technology  aircraft  engine  bearings.  The  bearings 
represent  the  edge  of  technology,  requiring  extensive  expenditures  of  R&D  effort.  On  a  purely  economic  b0:.:: 
this  effort  solely  on  the  part  of  the  bearing  manufacturers  is  probably  not  justified  because  aircraft  bearing  do 
not  represent  that  significant  a  total  market.  The  importance  factors  here  are  that  the  effort  be  cooperative, 
that  nothing  be  done  in  a  void  as  regards  either  party,  and  that  a  mutual  know  how  be  developed. 


C.Brownridge,  Pratt  &  Whitney,  Ca 

When  you  started  the  program  you  felt  that  the  four  most  important  parameters  w:re  corner  radius  runout,  end  face 
runout,  clearance  and  L/D  ratio.  Could  you  tell  us  why  you  now  think  that,  of  these  four,  only  corner  radius  runout 
is  important? 

Author's  Reply 

The  level  of  unbalance  that  results  from  comer  radius  runout  is  much  more  significant  than  that  for  end  face  runout. 
End  face  runout  has  proved  to  be  important  but  in  those  cases  where  it  has  been  critical  it  has  developed  after  the 
wear  process  has  started. 


C.Brownridge,  Pratt  &  Whitney,  Ca 

What  about  clearance  -  was  that  important? 

Author’s  Reply 

End  clearance  is  important.  It  was  listed  among  the  second  group  that  had  a  lesser  effect.  If  end  clearance  is  too 
low  or  too  large,  rapid  wear  results. 


C.Brownridge,  Pratt  &  Whitney,  Ca 
The  last  one  was  L/D  ratio. 

Author’s  Reply 

The  bearing  industry  has  persisted  in  using  L/Ds  of  1  to  1.3,  usually  to  obtain  higher  load  capacity.  Load  capacity 
is  not  the  problem  in  these  applications.  Roller  design  should  be  looked  upon  like  that  of  a  flywheel.  If  you  have  an 
L/D  ratio  of  0.86  or  less,  then  the  roller  will  continue  to  want  to  operate  stably  and  rotate  about  its  axis  of 
symmetry.  If  the  L/D  ratio  is  greater  than  that,  the  roller  will  want  to  turn  over  and  rotate  about  its  transverse  axis, 
just  as  a  gyro  would. 


J.F.Chevalier,  SNECMA,  Fr 

Do  you  measure  the  inner  and  outer  race  temperatures  during  test  and  was  there  a  correlation  between  these  and 
wear? 

Author’s  Reply 

We  did,  in  most  cases,  especially  early  in  the  program.  Operating  temperatures  were  consistent  from  one  bearing 
group  to  another  and  there  was  no  correlation  with  wear. 
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Condition  Monitoring  of  bearings 
(A  measuring  technique  In  an  experimental  stage) 


M.J.W.  Schouten 

Eindhoven  University  of  Technology 
Department  of  Mechanical  Engineering 
P.0.  Box  513,  5600  MB  Eindhoven  /  Netherlands 


Several  methods  of  becring  monitoring  have  been  developed  In  the  last 
15  years.  Important  stages  In  this  technique  are:  the  measurement  of 
a  representative  signal,  processing  of  the  signal,  comparison  of  the 
measured  result  with  a  model  In  order  to  come  to  conclusions  on  the 
health  of  the  bearing. 

Two  measuring  techniques,  which  are  being  developed  now,  are  described 
In  this  paper.  The  bases  of  those  two  methods:  the  thermodynamic  measure¬ 
ment  and  the  measurement  with  thin  film  transducers,  are  presented  briefly. 
For  other  applications,  both  were  already  used  under  laboratory  conditions. 


Condition  monitoring 

From  the  point  of  view  of  economy,  rotating  mechanical  constructions  can  be  divided  Into  three  groups: 

simple  consumption  products  as  e.g.  electric  shavers:  they  run  until  failure  and  then  are  replaced 
by  a  new  product:  there  is  no  maintenance. 

more  expensive  consumption  products  like  motor  cars:  under  normal  maintenance  they  run  until  a 
component  fails  and  then  the  component  Is  replaced. 

expensive  professional  machinery  where  failure  of  a  component  gives  expensive  repair  procedures, 
loss  of  production,  or  a  dangerous  situation.  Examples  are  aeroplanes  or  big  production  machines. 


It  is  interesting  to  lave  a  monitoring  system  for  the  last  group  of  machinery,  so  that  a  signal  could 
be  had  from  critical  components  some  time  before  damage  would  occur,  and  a  repair  or  a  replacement  of 
a  part  could  take  place  during  the  next  standstill  of  the  machinery. 

A  monitoring  system  can  be  used,  if 

the  failure  mechanisms  are  known  and  well  understood 

the  Influence  cf  different  parameters  is  known,  as  well  as  the  influence  of  the  critical  parameters 
and  their  limitations  and  gradients  in  the  safe  regions 

a  measuring  technique  for  those  critical  parameters  is  available 

a  mechanism  by  which  the  operating  conditions  of  the  machine  can  be  influenced  is  available. 


During  the  last  ten  years,  monitoring  systems  based  on  the  measurement  of  various  machine  parameters 
have  been  developed  and  are  already  used  in  practice. 

The  following  signals  referring  to  the  condition  of  the  machinery  can  be  made  use  of: 
vibrations 

radial  movements  of  a  rotating  shaft 
wear  particles  in  the  oil 
temperature  of  components 
leakage  measurements 
etc. 

A  survey  of  monitoring  systems  is  given  by  / 1/  and  /!/ . 


Condition  monitoring  of  bearings 

Most  of  the  monitoring  techniques  used  for  complete  machine  systems  can  also  be  used  for  condition 
monitoring  of  bearings. 


When  monitoring  a  bearing  during  action,  the  primary  function  for  which  the  bearing  is  applied  should  be 
checked. 

The  following  primary  demands  are  made  upon  the  bearing,  and  these  demands  should  be  made  upon  the  entire 
load-speed  area: 
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right  shaft  position 
-  low  friction 

sufficient  long  life 

Therefore,  monitoring  means:  measuring  these  magnitudes  as  directly  as  possible,  and  comparing  the  signal 
with  the  permissible  limiting  values  as  mentioned  beforehand. 

•  The  shaft  position  can  be  measured  directly  with  respect  to  fixed  points  of  the  housing  of  the  bearing. 

e  As  a  result  of  Increase  of  friction  a  rise  In  temperature  occurs  which  can  be  worked  with  Indirectly 
as  a  measure. 

For  bearings  with  a  full  lubricant  film  the  thickness  of  this  film  is  Indirectly  a  measure  for  friction 
and  for  the  functioning  of  the  bearing. 

•  The  degree  to  which  a  part  of  the  life  has  passed  can  be  found  by  the  registration  of  wear.  This  can  be 
done  directly  by  measuring  the  worn-off  thickness  of  the  coating,  through  which  the  position  of  the 
shaft  changes,  but  also  Indirectly,  by  vibration  measurements.  By  this  both  Increase  of  clearance  and 
the  occurence  of  cracks  or  plttlngs  In  bearing  surfaces  can  be  observed. 


Measuring  determining  magnitudes  In  a  bearing 

With  the  various  types  of  bearing  several  shapes  of  wear  may  occur.  Furthermore,  the  various  types  of 
bearing  cannot,  all  of  them,  be  approached  to  the  same  degree  for  the  measurement  of  critical  parameters. 


As  with  measurements  of  complete  machines,  also  with  the  bearing  attention  may  be  drawn  to  either 
"over  all"  magnitudes  or  values  which  appear  In  the  critical  place  themselves.  An  example  of  the  "over  all" 
magnitudes  is  the  rise  in  temperature  for  the  entire  bearing,  from  which  conclusions  with  respect  to  the 
critical  places  have  to  be  drawn  through  a  model.  An  example  of  the  values  which  appear  in  the  critical 
places  themselves  are  the  occurring  lubrication  film  thickness  on  the  spot  of  the  narrowest  clearance. 
Measurement  of  temperatures  on  the  spot  In  the  most  loaded  places  of  the  bearing  belongs  to  this  latter 
category  too.  By  this,  Information  about  the  sought  magnitudes  Is  obtained  Inmedlately.  Detailed  Information 
Is  given  because  there  Is  a  chance  that  the  average  temperature  does  not  rise  alarmly,  whereas  In  conse¬ 
quence  of  another  distribution  of  the  heat  sources  yet  locally  inadmlsslbly  high  values  occur.  However, 
detailed  measurement  of  critical  magnitudes  in  the  bearing  Itself  means  a  miniaturization  of  the  signal 
transducers  to  be  used.  Figure  1  shows  this  schematically. 

When  measuring  the  "over  all"  magnitude,  above  all  the  conversion  of  the  measured  signal  Into  the  condition 
of  the  critical  place  Is  a  problem.  When  measuring  the  magnitude  in  the  critical  place  directly  the  signal 
transducer  usually  Is  the  biggest  problem. 
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Fig.  1 


A  survey  of  critical  parameters  which  can  be  measured  In  various  types  of  bearings  is  shown  In  figure  2. 


In  principle,  with  all  bearings  mentioned  the  possibility  exists  to  determine  on  the  spot  temperatures  in 
the  bearing  surface.  In  bearings  with  a  lubricant  film  a  measuring  technique  developed  for  this  purpose 
may  give  an  insight  Into  the  distance  between  the  bearing  surfaces  in  the  most  critical  places. 


Fig.  2  Critical  parameters  used  as  a  monitoring  signal 


Measuring  technique  for  temperature  registration  (on  the  spot  and  "over  all"  values)  and  the  registration 
of  lubricant  fi Imthickness.  An  experimental  stage*  - 

Two  measuring  techniques  are  being  developed  now: 


A  Technique  applied  to  The  bearings  in  which  a  filuid  fitoui  through  the 

6ea^ujg_ia§ea_place.  .  . .  “  .  . "* 

Especially  with  hydrostatic  bearings  is  this  the  case,  but  with  hydrodynamic  and  rolling  element 
bearings,  as  well,  the  fluid  can  be  circulated  through  the  bearing. 

The  fluid  appears  to  be  an  outstandingly  pleasant  machine-element,  which  cannot  only  be  replaced  in 
a  simple  way,  but  also  can  act  as  a  supplier  of  information  about  the  condition  of  the  bearing. 


Hydrostatic  bearings 

The  energy-balance  for  the  bearing  Is  as  follows,  figure  3: 

Mechanical:  Pi  -  P2  *  (Ti  -  T2).cu  ■  Tw.w  ■  frictional  power 
Hydraulic:  Ap.  Q  ■  flow  power  where  Ap  Is  the  pressure  drop  of  the  fluid 

Wi  Is  the  radiated  heat  and  the  heat  which  Is  carried  off  by  conduction. 

W2  Is  the  heat  which  Is  carried  off  by  the  liquid. 

This  means:  W2  «  Tw.u*  +  Ap.  Q  -  Hi 

The  rise  In  temperature  of  the  liquid  can  be  determined  from: 

Tw.  <jj  +  Ap.  Q  -Wi*Q.yo.c.  (A9) 

For  a  known  liquid  the  rise  In  temperature  as  a  result  of  the  pressure  drop  can  be  read  from  the 
enthalpy  -  entropy  (1  -  s)-d1agram,  as  shown  In  figure  4. 


Fig.  4 


Hitt  / 3/  derived  this  both  theoretically  and  experimentally  for  the  hydrostatic  transmission. 
Doing  this,  on  the  strength  of  these  measuring  methods  an  accurate  monitoring  system  for  hydro¬ 
static  transmissions  was  obtained  /4 /. 

For  an  Isolated  bearing  Hi  »  0. 

In  case  of  doubling  of  friction  Tw.u>  becomes  twice  as  large. 


Hydrodynamic  bearings  and  roller-element  bearings. 

Though  the  mechanisms  on  which  these  bearings  are  based  are  different  in  principle,  in  case  of 
monitoring  through  measurement  of  temperature  on  the  outside  of  the  bearing,  this  difference  as 
to  action  will  not  be  visible. 

In  order  to  carry  out  measurements  as  to  differences  in  temperature,  it  is  necessary  that  a  volume- 
flow  of  a  lubricant  will  run  through  the  bearing,  thus  conducting  away  the  produced  frictional  heat 
The  scheme  is  as  follows,  figure  5: 
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Pi  *  P2  «  (Ti  -  T^>)  <*j.  ■  Tw.w.  ■  frictional  power 

In  the  case  of  heat  Wi  radiated  and  carried  off  by  conduction.  It  holds  that: 

Q.f» .  c  .  (A6)  ■  Tw.Cd  -  Wi 

Should  the  bearing  be  Isolated,  In  consequence,  we  find: 

.  T„.  01 

A0  *  - -  ,  so  that  the  rise  In  temperature  Is  directly 

Q.^j.  c.  proportional  to  the  friction  that  occurs. 

Doubling  of  the  coefficient  of  friction  also  gives  a  doubling  of  the  difference  In  temperature. 
With  the  help  of  the  present-day  temperature  transducers  this  rise  in  temperature  can  be  recorded 
accurately. 


If  the  rise  In  temperature  on  the  outside  is  defined  as  an  average,  with  the  above  method  of  monitoring 
sometimes  there  is  insufficient  certainty  about  the  value  of  the  local  temperature  in  the  bearing. 
Figure  1  shows  this  difference  in  measuring  methodology  schematically.  At  present,  technically  the 
possibility  exists  to  measure  In  the  critical  places  in  the  bearing  both  the  rise  in  temperature  and 
the  thickness  of  the  lubricant  film  directly. 


In  order  to  attain  this  end,  a  measuring  technique  Is  applied  which  had  been  made  use  of  earlier  for 
laboratory  experiments  by  among  others  /S/  and  /6/.  Further  development  of  this  technique  is  now  taking 
place,  so  that  monitoring  may  occur  for  a  longer  period. 


In  developing  this  measuring  technique  a  measuring  method  is  aimed  at  by  which  in  highly  loaded  bearing  sur¬ 
faces  between  which  a  lubricant  film  is  to  be  found,  pressure,  temperature  and  filmthickness  are  estimated 
directly. 


The  transducer  Is  made  as  a  combination  of  a  vapour  deposited  or  sputtered  layer  of  insulating  material  and  a 
metal  film,  as  is  shown  in  figure  6a.  The  dimensions  of  the  layer  are  small  compared  with  the  dimensions  of 
normal  contacting  zones  In  rolling  element  bearings.  The  thickness  of  the  metal  part  of  the  transducer  Is 
small  compared  with  normal  filmthickness  in  bearings. 


Pressure  or  temperature  is  measured  as  the  change  of  the  electrical  resistance  of  a  pressure-sensitive 
material  (NiCr  -  or  manganin)  or  a  temperature-sensitive  material  (TI). 

The  resistance  is  mounted  in  a  Wheatstone  -  bridge. 

Values  of  pressure  and  temperature-influence  on  the  electrical  resistance  of  those  metals  are  given  in 
table  1. 


Filmthickness  Is  measured  as  a  change  in  capacitance  between  the  transducer  surface  and  the  mating  surface; 
the  lubricant  film  is  the  dielectric  material,  figure  6b.  As  for  the  normal  parallel  capacitor  the  capacity  C 
Is  written  as:  v  >  . 

C  = 

h 


£,0  is  the  permittivity  In  vacuum.  ( F m~ 1 ) 

Hr  is  the  dielectric  constant  for  the  lubricant  under  the  conditions  of  the  measured  part  of  the  film.  (  -  ) 
A  is  the  area  of  the  transducer,  (m2) 
h  Is  the  filmthickness.  (m) 


•  ltctrki!  r»j1it«nc« 


The  dielectric  constant  of  a  mineral  oil  Is  shown  In  figure  7.  Values  under  other  pressures  or  temperatures 
are  estimated,  using  Clausius -Mosottls  law: 

V  -  l  1 

- — i  s  ■  constant 
H  +  2  /» 

p  Is  the  specific  gravity  of  the  fluid. 


Fig.  7 
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A  set  of  5  pressure-  or  temperature-transducers  and  5  filmthickness  transoucers  Is  shown  In  figure  6c. 

Measured  results  of  pressure,  temperature  and  filmthickness  between  steel  surfaces  with  full-film  elasto- 
hydrodynamic  lubrlcarlon  are  given  in  figure  8. 

Figure  9  shows  filmthickness  measurements  between  the  lip  of  a  lip-seal  and  rotating  shaft  taken  in  the 
axial  direction  of  the  shaft. 


Fig.  9 


Those  readings  were  published  in  /7/  and  /8/  as  a  result  of  two  research  projects  on  elastohydrodynamic 
lubrication. 

Investigation  of  the  lubricating  conditions  was  the  main  topic  in  those  projects;  monitoring  of  a  lubricated 
contact  or  a  bearing  was  not.  Transducers  of  this  type  were  used  up  to  pressures  of  1300  N/mm2,  surface- 
speed  of  10  m/s  and  sliding  speed  of  2,5  m/s. 


At  this  moment  special  attention  is  paid  to  the  further  development  of  a  "second  generation"  of  transducers 
for  pressure,  temperature  and  filmthickness  under  heavily  loaded  conditions,  so  that  a  reading  of  those  val:ies 
during  a  long  time  of  running  can  be  used  in  a  monitoring  system. 


v 
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Conclusion 


Two  measuring  techniques,  the  thermodynamic  method  for  the  total  temperature  difference  measurement  and 
the  thin  film  transducer  technique  for  the  measurement  of  pressure,  temperature  and  fllmthlckness  between 
lubricated  surfaces  are  presented  briefly.  With  all  measurements  coming  up  for  discussion  here,  the  oil 
acts  as  an  Intermittent  medium. 

Both  methods  are  being  used  under  laboratory  conditions,  the  first  as  an  accurate  technique  for  the  estlma 
tlon  of  the  total  efficiency  of  hydrostatic  components,  the  second  as  a  tool  In  research  of  elastohydro- 
dynamlc  lubrication. 

Further  develpoment  of  both  methods  Is  carried  out  In  order  to  bring  those  techniques  to  the  level, 
necessary  for  a  reliable  monitoring  technique  for  full-film  lubricated  bearings. 
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DISCUSSION 


F, Snyder,  University  of  Waterloo,  Ca 

In  regard  to  measuring  EHD  film  thickness: 

(1)  What  kind  of  detection  circuit  do  you  use  to  measure  the  gap  capacitance? 

(2)  Have  you  obtained  resonable  agreement  with  EHL  theory  by  using  the  Clausis-Mosottis  law? 

(3)  Since  the  dielectric  constant  of  an  oil  is  also  a  function  of  the  applied  frequency,  at  what  frequency  (and 
voltage)  were  your  measurements  taken  at? 

Author’s  Reply 

(1)  The  capacitance-transducer  is  mounted  in  a  bridge.  This  bridge  and  an  amplifier  are  rotating,  mounted  on  the 
disk.  Slip-rings  are  used. 

(2)  Good  agreement  was  found  between  theory  and  measurement,  where  the  Clausis-Mosottis  Law  was  used  to 
make  corrections  of  the  dielectric  constant  as  a  function  of  pressure. 

(3)  No  influence  was  found  of  the  frequency  on  the  dielectric  constant  of  a  5  mm  filtrated  oil. 
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SILICON  NITRIDE  BEARING  ELEMENTS  FOR 
HIGH-SPEED  HI GH-TFMPERATURE  APPLICATIONS 
by 

Lewis  B.  Sibley 

President,  Tribology  Consultants,  Ine. 
504  Foxwood  Lane 
Paoli,  PA  19301 
USA 


SUMMARY 

Progress  to  date  in  the  use  of  silicon  nitride  ceramics  for  critical  high-speed  high- 
temperature  ball  and  roller  bearings  is  reviewed.  The  properties  of  silicon  nitride  are 
presented  that  make  it  an  attractive  bearing  material  oompared  to  steel,  such  as  high 
hardness,  excellent  high-temperature  performance  and  low  density  which  reduces  high-speed 
bearing  centrifugal  loads  and  skidding.  Design  procedures  are  demonstrated  for  bearing 
applications  using  computer  analysis  codes  to  evaluate  the  cross-coupled  effects  of  these 
material  properties  and  bearing  operating  characteristics. 

Silioon  nitride  processing,  inspection  criteria  and  rolling-cont~''t  fatigue  perform¬ 
ance  are  reviewed.  Successful  test  results  are  presented  for  an  oil-lubricated  hybrid 
silicon  nitride  bearing  (silioon  nitride  balls  with  tool  steel  rings)  in  a  93,500  rpm 
turbine  application.  Solid  lubricant  development  studies  are  reviewed,  demonstrating 
low  bearing  wear  at  operating  temperatures  over  500°C.  Therefore,  it  is  expected  chat 
solid  lubricated  ailioon  nitride  rolling  bearings  will  find  increasing  application  in 
future  high-speed  high-temperature  aircraft  systems. 


INTRODUCTION 

Modern  turbine  machines  operate  at  very  high  speeds  with  desired  high  time  between 
overhaul  (TBO).  One  of  the  most  critical  items  limiting  the  TBO  is  the  shaft  support 
bearing  system.  Angular-contact  ball  bearings  and  cylindrical  roller  bearings  are  usually 
selected  by  designers  because  of  their  low  starting  torque,  low  power  loss,  and  their 
ability  to  support  combined  loads  and  to  provide  good  control  of  blade  and  seal  clearances. 
However,  a  compromise  is  made  between  a  low  enough  shaft  speed  to  obtain  the  desired  bear¬ 
ing  life  and  reliability  and  the  optimum  (higher)  speed  for  maximum  compressor  efficiency, 
the  optimum  speed  being  curtailed  in  favor  of  longer  bearing  life  and  reduced  suscepti¬ 
bility  to  thermal  imbalance  failure.  Thus,  improved  bearing  fatigue  life  and  resistance 
to  skidding  and  lubrication  distress  could  maintain  the  desired  reliability  while  permit¬ 
ting  a  higher  shaft  spaed  and  thus  improvement  in  the  overall  efficiency  of  the  turbine 
power  unit. 

The  recent  awareness  of  the  need  for  energy  conservation  has  resulted  in  an  increased 
emphasis  on  higher  efficiency  for  all  rotating  machinery.  The  maximum  efficiency  of  an 
engine  is  directly  related  not  only  to  shaft  speed  but  also  to  the  maximum  temperature 
in  the  combustion  chamber.  Properties  of  conventional  materials  often  impose  maximum 
speeds  and  temperatures  and  thus  limit  the  unit  efficiency. 

One  of  the  predominant  forces  acting  on  bearings  and  reducing  their  fatigue  life  in 
high-speed  applications  is  the  oentrifugal  force  generated  by  the  orbital  velocity  of  the 
balls  or  rollers.  A  substantial  portion  of  this  loss  in  fatigue  life  can  be  regained  if 
light-weight  balls  or  rollers  are  used.  Low  density  bearing  materials,  therefore,  offer 
great  potential  in  high-speed  turbo-maohinery . 

Low  density  balls  or  rollers  also  reduce  the  tendency  for  skidding  damage  in  high¬ 
speed  bearings,  since  the  inertial  forces  on  the  ball  or  roller-cage  assembly  are  sub¬ 
stantially  reduced.  Ball  or  roller  skidding,  for  example  during  high  shaft  accelerations, 
is  known  to  cause  premature  bearing  failure  in  high-speed  machines. 

One  candidate  material  class  from  which  bearing  elements  with  significantly  lower 
density  and  higher  temperature  capability  can  be  made  is  ceramics.  Early  efforts  at  screen¬ 
ing  a  wide  variety  of  available  ceramic  materials  for  bearing  applications  met  with  only 
limited  success  due  to  the  inherent  porosity  and  lack  of  homogeneity  of  the  then  available 
materials  (1,2)*.  However,  recent  advances  in  the  processing  of  ceramic  materials  has 
made  it  possible  to  manufacture  fully  dense  components.  This  is  true  especially  with 
silicon  nitride  where  the  processing  technology  now  is  in  the  most  developed  stage. 


PROPERTIES  OF  BEARING  QUALITY  SILICON  NITRIDE 

Recent  developments  in  ceramic  material  processing  has  produced  improved  silicon 
nitride  products  with  respect  to  density,  homogeneity,  and  strength,  suitable  for  use  in 
ball  and  roller  bearings.  Figure  1  shows  a  comparison  of  high-temperature  tensile  strength 
between  bearing  quality  silicon  nitride  and  M50  steel,  which  is  now  commonly  used 'for  tur¬ 
bine  bearings.  Table  1  is  a  selected  list  of  properties  for  these  two  bearing  materials, 
showing  the  higher  temperature  capability  and  lower  density  of  silicon  nitride.  Testing 

*  lumbers  in  parentheses  refer  to  the  References  at  the  end  of  this  paper. 
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Table  1.  Selected  Physical  and  Thermal  Properties 
of  Silicon  Nitride  and  M50  Steel 


TEMPERATURE  (  F) 

1000  2000  3000 


Property 

Silicon  Nitride 

M50  steel 

Hardness,  Rc  at  20°C 

78 

64 

Maximum  Useful  Temperature*, 
°C  (8F) 

Density,  g /cm 3 

1200  (2200) 

3.2 

320  (600) 
7.6 

Elastic  Modulus  at  20°C, 

GPa  (106psi) 

310  (45) 

190  (28) 

Poisson's  Ratio 

0.26 

0.28 

Thermal  Conductivity  at  20°C, 
Cal/s  m  °C 

7.3 

13.4 

Coefficient  of  Thermal  Expansion, 

1 0~6/°c  2.9 

12.3 

*2  200 


*  Maximum  operating  temperature  when  used  for  rolling 
bearings  based  on  a  minimum  hot  hardness  of  Rc  57  after 
long-term  soaking  at  temperature,  compared  to  a  maximum 
temperature  of  1oO°C  (360°P)  for  52100  steel. 


also  has  shown  that  bearing  quality  silicon 
nitride  usually  is  superior  in  rolling-contact 
fatigue  resistance  to  bearing  steels,  as  given 
in  the  endurance  data  plotted  in  Figure  2, 
taken  from  (3). 


400  ft  00  1200  >000 

TEMPERATURE  <*C) 

Figure  1 •  Comparison  of  High-Temperature 
Tensile  Strength  of  Silicon 
Nitride  and  M50  Steel 


Thus  it  can  be  expected  that  high-speed 
ball  and  roller  bearings  utilizing  improved 

silicon  nitride  elements  will  result  in  an  improvement  in  bearing  life  and  performance 
over  all-steel  bearings.  In  isolated  cases  where  early  failures  of  silicon  nitride  bear¬ 
ing  elements  have  occurred,  the  cause  has  been  traced  to  material  defects  such  as  porosity 
and  excessive  surface  damage  produced  by  inadequately  controlled  surface  finishing  proc¬ 
esses  (4).  Basic  lapping  technology  for  silicon  nitride  balls  has  resulted  in  substantial 
increases  in  fatigue  life  of  silicon  nitride  finished  by  improved  ball  lapping  and  polish¬ 
ing  processes  (5). 


|  LUNDBERG  -  PALMGREN  COMPUTCD  L^  LIFE  FOR  STEE'_ 


□  EST  L|q  LIFE  OF  Si3N4  TEST  GROUP 
6  MINIMUM  L|q  LIFE,  SINGE  NO  FAILURES  OCCURRED 


TEST:  ROLLER  BALL 

PLAT  FLAT 
CREF.I*  (7)  (7) 

MAX-  HERTZ  '  '  '  *  * 

STRESS,  GF*  M  4.7 
(K»i  >»  (300)  (BBO) 


(8)  (9) 

5.5  i.l  4  «  5.5 

<500  (750) (700)  (500) 


5  5  5.5 

15001  (600) 


$  l  5.5 
1600)  (500) 


Radially  loaded  thrust  loaded  cylindrical 

BALL  BEARtNtS  BALL  BEARINGS  ROLLER  BEARINGS 

(4)  (12)  (13)  (14) 

33  26  70  21  73  21 

(460)  (<?0i  050X2*0)  (410X240)010) 


Figure  2.  Rolling-Contact  Silicon  Nitride  Spalling  Fatigue  Test  Results 
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BEARING  DESIGN  ANALYSIS 

The  most  recent  computer  analysis  codes  for  computing  the  performance  of  high-speed 
ball  and  roller  bearings  are  used  to  optimize  the  design  of  silicon  nitride  bearings. 

In  all  of  the  computer  programs  used,  the  bearing  fatigue  life  is  calculated  using  the 
Lundberg-Palmgren  theory  (6).  In  the  case  whero  silicon  nitride  material  is  used,  adjust¬ 
ments  are  needed  in  the  computer  programs  to  account  for  the  differences  in  properties  of 
this  material  from  steel,  as  given  in  (3).  The  reduced  density  and  Poisson’s  ratio  and 
increased  Young’s  modulus  of  silicon  nitride  are  used  properly  in  the  computer  programs 
to  calculate  the  reduction  in  centrifugal  forces  and  redistribution  of  the  loads  between 
the  balls  or  rollers  in  the  bearing  resulting  from  these  changes  in  material  properties. 
However,  an  adjustment  to  the  computer  calculated  fatigue  lives  is  required  by  the  need 
to  account  for  the  change  in  contact  stress  and  stressed  volume  resulting  from  the  change 
in  elastic  properties  of  the  silicon  nitride  material  from  those  of  steel. 

As  an  example,  Table  2  is  a  summary  of  the  results  of  a  computer  analysis  of  an  opti¬ 
mum  design  ball  bearing  for  an  oil-lubricated  high-speed  turbine  application  using  silicon 
nitride  balls.  This  tabulation  illustrates  the  advantages  of  predicted  bearir-,  life  to 
be  obtained  by  properly  accounting  for  the  properties  of  silicon  nitride  compared  to  steel. 
Rig  testing  of  this  hybrid  bearing  demonstrated  successful  operation  without  failure  at 
speeds  up  to  115,000  rpm  (15). 


Table  2.  Application  of  Silicon  Nitride  Balls  to  High-Speed  Turbine  Bearings 


Basic  7001  size  (12-nun  bore)  angular-contact  hall  bating  mulct  220  N  total  ilttusi  and  preload 
and  70  N  radial  load  at  93  500  rpm  shaft  s|>ecd  with  circulating  3.5  ts  ester  lubricant 

SiiN*  Balls  and  Si  u  i  Rings  | 

An  -Si  i  t  i 

Sami.  lbsit.s  an 

On  IMI/Ut  Dt.SK.N 

Hearing 

An  -Sim.  Bru 

8c  PRtlOAO 

Max.  Hertz  stress,  Gi*a 

1.00 

1.72 

1.24 

Computed  l-tn  fatigue  life,  h 
Heal  generation  rate. 

3000 

1500 

10  000 

watts 

00 

42 

40 

The  tendency  of  the  bearings  to  skid  in  this  turbine  unit  in  service  was  analyzed 
by  setting  the  bearing  designs  at  their  extremes  of  closest  ring  groove  conformities  and 
largest  radial  clearances  expected  for  the  tolerance  ranges  and  mounting  fits  specified. 
These  tolerance  extremes  were  used  a3  input  in  computer  program  SHABERTH  for  the  SHAft/ 
BEaRing/THermal  analysis  of  the  turbine  rotor  system.  Also,  the  lubricant  cavity  percent¬ 
ages  and  film  replenishment  layers  were  adjusted  to  simulate  a  copious  oil  flow  rate 
which  is  expected  to  help  induce  ball  skidding.  Figure  3  is  a  plot  of  the  computed  cage 
speeds  from  a  series  of  runs  at  reduced  preloads. 
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Figure  3.  Program  SHABERTH  Predicted  Cage  Speeds  in  a  Turbine  Unit  for  All-Steel  Bearing 
Design  and  Improved  Silicon  Nitride  Ball  Bearing  Design  at  Tolerance  Extremes 
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Although  the  data  in  Figure  3  is  useful  for  comparison  with  rig  test  results,  nc 
clear  indication  of  skid  tendency  is  apparent.  Skid  behavior  can  best  be  analyzed  by 
dividing  the  computed  cage  speed  by  the  cage  speed  calculated  for  the  computed  operating 
contact  angles  assuming  that  no  gross  slip  occurs,  in  other  words  the  "epicyclic"  cage 
speed.  This  cage  speed  ratio  is  given  as  part  of  the  output  of  program  SHABERTH  and  is 
plotted  over  a  wide  range  of  designs  and  operating  conditions  in  Figure  4.  Although  the 


Pure  thrust  loaded 

all-steel 

bearing 


Pure  thrus 
loaded  Si, 
ball 
design 


\ ^  Graph  Symbols 


‘93,500  rpm  shaft  speed 
*0.797"  (20.24  mm)  pitch  diameter 
•11-3/16"  (4.76  mm)  diameter  balls 
*0.00125"  (0.032mm)  mean  unmounted  diametral 
clearance 

‘M-SO  steel  rings  to  ABEC  7  tolerances 
•531  inner/544  outer  mean  groove  conformities 
in  all-steel  bearing 

•51.754  inner/534  outer  mean  groove  conformities 
with  Si,N.  balls 

•Radial  loads  corresponding  to  approximate 
bearing  react ionsto  rotor  dead  weight 


^it'Pure  thrust  loaded  all-steel  bearing  at  mean  design 
^ o'Pure  thrust  loaded  all-steel  bearing  at  tolerance  extremes 
^.'•J-'Pure  thrust  load  with  SijN4  balls  at  mean  design 
^0"Pure  thrust  load  with  SijN4  balls  at  tolerance  extremes 
^.Alternator-end  all-steel  bearing  at  tolerance  extremes 
^  Turbine  -  end  all-steel  bearing  at  tolerance  extremes 
£>  Alternator  end  with  SijN4  balls  at  tolerance  extremes 
<3  Turbine  end  with  Si3N4  balls  at  tolerance  extremes 

(100)  (200) 


Total  Bearing  Thrust  Load,  lbs  (N) 

Figure  4.  Summary  of  Program  SHABERTH  Predictions  of  Skidding  in  Turi. ^alternator  Bear¬ 
ings  of  Improved  Silicon  Nitride  Ball  Design  Compared  to  current  All-Steel  Design 

spread  in  cage  speed  ratio  between  the  mean  designs  and  the  tolerance  extremes  at  any 
given  preload  level  is  slightly  greater  for  the  silicon  nitride  ball  bearing  than  for  tne 
all-steel  bearing  (as  expected  for  the  higher  elastic  modulus  silicon  nitride),  the  skid 
tendency  ranges  of  the  silicon  nitride  and  all-steel  designs  overlap  and  do  not  seem  to 
be  significantly  different.  Skid-free  operation  would  appear  to  be  possible  with  either 
type  bearing  down  to  at  least  20-25  lbs  (Bbout  100  N)  thrust  preload.  In  addition,  since 
the  silicon  nitride  balls  have  only  40;'  of  the  mass  of  the  steel  balls,  their  ability  to 
follow  the  transient  motions  imposed  on  them  during  operation  under  the  combined  radial 
and  thrust  loads  in  the  turboaltemator  must  be  greater  for  the  silicon  nitride  balls 
than  the  steel  balls.  For  this  reason,  therefore,  it  is  expected  that  the  selected  silicon 
nitride  ball  bearing  design  should  be  more  skid  resistant  than  the  present  all-steel  bear¬ 
ing  design. 

Comparison  of  the  predicted  bearing  fatigue  lives  at  the  same  preload  level  of  32  lbs 
(145  N)  after  adjusting  the  silicon  nitride  bearing  life  as  described  above,  shows  a  pre¬ 
dicted  life  of  the  silicon  nitride  bearing  about  three  times  that  of  the  all-steel  bearing. 
Therefore,  this  selected  silicon  nitride  bearing  design  was  finalized  for  the  application. 


SILICON  NITRIDE  PROCESSING  AND  INSPECTION  CRITERIA 

Acceptable  performance  of  silicon  nitride  rolling  bearings  depends  critically  on  the 
use  of  raw  material  that  is  sufficiently  free  of  failure  inducing  defects.  Also,  it  is 
just  as  important  to  finish  the  load-carrying  surfaces  of  silicon  nitride  bearings  without 
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producing  surface  originated  failure  inducing  defects.  Silicon  nitride  bearing  develop¬ 
ment  projects  conducted  over  the  past  decade  have  resulted  in  an  extensive  backlog  of  non¬ 
destructive  evaluation  (NDE)  data,  as  well  as  other  material  and  surface  inspection  data, 
correlated  with  bearing  performance  criteria.  This  experience  is  summarized  here  with 
some  typical  examples  of  NDE  results  and  their  interpretation. 

The  most  successful  silicon  nitride  material  used  in  bearings  to  date  is  produced 
in  the  form  of  hot  pressed  billets,  roughly  150  mm  square  by  whatever  thickness  is  re¬ 
quired  to  obtain  the  bearing  part  needed.  Machining  bearing  carts  from  hot  pressed  billets 
is  very  expensive,  so  efforts  have  been  made  to  make  bearing  quality  silicon  nitride  mate¬ 
rial  in  near  net  shapes  (NNS) .  Figures  5,  6  and  7  compare  the  responses  of  2  mm  thick 
sections  cut  from  three  such  candidate  NNS  spherical  blanks  to  scanning  laser  acoustic 
microscopy  (SLAM).  The  NC132  blanks  gave  very  long  fatigue  spalling  life  when  tested, 
whereas  the  147Y  and  GTE  blanks  had  excessive  wear  in  rolling  contact  from  the  high  poros¬ 
ity  indicated  in  these  alternative  materials. 

An  NDE  method  of  detecting  surface  damage  on  silicon  nitride  bearing  parts  is  by 
radiographic  gas  penetrant,  as  illustrated  in  Figure  8.  The  finishing  surface  defect  that 
was  detected  was  quite  small  as  shown,  demonstrating  the  high  sensitivity  of  this  method. 

An  especially  useful  NDE  method  is  the  fluorescent  die  penetrant  technique.  Figures  9, 

10  and  11  show  three  different  kinds  of  material  defects  found  on  NCI 32  ball  surfaces  by 
this  method. 

The  critical  size,  shape  and  composition  of  material  or  surface  defects  in  silicon 
nitride  depends  on  their  ability  to  initiate  wear,  cracking  or  fatigue  spalling  failures 
in  rolling  bearings.  Figure  12  shows  several  NCI 32  silicon  nitride  balls  that  failed  by 
fatigue  spalling  in  ball  bearing  endurance  tests.  Closer  examination  and  analysis  of  one 
such  spall  in  Figures  13  and  14  showed  that  a  structurally  affected  area  about  150  /en  in 
size,  caused  by  graphite  inclusions  in  the  material  from  tne  hot  pressing  mold,  resulted 
in  a  spalling  life  of  about  half  the  theoretically  expected  90£  survival  life  (Lin)  in 
this  endurance  test.  In  a  similar  manner,  the  void  of  about  25  /«m  in  size  shown  in  Figure 
15  also  resulted  in  about  half  the  expected  spalling  life.  When  silicon  nitride  material 
free  of  such  large  defects  is  used,  spalls  occur  at  much  longer  lives  and  are  initiated 
from  surface  defects  often  manifested  as  Hertz  cracks  at  the  initiation  point. 


TURBINE  BEARING  TEST  RESULTS 

A  number  of  tests  have  been  conducted  on  silicon  nitride  bearings  with  oil  lubrication 
at  high  speeds.  In  a  typical  high-speed  turbine  application,  a  12-mm-bore  hybrid  bearing 
with  silicon  nitride  balls,  M50  steel  rings  and  standard  brasB  cage  was  developed  (15)  to 
replace  the  present  all-steel  angular-contact  ball  bearings  which  were  limited  in  life 
and  speed  capabilities.  Six  hybrid  bearings  have  successfully  completed  over  4000  hours 
of  testing  to  date  (a  single  bearing  exceeding  1600  hours)  in  oil  environment  at  190°c, 
93,500  rpm,  maximum  radial  load  of  67  N  and  maximum  thrust  load  of  220  N. 

During  the  course  of  this  turbine  testing,  the  unit  was  disassembled  after  790  hours 
of  successful  running  to  inspect  the  bearings  which  were  found  in  excellent  condition. 

Upon  reassembly,  however,  it  was  discovered  later  that  the  locknut  on  the  forward  end  of 
the  rotor  was  not  returned  to  its  precise  balanced  condition,  so  that  excessive  vibration 
occurred  during  subsequent  testing  at  speed.  After  23  additional  hours  running  at  93,500 
rpm  with  high  vibration  but  no  failure,  the  unit  was  disassembled  again  and  the  aft  end 
bearing  was  found  in  the  condition  shown  in  Figure  16,  with  the  cage  partially  fractured. 
The  cage  in  the  forward- end  bearing,  shown  in  Figure  17,  was  completely  missing,  apparently 
having  been  broken  up  and  the  pieces  discharged  out  the  turbine  exhaust,  so  that  the  bear¬ 
ing  continued  to  operate  successfully  without  a  cage  and  with  somewhat  less  than  a  full 
complement  of  balls. 

Bearings  in  this  turbine  application  with  steel  balls  have  seized  under  similar  con¬ 
ditions.  However,  the  silicon  nitride  balls  suffered  almost  no  damage,  as  shown  in  Figure 
1 8 ,  and  +he  steel  raceway  trackB  showed  only  the  normal  expected  amount  of  microwear, 
which  was  somewhat  greater  in  the  forward  bearing  as  expected,  and  as  shown  in  Figure  19. 


SOLID  LUBRICATED  SILICON  NITRIDE 

The  major  advantage  of  using  a  ceramic  such  as  silicon  nitride  as  a  rolling  bearing 
material  is  its  potential  for  operating  at  much  higher  temperatures  than  is  possible  with 
bearing  steels.  Since  the  maximum  temperature  capabilities  of  silicon  nitride  are  well 
beyond  the  temperature  limits  of  all  available  liquid  hydrocarbon-base  lubricants,  it  is 
imperative  that  engineering  principles  be  developed  for  operating  silicon  nitride  bearings 
with  no  external  lubrication  or  with  dry  lubricants  having  temperature  capabilities  in 
the  order  of  540°C  (1000°F)  or  higher. 

A  large  amount  of  information  exists  on  the  dry  film  lubrication  of  bearing  metals 
and  some  ceramics,  mostly  under  sliding,  rather  than  rolling  contact  conditions  (16-21). 
The  ability  of  candidate  solid  lubricant  and  bearing  materials  to  produce  successful  self- 
lubricated  surfaces  can  only  be  determined  by  tests  mm  under  conditions  simulating  the 
intended  bearing  application  service  conditions  as  closely  as  possible. 
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Figure  8.  Surface  Defect  on  NC132  Ball  Detected  by  Gas  Penetrant  Inspection  (Qual-X) 


2  S  ' 

7912  1000X 

Figure  9.  Material  Defect  (Porosity)  Detected 
on  NCI 32  Surface  by  Fluorescent  Die 
Penetrant  Inspection 
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Figure  10.  Material  Defect  (Silicon  Inclusion)  Detected  on  NCI 32  Surface  by  Fluorescent 
Die  Penetrant  Inspection 


Figure  12.  Typical  Spalls  Encountered  on  NC132  Silicon 
Nitride  Balls  Tested  in  Ball  Bearings 
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Figure  13.  Inclusion  Type  Spall  Origin  Found  in  NC132 
Silicon  Nitride  Ball  Endurance  Tested  Under 
2.4  GPa  (350,000  pci)  Maximum  Herts  Stress 
to  Half  the  Lundberg-Palmgren  L-|o  Life 
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on  Ball  in  Figure  1 3 
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78  043 

Figure  16.  Aft  End  12-nnn  Bore  Turbine  Bearing  with  Silicon  Nitride  Balls,  M50  Steel  Rings 

and  Brass  Cage  After  013  Hours  Running  at  93,500  rpm  Under  55  lbs.  (240  N)  Thrust 
Load  with  Excessive  Unbalance  Radial  Load  Imposed  on  Forward  End  During  Last  23 
Hours  of  Test,  Showing  Initial  Cage  Fracture  but  Excellent  Condition  of  BoIIb 
and  Rings 


78  043  • 

Figure  17.  Forward  End  12-ram  Bore  Turbine  Bearing  with  Silicon  Nitride  Balls,  M50  Steel  Rings 
and  Brass  Cage  After  813  Hours  Running  at  93,500  rpm  Under  45  lbs.  (200  If)  Thrust 
Load  with  Excessive  Unbalance  Radial  Load  Imposed  During  Last  23  Hours  of  Test, 

Showing  Complete  Destruction  of  Cage  (Pieces  Blown  Out  Turbine  Exhaust)  but 
Excellent  Condition  of  Balls  and  Rings 
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Unrun  Ball  Surface  Aft  Bearing  Bull  After  Teat  Forward  Bearing  Ball  After  Test 

Figure  16.  Scanning  Electron  Micrographs  of  Silicon  Nitride  Balls  Before  and  After  Running 
813  Hours  at  93.500  rpm  in  12-mm  Bore  Turbine  Bearings  with  Excessive  Unbalance 
Radial  Load  and  Broken  or  Missing  Cages  During  the  Last  23  Hours 
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Figure  19.  Scanning  Electron  Micrographs  of  M50  Steel  12-ram  Bore  Turbine  Bearing  Inner  Ring 
Ball  Tracks  Before  and  After  Running  813  Hours  at  93,500  rpm  with  Excessive 
Unbalance  Radial  Bearing  Load  and  Broken  or  Missing  Cages  During  Last  23  Hours. 
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A  convenient  screening  test  machine  for  dry  lubrication  testB  is  the  rolling  four- 
ball  machine  used  for  similar  tests  for  a  number  of  years  and  shown  in  Figures  20  and  21. 
The  test  specimens  Eire  in  the  form  of  bearing  balls  which  are  manufactured  of  silicon 
nitride  to  very  close  tolerances  and  reproducibility  of  the  wear  surfaces  by  the  unique 
statistical  characteristics  of  the  ball  manufacturing  process,  thus  giving  good  test 
reproducibility.  Since  these  tests  were  run  dry  the  ball  separator  was  made  from  a  com¬ 
posite  salt-impregnated  mixture  of  carbon  and  graphite  which  provides  self-lubrication 
to  the  cage  rubbing  contacts,  as  well  as  transfer  film  lubrication  to  the  ball-ball  and 
ball-cup  contacts.  The  cups  are  made  of  either  silicon  nitride  or  AISI  Ml  grade  tool 
steel  to  accommodate  the  high  temperature  of  the  tests. 

The  tests  were  conducted  at  10,000  rpm  with  a  Hertzian  contact  stress  of  2.76  GPa 
(400  ksi)  maximum  at  the  rolling  contacts  between  the  balls.  Most  tests  were  conducted 
at  540°C  and  continued  until  excessive  wear  occurred.  Silicon  nitride  wear  volumes  and 
wear  coefficients  were  estimated  by  analysis  of  both  weight  loss  measurements  and  diamond 
stylus  traces  perpendicular  to  the  wear  track. 

A  number  of  high-temperaturs  carbon  graphite  materials  (P3310,  AFX-5QE,  P2003,  56HT 
and  CJPS)  and  WSe2-In-Ga  composite  were  tested.  The  lowest  wear  was  achieved  by  a  P3310 
cage  up  to  315°C  and  a  P2003  cage  up  to  540°C.  The  wear  coefficient  of  the  silicon  nitride 
spindle  ball  using  the  P2003  cage  was  measured  to  be  2  x  10“'.  Figure  22  shows  the  scan¬ 
ning  electron  micrograph  of  a  partial  solid-lubricant  transfer  film  on  the  support  balls 
after  139  hours  of  operation.  The  film  was  so  thin  that  it  could  not  be  detected  by  x-ray 
wavelength  spectroscopy.  Figure  23  shows  graphite  cages  before  and  after  four-ball  testing 
at  540°C.  The  cage  has  a  noticeably  white,  fluffy  surface  after  hlgh-temperature  testing. 
The  wear  coefficient  for  silicon  nitride  of  2  x  10“'  at  540°C  is  an  order  of  magnitude 
lower  than  that  measured  for  boundary  lubrication  of  52100  steel  balls  in  the  rolling  four- 
ball  tester  with  partial  EHD  lubrication  (22).  As  a  further  comparison  of  typical  wear 
coefficients  from  the  literature  (23),  a  mild  steel  (Rg  90  hardness)  is  reported  to  have 
a  dry  wear  coefficient  of  about  7  x  10“3.  The  tungsten  carbide  coefficient  is  about  10“°, 
and  thereforo,  both  are  higher  than  tiiat  measured  for  silicon  nitride  from  room  temperature 
to  540°C. 


•  • 


CONCLUSIONS 

Silicon  nitride  is  now  available  in  sufficiently  high  quality  to  perform  satisfactorily 
as  a  ball  or  roller  bearing  material.  With  two  to  three  times  the  hardness  (flow  pressure) 
of  bearing  steels  and  by  maintaining  its  strength  and  oxidation  resistance  up  to  1200°C, 
silicon  nitride  holds  particular  promise  as  a  high-temperature  bearing  material. 

Even  though  the  elastic  modulus  of  silicon  nitride  is  lower  than  that  of  most  other 
ceramics,  thus  reducing  bearing  contact  stresses,  it  is  Btill  half  again  higher  than  the 
modulus  of  bearing  steels.  With  40$  of  the  density  of  steel,  however,  silicon  nitride 
reduces  the  inertial  loads  in  high-speed  bearings,  thus  overcoming  the  effect  of  its  higher 
elastic  modulus  on  computed  fatigue  life.  Rolling  contact  fatigue  tests  of  silicon  nitride 
have  demonstrated  one  to  two  orders  of  magnitude  longer  life  than  the  Lundberg-Palmgren 
rated  life  of  bearing  steel  in  40$  of  the  endurance  groups  reported,  with  a  log  average 
life  for  all  groups  at  least  five  times  greater  than  steel. 

Prototype  silicon  nitride  bearings  have  been  applied  successfully  in  critical  machinery 
such  as  high-speed  turbines,  using  oil  lubrication.  Impregnated  graphite  cages  reduced 
the  wear  of  dry  silicon  nitride  rolling-spinning  contacts  to  a  wear  coefficient  of  2  x  10“'» 
an  order  of  magnitude  lower  than  oil  boundary  lubricated  steel.  It  is  expected,  therefore, 
that  solid  lubricated  silicon  nitride  bearings  will  find  increasing  application  in  future 
aircraft  systems. 
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DISCUSSION 


E.Jantzen,  DVFLR,  Ge 

(1)  Have  you  co*-lucted  any  investigations  of  boundary  lubrication  with  liquid  lubricants  (effect  of  wetting, 
adhesion  and  surface  reaction  of  lubricants)? 

(2)  Is  the  carbon  cage  the  only  lubricant  in  the  dry  lubrication  investigation?  (e,g.,  is  the  lubrication  of  surfaces 
(bearing  rings)  solely  by  lubricant  in  the  retainer?) 

Author's  Reply 

The  boundary  lubrication  of  silicon  nitride  is  the  same  as  steel.  Measurements  of  boundary  lubricated  friction  of 
silicon  nitride  compared  to  other  ceramics  and  M-50  steel  using  either  hydrocarbon  or  synthetic  ester  or  silicone  base 
liquid  lubricants  are  given  in  Reference  (3)  of  the  paper  as  well  as  in  ASLF.  Transactions,  Hi  (3)  211-221  (ll>75),  the 
latter  of  which  also  includes  surface  wetting  tests.  In  the  dry  lubrication  studies,  solid  film  coatings  on  the  silicon 
nitride  balls  sometimes  were  used  as  well  as  the  solid  lubricant  cages,  but  very  little  effcct  of  the  coatings  tested  was 
detected.  Apparently,  the  main  dry  lubrication  mechanism  is  by  transfer  of  a  solid  lubricant  film  from  the  cage  to 
ball  surfaces  in  the  cage  pockets.  The  dry  coefficient  of  friction  of  silicon  nitride  is  only  one-third  that  of  steel. 


D.G.Astridge,  Westland  Helicopters  Ltd,  Yeovil,  UK 

In  view  of  the  poor  tensile  strength  of  silicon  nitride  compared  with  tool  steel,  and  the  large  difference  in  thermal 
expansion  coefficient  between  Si,  N4  and  steels/nimonics  commonly  used  in  engines,  are  you  aware  of  any  rolling 
contact  fatigue  tests  with  Si3N4  bearings  on  steel  shafts  (or  hybrid  bearings)  in  which  start-stop  cycles  have  been 
simulated? 

Author's  Reply 

Since  the  thermal  expansivity  of  silicon  nitride  is  less  than  that  of  steel,  special  designs  must  be  used  to  mount 
silicon  nitride  bearing  rings  on  steel  shafts  and  in  steel  housings.  For  small  turbomachines,  the  best  arrangement 
often  is  to  use  a  ceramic  shaft.  In  all  cases,  and  especially  with  hybrid  bearings,  all  possible  engine  operating 
extremes  should  be  analyzed  with  modern  computer  codes  to  account  for  these  property  differences  in  the  design. 
Reference  (3)  of  the  paper  gives  references  to  thermal  cycling  tests,  most  of  which  have  been  conducted  on  silicon 
nitride  turbine  blades. 


B.R.Rcason,  Cranfield  Institute  of  Technology,  Cranfield,  UK 

The  author  has  presented  an  interesting  review  of  silicon  nitride  ceramics  for  high-temperature  rolling  bearings, 
particularly  regarding  its  advantages  over  conventional  bearing  steel  in  this  environment.  Has  the  author  or  his 
colleagues  carried  out  any  in-site  bearing  testing  with  this  material  under  conditions  of  transient  mechanical  shock 
and,  if  so,  how  does  it  compare  with  the  more  compliant  bearing  steels? 

What  reaction  has  silicon  nitride  with  the  type  of  polar  charged  additions  used  in  mineral  oils  to  produce  metallic 
soap  films  on  ferrous  surfaces  in  conditions  of  boundary  lubrication? 

Author’s  Reply 

Wettability  studies  have  been  conducted.  Those  are  covered  in  several  references  in  the  paper.  With  standard  ester 
base  or  mineral  oil  lubricants  indications  are  that  the  same  type  of  EIID  films  arc  formed  as  with  steels.  We  do  not 
know  whether  anti-wear  additivies  will  work  as  well  as  with  steels.  There  may,  however,  be  substitutes  for  use  with 
silicon  nitride.  There  is  always  a  layer  of  silica,  probably  monomolecular,  on  the  surface  of  silicon  nitride  and  this  is 
known  to  be  a  high  temperature  lubricant  in  the  metal  working  industry.  The  dry.  clean  coefficient  of  friction  of 
silicon  nitride  against  silicon  nitride  is  only  .17,  whereas  witli  M-50  steel  it  would  be  .5. 


B.Courage,  Rolls  Royee  Ltd,  Aero  Division,  Bristol,  UK 

Could  the  author  confirm  the  Lundberg-Palmgren  L1()  values  used  as  baseline  comparators  for  the  silicon  nitride 
performance  in  Figure  2  arc  not  factored  up  io  represent  current  tool  steel  performance  levels.  If  this  is  the  case  we 
clearly  still  require  a  significant  and  consistent  improvement  to  be  demonstrated  by  the  silicon  nitride  before  it  can 
be  used  to  replace  tool  steel  balls  and  thereby  permit  high  operating  speeds  in  mainshaft  ball  bearings.  Unless  there 
is  parity  between  silicon  nitride  and  current  tool  steels  the  present  maximum  permissible  stress  levels  would  have  to 
be  reduced  which  would  inhibit  the  maximum  thrust  capacity  due  to  overstressing  of  the  balls  at  the  inner  race 
contact.  This  situation  will  arise  because  bearings  have  to  be  optimized  to  carry  high  thrust  loads  at  takeoff,  when 
the  centrifugal  load  is  not  dominant  as  well  as  the  lower  load  cruise  conditions  when  the  centrifugal  load  does 
become  dominant. 

Author's  Reply 

All  of  the  fatigue  life  data  that  I  was  able  to  find  in  the  literature  are  on  the  bargraph  in  the  paper.  The  log  average 
of  all  that  life  data  is  5  times  Lundberg-Palmgren.  So  in  that  sense  it's  comparable  if  you  are  using  a  factor  of  5  or 
so  for  M-50.  It’s  important  to  note  that  that  data  represents  all  that's  in  the  literature  for  the  last  ten  years,  and  that 


improvements  are  being  made  all  the  time.  If  we  took  40  percent  of  the  groups  with  the  longest  life  on  the  burgraph 
we  get  between  10  and  100  times  Lundberg-Palmgren  life,  which  1  think  is  significantly  better  than  M-50. 


M.A.H.Seoueira,  Portuguese  Oil  Co.,  Po 

I  would  like  to  know  if  you  could  use  synthetic  oils  instead  of  petroleum  oils.  Do  you  have  any  experience  with 
these? 

Author’s  Reply 

Yes,  I  mentioned  ester  base  oils.  Most  of  the  endurance  test  data  were  obtained  with  military  specifications  ester 
base  synthetic  oils. 
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LIGHTWEIGHT  MATERIAL?  FOR  ROLLING  ELEMENT?  IN  AIRCRAFT  BEARINGS 

by  R.T.  Cundill,  Head  of  Material  Development, 

SKF  Engineering  and  Research  Centre, 

Postbus  50,  3430  AB  Nieuwegein,  Netherlands, 
and 

F.  Glcrdano,  Assistant  Laboratory  Manager, 

RIV-3KF  Industrie  S.p.A.,  10060  Airasca  (To),  Italy. 


SUMMARY 

Using  in-house  experience  with  powder  metallurgy,  SKF  has 
followed  two  approaches  In  the  development  of  lightweight 
rolling  elements.  Balls  have  been  made  from  both  silicon  nit¬ 
ride  and  a  proprietary  composite  material  using  process  routes 
based  on  hot  isostatic  compaction.  The  composite  material  con¬ 
sisted  of  titanium  carbide  in  a  superalloy  matrix  and  the 
finished  balls  had  densities  of  5,4  -  5,75  g/cc  with  hardness 
values  above  1500  Hv. 

The  performance  of  silicon  nitride  balls  was  compared  with 
that  of  T1  tool  steel  balls  in  a  test  in  which  two  mainshaft 
bearings  were  run  at  progressively  increasing  loads  and  spoeds. 
Inspection  after  testing  showed  that  there  was  much  less  dis¬ 
tortion  of  raceway  profiles  in  the  bearing  with  silicon  nitride 
balls  indicating  better  kinematic  behaviour.  As  a  consequence, 
the  silicon  nitride  balls  showed  little  change  in  physical 
form,  whereas  there  was  marked  deterioration  of  the  tool  steel 
balls  for  the  bearing  design  and  test  conditions  considered. 


INTRODUCTION 

The  efficiency  of  gas  turbine  engines  can  be  improved  by  increasing  the  rotational 
speeds  and  combustion  temperatures.  In  principle,  an  increase  in  combustion  temperature 
should  have  little  interaction  with  the  bearing  system  provided  that  there  is  a  sufficient 
flow  of  lubricant  to  maintain  the  bearing  at  a  suitable  running  temperature.  However,  the 
extent  to  which  shaft  rotational  speeds  can  be  increased  is  significantly  affected  by  the 
centrifugal  forces  from  the  rolling  elements  acting  on  the  bearing  outer  rings.  At  very 
hign  speeds,  the  centrifugal  loading  can  exceed  that  caused  by  the  applied  load  and  lead  to 
extensive  skidding  and/or  overload  of  the  outer  ring.  One  solution  to  this  problem  is  to 
reduce  the  density  of  the  material  used  for  the  rolling  elements  and  thereby  decrease  the 
centrifugal  loading.  Using  in-house  experience  with  powder  metallurgy  techniques,  including 
cold  and  hot  isostatic  pressing,  SKF  in  Europe  has  followed  two  approaches  in  the 
development  of  lightweight  materials  for  aircraft  engine  bearings.  Examples  of  these  are 
given  for  two  different  types  of  bearing  applications. 

Titanium  carbide/superalloy  composite  materials  are  being  developed  and  evaluated  for 
balls  to  be  used  in  bearings  in  thrust-reverser  motors.  These  units  are  located  alongside 
the  afterburner  section  and  are  driven  by  air  from  the  compressor  stage.  Consequently,  the 
operating  temperature  can  exceed  500*C  and  the  bearings  run  dry;  i.e.,  without  any  liquid 
lubricant.  During  the  development  and  proving  of  these  bearings,  it  was  found  that  the 
best  available  bail  material  was  tungsten  carbide-cobalt  hardmetal.  Although  the  motors 
operate  Intermittently  and  the  required  life  in  terms  of  total  number  of  revolutions  is 
very  low,  accelerations  are  high  -  0  to  18000  rpm  in  0.6  seconds,  with  corresponding 
decelerations.  The  high  density  of  the  tungsten  carbide  balls  leads  to  high  inertial 
forces  which  can  cause  the  cage  t^  fracture.  The  requirement  for  this  application  was  for 
a  material  of  moderately  low  density  with  high  strength,  hardness  and  oxidation  resistance 
at  temperatures  up  to  550*0. 

The  other  approach  has  been  to  use  silicon  nitride  which  has  a  density  approximately 
40$  that  of  tool  steels.  The  physical,  mechanical  and  bearing  properties  of  silicon  nit¬ 
ride  are  such  that  it  is  the  leading,  if  not  the  only,  contender  for  use  in  future  high 
speed/high  temperature  bearings.  It  is  now  opportune  that  more  consideration  should  be 
given  to  the  manufacturing  processes  and  economics  for  the  production  of  bearing  com¬ 
ponents  from  this  material.  So  far,  virtually  all  silicon  nitride  rolling  elements  and 
complete  bearings,  that  have  been  tested,  have  been  made  from  hot  pressed  material.  The 
cutting  and  shaping  <f  bearing  elements  from  hot  pressed  slabs  or  billets  by  sither 
diamond  machining  or  ultrasonic  machining  is  expensive  and  time  consuming.  This  is  par¬ 
ticularly  sc  in  the  case  of  balls. 

What  is  required  is  a  mar.  ifacturlng  method  that  can  give  near-net-shape  blanks  or 
preforms  of  sufficient  accuracy  so  that  finishing  operations  are  minimized.  Two  such  pro¬ 
cesses  are  under  development  -  hot  isostatic  pressing  (HIP)  and  pressureless  sin¬ 
ter!’'"  <4-6),  as  the  name  implies,  densif ication  in  the  pressureless  sintering  process  is 

achieved  through  the  application  of  heat  alone.  This  is  potentially  the  cheapest  manufac¬ 
turing  method  for  silicon  nitride  components.  However,  the  materials  developed  to  date 
have  residual  porosity  levels  such  that  it  is  doubtful  whether  they  can  withstand  the  high 
stresses  in  an  aircraft  bearing.  HIP  is  similar  to  hot  pressing  in  that  both  heat  and 
pressure  are  used  to  densify  the  material,  but  has  the  additional  capability  of  producing 
near-net-shape  components.  The  main  part  of  this  paper,  therefore,  describes  the  manufac¬ 
ture  of  silicon  nitride  balls  by  a  HIP  process  and  the  subsequent  comparative  testing  of 
these  balls  in  a  meinshaft  bearing. 


TITANIUM  CARBIDE/ SUPER ALLOY  COMPOSITE  MATERIALS 


During  the  mid  1970's,  a  number  of  composite  materials  consisting  of  metal  carbides 
in  a  nickel  or  cobalt  based  superalloy  matrix  were  investigated  at  the  15KP  Engineering  and 
Research  Centre.  The  aim  of  this  work  was  to  develop  improved  tool  materials  fir  metal 
cutting  using  the  high  temperature  strength  of  superalloys  to  give  increased  hot  hardness. 
One  of  these  composite  materials  -  titanium  carbide  in  a  Udimet  700  matrix  -  was  con¬ 
sidered  to  be  the  most  promising  substitute  for  tungsten  carbide  balls  in  the  bearing 
application  referred  to  previously.  This  combined  the  advantages  of  the  low  density  of 
the  titanium  carbide  and  the  high  temperature  strength  of  the  superalloy,  furthermore,  the 
manufacturing  process,  which  is  outlined  below,  is  essentially  similar  to  that  used  in  the 
hardmetal  industry  and  could  be  readily  applied  in  practice. 

The  TiC/Udimet  composite  material  was  used  to  manufacture  balls  of  7,958  mm  (5/16") 
final  size.  Prom  previous  work,  it  was  known  that  a  70  wt$  TiC  +  30  wt$  Udimet  700  com¬ 
position  would  give  a  material  with  high  hardness.  However,  a  second  batch  of  material  of 
60$  TiC  +  40$  Udimet  was  also  processed  to  provide  a  material  with  higher  toughness. 

Powder  Preparation 

Normal  commercially  available,  high  purity  powders  were  used  as  raw  materials.  The 
superalloy  powder  was  produced  by  inert  gas  atomization.  This  process  gives  relatively 
coarse  spherical  particles  which  are  unsuitable  for  die  compaction.  Therefore,  the  gas 
atomized  powder  was  cryogen icaily  disintegrated  by  the  Coldstream  proces  to  give  a  fine, 
irregularly  shaped  powder.  Median  particle  sizes  of  the  carbide  and  superalloy  powders 
were  4  pm  and  15  pm  respectively.  The  powders  were  blended  together  in  ball  mills  which 
also  further  reduced  the  particle  size.  To  avoid  oxidation,  this  operation  was  carried 
out  in  petroleum  ether  which  was  evaporated  afterwards.  The  optimum  milling  or  blending 
time  was  12  hours.  After  milling,  2$  paraffin  wax  was  mixed  into  the  powder  to  ensure  that 
the  fine  powder  would  have  satisfasctory  flow  properties  for  die  compaction.  The  paraffin 
wax  also  acted  as  lubricant  during  compaction. 

Preform  Compaction 

Ball  blanks  were  compacted  by  a  hydraulic 
press  using  a  simple  die  set  with  hemispher icaily 
shaped  punches  (Pig.  1).  The  balls  were  pressed 
with  an  equatorial  band,  since  in  practice  it  is 
not  possible  to  compact  true  spheres  by  die 
pressing  without  damaging  the  punches.  Using  such 
a  die  system  inevitably  leads  to  density  variation 
throughout  the  compact.  Therefore,  control  of 
compaction  pressure  and  filling  height  was 
critical.  Too  high  a  pressure  led  to  lamination 
and  cracking  across  the  mid-section;  hut,  at  low 
pressures,  the  compacted  balls  were  too  fragile  to 
be  handled.  Since  the  hemispherical  sections  of 
the  ball  blanks  had  lower  densities  than  in  the 
equatorial  region,  there  was  correspondingly  more 
shrinkage  during  sintering  along  the  vertical  axis 
of  the  balls.  Therefore,  the  filling  height  had  to 
he  carefully  adjusted  so  that  the  compacted  ball 
blanks  were  elongated;  but,  reverted  fo  a  more 
spherical  shape  after  sintering.  TV  compaction 
pressure  used  was  490  MFa  which  resulted  in 
densities  of  about  3-5  g/co. 


Dewaxing  and  Sintering 

After  compaction,  the  paraffin  wax  binder  was  removed  by  heating  the  ball  blanks  to 
550*C  in  nitrogen.  The  blanks  were  then  sintered  in  hydrogen  at  1500*C  for  1  hour.  The 
sintering  temperature  was  controlled  to  within  +  2*0  to  ensure  consistency  between  the 
several  batches  of  balls.  Lower  sintering  temperatures  led  to  incomplete  densi float  Ion  and 
non-uniform  structures,  whereas  higher  temperatures  caused  excessive  growth  of  the 
titanium  carbide  particles.  After  sintering,  the  densities  of  the  two  compositions  were 
as  follows. 

60$  T10  +  40*  Udimet  5.4-B.H  g/cc 

70$  TiC  +  30$  Udimet  5. 2-5. 3  g/cc 

These  were  equivalent  to  relative  densities  of  94-06$. 

Hot  Isostatic  Pressing 

The  balls  were  HIPed  after  sintering  to  eliminate  residual  porosity.  This  process 
is  also  applied  to  cobalt-bonded  tungsten  carbide  components  intended  for  high  duty  appli¬ 
cations.  The  equipment  used  consisted  of  a  wire-wound  pressure  vessel  with  an  integral 
resistance  heater,  thermally  insulated  from  the  pressure  vessel  walls.  The  vessel  could 
be  pressurized  up  to  2000  Bar  (  200  MPa)  by  argon  gas  with  a  maximum  operating  temperature 

of  1450°C.  Although  this  was  a  laboratory  press,  the  internal  dimensions,  which  limit  the 

work  load,  were  160  mm  diameter  x  600  mm  high.  The  HIP  unit  is  shown  schematically  in 
Fig.  2.  The  pressure  vessel  was  located  in  a  wire-wound  frame,  which  held  the  end 
closures  in  place  during  pressing. 


Fig.  1 

Compaction  of  ball  blanks 
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Mot  isostatic  pressing  of  ball 
blanks  using  a  secondary 
pressurizing  medium 


Since  a  gas  Is  used  as  the  pressurizing  medium,  it  is  not  possible  to  densify 
materials  with  interconnected  porosity  without  some  form  of  encapsulation.  To  avoid 
havirg  to  encapsulate  each  ball  separately,  the  method  3hown  in  Figure  2  was  used.  A 
number  of  balls  was  packed  in  a  ceramic  oxide  powder  inside  a  steel  can.  The  filled  can 
was  then  evacuated  to  remove  air  and  the  lid  was  electron-beam  welded  in  place.  During 
the  hot  pressing  cycle,  the  oxide  powder  acted  as  a  secondary  pressurizing  medium.  Due  to 
friction  between  the  oxide  particles,  true  iaostatic  conditions  are  not  achieved  by  this 
method,  which  may  result  in  some  slight  distortion.  Since  the  balls  were  not  true 
spheres,  this  was  not  a  problem  for  this  application.  Batch  encapsulation  was  simpler  and 
quicker  than  individual  encapsulation  in  metal  foils  or  glass  and  would  be  more  economical 
for  production  quantities. 


Several  different  HIP  cycles  were  Investigated  and 
composite  balls. 


two  of  these  were  selected  for  the 


Temperature  Maximum  Pressing 

. .  Pressure  Time 

1160*0  200  MPa  30  minutes 

1190*0  200  MPa  30  minutes 


Although  the  compaction  time  was  relatively  short,  the  overall  cycle  time  was  about 
8  hours  due  to  the  time  required  for  heating,  cooling  and  decompression.  With  industrial 
HIP  units,  the  cycle  time  is  substantially  reduced  by  heating  and  cooling  the  charge  in 
separate  furnaces  outside  the  unit. 


Grinding  and  Finishing 

The  HIPed  ball3  were  ground  in  conventional  ball  grinding  machines.  Originally  it 
was  Intended  to  use  diamond  as  the  grinding  medium;  but,  it  was  found  that  this  led  to 
smearing  of  the  superalloy  phase.  Therefore,  silicon  carbide  was  used  instead,  which 
although  lengthening  the  grinding  and  polishing  times,  resulted  in  a  satisfactory  surface 
finish. 


Structure  and  Properties 

The  structures  of  both  sintered  and  HIPed  halls  consisted  of  a  network  of  titanium 
carbide  particles  in  a  metallic  matrix  phase  (Fig.  '}) .  Median  carbide  particle  sizes  were 
in  the  range  5-10  um  for  both  types  of  composite  material. 
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Fig.  3 

Sintered  (left)  and  HIPed  (right)  structures  of  TiC/Udimet  composite 
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Denaity  and  hardness  values  of  balls  made  from  the  two  material  compositions  by  both 
HIP  cycles  are  given  in  Table  1  below.  The  higher  hot  pressing  temperature  had  a  marginal 
effect  on  density,  but  gave  a  significant  increase  in  hardness  with  the  70#  titanium  car¬ 
bide  composition. 


Table  1 

Composition 

Hot  Pressing 
Temperature  *C 

Density 

(g/cc) 

Hardness 

HV 

Density  and  hardness 

60#  TIC;  40#  Udimet 

1160 

5.740 

1530 

values  of  TiC-Udimet 

1190 

5.744 

1535 

composite  balls. 

70#  TiC;  30#  Udimet 

1160 

5.435 

1640 

1190 

5.521 

1720 

Tungsten  Carbide  Balls 

14.98 

1600 

Although  the  densities  of  the  composite  balls  were  only  25-30#  lower  than  those  of 
tool  steels,  they  were  less  than  40#  of  the  density  of  the  tungsten  carbide  balls  used  in 
the  thrust-reverser  bearing,  Since  the  manufacturing  route  was  very  similar  to  that  used 
for  tungsten  carbide  balls,  any  difference  in  cost  would  depend  mainly  on  the  relative 
costs  of  the  raw  materials.  It  is  planned  to  test  the  lightweight  composite  balls  in  test 
rigs  which  simulate  the  actual  operating  conditions  of  the  bearings. 


HOT  ISOSTATICALLY  PRESSED  SIT, ICON  NITRIDE  BALLS 


HIP  has  been  used  on  a  commercial  basis  for  a  number  of  years  for  the  consolidation 
of  superalloy  and  high  alloy  steel  powders.  Recently  the  process  has  been  extended  to 
high  duty  engineering  ceramics  and  silicon  nitride  particular.  There  are  some  impor¬ 
tant  differences  in  the  consolidation  of  metal  powders  and  ceramic  powders.  Unlike  metal 
powders,  silicon  nitride  cannot  be  densifled  by  heat  and  pressure  alone.  It  is  necessary 
to  add  a  sintering  aid  which  forms  a  liquid  phase  at  the  pressing  temperature.  Pull  den- 
sification  of  silicon  nitride  occurs  only  at  temperatures  above  1700*C  whereas  most  HIP 
units  in  operation  today  are  limited  to  maximum  operating  temperatures  of  1400-1500*0. 
Therefore,  new  designs  of  HIP  units  have  had  to  be  developed  for  processing  silicon  nit¬ 
ride  and  similar  engineering  ceramics.  As  a  consequence  of  the  hign  operating  temperatures 
required,  new  methods  and  materials  for  encapsulation  have  also  had  to  be  developed. 

For  these  reasons,  the  application  of  HIP  to  silicon  nitride  is  still  at  an  early 
stage.  Nevertheless,  the  obvious  advantages  of  producing  near-net-shape  components  which 
require  a  minimum  of  'hard  machining'  are  such  that  the  process  can  be  expected  to  achieve 
widespread  use  in  future,  particularly  for  ceramic  components  for  ga3  turbine  engines.  The 
manufacture  of  17  mm  (final  size)  balls  by  a  HIP  process  and  subsequent  bearing  perfor¬ 
mance  tests  are  outlined  below. 

Material  Preparation 

High  purity  silicon  nitride  powder  was  mixed  and  milled  with  6  wt#  yttrium  oxide  and 
an  organic  binder  material.  Yttrium  oxide,  like  magnesium  oxide,  is  used  as  a  sintering 
additive  for  silicon  nitride.  The  blended  powder  was  cold  isostatically  pressed  into  bars, 
130  mm  long  and  25  mm  nominal  diameter,  using  polyurethane  rubber  moulds.  The  bars  were 
pre-sintered  to  remove  the  binder  and  also  to  improve  the  green  strength.  Since  the  cold 
isostatically  pressed  bars  had  non-uniform  diameters,  they  were  turned  to  a  diameter  of 
21.2  mm.  At  this  stage  the  material  density  was  2.10  -  2.12  g/cc. 

Soft  Machining 

Several  'soft  machining'  methods  were 
investigated  for  shaping  the  bars  into  ball3. 

The  best  result  was  achieved  by  profile 
grinding  the  bars  using  a  bonded  diamond 
wheel.  The  sequence  of  operations  is  shown  in 
Pig.  4.  The  first  stage  was  to  profile  grind 
most  of  the  ball  shape,  followed  b,y  parting 
off.  The  incomplete  section  of  the  ball  was 
then  shaped  in  a  subsequent  grinding 
operation.  Ball  diameters  of  150  balls 
produced  by  this  method  were  in  the  range  20.1 
+  0.5  mm.  The  various  stages  in  the  p: ocess 
are  illustrated  in  Fig.  5. 

It  should  be  emphasized  that  this  method 
of  producing  ball  blanks  by  soft  machining  was 
used  because  a  relatively  small  number  of 
balls  was  required. 

The  method  was  more  suited  to  the  manufacture  of  ring  blanks,  for  which  hollow  bare 
could  be  produced  by  cold  isostatic  pressing.  There  are  several  processes  which  could  be 
used  to  produce  ball  blanks  without  the  need  for  soft  machining  -  cold  isostatic  pressing 
of  balls,  die  pressing  (as  described  for  the  composite  balls)  and  injection  moulding.  How¬ 
ever,  one  advantage  of  using  cold  isostatically  pressed  bars  as  a  starting  material,  which 
became  apparent  later,  was  that  the  density  of  the  ball  blanks  was  more  uniform  than  could 
be  acheived  by  other  methods.  This  meant  thai  there  was  very  little  distortion  of  the  ball 
shape  during  hot  compaction. 
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Fig.  4 

Soft  machining  of  ball  blanks 


Stages  in  the  soft 
machining  of  ball 
blanks . 

1 .  Cold  isostatically 
pressed  bar 

2.  Profile  grinding 

3.  Finish  grinding 


Hot  Isostatic  Pressing 

As  mentioned  previously,  encapsulation  is  a  problem  when  HIP  is  carried  out  at  high 
temperatures.  Gastight  containers  have  to  be  made  from  either  refractory  metal  foils  or 
high  melting  point  glasses.  For  the  silicon  nitride  balls,  a  proprietary  encapsulation 
method  developed  by  ASEA  AB,  Sweden,  (7)  was  u^ed.  This  involved  spraying  the  ball  blanks 
with  a  glass  powder  to  form  a  porous  glass  coating.  The  balls  were  then  heated  in  a 
specially  designed  furnace  under  vacuum  to  remove  air  from  the  material.  At  a  certain 
temperature,  the  glass  softened  and  formed  an  impermeable  layer.  After  controlled  cooling, 
the  coated  balls  were  transferred  to  the  HIP  unit.  In  principle,  this  coating  process 
could  be  Incorporated  into  the  HIP  cycle. 

The  balls  were  hot  compacted  at  a  temperature  of  1750*C  for  2  hours  U3ing  argon  at  a 
pressure  of  250  MPa.  The  pressure  was  maintained  during  the  first  stage  of  cooling.  Then, 
while  the  glass  was  still  in  a  plastic  condition,  the  pressure  was  released.  The  internal 
nitrogen  pressure  was  sufficient  to  inflate  the  glass  envelope,  which  facilitated  the 
stripping  of  the  glass  from  the  balls  after  full  cooling.  Densities  of  the  hot  pressed 
balls  were  3-315  +  0.005  g/cc  and  the  hardness  was  in  the  range  1600-1700  Hv. 

Grinding  and  Finishing 

Th  1  shape  and  surface  condition  of  the  HIPed  balls  were  such  that  rough  grinding  was 
not  necessary.  The  balls  were  finished  by  a  single  grinding  operation  followed  by 
lapping.  Grinding  was  carried  out  in  a  conventional  ball  grinding  machine  using  ceramic- 
bonded  silicon  carbide  wheels.  To  prevent  overload  of  individual  silicon  nitride  balls, 
some  steel  balls  were  added  to  the  batch  to  take  up  the  initial  working  pressure.  Diamond 
paste  (0.25  um  particle  size)  was  used  for  lapping. 

Inspection  and  Dimensions 

All  balls  were  visually  inspected.  No  cracks  were  observed  in  any  of  the  balls,  but 
some  surface  defects  originating  from  the  soft  machining  were  detected.  This  led  to  the 
rejection  of  a  small  number  of  balls.  The  remaining,  balls  were  all  measured  and  the 
results  are  summarized  in  Table  2. 


Table  2 

Dimensional  and 
surface  roughness 
measurements  on  HIPed 
silicon  nitride  balls. 
All  values  given  in 
micrometres  ( pm) . 


Diameter 
( Re  ference 
=  17.000  mm) 

Diameter 
Variation 
( Oval i ty ) 

Out  of 
RoundnesB 
( Talyrond ) 

Surface 
Roughness  Ha 

Minimum 

+  1.9 

0.2 

0.18 

0.025 

Maximum 

+  2.7 

0.3 

0.36 

0.030 

Mean 

+  2.21 

0.222 

0.23 

0.028 

Standard 

Deviation 

0.22 

0.042 

0.048 

0.001 

The  balls  were  within  the  appropriate  specifications  for  diameter,  ovality  and  round¬ 
ness  for  Class  I,  aviation  quality  balls.  Eighteen  balls  were  selected  for  comparative 
tests  in  a  mainshaf’  'aring. 


TESTING  OF  HOT  lilOIITATIOAIJ.Y  PH  ESS  El) 


SIMOON  NITRIDE  BALI,!! 


The  aim  of  the  tests  was  to  determine  whether  hot  isostatically  pressed  aillcon 
nitride  balls  could  operate  successfully  under  conditions  of  high  loads  and  speeds  In  a 
full  si^e  malnshaft  bearing.  At  the  same  time  it  was  Intended  to  make  a  qualitative 
assessment  of  the  kinematic  and  dynamic  behaviour  of  the  silicon  nitride  balls  In  relation 
to  that  of  tool  steel  balls.  The  test  bearings  were  Identical  to  those  used  for  the  low 
pressure  turbine  bearings  In  a  modern  military  engine.  The  bearings  were  tested  on  a  rip 
that  had  been  built  to  the  customers'  specifications  for  the  initial  proving  and  acceptance 
tests  for  those  bearings.  This  rip  allowed  two  bearinps  to  be  run  under  the  same 
conditions,  so  that  by  substitutlnp  silicon  nitride  balls  for  tool  steel  balls  In  one  of 
the  bearinps,  a  direct  comparison  could  be  made. 


Test  Bearinps 

The  bearinps  used  In  the  tests  were  of  the  three-point  anpular  contact  type. 

Main  dimensions  of  the  bearinps  are  shown  in  Pip.  6  ar.d  other  details  are  given  below. 


Number  of  balls  -  1ft 

Ball  diameter  -  17  mm 

Outer  rinp  radius  -  ft. 69  mm 

Inner  rlnp  radii  -  ft. 69  mm 

Initial  contact  anple  -  35* 

Radial  clearance  -  0.115-0.125  mm 

Axial  play  (max.)  -  0.360  mm 

Two  such  bearinps  were  used  In  the  tests. 

The  inner  and  outer  rinps  of  both  bearinps  were 
made  from  A  1:3 1  T1  tool  steel  (lft-4-1).  Balls 
made  from  T1  tool  steel  were  u3ed  in  one  bearinp 
and  the  Hiked  silicon  nitride  balls  in  the  other.  Pip.  6 

Both  bearinps  were  subjected  to  the  same  inspec¬ 
tion  and  quality  control  procedures  that  were  Bearinp  dimensions  (mm) 

applied  to  production  bearinps. 

The  same  rinp  peometry  was  used  with  both  types  of  balls.  Oince  silicon  nitride  has 
a  hipher  elastic  modulus  than  tool  steels,  this  means  that  contact  stresses  would  be  higher 
in  the  bearinp  with  silicon  nitride  balls. 

An  initial  contact  anple  of  40*  was  oripinally  specified  for  this  bearing  type. 
However,  durinp  the  initial  provlnp  tests,  the  heat  penerated  when  running  under  conditions 
of  high  speeds  and  loads,  was  considered  to  be  too  high.  In  addition,  high  relative  cape 
speeds  were  observed  and  there  were  indications  that  the  contact  ellipse  had  been  truncated 
under  extreme  running  conditions.  The  bearinp  was  re-designed  with  a  lower  contact  anple. 
This  type  of  bearing,  therefore,  was  considered  to  be  well  suited  for  tests  with  silicon 
nitride  balls. 


Test  Rip 

The  test  machine  consisted  of  two 
bearings  mounted  on  a  shaft  driven  centrally 
by  an  asynchronous  electric  motor  through  a 
pulley  system.  The  arrangement  is  shown 
schematically  in  Pig.  7.  The  inner  rings 
were  shrink  fitted  to  the  shaft.  The  outer 
rings  were  located  In  a  housing  which  allowed 
axial  movement.  Hoad  was  applied  to  the 
outer  rings  by  a  pneumatic  cylinder  through 
multiplying  levers.  The  bearings  were  lubri¬ 
cated  by  oil  flowing  through  the  hollow  ends 
of  the  shaft  into  the  lubricating  holes  in 
the  inner  rings.  The  oil  flow  to  each 
bearing  could  be  controlled  Independently, 
but  for  these  tests  both  bearings  were  given 
the  same  flow  rate.  The  Input  oil  tempera¬ 
ture  was  measured  as  was  the  outlet  oil  tem¬ 
perature  from  both  sides  of  each  bearing 
(positions  2  and  3  in  Fig.  7).  Abaft  and 
cage  3peeds  were  measured  by  tachometers  and 
the  outer  ring  temperature  was  also  monitored. 

Only  axial  loading  was  applied  to  the 
bearings;  the  radial  load  being  that  of  the 
weight  of  the  shaft  and  the  pull  from  the 
drive  system.  The  maximum  shaft  speed  for 
testing  according  to  the  customers'  test 
specifications  was  15500  rpra.  Typical  test 
conditions  for  endurance  tests  were  900  kg 
axial  load  at  a  shaft  speed  of  11650  rpm. 
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Test  Program  and  Conditions 

Originally  it  w as  planned  to  test  the 
bearings  at  medium  and  high  speeds  with 
axial  loads  increasing  from  250  kg  to  2500 
kg  according  to  the  schedule  shown  in  Table 
3.  Tests  1-5  preceded  without  incident,  but 
when  the  speed  was  increased  to  20670  rpra, 
oil  exit  temperatures  did  not  stabilise. 

It  proved  to  be  beyond  the  capacity  of 
electric  motor  to  drive  the  bearings  at 
this  speed  with  a  load  of  1000  kg.  Since 
the  motor  was  already  showing  signs  of  dis¬ 
tress  at  the  lower  loads  and  the  bearing 
outer  ring  temperatures  were  above  200* C, 
the  tests  were  discontinued .  Total  running 
time  up  to  this  point  was  40  hours,  rep¬ 
resenting  6  hours  running  under  stable  con¬ 
ditions  for  tests  1-5  and  shorter  times  for 
tests  6  and  7.  The  lubricant  used  was  Esso 
Turbo  Oil  2380  (according  to  MIL-L-23699) 
and  the  flow  rate  was  1  litre/  minute  to 
each  bearing. 

After  the  first  test  series,  the  bearings  were  dismounted  and  inspected.  The  rings 
and  cages  of  both  bearings  were  in  good  condition.  Inspection  and  measurement  of  the 
silicon  nitride  balls  showed  no  signs  of  deterioration.  Therefore,  the  bearings  were 
reassembled  and  a  second  test  was  carried  out  under  the  following  conditions. 

Speed  -  15  000  rpm  Axial  Load  -  1000  kg  Time  -  50  hours  Oil  Plow  -  1  litre/min. 

On  completion  of  this  second  test,  the  bearings  were  inspected  again  and  surface 
profiles  of  balls  and  rings  were  measured. 


Test 

Speed 

(rpm) 

Axial 

Load  (kg) 

1 

11500 

250 

2 

tl 

500 

3 

ft 

1000 

4 

tl 

2000 

5 

tt 

2500 

6 

20670 

250 

7 

It 

500 

8 

If 

1000 

9 

If 

2000 

10 

H 

2500 

Table  3 

Planned  test  conditions 


TEST  RESULTS 


Temperatures 

Details  of  the  oil  and  bearing  outer  ring  temperatures  during  the  first  test  series 
are  given  in  Table  4. 


TEST  CONDITIONS 

BEARING  WITH 

TOOL  STEEL  BALLS 

BEARING  WITH 

SILICON  NITRIDE  BALLS 

Oil 

Temperatures  °C 

(Alter  ring 

Oil  Temperatures  *C 

Outer  ring 

Tost 

Speed 

Load 

Inlet 

(1)  (2)  Outlet 

(3) 

Temperature  *C 

Inlet  (1) 

(2) 

Outlet 

(3) 

Temperature  *C 

(rpm) 

(kg) 

1 

11500 

250 

30 

95 

90 

110 

30 

92 

84 

95 

2 

« 

500 

N 

112 

60 

116 

M 

100 

90 

105 

3 

m 

1000 

N 

114 

60 

120 

m 

105 

95 

112 

4 

m 

m 

130 

80 

145 

m 

124 

114 

130 

5 

m 

N 

150 

100 

165 

M 

120 

110 

130 

6 

250 

m 

- 

200 

« 

- 

- 

200 

7 

m 

500 

« 

“ 

- 

212 

M 

- 

- 

205 

Table  4 

Oil  and  ring  temperatures  during  the  first  test  aeries  (See  Fig.  7  for  oil  outlet  positions). 

It  was  apparent  that  the  bearing  with  silicon  nitride  balls  ran  at  consistently  lower 
temperatures  and  that  there  was  leso  difference  in  outlet  oil  temperature  from  the  two 
drain  positions.  This  was  an  indication  that  the  variations  in  the  dynamic  contact  angle 
with  silicon  nitride  balls  had  been  lower  than  with  the  tool  steel  balls. 

In  the  second  test  when  the  bearings  ran  for  50  hours,  the  outer  ring  temperature  of 
the  bearing  with  silicon  nitride  balls  was  170*C  compared  with  180*C  for  the  standard 
bearing. 

Cage  Speed 

During  most  of  the  tests,  the  cages  of  both  bearings  ran  at  steady  speeds.  There 
were  indications  that  the  cage  speed  with  silicon  nitride  balls  was  lower  than  that  with 
tool  steel  balls;  but,  this  difference  was  too  small  to  be  quantified.  During  the  last  15 
hours  of  the  50  hour  test,  the  cage  speed  of  the  bearing  with  tool  steel  balls  becamo 
uneven  and  fluctuated. 

Visual  Inspection 

Visual  examination  of  the  rings  that  had  run  with  silicon  nitride  balls  showed  no 
evidence  of  deterioration.  The  load  transmitting  areas  of  the  rings  with  tool  steel  balls 
contained  polished  wear  bands,  indicative  of  extensive  skidding  or  sliding  during  running. 
There  were  also  marked  differences  in  the  condition  of  the  balls  after  testing.  The  tool 
steel  balls  had  a  variety  of  surface  textures;  but,  the  silicon  nitride  balls  actually  had 
a  better  appearance  after  the  test  than  before.  Microscopic  examination  showed  that  this 
was  due  to  pick-up  of  metal  which  had  improved  reflectivity  and  decreased  surface 
roughness. 

- - - - 
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Metrological  Examination 

Details  of  clearance  and  ball  variations  before  and  after  testing  are  given  in 
Table  5  below. 


Tool  Steel  Balls 
Before  After 

Silicon  Nitride  Balls 
Before  After 

Radial  Clearance 

1  22 

126 

122 

120 

Axial  Play 

525 

540 

550 

555 

Radial  Movement 

Outer  Ring 

2 

8 

2 

5 

Inner  Ring 

2 

7 

2 

4 

Axial  Movement 

Outer  Ring 

2 

12 

2 

5 

Inner  Ring 

2 

10 

2.5 

6 

Ball  Diameter 

v 

DWL 

<0.25 

5.8 

0.22 

0.4 

V 

3DWL 

<0.5 

1.25 

<0.5 

0.5 

Table  5 

Bearing  clearances  and  ball  diameter  variations  before  and  after  testing 

(All  values  given  in  micrometres  -  pm). 

Comparisons  of  the  Talysurf  and  Talyrond  profiles  for  rings  from  both  bearings  are 
given  in  Pigs.  8-11.  For  simplicity,  traces  are  given  only  for  the  load  transmitting 
inner  rings  and  the  directly  loaded  sections  of  the  outer  rings.  These  rosults  show  the 
extensive  distress  or  damage  of  the  bearing  with  tool  steel  balls  and  the  good  condition 
of  the  rings  that  were  used  with  the  silicon  nitride  balls.  Figure  12  compares  the  con¬ 
dition  of  the  balls  after  the  tests. 


CONCLUSIONS 

Although  limited  in  scope,  this  preliminary  test  demonstrated  that  HIPed  silicon  nit¬ 
ride  balls  could  run  satisfactorily  in  mainshaft  bearings  under  conditions  which  caused 
marked  deterioration  of  a  standard  bearing  with  tool  steel  balls.  Th.'s  was  in  spite  of  the 
fact  that  the  conformity  had  not  been  optimized  for  the  silicon  nitride  balls  and  there¬ 
fore  contact  stresses  were  higher  with  this  bearing.  The  lower  operating  temperatures  and 
absence  of  damage  in  the  bearing  with  silicon  nitride  balls  were  indications  of  better 
kinematic  behaviour.  It  can  be  inferred  that  there  was  leas  variation  in  dynamic  contact 
angles  with  silicon  nitride  halls  and  lower  spin  friction  lossea.  This  gives  added  con¬ 
fidence  in  silicon  nitride  as  a  bearing  material  and  in  HIP  as  a  manufacturing  method  for 
bearing  components. 
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DISCUSSION 


D.G.Astridge,  Westland  Helicopters  Ltd,  Yeovil,  UK 

(1)  How  would  cost  of  production  quantities  of  Silicon  Nitride  bearings  compare  with  tool  steel  bearings? 

(2)  In  view  of  the  poor  tensile  strength  of  silicon-nitride  compared  with  tool  steel,  and  the  great  difference  in 
coefficient  of  thermal  expansion  between  SiNi  and  steels/nimonics,  are  you  aware  of  any  rolling  contact 
fatigue  tests  with  SiNi  bearings  on  steel  shafts  (or  hybrid  bearings)  in  which  thermal  cy ling  has  been 
incorporated  to  simulate  engine  start-stop  cycles? 

Author’s  Reply 

At  this  stage,  it  is  not  possible  to  give  any  estimates  of  the  costs  of  silicon  nitride  rolling  elements  or  complete 
bearings.  As  you  are  aware,  inspection  and  quality  control  costs  account  for  a  high  proportion  of  the  total  cost 
of  an  aircraft  bearing  and  those  are  material  independent.  However,  I  can  give  you  some  information  about  pressure¬ 
less  sintered  silicon  nitride.  Tool  tips  made  from  this  material  are  currently  being  sold  at  twice  the  price  of 
equivalent  Tungsten  carbide  tips.  It  is  thought  that  pressureless  sintered  components  should  cost  no  more  to 
produce  than  Tungsten  curbide  on  a  volume  rather  than  weight  basis.  To  put  this  in  perspective,  aircraft  quality 
Tungsten  carbide  balls  5/16"  diameter  are  currently  sold  at  about  $3.25  each. 

With  regard  to  your  second  question,  I  am  not  aware  of  any  tests  involving  thermal  cycling.  I  can  only  repeat  what 
Mr  Sibley  has  said  about  the  excellent  thermal  shock  resistance  of  silicon  nitride.  Thermal  cycling  in  the  tempera¬ 
ture  regime  of  aircraft  engine  bearings  should  not  present  any  problems. 
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THE  OIL/AIR  SYSTEM  OF  A  MODERN  FIGHTER  AIRCRAFT  ENGINE 


J.  Schmidt,  W.  K.  Hank,  Dr.  A.  Klein,  Dr.  K.  Maier 
MTU  Motoren-  und  Turbinen  Union  Mtinchen  GmbH 
Dachauerstr.  665,  8000  MUnchen  50 


Summary; 

Currant  experience  has  shown  that  the  oil/air  system  of  a  modern  fighter  aircraft  engine 
determines  to  a  considerable  extent  the  capabilities  of  the  aircraft.  To  illustrate  this 
point,  first  of  all  the  specification  requirements  of  such  an  oil/air  system  are  defined 
and  interpreted.  Fullfilment  of  these  requirements  necessitates  a  variety  of  consider¬ 
ations,  of  which  a  few  are  highlighted  in  this  paper. 

Taking  a  three-spool  engine  as  an  example,  the  basic  features  of  the  design  and  function¬ 
ing  of  the  oil/air  system  are  explained.  The  importance  of  the  sealing  air  system  and  of 
its  reliable  computation  is  demonstrated.  The  advantages  and  disadvantages  of  intercon¬ 
nected  and  separated  bearing  chambers  are  pointed  out.  Attention  is  drawn  to  the  vent 
system  and  to  some  special  cord4 tions  of  the  turbine  bearing  chamber. 

Problems  of  highly  loaded  bearings  are  dealt  with  in  some  detail  in  view  of  a  long  bearing 
life,  in  particular  the  optimization  of  the  oil  supply  and  the  bearing  behaviour  in  the 
event  of  an  oil  supply  interruption.  Finally,  the  reasons  and  consequences  of  a  possible 
bearing  chamber  overheating  are  described  as  well  as  means  to  avoid  such  overheating. 


1.  Introduction 


When  designing  a  r.ew  aircraft  engine,  first  of  all,  the  cycle,  performance  data  of 
the  individual  components  and  the  construction  are  decided  on,  based  on  the  requirements 
made  of  the  aircraft.  In  this,  the  emphasis  in  the  investigations  is  laid  on  the  areas 
of  turbine  and  compressor  aerodynamics ,  turbine  cooling  techniques,  component  strength 
and  the  vibration  characteristics  of  critical  parts. 

It  has  been  common  practice  in  the  past  to  deal  with  the  oil/air  system  only  at  a 
rather  late  stage  of  engine  development.  Fv'r  modern  fighter  engines  this  procedure  is 
no  longer  justified:  attention  to  certain  basic  features  of  the  oil/air  system  should  be 
paid  already  at  the  early  design  stage.  This  is  mainly  due  to  the  high  temperatures  and 
rotational  speeds  (high  specific  thrust)  encountered  in  modern  fighter  engines  in  con¬ 
junction  with  severe  space  limitations  (high  thrust  to  weight  ratio) . 

The  requirements  of  the  oil/air  system  of  a  fighter  aircraft  are  determined  by  the 
missions,  the  necessary  degree  of  serviceability  and  operational  safety  under  extreme 
operation  conditions,  as  well  as  an  appropriately  long  engine  life,  for  minimizing  the 
life-cycle  costs  (see  Fig.  1) .  The  following  requirements  have  a  decisive  influence  on 
the  layout  of  the  oil/air  system: 

-  Continuous  oil  supply  under  extreme  flight  conditions, 

-  sufficiently  low  mission  oil  consumption, 

-  as  low  as  possible  heat  transfer  to  the  oil, 

-  effective  sealing  of  the  bearing  chambers  under  all  flight  conditions, 

-  avoidance  of  bearing  chamher  overheating,  which  could  lead  to  oil  fires  and 
excessive  oil  consumption,  and 

-  as  long  as  possible  life  of  the  bearings. 

Of  these  requirements  only  the  last  three  are  gone  into  some  detail  in  this  paper. 


2.  Design  Considerations 

Modern  fighter  aircraft  engines  have  been  built  with  two  spools  as  well  as  with  three 
spools.  Because  of  the  high  cycle  temperatures  and  pressures  both  types  of  engines  need 
a  careful  consideration  of  the  oil/air  system  at  an  early  design  stage.  Three-spool  en¬ 
gines,  however,  have  to  be  designed  with  a  larger  number  of  seals.  Therefore  the  design 
activities  for  the  oil/air  system  are  more  elaborate  and  require  a  greater  computational 
as  well  as  development  effort.  Therefore  the  three-shaft  system  is  dealt  with  in  greater 
detail  in  this  paper. 

Fig.  2  shows  schematically  a  three-spool  engine  with  separate  low-,  intermediate-  and 
high-pressure  sections.  In  this  example  it  has  been  possible,  by  clever  arrangement  of 
the  bearings,  to  provide  the  engine  with  only  three  bearing  chambers.  As  will  be  explain¬ 
ed  later  on,  this  has  certain  consequences  for  the  oil/air  system. 


7-2 


Another  important  feature  of  the  example  of  Fig.  2  is  the  fact  that  the  three  bearing 
chambers  are  interconnected.  In  comparison  with  unconnected  bearing  chambers,  this  design 
has  the  advantage  that  intershaft  seals,  which  are  problematical  to  design,  can  be  omitted. 
This  simplifies  the  layout  of  the  engine  and  reduces  the  number  of  parts.  However,  for 
the  oil/air  system  this  means  a  complication  for  balancing  the  pressure  differences  re¬ 
quired  across  the  bearing  chamber  seals,  since  any  changes  in  one  bearing  chamber  auto¬ 
matically  affect  the  other  chambers  in  a  system  in  which  the  bearing  chambers  are  inter¬ 
connected. 

The  schematic  arrangement  of  the  bearing  chambers  and  their  seals  of  the  three-spool 
engine  of  Fig.  2  together  with  the  sealing-etr  system  with  its  seals  is  shown  in  Fig.  -3. 

The  front  bearing  chamber  houses  the  bearing  for  the  LP-compressor  (bearing  No.  I) ,  the 
centre  bearing  chamber  houses  the  thrust  bearings  of  the  HP-  and  IP-compressora  (bearings 
No.  II  and  III),  and  the  rear  bearing  chamber  houses  the  thrust  bearing  of  the  LP-compres- 
sor  (bearing  No.  VI)  as  well  as  the  intershaft  bearing  (No.  IV) ,  which  is  necessary  with 
this  arrangement  and  which  is  somewhat  offset  from  the  actual  rear  chamber  for  design  rea¬ 
sons.  The  IP-  and  LP-shafts  rotate  in  the  same  direction,  whereas  the  HP-shaft  rotates 
in  the  opposite  direction. 

Oil  is  prevented  from  escaping  from  the  bearing  chambers  by  labyrinth  seals,  which  are 
pressurised  by  sealing  air  tapped  downstream  of  the  IP-compressor .  This  sealing  air  enters 
the  bearing  chambers  via  the  bearing  chamber  seals  (Fig.  3)  and  leaves  them  through  the 
vent  lines,  carrying  a  certain  quantity  of  oil  from  the  bearing  chambers  with  it.  The 
sealing  air  is  discharged  overboard  after  passing  through  a  breather  to  separate  the  oil. 

The  amount  of  air  discharged  must  be  kept  to  a  minimum,  because 

-  it  represents  a  loss  of  engine  power, 

-  the  flow  rate  of  the  air  and  the  quantity  of  oil  entrained  in  the  vent  system 
increase  with  increasing  air  flow;  both  cause  a  greater  oil  loss  at  the  breather, 

-  the  problem  of  oil  overheating  (heat  to  oil)  becomes  the  greater,  the  greater 
the  amount  of  hot  air  flowing  into  the  bearing  chambers. 

On  the  other  hand,  small  quantities  of  air  discharged  or  passing  through  the  vent  lines 
result  in  small  pressure  differences  across  the  bearing  chamber  seals,  which  can  lead 
to  oil  leakage.  Calculations  and  experiments  have  shown  that  these  pressure  differences 
are  subject  to  a  limit,  on  account  of  the  fact  that  oil  must  be  prevented  from  escaping 
from  the  bearing  chambers  throughout  the  operating  range  of  the  engine,  even  after  a  large 
number  of  engine  running  hours. 

Oil  escaping  from  the  rear  bearing  chamber  would  form  a  mixture  with  the  sealing  air, 
which  would  ignite  on  contact  with  hot  turbine  discs,  leading  to  oil  fire.  Oil  leaking 
from  the  front  and  centre  bearing  chambers,  on  the  other  hand,  could  contaminate  the  cabin 
air.  This  is  because  for  reasons  of  space,  in  modern  fighter  aircraft  the  cabin  air  is 
sometimes  tapped  from  the  compressor  casing,  and  not  at  the  compressor  hub  as  in  civil  ap¬ 
plications.  This  means  that  oil  mixed  with  the  main  flow  of  compressor  air  inevitably 
passes  into  the  cabin  air,  since  it  is  centrifuged  outwards  at  the  compressor  blades. 

3.  Particulars  of  the  Air  System 

According  to  the  explanations  gi'^en  above,  one  of  the  important  goals  of  designing  the 
internal  air  system  of  an  engine  is  (in  addition  to  the  supply  of  appropriate  quantities 
of  cooling  air  to  the  turbine  blades  and  to  other  hot  parts  of  the  engine)  to  make  sure  that 
the  pressure  differences  across  the  bearing  chamber  seals  are  large  enough  to  completely 
avoid  oil  leakage,  but  not  larger  than  absolutely  necessary.  It  is  therefore  necessary 
to  accurately  calculate  the  pressure  differences  across  the  bearing  chamber-  and  sealing 
air-seals  when  designing  an  engine.  Particulars  are  given  in  what  follows. 

3 . 1  Sealing  Air  System 

An  example  of  the  sealing  air  conditions  calculated  for  a  system  according  to  Fig.  3 
is  shown  in  Fig.  4.  In  addition  to  the  pressure  differences  across  the  bearing  chamber 
seals,  normalized  with  the  pressure  difference  across  the  rear  bearing  chamber  seal  marked 
"B"  in  Fig.  3,  the  figure  also  shows  the  quantities  of  air  flowing  into  and  out  of  the 
chambers  as  well  as  those  flowing  between  the  chambers  through  the  shafts,  as  a  percentage 
of  the  total  flow  rate  in  each  case. 

The  results  shown  in  Fig.  4  include  the  calculation  of  the  bearing  chamber  pressure 
as  well  as  a  calculation  of  the  sealing  air  system  pressures  chat  are  effective  at  the 
bearing  chamber  seals.  These  pressures  depend  on  the  operating  condition  of  the  engine 
and  on  the  clearances  of  the  seals,  which  separate  the  sealing  air  system  from  the  rest 
of  the  engine. 

In  the  example  given  here,  the  sealing  air  pressure  at  the  front  bearing  chamber  de¬ 
pends,  above  all,  on  seals  1  and  2  (Fig.  3),  and  that  at  the  rear  bearing  chamber  on  seals 
6  and  7.  The  effects  of  a  deterioration  of  seals  6  and  7  are  shown  in  Figs.  5  and  6  (cor¬ 
responding  considerations  apply  to  seals  1  and  2) .  Here  it  has  been  assumed  that  with 
nominal  clearances  of  these  seals  a  pressure  drop  across  rear  bearing  chamber  seal  B  (see 
Fig.  4)  is  produced  of  a  magnitude,  which  just  avoids  oil  leakage  through  this  seal  at  all 
operating  conditions,  including  idling  and  transients.  This  pressure  drop  is  taken  as  100% 
in  Fig.  5.  With  an  increase  of  the  clearances  of  air  seals  6  and  7,  by  running-in  for  in- 
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stance,  the  pressure  drop  across  seal  B  will  sink  below  the  permissible  value  in  a  way 
shown  in  Fig.  5. 

In  order  to  retrieve  the  required  pressure  difference,  the  bearing  chamber  pressure 
must  be  reduced  and  hence  the  amount  of  air  discharged  overboard  must  be  increased.  Accord¬ 
ing  to  Fig.  6,  an  increase  of  20%  is  necessary  in  order  to  compensate  a  seal  degradation 
of  160%  under  unfavourable  circumstances.  However,  this  results  also  in  a  30%  increase  in 
breather  oil  consumption  (Fig.  6).  Optimum  design  of  the  sealing  air  system  thus  calls  for 
a  very  high  degree  oi  dimensional  accuracy  of  the  air  seal  clearances.  It  requires  excel¬ 
lent  thermal  matching  of  the  seal-rotors  and  stators  and  the  choice  of  suitable  abradable 
coatings . 

A  certain  amount  of  seal  deterioration  and  hence  of  overboard-flow  increase  must  be 
accepted  to  be  unavoidable.  The  breather  therefore  must  be  designed  in  such  a  manner  that 
its  oil  consumption  nevertheless  meets  the  specification.  Also,  for  safety  reasons  one 
will  choose  the  pressure  drop  across  seal  B  to  be  always  somewhat  higher  than  the  limiting 
value  of  100%  assumed  in  Figs.  5  and  6.  In  any  case  it  is  important  that  the  behaviour  of 
all  the  air  seals  and  its  effects  on  sealing  air  pressures  can  be  correctly  simulated  in 
the  computations. 


3 . 2  Vent  System 

The  calculated  pressure  drops  across  the  bearing  chamber  seals  are  meaningful  in  de¬ 
signing  the  system  only,  when  the  bearing  chamber  pressures  in  addition  to  the  sealing  air 
pressures  can  be  calculated  with  sufficient  accuracy.  In  the  second  case  this  calculation 
is  made  difficult  because  of  the  uncertainty  as  to  the  true  running  clearance  of  the  air 
seals.  In  the  first  case  it  is  complicated  by  the  complex  flow  conditions  in  the  vent 
system. 

Because  of  the  high  shaft  speeds  of  modern  aero  engines,  the  idea  that  pure  oil  will 
be  present  in  the  bottom  section  of  a  bearing  chamber  and  pure  air  in  the  top,  no  longer 
holds  true.  Instead,  the  bearing  chambers  contain  a  more  or  less  uniform  oil/air  mixture. 
Therefore  an  oil/air  mixture  flows  through  the  vent  lines.  This  two-phase  flow  of  a  com¬ 
pressible  fluid  does  not  easily  lend  itself  to  theoretical  analysis.  Because  of  these  un¬ 
certainties,  when  designing  an  engine,  the  vent  cross  sections  must  bo  amply  dimensioned 
and  the  lines  must  be  provided  with  replaceable  restrictors  (see  Fig.  3),  which  can  be  used 
to  set  the  bearing  chamber  pressure  and,  consequently,  the  pressure  drop  across  the  seals 
(and  hence  the  overboard  flow)  within  certain  limits. 


3 . 3  Rear  Bearing  Chamber  Conditions 

The  rear  bearing  chamber  with  the  I,n- thrust  bearing  (No.  VI)  and  the  intershaft  bearing 
(No.  IV)  is  shown  in  detail  in  l'ig.  7.  As  is  seen  in  Fig.  4,  the  pressure  difference  across 
seal  B  of  the  rear  bearing  chamber  is  lower  than  the  one  across  the  other  bearing  chamber 
seals.  The  explanation  is,  that  in  the  present  example  the  sealing  air  is  supplied  to  the 
rear  bearing  chamber  seals  via  the  HP-shaft  (see  Figs.  2  and  7) .  In  so  doing,  the  air  re¬ 
ceives  a  strong  swirl  from  the  rotating  shaft  and,  as  a  result,  suffers  a  major  pressure 
loss,  additional  to  the  pressure  loss  of  the  flow  along  the  shaft,  as  it  flows  through 
the  contra-rotating  holes,  marked  "A"  in  Figs.  2  and  7.  This  leads  to  the  low  pressure 
drop  across  seal  B,  shown  in  Fig.  4.  The  reason,  why  the  sealing  air  pressure  further  down¬ 
stream  is  higher  again  and  hence  the  pressure  drop  across  seal  C  (Figs,  2  and  7)  is  larger 
than  that  across  seal  B,  is  easily  understood:  Due  to  the  swirl,  the  pessure  increases  as 
the  air,  after  having  passed  seal  B,  proceeds  to  a  larger  radius  (Fig.  ’’),•  since  subse¬ 
quently  the  swirl  is  removed  by  the  struts  supporting  the  bearing  chamber,  the  pressure 
then  ramains  nearly  constant  as  the  air  flows  towards  seal  C. 

The  reduced  pressure  drop  across  seal  B,  as  compared  with  that  of  the  other  rear  bearing 
chamber  seals,  is  thus  a  consequence  of  the  sealing  air  supply  arrangement  discussed  here 
for  the  three-spool  concept  shown.  The  inflow  through  the  other  two  seals  thus  being 
higher  than  required,  the  overboard  flow  also  is  somewhat  higher,  and  the  breather  must 
be  designed  accordingly. 

This  slight  disadvantage  could  bo  avoided,  would  the  sealing  air  be  supplied  to  the  rear 
bearing  chamber  through  pipes  fitted  in  the  engine's  bypass  duct  instead  of  via  the  HP-shaft 
This  complication  of  additional  supply  lines  would,  however,  be  chosen  only  if  dictated  by 
other  stringent  requirements,  in  particular  by  an  unacceptably  high  (with  regard  to  over¬ 
heating)  heat  pick-up  of  the  air  as  it  procedes  along  the  HP-shaft.  A  reliable  calculation 
of  this  heat  pick-up  already  at  the  design  stage,  therefore ,  belongs  to  the  important  tasks 
of  the  systems  engineer.  It  is  the  1 tsis  tor  the  decision  as  .o  the  type  of  air  supply  for 
the  rear  bearing  chamber. 

A  final  point  is  made  in  this  connection.  With  the  relatively  simple  arrangement  of 
Fig.  3,  the  pressure  drops  across  and  hence  the  inflows  through  the  seals  of  the  centre 
bearing  chamber  will  be  much  higher  than  for:  the  other  seals,  as  can  be  seen  in  Fig.  4. 

This  is  a  direct  consequence  of  the  r'lativoly  large  pressure  loss  the  air  encounters  as 
It  flows  towards  the  rear  via  the  HP-shaft,  since  the  minimum  pressures  at  the  rear  bear¬ 
ing  chamber  seals  must  be  maintained.  As  a  result,  the  overboard  flow  would  again  be  higher 
than  required.  This  can  be  remedied  by  introducing  suitable  flow  restrictions  upstream  of 
the  centre  bearing  chamber  seals  and/or  by  improving  these  seals.  In  the  case  of  the  front 
bearing  chamber  this  is  accomplished  by  the  holes  marked  "D"  in  Fig.  3. 
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The  best  air  system  will  be  one  where  the  pressure  drops  across  all  the  bearing  cham¬ 
ber  seals  throughout  the  engine  are  approximately  the  same  and  as  small  as  possible,  to 
just  guarantee  good  sealing  of  the  bearing  chambers  under  all  running  conditions  of  the 
engine. 


3 . 4  Measures  and  Development  Tasks  for  Improving  the  Air  System 

The  future  engine  development  will  lead  to  higher  temperatures  and  pressures  in  the 
oil/air  system  of  the  engines.  For  this  reason  in  addition  to  others  the  following  tasks 
should  be  given  priority  to  meet  the  requirements  as  specified  in  Fig.  Is 

-  Development  of  better  sealing  devices  (air/air  and  air/oil) ,  which  exhibit  only 
slight  deterioration  with  running  time, 

-  investigation  and  theoretical  treatment  of  two-phase  flows  (oil/air) ,  as 
encountered  in  vent  systems, 

-  reduction  of  the  flow  rate  of  the  air  discharged  overboard  (the  sealing-air 
pressure  differences  across  all  the  bearing  chamber  seals  should  be 
approximately  the  same) , 

-  reduction  of  the  sealing-air  temperatures  by  cooling  the  sealing  air  of  the 
rear  bearing  chamber  or  by  redesigning  the  air  supply  lines  to  prevent  the 
air  from  becoming  heated. 

4.  Highly- loaded  Bearings 

As  shown  in  Fig.  8,  the  highly-loaded  thrust  bearings  II  and  III  of  the  high-  and  in¬ 
termediate-pressure  sections  of  the  three-spool  engine  are  located  in  the  centre  bearing 
chamber.  Labyrinth  seals,  pressurized  by  sealing  air  from  the  IPC,  prevent  oil  from  leak¬ 
ing  out  of  the  bearing  chambers. 

Large  quantities  of  the  oil  are  threshed  around  by  the  bevel  gears  of  the  radial  drive, 
located  in  this  bearing  chamber,  and  become  mixed  with  the  sealing  air  entering  the  bearing 
chamber.  The  churning  effect  of  the  bearings,  the  threshing  of  the  air/oil  mixture  and 
the  relatively  large  quantities  of  hot  sealing  air  entering  the  bearing  chambers  cause  a 
considerable  temperature  rise  of  the  oil/air  mixture  in  the  bearing  chambers . 

It  must  be  possible  for  the  thrust  bearings  to  function  properly  in  this  hot  oil/air 
environment.  In  addition  to  the  need  for  long  life,  even  under  extreme  operating  condi¬ 
tions,  the  parameters  given  in  Fig.  9  must  be  borne  in  mind  when  designing  the  bearings. 

The  dimensions  of  the  bearings  represent  a  compromise  between  the  contradictory  require¬ 
ments  for  compactness  and  high  running  speed,  on  the  one  hand,  and  high  thrust  loads  on 
the  other.  Only  by  having  a  very  close  ball/race  conformity  was  it  possible  to  guarantee 
the  required  life  with  the  dimensions  chosen. 

The  bearings  are  of  the  angular  contact  ball  bearing  type,  a  design  that  is  best  suited 
to  meet  the  requirements  for  this  application. 

The  oil  supply  to  thrust  bearings  II  and  III  is  optimized  to 

-  minimize  churning, 

-  improve  cooling  of  the  outer  and  inner  races,  and 

-  ensure  clearance  maintenance. 

Some  of  the  knowledge  gained  from  the  bearing  tests  is  presented  below. 


4.1  Determination  of  Lubrication  Oil  Flows 


The  determination  of  the  lubrication  oil  flows  to  the  bearings  is  of  fundamental  im¬ 
portance.  and  one  of  the  first  tasks  for  the  development  of  the  engine  to  solve.  Therefore 
some  research  has  been  conducted  to  define  those  oil  flows.  All  rig  testing  of  the  bearings 
has  been  done  at  typical  shaft  speeds,  oil  temperatures  and  axial  loads. 

In  order  to  attain  the  required  long  .life  (Fig.  1)  and  operational  reliability,  the  oil 
flow  Q  through  the  inner  races  for  cooling  the  bearings  must  be  considerably  greater  thar. 
would  be  required  for  forming  a  load-bearing  film  of  lubricant.  On  the  other  hand,  if  the 
oil  flow  is  excessive,  the  heat  to  oil  problem,  mentioned  earlier,  will  be  aggravated  be¬ 
cause  of  the  high  churning  losses. 

The  outer  race  temperature  Tor  of  bearing  No.  Ill  and  the  heat  generation  P  of  the 
bearing  are  shown  in  Fig.  10  in  relation  to  the  lubrication  oil  flow  Q.  The  oil  supply  has 
to  be  so  chosen  that  an  acceptable  operating  temperature  of  250°C  of  the  outer  race  is 
not  exceeded.  The  heat  generation  P  (kW)  of  this  bearing  design  rises  with  increased  oil 
flow  and  was  measured  as  7  kW  at  the  design  oil  flow. 
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4 . 2  Optimization  of  the  Lubrication  Oil  Flows 

The  experiments  for  determining  the  lubrication  oil  flows  have  shown  that  the  method 
often  used  in  engine  construction  of  passing  the  oil  through  the  inner  race  (under-race 
lubrication  as  for  example  for  bearing  III,  Fig.  9)  leads  to  considerable  temperature  dif¬ 
ferences  between  the  inner  and  outer  races  (Fig.  12,  left).  These  differences  become  strik¬ 
ing  when  high  speeds  and  the  resultant  centrifugal  forces  cause  the  load  equilibrium  to 
shift  to  the  disadvantage  of  the  outer  race .  The  temperature  differences  reveal  that  under- 
race  lubrication,  at  least  as  far  as  cooling  is  concerned,  can  in  no  way  be  described  as 
optimal.  Undesirable  consequences  of  these  temperature  differences  are 

-  non-uniform  thermal  stressing  of  the  bearing  races  (to  the  detriment  of  the  life) , 

-  widening  of  the  clearance  in  operation  (reduced  margin  with  respect  to  overspeed 
and  overload) . 

To  avoid  these  problems,  an  improved  lubrication  system  has  been  developed,  which  in¬ 
fluences  the  temperature  distribution  in  the  bearing  (inner  and  outer  race)  and  makes  more 
economical  use  of  the  cooling  potential  of  the  oil.  The  oil  is  supplied  to  the  bearing 
cage  from  the  sides  L  and  R,  whence  it  passes  to  the  contact  points  in  the  bearing  (under¬ 
cage  lubrication  -  Fig.  11,  right).  However,  optimum  conditions  are  achieved  only  with  a 
suitable  ratio  between  the  flows  from  L  and  R.  The  correct  split  was  determined  in  a  se¬ 
ries  of  measurements,  in  which  the  ratio  L:R  was  varied  in  steps,  whilst  observing  the 
change  in  the  shape  and  position  of  the  temperature  profiles  TA_D  at  the  loaded  halves  of 
the  tracks  (Fig.  11,  bottom) .  A  split  of  L  =  4/5  Q  and  R  =  1/5  Q  was  shown  to  be  the  op¬ 
timum.  It  produces  the  smallest  temperature  differences  between  the  outer  and  inner  race 
and  reduces  the  peak  temperature  by  the  greatest  amount.  However,  the  optimum  value  varies 
slightly  according  to  the  operation  conditions.  The  predominance  of  the  flow  rate  L,  which 
is  injected  against  the  direction  of  thrust  load  Fax,  is  attributable  to  the  kinematics  of 
the  angular  contact  ball  bearing. 

In  addition  to  the  reduction  of  the  temperature  differences  in  the  bearing,  under-cage 
lubrication  is  characterized  by  the  following  advantages: 

-  A  saving  of  about  10%  of  the  oil  supply,  thanks  to  the  more  balanced  cooling. 

This  represents  a  useful,  even  if  modest,  contribution  towards  relieving  the 
oil  system. 

-  Deletion  of  lubrication  openings  underneath  the  inner  race,  which  weaken  the 
race,  have  a  deleterious  effect  on  the  roundness  of  the  track  and  increase 
the  danger  of  insufficient  lubrication,  because  of  their  tendency  to  become 
blocked  by  rubbings  and  dirt. 


4. 3  Significance  of  Squeeze  Film  for  Bearing  Coding 

Bearing  II  has  a  squeeze  film  at  the  outer  race  (Fig.  9) .  Detailed  measurements  have 
shown  that  the  squeeze  film  makes  a  significant  contribution  towards  cooling  of  the  outer 
race.  In  the  present  case,  it  brings  about  a  temperature  reduction  in  the  region  of  30°C 
(Fig.  12). 

Further  to  its  actual  purpose,  namely  the  absorption  of  rotor  vibrations,  it  conse¬ 
quently  has  a  really  good  cooling  effect  on  the  bearings.  It  reduces  the  marked  temper¬ 
ature  differences  between  the  outer  and  inner  races,  already  mentioned,  and  allows  the 
amount  of  lubrication  oil  Q  supplied  to  the  bearing  to  be  reduced.  This  holds  true  for 
bearings  with  under-race  and  under-cage  lubrication.  Due  to  the  reduction  of  the  oil  flow 
Q  the  churning  as  well  as  the  amount  of  heat  to  oil  decrease. 


4.4  Bearing  Behaviour  in  Event  of  Oil  Supply  Interruption  and  Reduction  of  Lubrication 
Oil  Flows 


4.4.1  Reaction  of  Thrust  Bearings  to  Oil  Supply  Interruption  (Emergency  Case) 

The  dependence  of  highly- loaded  thrust  bearings  on  the  supply  of  lubrication  oil  becomes 
clear  when  the  supply  fails  completely,  for  example  due  to  a  leak  in  the  oil  tank  or  rupture 
of  an  oil  feed  pipe.  It  is  then  revealed  that,  with  high  bearing  loads  Fax,  the  emergeny 
(dry- running)  reserve  of  the  high-speed  bearings  quickly  runs  out,  with  consequent  imminent 
damage.  The  behaviour  of  the  bearings  in  the  event  of  oil  supply  failure  can  be  seen  in 
Fig.  13  and  14. 

Normally,  as  a  result  of  centrifugal  forces,  the  contact  between  the  rolling  elements 
and  the  outer  race  is  closer  than  that  between  the  elements  and  the  inner  race.  Consequent¬ 
ly,  the  elements  run  under  outer-race  control.  During  the  initial  phase  (t  1)  of  oil  supply 
interruption  the  bearings  continue  to  run  smoothly,  since  the  film  of  lubricant  is  still 
present,  actually  with  less  power  absorption  than  under  full  lubrication,  owing  to  the  re¬ 
duction  in  churning.  However,  the  temperature  of  the  bearings  begins  to  rise  steadily 
(Fig.  13). 

The  lubrication  conditions  appear  to  deteriorate  more  quickly  at  the  rotary,  convex 
inner  race  than  at  the  stationary,  concave  outer  race.  The  result  will  be  that  the  bearing 
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will  go  from  outer  to  inner  race  control,  recognisable  by  a  drop  of  the  cage  speed  and  by 
strong  audible  reactions  of  the  balls  and  the  cage  (peak  of  the  heat  generation  curve  in 
Fig.  13) .  Increased  power  absorption  and  accelerated  heating  of  the  bearing  in  the  next 
phase  (t  2)  are  indications  that  the  running  conditions  have  now  deteriorated  drastically. 
The  oil  film  has  disappeared.  Dry  friction  between  the  rolling  elements  and  races  has  set 
in,  leading  to  increased  tangential  stresses  in  the  tracks,  which  finally  produce  cracks 
in  the  contact  areas,  resulting  in  bearing  seizure.  The  time  this  sequence  of  events  takes 
to  occur,  naturally,  depends  greatly  on  the  degree  of  loading  of  the  bearing. 

In  addition  to  the  above  phenomena,  a  cage  damage  can  occur.  The  mechanism  is  already 
known  I  1),  so  there  is  no  need  for  an  explanation  here. 


4.4.2  Reduction  of  Lubrication  Oil  Flow 

It  is  well  known  that  the  oil  feed  pressure  and  consequently  the  oil  flow  to  the  bearing 
can  be  reduced  by  leakages  in  the  feed  system,  failures  of  the  pressure  pump  and  sticking  of 
a  recirculation  valve  which  avoids  excessive  oii  flow  under  certain  conditions.  The  bear¬ 
ings  II  and  III  have  been  tested  with  reduced  oil  flow  (50%  of  design  flow)  and  the  results 
are  shown  in  wig.  15.  It  can  be  seen  that  the  bearings  can  sustain  a  longer  time.  How¬ 
ever,  as  illustrated  in  Fig.  15,  the  temperature  of  the  bearings  and  consequently  of  the 
complete  bearing  chamber  rises  steadily,  resulting  in  the  possibility  cr  overheating  the 
bearing  chamber  and  subsequent  oil  fire. 


4.4.3  Measures  for  Avoiding  Damage  of  Bearings 

According  to  I  1)  there  are  some  simple  measures  to  prevent  the  last-mentioned  damage  to 
the  cage.  Unfortunately,  the  same  cannot  be  said  for  the  damage  to  balls  and  races.  Only 
those  measures  which  contribute  to  reducing  the  bearing  loading  hold  promise.  From  Fig.  14 
it  can  be  seen  how  the  permissible  dry  running  times  increase  as  the  axial  load  is  reduced. 
Therefore,  the  following  measures  for  improving  the  dry  running  properties  of  bearings  are 
suggested : 

-  Optimum  design  and  balancing  of  the  air  system  to  achieve  minimum  bearing 
thrust  load, 

-  thrust  load  to  be  absorbed  by  two  bearings, 

-  use  of  lighter  materials,  e.  g.  ceramics,  for  rolling  elements,-  in  order  to 
reduce  centrifugal  forces. 


5.  Bearing  Chamber  Overheating  and  Oil  lire 


One  of  the  most  harmful  effects  of  high  temperatures  in  the  oil/air  system  of  an  air¬ 
craft  engine  is  oil  fire  in  bearing  chambers.  High  temperature  of  the  oil  or  oil/air  mix¬ 
ture  in  the  rear  bearing  chamber  (Fig.  16) ,  which  is  located  in  the  hot  section  of  the  en¬ 
gine,  can  have  various  reasons: 

-  Interruption  of  oil  supply  (emergency  case) :  cooling  of  the  bearing  is  reduced 
and  bearing  friction  increased,  both  causing  bearing  temperature  rise. 


-  inflow  of  large  quantities  of  hot  sealing  air  via  the  damaged  or  worn  out  bearing- 
chamber  seals  into  the  bearing  chamber, 


-  heating  of  bearing-chamber  walls  and  heat  conduction  through  the  bearing  chamber's 
supporting  structure,  which  is  exposed  to  hot  turbine  gases. 


-  excessive  residence  time  of  the  oil/air  mixture  in  the  bearing  chamber  (oil  hiding) . 


Tests  have  shown  that  the  presence  of  an  inflammable  air/oil  mixture  in  the  bearing 
chamber  is  unavoidable,  if  the  oil  supply  is  interrupted,  and  that  ignition  of  this  mixture 
in  the  chamber  can  occur  in  various  ways. 


5 . 1  Spontaneous  Ignition 

Spontaneous  ignition  of  an  oil/air  mixture  can  occur  in  bearing  chambers  only  when  an 
inflammable  mixture  stays  in  the  bearing  chamber  for  a  period  longer  than  the  ignition  delay 
time.  In  addition,  there  have  to  be  temperature  conditions  which  are  conducive  to  a  com¬ 
bustion  reaction  that  becomes  stabilized.  Such  conditions  can  occur  under  certain  circum¬ 
stances  in  areas  of  low  velocity  zones  in  the  rear  bearing  chamber,  e.  g.  in  the  bearing 
chamber  sump  (Fig,  16).  For  working  out  countermeasures,  it  is  of  vital  interest  to  know 
how  prone  engine  oils  are  to  spontaneous  ignition.  As  the  definitions  of  the  spontaneous 
ignition  temperature  (SIT)  of  engine  oils  in  the  specifications  (DERD  2479  or  0-160)  to 
ASTM  and  DIN  are  not  usable  for  practical  applications,  tests  were  carried  out  under  static 
and  dynamic  conditions.  Of  particular  interest  was  the  dependence  of  the  SIT  on  high  pres¬ 
sure.  For  these  investigations,  oil  was  injected  into  a  calorific  bomb  (volume  500  cc) , 
which  was  then  heated.  The  sudden  rise  in  pressure  in  the  bomb  indicated  that  the  temper¬ 
ature  at  which  the  stoichiometric  oil/air  mixture  ignites  had  been  reached.  The  results  of 
tests  with  the  three  engine  oils  to  specification  0-160  are  given  in  Fig.  17.  The  tempera- 


tures  in  this  case  are  probably  not  very  far  off  the  SIT  values  for  an  ideal,  steady- state 
oil  vapour/air  mixture.  The  influence  of  pressure  and  of  oil  t/pe  is  slight. 

Dynamic  tests  were  carried  out  to  simulate  the  engine  conditions  (Pig.  18) .  The  test 
equipment  consisted  of  a  pressure  vessel  fitted  with  an  inspection  window  and  containing 
a  small  oil  sump,  the  bottom  of  which  was  heated  and  over  which  air  flowed.  The  tank  was 
fitted  with  a  perforated  plate  for  increasing  the  residence  time  of  the  air  through  flow. 

Spontaneous  ignition  temperatures  in  the  region  of  320°C  were  determined  for  the  above 
oils  by  varying  the  air  flow  ratio,  the  thickness  of  the  oil  film,  the  residence  time  and 
the  mixture  ratio. 


5.2  External  Ignition 

Ignition,  for  instance  spark  ignition  in  bearing  chambers,  can  occur  even  at  low  temper¬ 
atures  in  the  presence  of  an  inflammable  mixture.  The  sparks  are  produced  by  rubbing  of 
bearing  chamber  seals,  such  as  during  surging.  This  wears  away  the  abradable  coating  of 
the  stationary  part  of  the  seal. 

Initial  experiments,  using  the  above  dynamic  test  equipment  (Fig.  18)  ,  were  conducted 
with  an  inflammable  mixture  of  oil  mist  (generated  by  oil  injection)  and  air.  Ignition  was 
provided  by  sparks  from  a  plug.  As  expected,  appreciably  lower  ignition  temperatures  were 
found  than  those  with  spontaneous  ignition,  namely  as  low  as  120°C. 


5 . 3  Effects  of  High  Oil  Temperatures  in  Bearing  Chambers  on  Lubricating  Oil  Poperties 

Oil  fires  are  accompanied  by  high  temperatures  in  bearing  chambers,  which  can  affect 
the  quality  of  the  engine  oil  and,  thus,  the  operational  reliability  of  the  bearings. 
Analysis  of  engine  oil  samples,  taken  after  certain  running  times  ir  the  oil  fire  simula¬ 
tion  tests  to  get  information  on  the  behaviour  of  the  system  under  oil  off  conditions 
(duration  of  oil  fire:  several  minutes)  ,  provided  the  following  results: 

-  Marked  decomposition  of  the  oil,  verified  by  analysis  of  the  acid  number  and 
the  viscosity  (Fig.  19,  middle),  as  well  as  by  differential  thermo-analysis, 

-  increase  in  the  formation  of  residues,  mainly  soot  from  combustion  (Fig.  19, middle), 

-  the  percentage  decrease  in  the  phenothiazine  is  a  measure  for  the  degradation  of 
the  additives  (Fig.  19,  bottom) ;  the  same  effect  is  found  for  tricresyl-phosphate , 

-  decrease  in  the  load-carrying  capability  (Fig.  19,  bottom)  is  shown  by  the  results 
with  the  four-ball  apparatus/modified  wear  test. 

The  shape  of  the  curves  in  Fig.  19  is  determined,  in  the  first  place,  by  the  number 
of  oil  fires  and,  in  the  second  place,  by  the  amount  of  oil  added  after  each  test,  i.  e. 
the  improvement  in  the  properties  of  the  oil  after  certain  running  times  (Fig.  19,  middle 
and  bottom)  is  due  to  topping  up  with  fresh  oil. 

The  results  show  that  damage  to  bearings  and  gears ,  caused  by  degradation  of  the  prop¬ 
erties  of  the  lubricating  oils  and  increased  formation  of  residues,  is  to  be  expected  after 
extensive  running  times. 


5 . 4  Measures  for  Avoiding  Spontaneous  Ignition  of  Engine  Oils  in  Bearing  Chambers 

As  demonstrated  in  the  tests,  the  lowest  ignition  temperatures  occur  with  external  ig¬ 
nition  and  on  reaching  a  stoichiometric  oil  vapour/air  mixture.  In  addition,  spontaneous 
ignition  depends  on  the  residence  time  of  an  inflammable  mixture,  as  well  as  on  the  wall 
temperature  of  the  bearing  chamber. 

Measures  for  preventing  ignition  are: 

-  Adjustment  of  the  oil/air  ratio  to  avoid  an  inflammable  mixture  during  steady-state 
and  transient  conditions,  and  to  ensure  adequate  cooling  of  the  bearing  chamber 
walls  by  the  oil, 

-  optimum  design  to  achieve  as  low  as  possible  residence  times  of  the  oil/air  mixture 
in  the  bearing  chamber, 

-  selection  of  suitable  materials  for  the  abradable  coatings  to  avoid  sparks, 

-  avoidance  of  hot  spots  on  bearing-chamber  walls  by  efficient  cooling  of  the  walls. 

No  great  improvements  of  oil  properties  can  be  expected  in  the  near  future,  because 
non-inf lammable  or  virtually  non-inflammable  oils  do  not  yet  meet  the  requirements  of  en¬ 
gine  oils  with  regard  to  lubrication  and  bearing  life. 
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6 .  Flight  Attitudes 

To  maintain  the  oil  supply  at  all  flight  attitudes  including  negative  "g"-  and  zero  "g"- 
conditions  for  the  durations  specified  in  Fig.  1  is  by  no  means  an  easy  task.  This  is,  how¬ 
ever,  essentially  a  design  problem. 

This  problem  is  twofold: 

-  The  pressure  pump  must  be  in  a  position  to  supply  oil  with  every  combination  of 
attitude  and  acceleration  the  aircraft  may  encounter. 

-  The  oil  must  return  immediately  from  the  engine  to  the  oil  tank  with  every  possible 
combination  of  attitude  and  acceleration. 

Essentially  three  approaches  exist  towards  the  solution  of  this  problem  which  have  been 
developed  to  a  stage  that  they  meanwhile  are  proven  technology: 

a)  One  has  to  provide  a  sufficient  number  of  suction  and  scavenge  ports,  respectively, 
at  various  locations  in  the  oil  tank,  the  bearing  chambers  and  the  external  gear  box. 
A  system  of  valves  may  then  be  required  to  ensure  that  always  oil  Is  sucked  or  scav¬ 
enged  instead  of  air.  The  tank,  gear  box  and  the  bearing  chambers  must  be  cleverly 
designed  so  that  the  number  of  ports  and  valves  does  not  become  too  large. 

b)  Suction  and  scavenging  is  ensured  by  use  of  moveable  pipes,  connected  to  the  inlet 

of  the  pressure  and  scavenge  pumps,  which,  under  the  action  of  the  "g"-forces,  follow 
the  inclination  of  the  oil  level. 

c)  Pressurized  air,  artificially  created  "g"-loads  and/or  additional  pumps  are 
employed  to  produce  a  continuous  flow  of  oil  to  the  pumps'  during  adverse  flight 
conditions.  Only  this  approach  will  guarantee  continuous  oil  supply  with  zero  "g"- 
conditions. 

In  the  bearing  chambers  usually  approach  a)  suffices  and  can  be  optimized  in  such  a 
manner  that  additional  valves  are  not  necessary,.  For  the  tank  and  gear  box,  approaches  b) 
or  c)  or  combinations  thereof  are  the  most  reasonable  ones.  The  final  solution  must  be 
thoroughly  matched  to  the  exact  requirements  of  the  particular  aircraft.  If,  for  example, 
the  zero  "g"  specification  is  less  severe  than  shown  in  Fig.  1,  an  interruption  of  the  oil 
supply  for  these  durations  may  be  allowable  and  a  solution  using  the  mothods  of  approach  b) 
is  adequate. 

The  designer  has  to  keep  the  volumes  of  bearing  chambers,  gear  boxes,  pipes,  filter  etc. 
to  a  minimum  to  ensure  a  quick  and  sufficient  return  of  the  oil  to  the  tank  and  that  oil 
hiding  cannot  occur. 


7 .  Future  Prospects 

Current  production  fighter  aircraft  engines  meet  the  requirements  shown  in  Fig.  1.  HOW' 
ever,  the  need  for  higher  thrust  to  weight  ratios  and  better  mission  fuel  consumption  for 
future  aircraft  engines  will  lead  to  higher  system  pressures  and  temperatures.  In  the  same 
way  the  sealing  air  pressures  and  temperatures,  i.  e.  the  temperatures  of  the  engine  compo¬ 
nents  and  the  bearing  chambers,  will  increase.  It  is  therefore  necessary  to  improve  the 
present  concepts  so  that  adverse  effects  are  avoided  which  otherwise  would  be  encountered 
in  particular  with  respect  to 

-  heat  generation, 

-  oil  consumption, 

-  bearing  life  (especially  in  emergency  cases) , 

-  oil  fire  behaviour, 

-  oil  degradation  with  running  time. 

Improvements  under  development  comprise,  among  others: 

-  Better  sealing  devices  (for  example  face  seals)  , 

-  rolling  elements  of  bearings  made  from  ceramics, 

-  better,  high  temperature  resistent  oils, 

-  cooling  of  the  sealing  air  and  better  Insulation  of  the  bearing  chamber  structure. 

There  is  no  doubt  that  with  improved  technology  future  fighter  aircraft  engines  will 
also  meet  the  requirements  of  Fig.  1,  in  spite  of  their  elevated  system  temperatures  and 
pressures . 

To  conclude,  the  engineer  is  challenged  by  a  wide  field  of  future  activities. 


□  Low  mission  oil  consumption 


□  Low  heat  to  oil 


□  No  oil  leakage 

(external  and  internal) 


□  No  overheating  of  bearing  chambers 


□  High  bearing  life  and  reliability 

(B 1 0  (DIN  622)  ~  3000-5000  hrs  at  adverse  conditions) 

□  Reasonable  life  of  bearings  at  oil  off  conditions 
(emergency  cases) 


□  Oil  supply  at  all  flight  attitudes 


Right  condition 

Attitude 

g-load 

Duration 

Level  flight 

— 

Continuous 

Climb 

cr 

_ 

«r=  +  30° 
cr=  -1-1 05° 

Continuous 

1  min 

Dive 

il  II 

1  ! 

CO  CO 

o  o 

O  0 

Continuous 

1  min 

Push  over 

— * 

og 

^  10  sec 

Terrain  following 

* 

0g±0,5g 

*  5  sec 

Inverted  flight 

_ _ 

^  60  sec 
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bearing  chamber 


Three  Spool  Engine  General 
Arrangement 


Front  vent 
restrictor 


IPC- 
delivery  air 


Centre  vent 
restrictor 


Rear  vent 
restrictor 


'■’sSL 


Front 

Centre 

Rear 

bearing 

bearing 

bearing  chamber 

chamber 

chamber 

|  HP-spool 

1....7  Air  seals 

i  IP- spool 

— >  Sealing  airflow 

|  LP- spool 

I...VI  Bearings 

Fig.  3: 

Bearing  Chamber  Pressurization  Air  System 
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=>  Sealing  air  2  100  &  *  over  board  fiow 
-  <**•  Vent  and  scavenge  air  Z 100  %  -  overboard  flow 
— ♦  Intershaft  flows  in  percent  of  overboard  flow 


Seal  pressure  drop:  normalized 

with  pressure 
drop  across 
seal  B 


Fig.  4: 

Bearing  Chamber 
Flow  Diagram 


Fig.  5: 

Pressure  Drop 
across  Rear  Bearing 
Chamber  Seal  B 
versus  Air  Seal 
Deterioration 
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Fig.  6: 

Pressure  Drop 
acrossRear  Bearing 
Chamber  Seal  B 
and  Breather  Oil 
Consumption 
versus  Overboard 
Flow 


Pig.  8: 

Centre  Bearing  Chamber 
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Oil flowQ  [%] 


Fig.  10: 

Thrust  Bearing  No.  Ill 
Influence  of  Oil  Flow  on  Bearing 
Temperature  and  Heat  Generation 


Fig.  11: 

Thrust  Bearing  No.  II 
Contribution  of  Squeeze  Film  to  Outer 
Race  Cooling 


L-|Q  R^Q  L+  R  “  Q 


Test  sequence  for  optimization 


ABCD  ABCDABCD  ABCD  ABC  D 


Inner  race  temperature  A_D  Oil  flow  left  side  L 

♦  Outer  race  temperature  A.D  Oil  flow  right  side  R 


Fig.  12: 

Thrust  Bearing  No.  Ill 
Optimization  of  Lubrication 


Bearing  Reaction  to 
Oil  Interruption 


Fig.  14: 

Thrust  Bearing  No.  Ill 
Permissible  Oil 

Interruption  Time  (Rig  results) 


Bearing  temperature  T  - Cage  speed  nc 

Heat  generation  P  -  Oil  flow  Q 


Fig.  15: 

Bearing  Reaction  to 
Reduced  Oil  Flow 


Fig.  19: 

Changes  in  Oil  QucJity  due  to  Spontaneous  Ignition 
Investigated  in  a  Test  Engine 


□  Reduction  of  internal  cooling  air  and 
overboard  air 

□  Reduction  of  bearing  chamber  temperatures  ?nd  pressures 
(Cooling  of  sealing  air  and  development  of  new 

sealing  systems) 

□  Reduction  of  mission  oil  consumption 
(Low  vent  and  scavenge  airflows) 

□  Improvement  of  bearing  capability 
(Introduction  of  new  materials  (ceramics) 

□  Optimization  of  air  and  oil  system  design 
(Reduced  bearing  loads  and  residence  time  of  oii/'air 
mixture  in  bearing  chambers) 

□  Improvement  of  lubrication  oils 
(Stability  at  high  temperatures) 


Fig.  20: 

Future  Development  Tasks 
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J.F. Chevalier,  SNFCMA,  Fr 

In  your  proposals  for  improvements  you  mentioned  ihe  cooling  of  the  sealing  air  for  the  rear  chamber.  Why  do  you 
not  propose  to  have  a  bigger  flow? 

Author's  Reply 

I  think  your  question  has  been  how  do  you  design  the  system  to  get  air,  not  internally  down  the  shafts  to  the  rear 
bearing  chamber,  but  outside.  You  trap  the  air  at  the  same  position  here  in  the  intermediate  case  and  put  the  air 
in  downstream.  You  cool  it  with  cooler  and  then  you  guide  the  air  inside  the  core  engine,  to  the  rear  bearing 
chamber. 


V. Bruno,  Pratt  &  Whitney,  Ca 

The  temperature  distribution  diagrams  in  Figure  I  2  show  measurements  taken  at  very  close  locations  along  the  race¬ 
ways.  How  were  these  measurements  made  and  were  the  locations  on  each  single  race  angularly  offset? 

Author’s  Reply 

The  holes  were  drilled  from  the  outside  and  t tie  thermocouple:!  inserted  from  the  outside.  The  distance  between  the 
surface  of  the  outer  race  and  the  temperature  couple  is  approximately  half  a  millimeter.  We  have  accounted  for  titis 
and  we  have  a  correlation  between  the  actual  temperature  in  the  oil  film  and  the  thermocouple  temperature. 


LUBRICATION  OF  35-MILLIMETER-BORL  BALL  BEARINGS 
OF  SEVERAL  DESIGNS  AT  SPEEDS  TO  2.5  MILLION  DN. 


by 

HANS  R.  SIGNER 
INDUS'I'RIAI.  11<  TONICS,  INC'. 
COMPTON .  CALIFORNIA  9  0  2  2  4 

and 

FREDRICK  T.  SCHULLER 
NASA  - 1 LWIS  RESEARCH  CLNITR 
CLEVELAND.  OHIO  44135 


SUMMARY 

Parametric  tests  were  conducted  with  35mm  bore,  angular  contact  ball  bearings  with  either  a 
single  or  double-outer-land-guided  cage.  The  bearings  were  either  lubricated  by  oil  jets  or 
employed  inner  ring  lubrication.  Outer  ring  cooling  was  added  in  selected  tests. 

Test  conditions  were  a  radial  load  of  222  N  (50  lb)  and/or  a  thrust  load  of  667  N  (150  lb), 
shaft  speeds  to  72,000  rpm,  and  an  oil  inlet  temperature  of  394  K  (250°F) .  Lubricant  flow 
to  the  bearing  ranged  from  300  to  1900  cma/min  (0.08  to  0.50  gal/min) . 

All  bearings  were  successfully  run  at  speeds  to  2.5  million  DN.  Increasing  the  lubricant 
flow  decreased  bearing  ring  temperatures  but  increased  bearing  power  loss.  The  power  loss 
and  race  temperatures  of  a  jet  lubricated  bearing  with  double-outer-land-guided  cage  were 
always  higher  than  those  of  the  single-land-guided-design  at  similar  test  conditions.  The 
lowest  bearing  operating  temperatures  were  achieved  when  inner  ring  lubrication  and  outer 
ring  cooling  were  combined.  Cage  slip  of  a  double-outer-land-guided  cage  was  approximately 
twice  that  of  a  single-outer-land-guided  cage. 


INTRODUCTION 

Small  advanced  turbine  engines,  0.5  to  4.6  kg/sec  (1  to  10  lb/sec)  total  air  flow,  require 
bearings  that  can  operate  in  the  speed  range  of  2.5  million  DN  (product  of  the  bearing  bore 
in  millimeters  and  the  shaft  speed  in  rpm)  and  at  high  temperatures.  Bearing  designs  and 
.lubrication  techniques  must  be  refined  and  optimized  for  reliable  engine  performance  and 
lonq  bearing  life. 

The  conventional  method  of  lubricating  small  high-speed  ball  bearings  uses  oil  jets.  Due 
to  centrifugal  forces  and  windage  which  prevent  the  oil  from  effectively  lubricating  and 
cooling  the  cage  and  rolling  contacts,  reliable  operation  is  limited  to  about  2.5  million 
DN.  Proper  cage  design  and  adequate  oil  flow  can  increase  the  speed  as  described  in  ref.  1 
where  2.85  million  DN  was  achieved  with  a  30mm  bore,  jet  lubricated  deep  groove  ball  bearing. 

Large-bore  ball  and  roller  bearings  have  been  successfully  tested  at  speeds  to  3.0  million 
DN  (refs.  2  to  5) .  In  these  tests  the  lubricant  was  fed  to  the  bearings  through  radial 
holes  in  the  inner  ring.  Inner  ring  lubrication  also  shows  promise  for  reliable  operation 
of  smaller  bearings  at  high  speeds.  This  is  especially  true  when  it  is  combined  with  exter¬ 
nal  cooling  of  the  bearing  ring  surfaces,  as  reported  in  references  2  to  5  for  large 
bearings . 

One  of  the  principal  bearing  elements  is  the  cage,  and  its  design  greatly  affects  the 
limiting  speed.  For  example,  in  reference  1,  operation  at  2.85  million  DN  caused  a  failure 
of  the  outer-land-guided  cage,  whereas  an  inner-land-guided  cage  was  limited  to  a  DN  value 
to  1.65  million.  As  discussed  in  references  6  and  7,  other  investigators  found  most  reli¬ 
able  bearing  performance  with  outer-land-guided  cages.  The  outer  ring  land  surfaces  are 
usually  more  thoroughly  lubricated  due  to  the  centrifugal  oil  flow  pattern  within  a  bearing. 
For  small,  jet  lubricated  high-speed  bearings,  therefore,  outer-land-guided  cages  are  usu¬ 
ally  recommended. 

The  research  reported  herein  was  conducted  to  investigate  the  performance  of  35mm  bore,  an¬ 
gular  contact  ball  bearings  at  speeds  to  2.5  million  D.b.  Tne  primary  objectives  were  to  (a) 
determine  the  operating  characteristics  under  variable  lubricant  flow  conditions  at  high 
speeds,  (b)  establish  the  effects  of  lubricant  introduction  methods  using  jet  lubrication, 
inner  ring  lubrication  and  outer  ring  cooling,  and  (c)  determine  the  effects  of  single-and 
double-outer-land-guided  cage  designs  on  high  speed  bearing  performance. 


APPARATUS 


HIGH  SPEED  BEARING  TESTER 

A  general  view  of  the  air-turbine-driven  test  machine  is  shov-n  in  figure  1.  A  sectional 
drawing  is  shown  in  figure  2.  The  shaft  is  mounted  horizontally  and  is  supported  by  two 
preloaded,  angular-contact  ball  bearings.  The  test  bearing  is  assembled  into  a  separate 
housing  that  incorporates  the  hardware  for  lubrication,  oil  removal,  thrust  and  radial  load 
application,  and  instrumentation  for  cage  speed  measurement.  Test  bearing  torque  is  mea¬ 
sured  with  strain  gages  located  near  the  end  of  an  arm  that  prevents  the  housing  from  rota¬ 
ting.  Thrust  force  is  applied  through  a  combination  of  a  thrust  needle  bearing  and  a  small 
roller  support  bearing  which  minimizes  test  housing  restraint  during  torque  measurements . 
Radial  load  is  applied  to  the  test  bearing  through  knife-edge  bearings. 

The  test  bearing  was  lubricated  either  by  dual  jets  or  through  the  inner  ring.  The  oil 
jets  were  located  approximately  3.0mm  (0.12  in.)  from  the  non-loaded  side  of  the  inner  ring 
face  and  were  aimed  at  the  inner  raceway.  In  separate  tests,  not  reported  herein,  it  was 
determined  that  a  20  m/s ec  (66  ft/sec)  jet  velocity  provided  the  most  efficient  lubrication 
of  the  test  bearing.  This  velocity  was  used  in  all  the  tests. 

When  inner  ring  lubrication  was  used,  oil  was  pumped  by  centrifugal  force  from  the  center 
of  the  hollow  shaft  through  axial  grooves  in  the  test-bearing  bore  and  through  a  series  of 
radial  holes  to  the  bearing  inner  race.  Cooling  oil  was  supplied  to  the  outer  ring  by  means 
of  holes  and  grooves  in  the  bearing  housing,  shown  in  figure  2.  Shaft  speed  (inner  ring 
speed)  was  measured  with  a  magnetic  probe.  Ball-pass  frequency  (cage  speed)  was  determined 
by  analyzing  signals  from  a  semiconductor  strain  gaoe  mounted  in  a  cavity  of  the  test¬ 
bearing  nousing  close  to  the  bearing  outer  race.  Two  thermocouples  were  assembled  in  the 
shaft  to  measure  inner  ring  temperatures  through  a  rotating  telemetry  system.  Outer  ring 
temperatures  were  obtained  by  two  thermocouples  installed  in  the  test-bearing  housing.  The 
high-speed  bearing  tester  is  described  in  detail  in  references  8  and  9. 


TEST  BEARINGS 

The  test  bearings  were  ABEC-7  grade,  35mm  bore,  angular  contact  ball  bearings  with  a  double 
or  single-outer-land-guided  cage,  as  shown  in  figures  3(a)  and  3(b).  The  effective  land 
area  of  the  double-outer-land-guided  cage  bearing  was  approximately  three  times  that  of  the 
single-outer-land-guided  cage  bearing.  It  weighed  16  percent  mere  than  the  single-outer- 
land-guided  cage.  The  cage  balance  was  within  0.05  g-cm. 

One  bearing  design,  fig  3(c),  permitted  lubrication  through  the  inner  ring  by  means  of  axial 
grooves  machined  in  the  bore.  There  were  16  axial  grooves  in  the  bearing  bore.  Eight 
0.76mm  (0.030  in.)  diameter  holes  (one  in  every  other  axial  groove)  radiating  from  the 
bearing  bore  formed  a  flown-it;.  for  bearing  lubrication.  Therefore,  it  was  assumed  that  50 
percent  of  the  oil  supplied  to  the  inner  ring  lubricated  the  bearing  and  50  percent  flowed 
axially  through  those  grooves  that  contained  no  radial  holes  and  cooled  the  inner  ring.  In 
some  tests,  four  of  the  eight  radial  holes  were  plugged  to  allow  25  percent  of  the  total 
flow  to  be  used  for  bearing  lubrication  and  75  percent  for  inner  ring  cooling. 

A  detailed  specification  of  the  test  bearings  is  given  in  table  I. 


LUBRICANT 

The  lubricant  used  for  the  parametric  studies  was  a  neopentylpolyol  (tetra)  ester.  This 
type  II  oil  is  qualified  to  the  MIL-L-23699  specifications.  The  major  properties  of  the 
lubricant  are  presented  in  table  II. 


TEST  PROCEDURE 

After  warming  the  test  machine  by  circulating  heated  oil  and  calibrating  the  torque  measuring 
system,  test  loads  were  applied  and  the  lubricant  flow  rate  was  set  at  1900  cm3/min  (0.50 
gal/min) .  The  shaft  was  then  slowly  brougnt  up  to  the  test  speed.  When  bearing  and  test 
machine  temperatures  stabilized,  the  oil-inlet  temperature  and  lubricant  flow  rate  were  set 
to  the  desired  values.  A  test  series  was  run  oy  starting  at  the  lowest  speed,  a  nominal 
48,000  rpm,  and  progressing  through  65,000  and  72,000  rpm  before  changing  the  lubricant  flow. 
Four  lubricant  flow  rates  to  the  bearing  inner  ring  of  300  to  1900  cm3/min  (0.08  to  0.50 
gal/min)  were  used.  In  some  tests,  a  separate  run  was  made  during  which  outer  ring  cooling 
oil  flow  was  employed. 

If  it  became  apparent  during  the  course  of  testing  that  a  test  condition  would  result  in 
predictable  distress  of  the  test  bearing  or  test  rig,  or  generate  a  bearing  temperature 
above  491  K  (425°F),  that  test  point  was  aborted  or  omitted. 


RESULTS  AND  DISCUSSION 
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EFFECT  OF  CAGE  DESIGN  ON  PERFORMANCE  OF  JET  LUBRICATED  BFARINGS 

Parametric  performance  tests  were  conducted  with  jet-lubricated  35mm  bore,  angular  contact 
ball  bearings.  Either  a  single  or  a  double-outer-land-guided  cage  was  used.  Except  for 
the  cage  design  and  the  inside  diameter  of  one  outer  ring  land  the  two  bearings  were  iden¬ 
tical  (fig.  3(a)  and  (b)).  These  tests  were  run  with  combined  radial  and  axial  loads  of 
222  N  (50  lb)  and  667  N  (150  lb)  respectively. 


EFFECT  OF  CAGE  DESIGN  ON  BEARING  TEMPERATURE 


The  effect  of  lubricant  flow  rate  on  bearing  temperature  at  three  different  speeds  is 
shown  in  figure  4.  The  ring  temperatures  of  bearings  with  either  cage  design  decreased 
with  increasing  oil  flow.  The  bearing  with  the  double-outer-land-guided  cage  ran  hotter 
at  ull  speeds.  The  temperature  difference  between  the  two  bearings  increased  with  speed 
and  reached  25  K  (45°F)  at  72,250  rpm  at  a  flow  rate  of  1900  cms/min  (0.50  gal/min) . 

The  higher  temperatures  of  the  hearing  with  the  double-outer-land-guided  cage  are  partially 
due  to  shearing  of  the  oil  over  the  larger  land  areas  in  this  bearing.  Also  the  lubrica¬ 
ting  oil  becomes  trapped  by  the  extra  land,  adding  heat  due  to  churning  within  the  bearing, 
whereas  the  single  land  allows  a  free  evacuation  of  the  oil. 


EFFECT  OF  CAGE  DESIGN  ON  BEARING  POKER  LOSS 


Two  approaches  were  used  to  determine  bearing  power  loss.  In  the  first,  outer  ring  torque 
was  measured.  In  the  second,  the  heat  rejected  to  the  lubricant  was  determined.  Bearing 
power  loss  is  dissipated  in  the  form  of  heat  rejected  to  the  lubricant  and  transferred  by 
conduction,  convection,  and  radiation  to  the  surrounding  environment.  To  obtain  a  measure 
of  this  heat  rejection  and,  thus,  power  loss  within  the  bearing,  oil  inlet  and  outlet 
temperatures  were  measured  for  all  conditions  of  lubricant  flow.  The  heat  energy  absorbed 
by  the  lubricant  was  obtained  from  the  standard  heat  transfer  equation. 


Qt  = 
where 

°T 

M 

CP 
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MCr 


^out  fcin) 


total  heat  transfer  rate  to  the  lubricant,  J/min  (Btu/min) 

mass  flow  rate,  kg/min  (lb/min) 
specific  heat,  J/kg  K  (Btu/lb  CF) 

oil  outlet  temperature,  K  <’F) 
oil  inlet  temperature,  K  (°F) 


Power  loss  obtained  from  torque  readings  and  as  determined  from  heat  rejected  to  the  oil 
are  plotted  in  figure  5  for  both  the  single  and  the  double-outer-land-guided  cage  bearings. 

The  disadvantage  of  a  double-outer-land-guided  cage  becomes  apparent  when  comparing  power 
demands  of  the  two  cage  designs.  Figure  5  shows  that  power  loss  increases  with  increasing 
speed  and  lubricant  flow  for  bearings  with  either  cage  configuration.  However,  the  power 
losses  of  a  double-outer-land-guided  cage  bearing  are  considerably  higher  and  increase  at 
a  faster  rate  with  increasing  speed  and/or  with  increasing  lubricant  flow  to  the  bearing. 
Churning  of  the  oil,  which  is  entrapped  by  the  double-outer-land-guided  cage,  and  the 
drag  in  the  larger  separator  land  areas  are  believed  to  cause  the  increased  power  loss  in 
this  design. 

Relatively  good  correlation  was  obtained  between  the  power  loss  values  obtained  from  torque 
measurements  and  those  by  c.  ^,-ulating  the  heat  transferred  to  the  oil.  In  figure  5,  both 
methods  show  identical  trends.  The  heat  transfer  calculations  yielded  somewhat  lower 
values,  which  may  be  explained  by  unaccounted  heat  losses  tc  the  environment. 

When  designing  a  power  sensitive  system,  the  highest  lubricant  flow  rate  may  not  be  the 
most  desirable  choice,  even  though  it  produces  the  lowest  bearing  operating  temperatures. 
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EFFECT  OF  CAGE  DESIGN  ON  CAGE  SLIP 


To  determine  percent  cage  slip,  the  epicyclic  cage  speed  C  ^  at  the  various  test  shaft 

speeds  was  obtained  from  a  computer  program  SHABERTH  (ref.  10),  which  allows  a  complete 
mathematical  simulation  of  a  dynamic  bearing  system.  However,  thermal,  lubricant  and 
bearing  fit  effects  were  not  considered  in  this  solution  of  epicyclic  cage  speed.  A 
subsequent  calculation  at  the  highest  speed  (72,300  rpm)  and  a  thrust  load  of  667  N 
(150  lb),  considering  all  the  centrifugal  growth  effects  on  the  inner  ring,  showed  the 
epicyclic  speed  to  change  only  from  33,000  rpm  to  32,720  rpm.  This  resulted  in  the  cal¬ 
culated  slip  changing  from  7.0  to  6.2  percent  for  this  point.  Therefore,  all  the  values 
of  C  ^  were  not  recalculated.  The  calculated  epicyclic  cage  speeds  were  combined  with 

the  measured  experimental  cage  speed  C  .  to 


Percentage  cage  slip  =  (1  - 


exp 

C  /C  . ) (100) 
exp  epi 


Figure  6  shows  that  percent  cage  slip  increases  with  speed  at  about  the  same  rate  for  each 
of  the  three  lubricant  flow  rates  tested.  The  double-outer-ring-guided  cage  bearing 
showed  a  higher  percent  cage  slip  than  the  single-outer-ring-guided  cage  at  all  speeds 
and  lubricant  flow  rates.  It  also  showed  a  higher  change  of  cage  slip  with  increasing 
flow.  For  all  speeds  and  flow  rates  tested,  the  cage  slip  ranged  from  1.0  to  10.2  percent 
for  both  bearing  configurations.  The  small  increase  in  slip  with  flow  rate  is  primarily 
due  to  additional  drag  on  the  balls  and  cage.  Percent  cage  slip  for  a  double-outer-land- 
guided  cage  bearing  ranged  from  1.5  to  2.7  times  that  for  a  single-outer-land-guided  cage 
bearing  over  the  range  of  lubricant  flow  rates  and  speeds  shown.  The  double-land-guided 
cage,  because  of  its  greater  surface  area,  has  more  drag  as  it  rotates  against  the  outer 
ring.  This  increased  drag  and  the  oil  churning  reduce  cage  speed  (increase  slip)  to  a 
greater  extent  than  with  the  single-outer-land-guided  cage.  The  observed  increase  in 
cage  slip  with  increasing  shaft  speed  for  both  configurations  could  be  expected  due  to 
centrifugal  forces  decreasing  the  ball  load,  and  thus  traction  at  the  inner  raceway 
contact.  Increasing  the  shaft  speed  also  increases  the  drag  at  the  land  area,  especially 
with  the  double  land  cage  design. 


EFFECTS  OK  INNER  RINCi  LUBRICATION  ON  BEARING  PERFORMANCE 

Inner  ring  lubrication  was  studied  in  a  series  of  tests  with  a  35mm  angular  contact  ball 
bearing.  The  bearing,  shown  in  figure  3(c),  was  fitted  with  the  single-outer-land-guided 
cage  which  rendered  superior  performance  in  the  tests  previously  described.  The  lubricant 
was  supplied  through  passages  at  the  inner  ring.  The  tests  were  run  with  a  tluust  load 
of  667  N  (150  iu) . 


EFFECT  OF  OIL  FLOW  DISTRIBUTION  THROUGH  THE  INNER  RING  ON  BEARING  TEMPERATURE 

The  effects  of  lubricant  distribution  through  the  inner  ring  on  bearing  inner-and-outer 
ring  temperature  are  shown  in  figures  7  and  8,  respectively.  Two  oil  flow  schemes  were 
tested.  In  the  first  one,  50  percent  of  the  oil  flowed  through  the  bearing  inner  ring 
for  lubrication  and  50  percent  flowed  axially  only,  for  inner  ring  cooling.  In  the 
second  flow  scheme,  25  percent  was  used  for  lubrication  and  75  percent  for  cooling.  As 
expected,  the  bearing  temperature  decreased  with  increasing  lubricant  flow  to  the  bearing 
for  all  conditions  investigated.  The  lube  flow  scheme  using  75  percent  of  the  oil  to 
cool  the  inner  ring  and  25  percent  to  lubricate  the  bearing  resulted  in  higher  ring 
temperatures  than  the  50-50  percent  distribution  for  all  three  shaft  speeds.  Apparently 
the  25-75  percent  oil  split  supplied  less  than  the  "optimum"  amount  of  lubricant  to  the 
bearing,  and  the  added  cooling  flow  through  the  axial  grooves  in  the  inner  ring  did  not 
improve  the  cooling  of  this  component.  Hence,  we  find  that  an  oil  flow  distribution  of 
50  -  50  percent  for  lubrication  and  inner  ring  cooling  is  more  desirable. 


EFFECT  OF  OUTER  RING  COOLING 

In  selected  tests  the  exterior  surfaces  of  the  bearing  outer  ring  were  cooled  with  an  oil 
flow  of  1700  cm3/min  (0.45  gal/min).  Both,  the  coolimi  and  lubricating  oil  inlet  tempera¬ 
tures  were  maintained  at  394  K  (250°F) .  The  results  are  shown  in  figures  7  and  8.  At 
the  lowest  shaft  speed  of  47,200  (figure  7(a))  outer  ring  cooling  reduced  the  outer  ring 
temperature  by  about  36  to  8  K  (65  to  14°F)  as  the  total  oil  flow  to  the  inner  ring  was 
increased  from  300  to  1900  cm3/min  (0.06  to  0.50  gal/min).  At  the  higher  speeds,  figures 
(7(b)  and  (c) )  ,  the  outer  ring  temperature  decreased  by  42  to  16  K  v  7 5  to  28°F)  as  the 
total  oil  flow  was  increased  from  580  to  1900  cm3/min  (0.15  to  0.50  gal/min).  The  re¬ 
duction  in  outer  ring  temperature  with  outer  ring  cooling  was  approximately  equal  for  the 
50-50  percent  and  25-75  percent  total  oil  flow  distributions. 

Outer  ring  cooling  had  little  or  no  effect  on  the  inner  ring  temperature  (fig.  8) .  The 
reduction  of  the  inner  ring  temperature  varied  from  0  to  6  K  (0  to  11 °F)  over  the  entire 
range  of  oil  flows,  shaft  speeds  and  with  both  oil  distribution  patterns. 
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EFFECT  OF  SPEED  ON  TEMPERATURES  OF  INNER  RING-AND  JET  LUBRICATED  BEARINGS 

The  effect  of  speed  on  the  test  bearing  temperature  for  the  50-50  and  25-75  percent  inner 
ring  oil  flow  distribution  patterns  is  shown  in  figure  9  and  compared  with  that  of  the 
jet-lubricated  bearing.  With  all  lube  schemes  the  bearing  ring  temperatures  increased 
with  increasing  speed  and  decreased  with  increasing  oil  flow.  Bearing  lubrication 
through  the  inner  ring  produced  lower  inner  ring  temperatures  and  higher  outer  ring 
temperatures  than  jet  lubrication  at  corresponding  speeds  and  lube  flow  rates.  This 
is  not  unexpected,  since  through-the-f nner-ring  lubrication  cools  the  inner  ring  on  its 
exterior  surfaces,  and  only  a  portion  (25  or  50  percent)  of  the  inner  ring  oil  flow  enters 
the  bearing  to  lubricate  and  cool  the  outer  ring. 

The  effects  of  outer  ring  cooling,  previously  discussed  and  illustrated  in  figures  7  and  8, 
are  cross-plotted  onto  figure  9.  Only  values  for  the  50-50  percent  oil  split  and  a  con¬ 
stant  outer  ring  cooling  oil  flow  of  1700  cm3/min  (0.45  gal/min)  are  shown.  The  outer 
ring  temperature  approached  that  of  the  inner  when  inner  ring  lubrication  and  outer  ring 
cooling  were  combined,  giving  the  lowest  operating  temperatures  measured.  The  improved 
elastohydrodynamic  film  thickness  associated  with  lower  operating  temperatures  is  known 
to  increase  bearing  fatigue  life  (ref.  11) . 


POWER  LOSS;  INNER  RING  -  AND  JET  LUBRICATED  BEARINGS 

Bearing  power  loss,  determined  from  torque  measurements,  is  plotted  in  fig.  10.  Inner 
ring  lubricated  bearings  with  a  50-50  and  a  25-75  percent  oil  flow  split  show  almost 
identical  power  loss,  ranging  from  0.6  to  2.5  kW  (0.8  to  3.4  hp)  over  the  entire  range 
of  speeds  and  flow  rates  tested.  The  largest  increase  in  power  loss  was  about  1.27  kW 
(1.7  hp)  at  a  total  oil  flow  rate  of  1900  cm3/min  (0.50  gal/min)  over  a  speed  range  of 
47,000  to  72,000  rpm.  The  jet  lubricated  bearing  showed  slightly  less  power  loss  at  the 
higher  oil  flow  rates  of  1300  and  1900  cm3/min  (0.35  and  0.50  gal/min). 

Figure  11  illustrates  bearing  power  loss  calculated  from  heat  transferred  to  the  lubricant. 
Correlation  with  the  power  loss  values  from  torque  measurements,  fig.  10,  is  excellent 
over  the  entire  range  of  speeds,  flows  and  for  all  bearing  configurations  tested. 


CAGE  SLIP;  INNER  RING  -  AND  JET  LUBRICATED  BEARINGS 

For  all  lube  schemes,  the  percent  cage  slip  increased  significantly  with  increasing  inner 
ring  speed,  but  only  slightly  with  increasing  lubricant  flow  rate  as  illustrated  in 
figs  12  and  13.  Only  small  differences  in  cage  clip  were  detected  between  the  inner  ring 
lubricated  bearings  with  a  50-50  and  25-75  percent  oil  flow  split.  At  low  inner  ring 
speeds,  the  jet  lubricated  bearings  showed  higher  cage  slip  than  the  inner  ring  lubricated 
bearing.  But  as  the  lube  flow  rate  and  speed  increased,  the  difference  in  cage  slip  be¬ 
tween  the  bearings  dimeniuhed.  The  maximum  cage  slip  of  7.0  percent  occurred  at  72,300 
rpm,  at  a  total  oil  flow  rate  of  1900  cm3/min  (0.50  gal/min)  with  an  oil  flow  distribution 
of  50-50  percent  through  the  inner  ring. 

A  visual  examination  of  the  bearing  after  running  showed  no  damage  to  the  raceway  and  ball 
surfaces,  indicating  that  the  measured  cage  slip  was  not  of  sufficient  magnitude  to  affect 
satisfactory  bearing  operation.  The  silver  plated  land  and  ball  pocket  surfaces  of  the 
cage  were  lightly  burnished  but  showed  no  signs  of  significant  wear. 


CONCLUSIONS 

The  performance  of  35mm  bore,  angular  contact  ball  bearings  was  investigated  in  parametric 
tests.  The  bearings  had  a  nominal,  unmounted  conta  angle  of  24°  and  either  a  single-or 
a  double-outer-land-guided  cage.  The  investigation  included  lubrication  by  oil  jets  or 
through  passages  in  the  bearing  inner  ring.  When  inner  ring  lubrication  was  used,  the  oil 
was  channeled  through  axial  grooves  and  radial  holes  in  the  bearing  inner  ring.  In  some 
tests,  50  percent  of  the  oil  supplied  to  the  inner  ring  wa>  introduced  into  the  bearing 
for  lubrication  and  50  percent  cooled  the  inner  ring  exterior  surfaces.  In  other  tests 
the  distribution  was  25  percent  lubrication  and  75  percent  cooling.  In  selected  tests 
the  bearing  outside  diameter  was  cooled  with  a  constant  oil  flow  of  1700  cm3/min  (0.45 
gal/min) . 

Test  conditions  included  nominal  shaft  speeds  from  48,000  to  72,000  rpm,  a  radial  load  of 
222  N  (50  lb)  and/or  a  thrust  load  of  667  N  (150  lb).  Lubricant  flow  to  the  bearing 
ranged  from  300  to  1900  cm3/min  (0.08  to  0.50  gal/min)  at  an  inlet  temperature  of  394  K 
(250°F).  The  following  results  were  obtained: 


1.  All  bearings  were  successfully  run  at  speeds  to  2.5  million  DN.  Generally,  in¬ 
creasing  the  lubricant  flow  decreased  bearing  ring  temperatures  but  increased 
bearing  power  loss. 


2.  Race  temperatures  and  power  loss  of  a  jet  lubricated  bearing  with  double-outer- 
land-guided  cage  were  always  higher  than  those  of  the  single-land-guided-design 
at  equivalent  test  conditions. 

3.  Cage  slip  in  a  bearing  with  double-outer-land-guided  cage  was  1.5  to  2.7  times 
higher  than  in  a  bearing  with  a  single-outer-land-guided  cage,  over  the  entire 
range  of  speeds  and  lubricant  flow  rates  tested.  The  increase  in  cage  slip  with 
increasing  lubricant  flow  rate  was  minimal,  however,  cage  slip  increased  signifi¬ 
cantly  with  speed. 

4.  The  inner  ring  lubricated  bearing  with  an  oil  flow  distribution  pattern  of  50  percent 
lubrication  and  50  percent  inner  ring  cooling  ran  slightly  cooler  than  an  equivalent 
bearing  with  a  25-75  percent  oil  distribution. 

5.  Without  outer  ring  cooling,  the  innei  ring  of  an  inner  ring  lubricated  bearing  ran 
cooler  and  its  outer  ring  temperatures  were  higher  than  in  a  jet  lubricated  bearing 
at  equivalent  operating  conditions. 

6.  Outer  ring  cooling  reduced  the  bearing  outer  race  temperature  significantly,  but 
affected  the  inner  race  temperature  only  slightly.  The  outer  ring  temperature 
approached  that  of  the  inner  when  inner  ring  lubrication  and  outer  ring  cooling 
were  combined,  giving  the  lowest  operating  temperatures  measured.  The  improved 
elastohydrodynamic  film  thickness  associated  with  lower  operating  temperatures  is 
known  to  increase  bearing  fatigue  life. 
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TEST  BEARING  SPECIFICATION 


Bearing  dimensions ,  mm  (in.)t 

Bora  .  35  (1.3780) 

Outside  dianuter . 62  (2.4409) 

Width . 14  (0.5512) 

Cage  apacificationa i 

Diametral  land  clearance,  run  (In.) . 0.406  (0.016) 

Diamatral  ball-pocket  clearance,  mm  (in.) . 0.660  (0.026) 

Ma  erial . WAISI  4  340  , silver  plated 

Rockwall  C  hardness  . . . ,.,..28- >6 

Bearing  ball  specifications! 

Number . 16 

Diameter,  mm  (in.) .  7.14  (0.28) 

Grade . 10 

Material . <0>CK\M  M-50 

Rockwell  C  hardness  (minimum) . 60 

Race  conformity,  percent! 

Inner .  5  4 

outer .  52 

Race  material! 

Inner  and  outer  ring . . . 'v'CEVM  M-50 

Rockwell  C  tU  'dnasa  (average) . 62 

Assembly! 

Internal  radial  clearance,  mm  (in.) . 0.074  (0.0029) 

Contact  angle,  deg . 24 
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E>)AMS  64 15 ;  Ag  plating  AMS  2412,  0 . 02-0 . 04mm  (0 . 000  8-0 . 0015  in.) 
((HAMS  6490 


TABLE  II.  -  PROPERTIES  of  TETRAESTER  LUBRICANTS 


•ulditivea . Antiweev,  corrosion  and  oxidation 

inhibitors,  and  antifoam 

Kinematic  viscosity,  cS,  at 

3X1  K  (100’F) . 28.5 

372  K  <210”F) . 5.22 

477  K  (400*F) . . 

Flashpoint,  K  <*F) . 533(500) 

Autogenous  ignition  temperature,  K  (*F) . 694(800) 

Pourpoint,  K  (*F) . 214  (-75) 

Volatility  (6.5  hr  at  477  K  (400*F)),  wt» .  3.2 

Specific  heat  at  372  K  (210*F) 

J/kg  K  (Btu/lb*F) . 2140  (0.493) 

Thermal  conductivity  at  372  K  (210*F) 

j/m  see  K  (Btu/hr  ft  °F) . 0.15  (0.088) 

Specific  gravity  at  372  K  <710*F) . 0.931 
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figure  1.  -  Hlgh-sptad,  'mall-bora-bairlng  last  machine. 
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Figure  2.  -  Schematic  of  high-speed,  small-bore-bearing  test  rig. 


v  Double-outer-land-guided  cage 
0  Single-outer-land-gu!ded  cage 

—  Outer  ring 

—  Inner  ring 
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(a)  Double-outer-land-guidod  cage; 
jet  lubricated. 


(a)  47  600  rpm. 


Outer  ring 


Thrust 


Inner  ring 


tb)  Single-outer-land-guided  cage; 
jet  lubricated. 
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(c)  Single-outer-land-guided  cage; 
inner-ring  lubricated. 

Figure  3.  -  Angular-contact  bail  bearing. 
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(b)  64  900  rpm. 
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(c)  72  250  rpm. 

Figure  4,  -  Effect  of  oil  flow  on  test  bearing  temperature  for 
two  bearing  configurations.  No  outer -riuo  cooling;  com¬ 
bined  load:  thrust,  667N  (150  lb);  racial,  222N  (50  lb). 
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Lubricant  (low  through  bearing  inner  ring 

50  percent  for  lubrication;  50  percent  for  Inner  ring  cooling 
25  percent  lor  lubrication;  75  percent  for  inner  ring  cooling 
No  outer  ring  cooling  through  housing 
Outer  ring  cooling  through  housing 
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(a)  Shaft  speed,  47  200  rpm. 


(bj  Shaft  speed,  64  700  rpm. 
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Figure  7.  -  Effect  of  lubricant  flow  rate  on  bearing  outer  ring 
temperature. 


Lubricant  [low  through  bearing  inner  ring 

O  50 percent  for  lubrication;  50 percent  for  inner  ring  cooling 
□  25  percent  for  lubrication;  75  percent  for  inner  ring  cooling 

- No  outer  ring  cooling  throuqh  housing 

- Outer  ring  cooling  through  housing 


(a)  Shaft  speed.  47  200  rpm. 


(b)  Shaft  speed,  64  700  'om. 


600  1000  1400  1800  220 

Lubricant  flow  rate,  cnnmin 


•1  .2  .3  .4  .5 

Lubricant  flow  rate,  gal/min 

(c)  Shaft  speed,  72  300  rpm. 

Figure  8.  -  Effect  of  lubricant  flow  rate  on  bearing  inner  ring 
temperature. 


Cage  slip,  percsn' 


Lubricant  flowthrough  bearing  .nner  ring 

- 50 percent  for  lubrication;  50 percent  for  inner  ring  cooling 

- 25 percent  for  lubrication;  75  percent  for  inner  ring  cooling 

- Jet  lubrication 

Solid  symbols  denote  points  obtained  by  crossplotting  from  other  figures 


(a)  Lubricant  flow  rate,  580cnr7min  (G.15  gai/min).  <b)  Lubricant  flew  rate,  760cmJ/min  ((120  gal/m  in). 


000  35  000  65  000  75  000  45  000  55  000  65  000  75  00 

(c)  Shaft  speed,  rpm 

(c)  Lubricant  flow  rate,  1300  cm3/min  (0. 35  gal/min).  (d)  Lubricant  flow  rate.  1700  cm3/min  (0. 50  gal/min). 


Figure  13.  -  Effect  of  shaft  speed  on  rage  slip  for  two  different  lubricant  supply  systems.  No  outer  ring  cooling 
through  housing. 
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Diseuy^oN 


B.Courage,  Rolls  Roycc  Ltd,  Bristol,  UK 

The  reduction  of  power  loss  brought  about  by  changing  from  a  double  to  a  single  guid:rig  land,  as  depicted  in  Figure 
5(a)  and  (b)  is  a  significant  and  very  worthwhile  achievement.  Could  the  authors  enlarge  on  thr  specific  changes  that 
bring  this  about,  i.e.,  is  it  (a)  the  reduction  of  the  total  guide  land  surface,  which  seems  unlikely,  or  (b)  the  change  in 
cross-sectional  shape  of  the  cage  which  will  clearly  alter  its  general  drag  or  churning  potential,  or  (c)  the  increased 
bore  diameter  of  the  right-hand  outer  race  shoulder  which  will  reduce  the  volume  of  oil  that  can  be  entrained  by  the 
race,  or  (d)  the  overall  increase  in  the  exit  path  available  for  the  oil.  Some  further  testing  would  be  of  considerable 
value  to  isolate  the  major  factors  in  order  that  more  general  advantage  could  be  taken  of  this  behaviour  in  future 
bearing  designs. 

Author's  Reply 

The  single  and  double  land  guided  cages  had  approximately  the  same  masses.  The  land  width  of  the  double  land 
guided  cage  was.  of  course,  larger  than  that  of  the  single  land  guided  cage.  Land  clearances  were  the  same,  and  they 
were  all  balanced  for  h.gh  speed  operation.  One  shoulder  of  the  outer  race  was  relieved  about  .005  inches  in  the 
bearing  with  the  single  land  guided  cage.  This  is  not  considered  significant.  The  center  tabs  in  the  double  land 
guided  cage  were  slightly  larger  so  that  it  contacted  the  balls  in  the  same  place  as  in  the  single  land  guided  cage. 


D.G.Astridge,  Westland  Helicopters  Ltd,  Yeovil,  UK 

( 1 )  The  authors’  comment  that  no  wear  was  observed  with  cage  slip  up  to  7%  is  not  surprising  in  the  light  of  work 
carried  out  at  Rolls  Royce  Derby  (reported  by  C.F. Smith  c.  1%2)  which  demonstrated  that  it  was  the 
combination  of  cage  slip  and  dynamic  loading  which  resulted  in  skid-wear.  Cage  slip  as  high  as  60%  was 
possible  without  wear,  with  a  well  balanced  shaft. 

(2)  Some  of  the  trends  plotted  (c.g.,  Figures  6,  1 3)  look  a  little  disconcerting  relative  to  a  zero  speed  origin  have 
the  authors  tried  plotting  the  data  on  paper  with  zero  origins? 

Author’s  Reply 

( 1 )  The  comment  is  self  explanatory. 

(2)  The  plots  are  expected  to  go  through  zero  origin.  As  an  example.  Figure-.  13(b)  and  (d)  were  complemented 
showing  applicable  data  points  from  test  runs  at  27,600  rpm,  not  previously  published  in  this  paper.  The  point 
added  in  Figure  13(b)  applies  to  lubrication  through  the  inner  ring,  50/50%.  In  Figure  13(d)  points  were  added 
for  the  jet  and  the  50/50%  inner  ring  lubricated  bearings.  The  plots  were  then  extrapolated  through  zero. 

(See  pane  <5’-/5  for  Jiannnns) 


P.T.Comish,  SNFA  Bearings  Ltd.  UK 

( 1 )  Cage  designs  used  for  I  and  2  land  guidance  are  radically  different  different  cross  sectional  shapes  and 
different  land  widths  and  therefore  I  cannot  accept  the  statement  that  differences  in  results  are  entirely 
attributable  to  the  number  of  guiding  lands. 

(2)  In  your  estimates  of  cage  slip  were  al!  temperature  iv*  other  effeeis,  e.g.,  centrifugal,  interference,  taken  into 
account  in  assessing  the  D.C.  (Diametral  Clearance)? 

(3)  Did  the  change  from  2  to  1  land  guidance  show  any  effect  on  cage  dynamic  stability? 

(4)  In  the  experiments  on  the  effect  of  oil  flow  distribution  through  the  inner  ring  was  the  actual  oil  flow  distribu¬ 
tion  measured  at  all  and,  if  it  was  measured,  was  this  done  during  the  actual  tests? 

(5)  What  is  the  error  on  the  estimates  of  cage  slip? 

Author’s  Reply 

( 1 )  Objective  was  to  investigate  bearings  using  "best"  designs  for  single-  and  double-outer  ring  land  guided  cages. 
This  approach  demands  some  dimensional  differences  beyond  "omitting  one  land".  The  single  land  cage  was 
"L-shaped”  to  allow  free  evacuation  of  the  oil.  Mass  of  the  cages  was  approximately  equivalent. 

(2)  The  answer  to  this  question  is  given  on  first  paia.  of  page  84. 

(3)  Single  land  guided  cages  have  run  stable  over  hundreds  of  hours  at  speeds  of  2.5  MI)N. 

(4)  Lube  schemes  are  discussed  in  paragraph  "Test  Bearings"  on  page  8-2.  Actual  tlow  split  at  high  speeds  is  very 
difficult  to  measure  accurately  and  was  not  attempted. 

(5)  The  true  "error"  of  cage  slip  values  depends  on  the  accuracy  of  the  computer  program  (Reference  10). 
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SUMMARY 


This  paper  presents  an  outline  of  investigations  on  the 
development  of  a  predictive  computer  programme  for  establish¬ 
ing  the  likelihood  of  thermal  hazards  in  rolling  contact  bearing 
ass  embl ies  . 

Previous  attempts  at  a  tractable  solution  of  the  problem 
have  been  hampered  by  lack  of  practical  knowledge  on  the  division 
of  generated  heat  in  such  bearings  and  on  the  formulation  of  suit¬ 
able  heat  transfer  coefficients. 

Based  on  extensive  experimental  investigations  carried  out 
on  a  multi-capability  test  rig,  the  necessary  data  has  been  estab¬ 
lished,  resulting  in  a  programme  capable  of  predicting  spacial 
temperature  distributions  within  bearing  units  operating  under  a 
wide  variety  of  industrial  conditions. 


NOTATIONS 


a 

- 

Length  of  larger  side  of  a  rectangular  section 

(m) 

A 

- 

Area  of  a  surface  normal  to  heat  flow 

(ra2  ) 

*1,2 

- 

Area  of  surface  1,  2 

(m2 ) 

b 

- 

Length  of  smaller  side  of  rectangular  section 

(m) 

b 

- 

Hertzian  band  width 

(m) 

C  1  ,  2  , 

>3.4“ 

Constants  in  the  "Heat  balance  equations" 

c  . 

v,  h 

“ 

Constants  in  the  equations  for  the  heat  transfer 
coefficient 

D 

- 

Diameter  of  shaft 

(m) 

D 

m 

- 

Mean  diameter  of  bearing  n  _  ^o  +  ^i 

m  2 

(ra) 

D 

o 

- 

Outer  diameter  of  bearing 

(m) 

D. 

l 

- 

Inner  diameter  of  bearing 

(m) 

D 

r 

- 

Roller  d iame  ter 

(m) 

E  ' 

- 

Reduced  elastic  modulus 

(N/m2 

) 

E'  "  22R  G  P^  for  bearing  steels 

f 

- 

Geometrical  factor  f  »  ^ 

f  0  ,  1 

- 

Friction  torque  coefficients,  given  by  bearing 
manu  facturers 

Fr 

- 

Radial  load 

(N) 

h 

- 

EHL  oil  film  thickness 

(m) 

h 

o  ,  V 

- 

Heat  transfer  coefficient 

(W/m2 

°C) 

H  . 
min 

- 

Minimum  oil  film  thickness 

(Um) 

H 

0 

- 

Thermal  contact  conductance 

(W/m2 

°C> 

i  .  j 

- 

Subscript  referring  to  Node  i  and  j 

k 

- 

Thermal  conductivity  of  a  solid  or  a  fluid 

(W/m 

°C) 

k 

o 

- 

Thermal  conductivity  of  an  oil 

(W/m 

°C) 

9-2 


k  i  , i 

“ 

Constants 

L 

- 

Length  of  heat  transfer  path 

(m) 

1 

- 

Roller  effective  length 

(m) 

M 

- 

Total  bearing  torque 

(N.m) 

M 

- 

Viscous  friction  torque 

(N.m) 

M  j 

- 

Load  dependent  torque 

(N.m) 

n 

- 

Shaft  rotational  speed 

(r .p .m  . ) 

N 

- 

Number  of  temperature  Nodes 

Nu 

— 

Nusselt  Number  w  .  ^c  X  D 

u 

k  k 

Q 

- 

Heat  flowing  from  a  surface  to  a  fluid 

(W) 

Qe 

- 

External  heat  input  to  bearing  assembly 

(W) 

Qi-o 

- 

Heat  conducted  from  inner  to  outer  surface 

<w) 

Vj 

- 

Heat  conducted  from  surface  'i'  to  surface  'j' 

(W) 

«Geu 

- 

Heat  generated  in  the  bearing 

(W) 

- 

Heat  flowing  through  contacting  surfaces 

(W) 

R 

- 

Radius  of  housing  bore 

(m) 

RC  ( I ) 

- 

Residuals,  in  computer  programme  I  ■  1,2 . N 

R 

e 

“ 

Reynolds  number  R  m  w  D  ,  R  m  v  X 
e  v  e  V 

R  . 

- 

Inner  radius  of  bearing  ring 

(m) 

R 

o 

- 

Outer  radius  of  bearing  ring 

(m) 

R' 

Effective  radius  of  cylinders  in  contact 

R  R. 

R'-  r  i.o 

R  +  R . 
r  -  i,o 

(m) 

R 

- 

Roller  radius 

<»> 

t 

Temperature 

<°c> 

£r ,  t 

Roller  and  track  temperatures 

<°c) 

t  .  . 

i.J 

t 

r 

Temperature  of  Node  ’ i *  and  Node  'j' 

<°c> 

Surface  temperature 

(°C) 

at \-z 

- 

Temperature  of  surfaces  1  and  2 

(°C) 

Cf  ,a 

- 

Fluid  temperature  and  air  temperature 

(°C) 

T 

- 

Absolute  temperature 

(K) 

T  .  . 

- 

Absolute  temperature?  of  surfaces  'i'  and  'j' 

(K) 

u 

Combined  surface  velocity 

l  ( u ,  .  u  ) 

u  -  i,o+  r 

(m/  s) 

u 

- 

Roller  surface  velocity 

(m/s) 

u  , 

1*0 

V 

- 

Inner  and  outer  race  surface  velocity 

(m/s) 

- 

Linear  velocity 

(m/  s) 

w’ 

- 

Load  per  unit  length'  in  roller  bearing 

N  /m 

(i) 

- 

Angular  velocity 

(rd/s) 

X 

Characteristic  dimension  of  a  heat  transfer  path 

eg:  width,  length  or  height  of  a  surface  or 
diameter  of  a  cylinder 

(m) 

z 

- 

Total  number  of  rollers  in  a  bearing 

6 

- 

Pressure  coefficient  of  viscosity 

(m  2 /N ) 

c 

- 

Effective  "emissivity"  between  surfaces  * i ’  and  '  j' 

a 

- 

S  t  e  f  an  /  iio  1 1  zmann  constant  »  5.76  x  10  1 

(W/m2K1*) 

V 

- 

Kinematic  viscosity  of  a  fluid 

(mm2 / s) 

X 

- 

Lubricant  film  parameter  X  » 

no 

- 

Absolute  viscosity  of  lubricant 

(N. sec/m2) 

rr  * 

— 

Composite  roughness  of  two  surfaces  in  contact 

O'  -  (o^  +  ot2)  * 

(Um) 

°r  ,  t 

Su.face  roughness  of  roller  and  track 

(urn) 

1.  INTRODUCTION 
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The  question  of  the  prediction  of  the  onset  of  thermal  hazards  in  rolling  contact 
bearing  assemblies  is  of  growing  importance  in  modern  industrial  design  ns  greater 
demands  are  made  on  the  integrity  of  operating  components  and,  with  increased  power 
output  from  prime  move r s,  ope r a t ing  temperatures  imposed  on  lubricating  fluids  continue 
to  escalate. 

A  particular  example  of  this  is  in  the  development  of  gas  turbines  for  both  com¬ 
mercial  and  military  app  1  i ca t ions  where  opera t ing  bearing  temperatures  are  reaching  limits 
which  create  ultimate  demands  on  bearing  matetinls  and  lubricant  capability,  (Ref.  1 )  . 

For  specified  operating  conditions  such  as  hearing  load,  speed  and  bulk  lubricant 
temperature  it  is,  clearly,  of  prime  importance  to  the  bearing  designer  if  he  could 
predict  local  spot  temperature  in  the  bearing,  per  se  ,  together  with  a  general  special 
distribution  of  temperature  in  the  complete  assembly  ie:  shaft,  seals,  housing  and 
other  components. 

Unfortunately,  a  tractable  solution  of  the  theoretical  problem  has  not  so  far  been 
forthcoming  due,  primarily,  to  a  paucity  of  information  on  the  spaeial  division  of  heat 
flux  between  component  parts  of  the  bearing  assembly,  together  with  the  degree  of  heat 
'take-up'  by  the  lubricant  itself. 

This  situation  is  further  complicated,  for  theoretical  purposes,  by  the  limitation 
of  available  data  on  heat  transfer  coefficients,  bearing  in  mind  that, in  all  but  the 
simplest  cases,  this  information  rests  on  pragmatical  foundations. 

As  a  means  of  circumventing  the  impasse  created  by  this  lack  of  measured  data  it  was 
decided  to  construct  an  experimental  test  rig  capable  of  accommodating  a  wide  variety  of 
bearing  and  housing  configurations  and  to  use  this  as  an  experimental  datum  against  which 
predicted  results  from  any  theoretical  model  might  be  tested;  the  final  objective  being 
the  creation  of  a  viable  computer  pregramme  for  design  application  purposes. 

From  the  standpoint  of  the  mitigation  of  thermal  hazards  in  rolling  contact  bearings 
this  approach,  it  was  thought,  would  appeal  to  the  bearing  designer,  since  not  only  would 
he  have  a  new  technique  at  his  disposal  for  the  prediction  of  Bpacial  or  localised  temp¬ 
eratures,  but  he  would  be  further  secure  in  the  knowledge  that  the  veracity  of  the  pro¬ 
gramme  predictions  had  been  corroborated  experimentally. 

The  aim  of  the  present  paper  is , theref orti both  to  present  such  a  system  and  to  illus¬ 
trate  to  the  user/designer  the  degree  of  correlation  between  experimental  recults  and  the 
computer  suite  predictions. 

2.  EXPERIMENTAL  STUDY 

2.1  Object 

The  test  rig  design  was  orientated  specifically  to  the  theoretical  progremme  require¬ 
ments  and  gave  the  following  capabilities:- 

(1)  Measurement  of  bearing  load  (radial  and  axial). 

(2)  Variation  of  test  shaft  rotational  speed. 

(3)  Measurement  of  individual  bearing  power  loss. 

(4)  Variation  of  test  bearing  types. 

(5)  Variation  of  bearing  type  combinations. 

(6)  Variation  of  bearing  housing  configurations. 

(7)  Measurement  ot  input  power  to  the  system. 

(8)  Choice  of  quantity  and  nature  of  lubricant. 

(9)  Variation  of  bedplate  mounting  conditions. 

(10)  Capability  for  spaeial  temperature  measurement 

within  bearing  components",  shafts,  housings 
and  at  specific  points  within  the  bedplate/ 
f  ounda  t i ons  . 

(11)  Option  cf  free  o:  forced  convective  heat  transfer. 

(12)  Automatic  da t a acqu i s i t i on ,  processing  and  display. 

2 . 2  Bearing  Test  Rig 

( a )  General 

A  full  description  of  the  test  rig  and  instrumentation  is  given  in  Ref, 2. 
and  therefore  only  a  cursory  outline  will  be  presented  here. 

Fig  1.  indicates  the  general  arrangement  and  illustrates  two  typical  bearing  options 
on  the  central  section.  By  employing  a  generally  symmetrical  arrangement  about  the  rig 
centre  line,  power  losses  could  be  measured  on  one  bearing  (through  hydrostatic  mounting 
systems)  whilst  temperature  measurement  could  be  conducted  on  a  bearing  of  identical  con¬ 
figuration  at  the  opposite  end  of  the  test  shaft*  load  being  applied  hydraulically. 

Power  was  supplied  to  the  system  from  a  three-phase  electric  motor  of  3  HP  via  a  hydraulic 
speed  variator  unit. 
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(b)  Temperature  Measurement  System 

For purposes of assessing the  special  temperature  distribution  throughout 
the  bearing  unit  and  its  housing  an  array  of  Chr ome 1 /Con s t an t an  thermocouples  is  used 
each  couple  being  located  at  a  specific  nodal  point  (see  Fig. 2.) 

Thermocouple  and  transducer  output  signals  are  transmitted  to  a  'Fluke'  2200B'  sixty- 
channel  data-logger  for  capture  and  signal  conditioning.  The  makers  specified  an  accur¬ 
acy  of  +  0.1  C  between  0-100°C.  This  was  confirmed  on  laboratory  calibration. 

Thermocouples  for  non-rotating  nodal  points  are  connected  directly  to  the  drtn  log¬ 
ger.  Rotating  component  signals  are  passed  through  hiRh-quality  s i 1 ver / s i 1 ve r-gr aph i t e 
slip  rings;  the  rings  being  air-cooled  to  negate  thermal  drift. 

The  data  logger  was  programmable  for  various  thermocouple  combinations  and  included 
an  electronic  cold  junction.  Cyclic  nodal  scanning  was  a  further  feature  of  the  unit. 

3.  TEST  LUBRICANTS 


3 ■ 1  Lubricants 

S ince  mineral  oil  is  employed  as  the  lubricant  in  the  vast  majority  of  bath  lubri 
cated  rolling  contact  bearing  assemblies  this  was  adopted;  grades  SAE  20  W,  30  and  50 
oils  were  selected  to  produce  a  reasonably  wide  range  of  test  viscosities. 


The  v is  cos i t y/ tempera tu re  characteristics  of  the  lubricants  were  established  by 
laboratory  measurement  and  these  found  to  be  expressable  with  excellent  accuracy  by 
the  A.S.T.M.  (or  Walther)  equation  over  all  the  range  of  experimental  work  ies 

log  log  (v  +  0.6)  ■  kj  log  T  +  kj  (1) 

The  constants  * k i  '  and  'kj'  were  calculated  for  the  three  lubricants  as  follows:- 


Oil 

SAE  20  W 
SAE  30 
SAE  50 


k  i  k  2 

-3.6338  9.3356 

-3.5022  9.0432 

-3.3924  8.8435 


3 . 2  Bearings 

The  basic  bearing  type,  used  herein  as  a  representative  example,  is  a  Cylindrical 
Roller  Bearing,  type  MRJ  lj,  the  bearing  details  being  as  follows:- 

Bore  44.45  mm  (1.750  ins).  Outer  Diameter  107.95  mm  (4.250  ins).  Radial  Clearance  0.0127 
mm  (0.0005  ins),  Width  26.9875  mm  (1.0625  ins).  The  flange  configuration  is  as  shown  in 
Fig.  2,  the  cage,  of  machined  brass,  riding  on  the  inner  rinR. 


Surface  roughness  measured  after  testing  was  as  follows! - 

(i)  inner  raceway  0.16  pm  RMS 

(ii)  outer  raceway  0.17  pm  RMT 

(iii)  roller  0.09  pm  RMS 


4.  TESTING  PROCEDURE 


4.1  General  Testing 

Af ter  initial  'running-in'  of  the  bearings,  tests  were  carried  out  at  a  series  of 
speeds  under  a  fixed  load  ,  after  thermal  equilibrium  of  the  system  had  been  attained 
(typically  after  five  hours  running).  Speed  was  incremented  in  steps  of  500  rpm  from 
500  to  5000  rpm,  each  increment  usually  taking  about  one  hour  running  to  stabilise. 

Data  capture  was  initicted  upon  thermal  equilibrium  being  attained, the  whole  pro¬ 
cedure  being  recapitulated  for  each  fixed  load  value. 

4.2  Specific  Testing  (Influence  of  Adjacent  Bearingii ) 

To  study, in  some  detail, the  influence  of  the  adjacent  bearings  on  the  operating 
torque  and  temperature  distribution  of  the  front  cylindrical  roller  bearing  .three  series 
of  tests  were  repeated  under  the  same  conditions  of  speed,  radial  load,  and  lubricant, 
but  with  different  conditions  for  the  central  bearing  assembly,  as  follows: 

(a)  Light  axial  preload  (finger  tight  on  the  loading  nut), applied  to  the  twin 
taper  roller  bearings  'B'  (Fig.  1). 

(b)  Increased  axial  preload  (3  KN),applied  to  the  twin  taper  roller  bearings. 

(c)  Taper  roller  bearings  1 B '  replaced  by  the  double  row  self-aligning  spherical 
roller  bearing  ’ C '  (see  Fig.  1  -  below  C.L.). 

5.  EXPERIMENTAL  RESULTS 

5,1  Effect  of  Adjacent  Bearings  on  Temperatures  and  Torque 

Fig.  1  illustrates  ,directly, the  t  emper a  tu  r  e  distributions  and  operating  torque  of 
the  cylindrical  roller  bearings.  Each  1  three-boxed  temperature  values  and  the  three  torque 
magnitudes  correspond  to  the  three  different  central  bearing  assembly  conditions  specified 
under  Section  4.2. 
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3.2  Experimental  and  Theoretical  Correlation 

~  Fig ,  2  shows  topically  measured  temperatures  for  the  front  hearing  unit.  Predicted 

theoretical  values, given  by  the  computer  programme  at  relevant  nodal  points, are  included 

to  indicate  the  correlation  with  the  experimental  results.  The  degree  of  agreement  ic 
noteworthy . 

5.3  Effect  of  Speed  on  Torque  and  Nodal  Temperatures 

Fig.  3  indicates ,  as  a  typical  case ,  the  general  trend  of  torque  and  nodal  temper¬ 
atures  with  varying  speed.  The  particular  example  is  taken  at  a  constant  radial  load  of 

4000  N,  using  an  SAE  20  oil. 

6.  THEORETICAL  PREDICTION  OF  SPACIAL  TEMPERATURES 
AND  HEAT  GENERATION 

6,1  Mode  of  Heat  Transfer 

In  studying  the  therma 1  equilibrium  of  the  bearing  assembly  and  its  surround ing ,  the 
three  basic  modes  of  heat-transfer  were  employed,  namely  conduction,  convection  and  radia¬ 
tion.  These  may  be  separately  considered  as  follows:- 

(I)  Conduction 
(a)  Solid 


For  radial  conduction  within  the  bearing  rings  and  shaft  the  modified  standard 
Fourier  expression  was  employed  viz; 

.  2lTk  H(ti-to) 


Q.- 


In 


[!s] 

1  R.  J 
x 


(2) 


This  expression  was  modified  by  Wong  (3)  ,as  follows, for  conduction  from  the  inner 
circular  surface  of  the  bearing  housing  to  its  horizontal  and  vertical  planar  surfaces 

viZ!  q.  .  2L>s  ashzls.)  _  (3) 

1-0  In  [  f .a  1 

1  R  J 


The  thermal  conductivity  'k'  used  in  the  above  expression  is  a  function  both  of  the 

material  and  its  temperature.  The  latter  variation  is  of  second-order  importance  and  was 

therefore  neglected. 

(b)  Interfacial  (Thermal  Contact  Resistance) 

Conduction  through  a  joint  or  surface  interface  in  intimate  contact  is  inhibi¬ 
ted  both  by  the  limited  area  of  the  true  contact  and  surface  contamination  at  the  inter¬ 

face  . 


These,  in  combination,  act  as  a  thermal  resistance  to  heat  transmission, 
transfer  may  be  expressed  as: 


The  heat 


V  (stl  Vj) 


(4) 


where  'H  '  is  known  as  the  "Thermal  Contact  Conductance"  (the  inverse  of  the  Theimal 


Resistance) . 


In  bearing  assemblies  thermal  contact  resistance  is  manifest  at  the  contacting  sur¬ 
faces  between  the  shaft  and  inner  ring,  outer  rinR  and  housing,  and  the  housing  and  machine 
base  proper. 

(c)  Through  the  EHL  oil  film 


It  has  been  shown  by  Crook  (4),  Cheng  (5),  and  Christensen  (6)  that  heat  trans¬ 
fer  by  conduction  across  the  oil  film  is  the  chief  heat  transfer  mechanism  in  an  EHL  con¬ 
tact,  convection  being  negligible. 


The  heat  transfer  from  a  loaded  roller  to  the  inner  and  outer  raceways  can  be  calcu¬ 
lated  by  using  the  following  simple  equation  for  heat  transfer  viz: 


Q 


k  £  ( t 
o  h  r 


V 


-  (5) 


The  lubricant's  thermal  conductivity  'k  '  is  a  function  of  temperature.  Typically, 
the  thermal  conductivity  of  the  SAE  30  testing  oil  varies  with  temperature  as  follows:- 


k  -  0.130  -  0.00007  t 
o 


-  (6) 


The  heat  flow  area  in  equation  (5)  is  given  by  the 
length  in  the  contact  zone  and  the  Hertzian  flat  width. 


product  of  the  roller  effective 
viz: 


A  '  l.b 


(7) 
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The  Hertzian  band  width  ' b  *  may  be  expressed  as:- 

_6  ,  A. 08  F  R'  0,5 

b  -  6.69100)  (  - - - ) 

1Z 


(8) 


In  establishing  the  total  heat  flow  areat  the  number  of  rollers  under  load  must 
be  determined. 

It  has  been  shown  by  Harris  (7),Dowson  and  Higginaon  (8),  and  by  Munnich  et  al,(9) 
that  the  load, acting  on  each  roller  within  the  Stribeck  tone, varies  with  the  angular 
position  of  the  roller.  Munnich  et  al.  showed  that  the  number  of  rollers  under  load, 
(and  thus  the  load  distribution)  is  dependent  upon  the  housing  configuration  and  on  the 
thickness  of  the  housing  walls. 

To  simplify  the  analysis,  l.e.  to  produce  an  averaging  effect  for  purposes  of  heat 
transfer  calculations,  it  was  assumed  that  the  radial  load  applied  to  the  bearing  is 
evenly  distributed  amongst  the  loaded  rollers  and  that  one  quarter  of  the  total  number 
of  rollers  is  supporting  the  load. 

The  length  of  heat  transfer  path  * h '  in  equation  (5)  is  given  by  the  EHL  oil  film 
thickness  at  the  r o 1 1 er /raceway  contacts.  This  is  discussed  in  Section  7. 


(IT)  Convection 

Newton's  law  of  cooling  describes  convective  heat  flow  ,viz: 

Q  ,  -  h  A  ( C s“ f )  -  (9) 

S  “  I  c 

'hc'the  "heat  transfer  coefficient",  sometimes  called  the  "film  coefficient",  is  a  com¬ 
plex  function  dependent  upon  the  geometry  and  temperature  of  the  heated  surfaces  and  the 
temperature  flow  characteristics  and  physical  properties  (viscosity,  thermal  conductivity 
and  density)  of  the  convecting  fluid. 

Few  analytical  expressions  exist  for  the  heat  transfer  coefficients,  empirical  equa¬ 
tions,  obtained  by  combining  experimental  results  with  dimensional  analysis,  being 
employed.  Thus  the  coefficients  often  appear  as  relationships  between  dimensionless 
number  groups  such  a.s  Nusselt  (N  ),  Reynolds  ),  Grashof  (Gr)  and  Prandtl  (P^)  (depend¬ 
ing  on  whether  free  or  forced  convection  pertains).  F'  i  free  convection  N^  ■  ffG^.P^) 

and  for  forced  N  ■  f(R  ,  P  )  are  used, 
u  6  r 

In  the  present  analysis  the  following  express  ions  for  'h  '  given  by  Fujii  and  Imura 
(10)  and  simplified  by  the  authors,  were  employed'. 


For  horizontal  plates  and  cylinders  facing  upward: 
h 


,  t  -t  ,0.25 

1.39  8  (  -9 - 2) 

X_ 


and  for  similar  vertical  situations; 

.  t  -t  ,0.25 
h  -  1 . 452  (  -9-  a  ) 


(10) 


(11) 


No  completely  reliable  expressions  for  heat  transfer  coefficients  between  bearing 
components  and  lubricant  could  be  found  by  the  authors,  although  expressions  are  given 
by  Bjordlund  and  Kays  (11)  and  Oazley  (12)  pertaining  to  concentric  cylinders.  The  exist¬ 
ence  of  the  rollers  and  cage  between  the  bearing  rings,  however,  tends  to  negate  any 
analogy . 


An  expression  used  by  Harris  for  heat  flow  across  a  flat  plate,  although  of  limited 
accuracy,  was  finally  used  in  the  present  analysis,  viz: 

h£  -  0.332  k  (Re)*(pr)  */  3  "  (12> 

Characteristic  terms  in  the  previous  equation  were  obtained  as  suggested  by  Harris(7). 


The  following  expressions  for  additional  heat  transfer  coefficients  were  employed, 
add itional ly  ,in  the  present  analysis. 


C 

C 


v 


v 


(a)  For  a  rotating  cylinder  in  air  (after  Dropkin  and  Carmi(l3'): 

h  D  N  C  P  0  *  7  -(13) 

—  ■  u  »  v  e 
k 

0.076  for  8000  <  Re  <15000 
Q.073  for  Re  >1<000 


'b)  For  a  rotating  disc  in  air  (after  Oehlbeck  and  Erian  (14)) 

hv  ■  Vk-  (si1 


(14) 


where  the  coefficient  'C^  is  mainly  dependent  on  the  geometry  of  the  system. 

(Ill)  Radiation 

Heat  transfer  by  radiation  between  a  small  enclosed  structure  and  s  large  sur¬ 
face  may  be  expressed  by  a  modified  form  of  the  S t e f an /Bo  1 1 zmann  law  viz! 


Q  -  oeAi  (T^-Ta4) 


"  (15) 


Values  of  the  emmissivity  ' e*  between  0.6  and  0.8  are  suggested  by  Jakob  and 
Hawkins  (lb) 

6.2  Heat  Generation 

Generated  heat  in  rolling  contact  hearings  is  dependent  on  several  factors.  Chiefly 
these  are  rotational  speed  and  lubricant  viscosity  and,  to  a  lesser  extent,  applied  load 
and  bearing  geometry.  loading  effects,  however,  become  much  more  important  if  the  bear¬ 
ings  are  pre-loaded. 

Specifically,  the  heat  generated  is  a  function  of  the  bearing  speed  and  torque. 

The  latter,  however,  may  be  considered  as  the  summation  of  the  viscous  friction  torque 
and  the  load  dependent  torque  Mi. 

The  following  empirical  equation  were  produced  by  Palmgren  (16)  for  these  torques 


1  _i 

M  -  f  (vn) *D  !  x  10 


-  (16) 


Mi  -  f  i  .  F 


-  (17) 


6,3  Distribution  of  Generated  Heat 

Based  on  results  produced  by  Garneil  (17),  Astridge  and  Smith  (18)  and  work  of  the 
authors,  the  following  distribution  of  generated  heat  was  incorporated  into  the  present 
programme . 


Roller  Contacts  at  the  Outer  Raceway 
Roller  Contacts  at  the  Inner  Raceway 
Roller  Contacts  in  the  Cage  Pockets 
Gage  Contacts  at  the  Land  Riding  Ring 
Viscous  Churning  of  Lubricant 
Roller  Guide  Flange  Contacts 


20-40* 
20-40* 
8-12* 
8-12* 
8-sO* 
0.1-0. 8* 


6 . 4  Temperature  Predict -on  Technique 

"he  so-called  "'Tleat  Balance  Method"  was  employed  as  the  foundation  of  the  programme. 
The  method, which  is  used  where  special  temperature  distributions  are  required  ir  struc¬ 
tures,  is  given  in  several  textbooks  on  advanced  heat  transfer,  a  good  description  being 
that  given  by  Welty  (19). 

Basically,  the  method  involves  the  thermal  equilibrium  between  a  given  point  or 
'node'  and  its  surrounding  nodes  and  is  achieved  by  equating  the  total  heat  influx  and 
efflux  to  and  from  the  node  (including  any  thermal  energy  generated  at  the  node). 

An  initial  step  involves  the  special  selection  of  nodes  throughout  the  structure, 
the  accuracy  of  the  analysis  being  dependent  on  both  the  number  of  nodes  and  their  posi¬ 
tion.  Fig.  2  shows  the  nodus  selected  in  the  front  bearing  as semb ly ,  toge ther  with  the 
measured  and  predicted  nodat  temperatures  under  the  particular  conditions  of  the  test. 

As  a  second  step  the  "Heat  Balance  Method"  is  applied  to  each  node,  all  modes  of 
heat  transfer  being  considered.  For  a  bearing  assembly  these  may  be  typically  listed  as 
follows: 

(a)  Convective  heat  transfer  from  outer  surface  of  the  housing  to  the  environment, 

(b)  Raaiation  of  heat  from  the  outer  housing  surface  to  the  surroundings. 

(c)  Conductive  heat  transfer  from  the  housing  base  to  the  foundations. 

(d)  Conductive  heat  transfer  from  the  bearing  outer  ring  to  the  housing. 

(e)  Conductive  heat  transfer  from  the  bearing  inner  ring  to  the  shaft. 

(f)  Axial  heat  transfer  by  conduction  along  the  s na f t  ,  inc lud ing  extraneous  heat  inputs 

outside  the  bearing  system  proper. 

(g)  Convective  heat  transfer  from  the  rotating  shaft  (and  fins)  to  the  surrounding  fluids 

(h)  Convective  heat  transfer  from  the  bearing  components  to  surrounding  fluid/fluids 

inside  the  housing. 

(i)  Conductive  heat  transfer  at  the  EHL  contacts  between  the  rollers  and  raceways. 

(j)  Heat  generation  produced  between  surfaces  in  relative  motion  i.e  .  roller  contacts  with 

bearing  raceways,  ring  shoulders  and  cage  pockets,  cage  contact  with  ring  ribs, 
together  with  heat  generation  from  viscous  churning. 

As  an  illustration  of  the  method  consider  Fig.  4  as  a  typical  bearing  system  with  the 
following  arbitary  selection  of  nodal  points: 
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Node  1 

SLde  2 
Node  3 
Node  4 


Air  surrounding  housing  -  temperature  *  1 1  * 

Outer  surface  of  the  housing  -  tempernt-re  ’  t*  ' 
Inner  surface  of  the  housing  -  temperature  'tj' 
Bottom  surface  of  the  housing  -  temperature  '  1 1,  ' 


Applying  the  "Heat  Balance  Method"  to  Node  '2'  gives: 


<)  3  — 0  7.4  “Q  7  -l  ”  0 


-  (IB) 


(For  convenience  it  is  assumed  that  the  heat  influx  to  Node  2  is  positive). 


'0's_s  and  *  Q  *  j  _  i,  illustrate  conductive  heat  transfer  frcm  Node  '3'  to  Node  '2'and  Node'2'to 
Node  '4'  respectively,  whilst  'Q'j-l  illustrates  convective  and  radiative  heat  transfer 
ftom  Node  '2'  to  Node  '1*. 

Equations  (9),  (3),  (10)  and  (15), when  simplified  and  applied  to  these  nodes, yield: 

Qs_2-  Ci ( 1 3  - 1  2 )  -  (19) 

C*(t*-ti,)  -  (20) 

Q2..1-  CaUi-t,)1*25  +  C..  (:*+  2  7  3.1  5)**  -  (t,t  273  .  1  5)“  -  (21) 

Substituting  equations  (19),  (20)  and  (21)  into  equation  (18)  gives: 

Ci(ta"tj)-Cj(tj-ti,)-Cj(t2-ti)1*J5-Ci,  (t}+  273.15)“-(ti+  273.  1  5)“-  0  -  (22) 


This  final  equation  (22)  i s  ,  there f or e  ,  the  result  of  applying  the  "Heat  Balance 
Method"  to  Node  2  for  the  specified  conditions  and  illustrates  a  typical  r.cdal  equation. 

It  is  obvious  from  the  foregoing  that  similar  aquations  will  pertain  for  each  nodal 
point  giving  a  system  of  non-linear  equations  to  be  solved  whose  number  is  governed  by 
the  lumber  of  nodes  selected. 

The  third  and  final  step  of  the  process  is  to  obtain  a  simultaneous  solution  to  the 
set  of  non-linear  equations  erected,  which  will  then  represent  -he  predicted  nodal  temp¬ 
eratures.  This  was  accomplished  by  use  of  the  computer  programme  briefly  described  in 
Section  8. 

7.  E.H.L  OIL  FILM  THICKNESS 

The  ability  to  predict  the  e  1  as t ohydr odynamic  lubrication  (EHL)  oil  film  thickness 
in  a  rolling  contact  bearing  is  clearly  of  importance  both  for  the  designer  and  the  bear¬ 
ing  user.  Tallinn  (20),  Bolton  (21)  and  many  other  researchers  showed  that  bearing 
fatigue  life  is  directly  related  to  the  EHL  oil  film  thickness,  or,  more  specifically,  to 
the  lubricant  parameter  'X'. 


Bolton  (21)  proposed  guidelines  for  the  development  of  a  simplified  EHL  oil  film 
thickness  formula  for  rolling  contact  bearings,  to  be  expressed  as  a  function  of  the 
bearing  pitch  diameter,  rotational  speed  and  kinematic  viscosity  of  the  lubricant. 

Investigations  by  Dyson  et  a.'.  (22)  and  by  Wilson  (23)  showed  that  EHL  oil  film  thicknesses 
calculated  by  the  'isothermal'  theories  correlate  well  with  experimental  values  (provided 
the  oil  film  thicknesses  are  less  than  lpm) . 

Limited  experimental  information  in  the  literature  indicate  that  EHL  oil  film  thick¬ 
nesses  in  rolling  contact  bearings  are  us ua 1 1 y  <  0 . 7pm , axamp 1 es  of  this  being  given  by 
Pemberton  and  Cameron  (24)  and  Wilson  (25). 

On  the  basis  of  the  available  information  it  was  decided  to  develop  a  simplified  EHL 
oil  film  thickness  equation  for  the  cylindrical  roller  bearings,  based  on  the  isothermal 
formula  derived  by  Cheng  (26),  viz: 


f  -  l-”7 


r  ^0  Py  l°-7“  [• 

*  n  t 


W'  1 
E'  R,j 


-  (24) 


The  product  of  the  lubricant  dynamic  viscosity  'n  'and  the  pressure  viscosity  coef¬ 
ficient  '6'  may  be  conveniently  expressed  solely  as  a  function  of  the  kinematic  viscosity 
'  v '  ,  according  to  Bamberger  et  a  1 ,  ( 2  7  )  ,  ije  .  (for  mi.iernl  oils)- 


Thus 


(noe) 

(n0B) 


>  8 . 5  x  10  1 7  V1  •  1 
' 7  “  -  6.424  x  lO-9 


-  (25) 

-  (26) 
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The  load  parameter  W  is  given  by  Dowson  and  Higginson  (8)  as  follows: 


a  F 


Z1 


-  (27) 


The  constant  'a'  can  be  assumed, in  general,  as  being  equal  to  4  to  5  for  rolling 
contact  bearings  of  conventional  clearances  (Ref.  8). 


It  can  further  be  easily  shown  that: 
u  it 


R''  i,o 


1  +  s 

—  ( - )n 


-  (28) 


00 


s 


where 


-  (29) 


(The  sign  preceding  's'  in  the  above  equation  relates  to  the  speed  parameter  considered 
relative  to  either  the  inner  or  outer  ring). 

Substituting  the  above  equations  into  eq.  (24)  the  oil  film  thickness  equations  for 
the  inner  and  outer  race  contact  points  are  expressed  as: 

-O.ii  -  (30) 


where 


C.  -  3.052  x  10 


C  *  3.512  x  10 
o 


The  lubr icant k inema t ic  viscosity  '  V '  in  the  above  equation  must  be  calculated  from  a  vean 
between  the  roller  and  inner  (or  outer)  race  temperature,  based  on  the  lact  that  the  EHL 
oil  film  thickness  is  governed  by  the  lubricant  properties  (ti  ,B)  in  the  entry  region  of 
the  EHL  contact.  Additionally,  <-he  following  property,  demonstrated  by  Crook  (4)  and 
other  investigators,  was  taken  into  consideration: 

"In  considering  the  effect  of  lubricant  viscosity  upon  film  thickness,  it  is  the 
viscosity  of  the  oil  at  the  temperature  of  the  contacting  surfaces  which  is  the  control¬ 
ling  factor  and  that  the  temperature  of  the  oil  supply  has  no  influence,  except  insofar 
as  it  may  affect  the  operating  temperature  of  the  solids  in  contact". 

Thus  the  prediction  of  the  oil  film  thickness  between  the  rolling  elements  and  race¬ 
ways  is  only  possible  if  the  temperatures  of  the  contacting  surfaces  can  be  measured  or 
predicted  with  some  degree  of  certainty.  Conversely  the  calculation  of  the  rolling 
element  and  races  temperatures  requires  the  calculation  of  these  oil  film  thicknesses. 

Therefore,  the  simultaneous  calculations  of  the  operating  temperatures  and  EHL  oil 
film  thicknesses  requires  the  service  of  a  computer. 

8.  THE  COMPUTER  PROGRAMME 

8.1  Programme  Capability 

At  its  present  scate  of  development  the  computer  programme  has  the  following  capab¬ 
ility. 

(a)  Prediction  of  spacial  temperature  distribution  at  twenty  nodes;  these  including 
bearing  raceways,  rollers,  cage,  housing,  shaft  and  lubricant  bath  temperatures. 

(b)  Calculation  of  lubricant  viscosity  at  the  operating  temperature  of  the  oil  bath. 

(c)  Reactive  bearing  torque  and  total  heat  generated. 

(d)  EHL  oil  film  thicknesses  between  a  roller  and  raceways. 

8.2  Programme  Description 

The  computer  programme  was  derived  from  a  "Fortran"  subroutine  given  by  Powell  (28). 
The  package  consists  of  hybrid  solution  method  combining  the  "Newton  Raphson"  method  and 
the  sj-called  "Method  of  Steepest  Decent".  The  former  provides  for  the  linearisation  of 
the  non-linear  equations  whilst  the  latter  ensures  a  smooth  and  rapid  convergence. 

Writing  equation  (22)  in  the  form  RC(1)  =  f(At)  then  similarly,  the  remaining  heat  balance 
equations  may  be  written  as  residuals  RC(2),  RC(3)  . RC(N). 

The  method  of  solution  is  iterative  and  requires  an  initially  guessed  input  for  the 
nodal  temperatures.  The  computer  routine  then  calculates  the  residuals  RC(I),  these 
approaching  zero  as  iteration  proceeds.  On  reaching  a  specified  convergence  criterion, 
programme  iteration  ceases,  the  computed  solutions  being  then  obtained  as  a  final  print- 
ou  t  . 
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A  monitor  sub-routine  programme  is  incorporated  in  the  package  which  displays  current 
nodal  temperatures  and  residuals  in  print-out  format,  thereby  enabling  the  convergence 
rate  of  the  master  programme  to  be  studied.  This  optimises  computer  time  utilisation  and 
checks  out  any  programme  errors  as  iteration  proceeds. 

9.  THEORETICAL  RESULTS 

9.1  Theoretical  Temperature  Distribution 

Fig.  2  shows  theoretical  and  experimental  temperature  distributions  for  the  front 
bearing  assembly  (see  Section  5.2). 

9.2  'Heat  Generation1  and  'Heat  Dissipation  ' 

Fig.  5  show3  both  'Heat  Gener at  ion '  and  'Heat  Dissipation'  curves  plotted  against 
temperature  for  two  mineral  oils,  an  SAE  50  and  an  SAE  30.  Torque  is  also  plotted  on  the 
ordinate.  Since  heat  generation  is  a  function  of  lubricant  viscosity  which  is  itself  an 
inverse  function  of  temperature,  heat  generation  decreases  with  increasing  temperature. 

The  two  'Heat  Generation'  curves  clearly  show  this  effect. 

Three  'Heat  Dissipation'  curves  are  plotted;  the  'Total  Heat  Dissipation'  correspond¬ 
ing  to  the  sum  of  the  'Heat  Dissipation  through  the  Housing’and  the  'Heat  Dissipation 
through  Shaft/Fins'. 

9.3  Effect  of  Speed  on  Temperatures , 

Torque  and  Oil  Film  Thicknesses 

Fig.  6  shows  the  effect  of  shaft  speed  on  the  bearing  roller  and  rings  temperatures, 
torque,  and  the  EHL  oil  film  thicknesses  between  the  heaviest  loaded  roller  and  the  inner 
and  outer  raceways.  The  particular  example  is  plotted  from  a  computer  print-out  taken 
for  a  constant  radial  load  of  8000  N  and  for  an  SAE  20  W  oil. 

9.4  Effect  of  Load  on  Temperatures, 

Torque  and  Oil  Film  Thicknesses 

The  variation  of  the  above  factors,  with  load,  is  shown  in  Fig.  7  (for  a  constant 
shaft  speed  of  4000  rpm  and  a  SAE  30  oil)  and  in  Fig.  8  (for  a  constant  shaft  speed  of 
50  rpm  and  a  SAE  50  oil). 

10.  DISCUSSION  OF  THE  RESULTS 
10.1  Experimental  Results 

(a)  The  influence  of  the  heat  dissipation  potential 

The  effect  of  the  housing  configuration  and  heat  dissipation  potential  is  illustrated 
in  Fig.  1  by  the  higher  operating  temperatures  of  the  rear  bear ing, r e 1  a t i ve  to  the  corres¬ 
ponding  values  for  the  front  bearing,  even  though  identical  conditions  of  speed,  radial 
load,  and  lubrication  apply  tor  the  two  bearings. 

y ss ent ia 1 ly ,  convection  and  radiation  are  the  chief  heat  dissipation  mechanisms  for 
the  rear  bearing  housing  (the  only  conduction  path  to  the  bedpiate  being  via  the  twin 
loading  pillars). 

For  the  front  housing,  however,  an  appreciable  amount  of  heat  is  conducted  out  of 
the  bearing  from  the  housing  base  to  the  bedplate.  This  conclusion  is  based  on  the  signi¬ 
ficant  temperature  gradients  found  in  the  lower  part  of  the  housing  (see  Figs.  1  and  2). 
Calculations  based  on  those  values  showed  that  some  45%  of  the  total  heat  generated  is 
dissipated  in  this  way.  Similar  calculations  showed  that  about  25-30%  of  the  total  heat 
generated  is  dissipated  through  the  rotating  shaft/fins  assembly. 

A  further  effect  of  the  housing/bedplate  arrangement  and  heat  dissipation  potential 
is  illustrated  by  the  spacial  temperature  distribution  above  and  below  the  horizontal 
centre-line  (see  Fig.  2);  the  upper  half  of  the  system  being  at  higher  temperatures. 

This  could  not  be  a t tr ibu t ed , s o 1 e  ly , t o  the  direction  of  the  radial  load,  since  earlier 
tests  carried  out  by  the  authors  (loads  being  applied  in  the  opposite  direction)  on  the 
same  bearing  unit  showed  the  same  effect,  ie  .  temperatures  being  higher  for  points  above 
the  horizontal  centre-line. 

In  the  light  of  the  discussion  on  the  influence  of  conductive  heat  transfer  through 
the  housing  base,  it  can  be  concluded  that  this  is  the  controlling  factor;  heat  conduction 
through  the  base  outweighing  heat  lost  from  the  outer  surface  of  the  housing  by  radiation 
and  convection  to  produce  the  asymmetrical  temperature  profile. 

This  was  confirmed  on  measuring  temperatures  on  the  rear  roller  bearing  housing. 

The  temperatures  of  points  above  the  horizontal  centre-line  being  lower  than  those  of  the 
corresponding  points  below  that  line  (see  Fig.  1)  irrespective  of  oil  flow  between  the 
hydrostatic  bearing  surfaces.  Although  this  trend  is  exactly  the  opposite  of  that  for 
the  front  bearing  housing,  the  explanation  1  ies  i.-i  tli  the  larger  surface  areas  for  convective 
and  radiative  heat  dissipation  above  the  horizontal  centre-line. 

(b)  The  effect  of  the  adjacent  bearings  on  the  operating  temperature  and  torque  of 
the  test  bearing. 


From  the  temperature  distributions  shown  in  Fig.  1  it  can  be  seen  that  the  front 
cylindrical  roller  bearing  temperatures  varied  by  as  much  as  50%,  even  though  the  speed, 
radial  load,  and  lubrication  conditions  applied  to  that  bearing  were  the  same  for  the 
three'boxed  temperatures  corresponding  to  each  nodal  point. 

Similarly,  as  shown  in  Fig.  1,  the  operating  torque  of  the  rear  cylindrical  roller 
bearing  was  appreciably  affected  by  the  different  operating  temperatures  of  the  adjacent 
bearings,  ie.  the  higher  the  adjacent  bearing  temperatures  the  lower  the  operating  torque. 
This  can  be  easily  explained  by  both  the  lubricant  viscosity  deer ea s e ,  consequent  on  the 
increased  temperature ,and  the  high  dependence  of  torque  on  lubricant  viscosity. 

The  operating  temperature  of  the  twin  taper  roller  bearing  assembly  is  strongly 
dependent  on  the  axial  preload  (see  Fig.  1).  This,  together  with  correlated  phenomena 
observed  by  the  authors, will  be  discussed  in  a  further  paper. 

(c)  The  effect  of  speed  on  operating  temperature  and  torque 

Not  surprisingly,  the  bearing  operating  temperatures  increased  with  shaft  speed,  as 
shown  in  Fig.  3;  the  inner  ring  temperature  being  usually  about  12%  higher  than  that  of 
the  outer  ring.  Bearing  torque  increased  with  speed,  for  speeds  <  2000  rpm,  but  tended 
to  remain  constant, or  even  to  decrease,for  speeds  above  that  value.  This  can  be  explained 
on  the  basis  of  the  vi sco s i ty / temper  a tur e  characteristics  of  the  lubricant  and  the  torque 
/lubricant  viscosity  relationship. 

10,2  Theoretical  Results 

(a)  Thermal  balance 

Fig.  5  shows  the  relationship  between  the  total  generated  heat  (including  any 
external  input)  and  the  total  heat  dissipated,  plotted  against  the  mean  operating  temp¬ 
erature, for  two  test  oils  an  SAE  30  and  an  SAE  50.  A  corresponding  ordinate  for  the 
friction  torque  has  also  been  included.  The  condition  is  for  a  fixed  load  of  2000  N  at 
an  operating  speed  of  A 000  rpm. 

Points  of  ii.tercept ion  of  the  'Heat  Generation'  and  'Heat  Dissipation  (TOTAL)' 
curves  give  thermal  equilibrium  and  indicate  both  the  relevant  temperature  and  friction 
torque  for  this  condition. 

It  is  immediately  obvious  that  the  choice  of  the  thinner  oil  would  result  in  a  lower 
operating  tempevature  and  reduced  power  loss  in  the  hearing  unit.  It  iB  to  be  appreciated 
that  a  lower  operating  temperature  implies  increased  oil  change  periods,  since  oil  oxida¬ 
tion  rate  is  lowered.  Fig.  5  shows  the  importance  of  an  accurate  prediction  of  heat  dissi 
pation  rate  from  the  unit.  If  this  is  underestimated  (for  example,  if  the  'Heat 
Dissipation  through  the  R'naf c /F i n s '  is  neglected),  there  is  an  apparent  anomaly  in  that 
the  predicted  temperature  is  higher  than  the  experimental  one  whilst  the  calculated 
friction  torque  is  less  than  the  corresponding  measured  value.  This  phenomenon  is  readily 
explained,  however,  on  the  hasis  of  the  rapid  decrease  of  the  lubricant  viscosity  with 
temperature.  If  the  heat  dissipation  is  underestimated  in  the  programme,  the  predicted 
bearing  temperature  wi X 1 , oh vi ou s 1 y , be  higher,  giving  a  lower  operating  viscosity.  Since 
the  friction  torque  equation  used  in  the  programme  itself  contains  a  viscosity  term,  the 
result  will  be  a  predicted  friction  torque  lower  than  the  measured  value. 


Apparent ly , th i s  effect  was  experienced  by  Schwartz  (29)>,  the  experimental  and  theor¬ 
etical  findings  reported  in  his  paper  giving  a  similar  'contradiction*  in  the  two  parameters 

The  effect  was  demonstrated,  somewhat  dramatically  tor  the  authors,  durr.ng  early 
development  work  on  the  programme.  In  normal  running,  after  thermal  equilibrium  is 
reached,  an  appreciable  amount  of  heat  is  conducted  out  of  the  bearing  from  the  housing 
base  to  the  bedplate  as  already  discussed  (Section  10.1).  This  wa s  ,  i n i t i al ly * und e r- 
estiraated  in  the  earlier  programmes  the  resultant  temperatures  being,  in  certain  cases, 
almost  50%  higher  than  those  experimentally  measured  whilst  the  calculated  torques  from 
the  programme  were, unexpec ted  ly ,  less  than  those  measured  on  test. 

The  problem  was  finally  resolved  when  t he rmoc oup 1 e s  were  placed  at  the  base  of  the 
housinR.  These  gave  a  true  picture  of  the  extent  of  the  conduction  heat  transfer.  It  is 
to  be  inferred,  therefore,  in  the  light  of  this,  that  close  attention  to  foundation  con¬ 
duction  is  highly  relevant  when  assaying  thermal  problems  in  bolted-down  bearing  housings 

(b)  Theoretical  and  Experimental  Temperature  Correlation 

When  the  proper  extent  of  the  conduction  beat  dissipation  through  the  housing  base 
r.o  the  bedplate  was  considered  in  the  computer  programme,  a  good  coi  relation  was  obtained 
between  theoretical  and  experimental  results  (see  Fig.  2), 

A  further  important  aspect  was  that  roller  temperatures  predicted  by  the  programme 
were  some  10%-20%  higher  than  those  predicted  at  the  inner  ring  (see  Fig.  2).  Since 
roller  temperatures  were  r.ot  measured  in  the  test  rig,  current  literature  was  searched 
for  some  substantiation  of  thi3  result.  F.xoer iment a  1  confirmation  of  this  prediction 
was  found  in  the  results  obtained  by  Norlander  and  Rtackling  (30),  who,  in  bearing  tests, 
measured  rolling  element  temperatures  some  18%  higher  than  those  measured  at  the  inner 
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(c)  EHL  Oil  Film  Thicknesses  Results 

The  EHL  oil  film  th i cknes se s , c a  1  cu 1  a t ed  by  the  computer  programme  simultaneously 
with  the  temperature  d i s t r ibu t ion s , a  re  in  good  agreement  with  the  experimental  results 
obtained  by  Pemberton  and  Cameron  (Ref.  24)  and  by  Wilson  (Ref.  25),  In  particular,  the 
variation  of  oil  film  thickness  with  shaft  speed  (see  Fig.  5)  follows  closely  the  experi¬ 
mental  trend  reported  in  Ref.  24,  both  in  magnitude  and  shape  of  the  plotted  curve. 

For  the  reasons  pointed  cut  in  Section  7,  the  mean  between  the  roller  and  raceway 
temperature  was  considered  when  calculating  lubricant  viscosity  and  the  corresponding 
oil  film  thicknesses.  It  is  to  be  inferred  that  the  high  roller  temperature  (relative 
to  the  raceways  temperature)  has,  therefore,  a  significant  effect  upon  oil  film  thick¬ 
nesses  . 

Predicted  oil  film  thicknesses  between  the  rollers  and  the  inner  race  are  lower 
than  Chose  between  the  rollers  and  the  outer  race.  This  is  due,  not  only  to  the  better 
degree  of  conformity  and  larger  equivalent  radius  for  the  outer  raceway  contact,  but 
also  because  the  outer  race  temperature  is  lower  than  that  of  the  inner  raceway. 

Typically,  as  shown  in  Fig.  6,  oil  film  thicknesses  increased  rapidly  with  speed  (up  to 

about  500  rpm)  and  then  decreased  gradually  with  speed  (for  speeds  above  that  value). 

This  is  due  to  the  significant  decrease  of  both  the  lubricant  viscosity  and  the  pressure- 
viscosity  coefficient  as  temperature  increased  with  speed. 

Figs.  7  and  8  shows  the  variation  of  oil  film  thicknesses,  temperatures  and  torque 
with  applied  load.  It  can  be  seen  that  oil  film  thicknesses  decreases  by  abou*-  20%  for 
a  load  increaae  of  100%.  This  dependence  on  load  is  slightly  in  excess  of  that  found  by 

Crook,  as  reported  in  Ref.  8.  Oil  film  thicknesses  decreases  with  load  not  only  due  to 

the  load  parameter  in  eq .  (24)  but  also  due  to  the  effect  of  load  upon  the  operating 
temperatures  (see  Figs.  7  and  8). 

11.  CONCLUSIONS 

11.1  General  Programme  Utilisation 

It  has  been  demonstrated  that  a  viable  computer  programme  based  on  analytical  heat 
transfer  techniques  may  be  developed,  which  is  capable  of  predicting  special  temperature 
distributions,  power  lose  and  EHL  oil  film  thickness  in  rolling  contact  bearing  assemblies 
and  that  the  predicted  results  yield  close  correlation  with  experimentally  measured  values. 

From  the  standpoint  of  the  industrial  user /des igner  the  programme  capability  can  be 
utilised  in  several  ways: 

(a)  Optimum  lubricant  selection,  commensurate  with  the  bearing  duty,  may  be  obtained 
at  the  design  state  to  ensure  minimum  power  loss. 

(b)  For  a  lubricant  already  specified  the  designer  can  quantify  any  critical  thermal 
situation  from  a  knowledge  of  both  the  spaclal  distribution  of  temperature  and  the  predic¬ 
tion  of  any  localised  temperature.  This  is  of  particular  importance  when  temperature 
effects  induce  dimensional  changes. 

(c)  Since  different  bearing  geometries  may  be  catered  for  in  the  programme,  the 
designer  can  study  the  effect  of  differing  housing  configurations  on  spacial  temperature 
distribution  and  heat  dissipation.  Foundation  effects  can  also  be  catered  for. 

(d)  For  bearing  assemblies  already  in  operation  the  industrial  user  can  assess 
potential  energy  saving  through  lubricant  viscosity  changes,  together  with  the  effects  of 
extended  oil  change  periods  when  bearing  temperatures  have  been  lowered. 

11.2  Specific  Design  Considerations 

If  thermal  analysis  indicates  that  bearing  cooling  is  necessary,  particular  attention 
should  be  paid  to  which  components  should  be  specifically  cooled. 

External  cooling  of  the  housing  will,  in  general,  reduce  dimensions  between  inner  and 
outer  rings  if  the  shaft  temperature  itself  is  not  appreciably  affected.  The  resulting 
reduction  in  element  clearances  may  produce  an  increase  in  power  loss  tending  to  invoke 
a  thermal  spiral.  In  extreme  caces  this  may  produce  bearing  seizure. 

Since  it  has  been  shown  that  a  significant  percantage  of  heat  is  conducted  through 
the  housing  base  to  the  foundations,  excessive  conduction  in  the  area  may  produce  similar 
effects  to  those  outlined  above. 

Good  surface  contact  at  the  interface  is  important.  Variations  in  surface  flatness 
may  produce  large  variations  : r  local  contact  resistance  with  a  concomitant  variation  in 
conductive  heat  transfer.  Thermal  distortions  aricing  from  this  effect  may  be  passed  co 
the  bearing  with  a  consequent  reduction  in  its  useful  life. 

Shaft  cooling  will  undoubtedly  increase  radial  clearances  between  rollers  and  rings 
of  plain  roller  bearings.  However,  in  pre-loaded  assemblies  axial  contraction  of  the 
shaft  may  increase  the  pre-load,  dependent  upon  the  mounting  arrangement,  particularly 
in  taper-roller  bearings  with  "indirect"  mounting.  Such  a  situation  may  incur  high  local 
temperatures  between  rollers  and  guide  flanges.  Cvercooling  of  a  shaft  can,  additionally, 
initiate  inner  ring  creep  or  even  slippage. 


It  is  seen  from  the  foregoing  that  variations  of  temperature  within  a  bearing 
essembly  are  capable  of  producing  exceedingly  complex  effects  and  this  highlights  the 
importance,  to  the  designer,  of  having  a  thermal  analysis  programme  capable  of  predict¬ 
ing  local  temperatures. 

Such  a  programme,  it  may  be  inferred,  not  only  mitigates  any  propensity  towards 
premature  mechanical  failure  initiated  from  thermal  sources  but,  from  the  standpoint  of 
basic  design  and  subsequent  in-service  duty,  provides  a  further  step  towards  an  optimum 
level  of  total  energy  conservation. 

The  economic  implications  of  such  an  approach,  particularly  in  the  long-term  aspect, 
are  deemed  worthy  of  consideration. 

11.3  EHL  Oil  Film  Thickness 

It  has  been  demonstrated  that  EHL  oil  film  thickness  between  rollers  and  raceways 
of  bath  lubricated  rolling  contact  bearings  decreases  gradually  with  speed  (in  the  mod¬ 
erate  and  high  speed  range).  This  is  due  to  the  significant  effect  of  temperature  on 
both  the  lubricant  viscosity  and  the  pressure-viscosity  coefficient. 

It  has  also  been  demonstrated  that  the  effect  of  load  on  EHL  oil  film  thicknesses 
can  be  considerable  in  bath  lubricated  rolling  contact  bearings. 
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DISCUSSION 


M.A.H.Sequeira,  Portuguese  Oil  C  o.,  Po 
Did  you  use  an  SAK  20  or  20W  oil? 


Author’s  Reply 

We  used  a  20W  oil.  There  is  a  typing  error  but  the  graph  is  correct. 


K.J. Brown,  Ontario  Hydro,  Toronto,  Ca 

First,  I  would  like  to  offer  encouragement  for  your  planned  efforts  to  determine  experimental  heat  transfer  coeffi¬ 
cients  of  bearing  housings.  I  would  also  like  to  suggest  that  the  effects  of  dirty  or  coated  housing  more  typical  of  an 
industrial  environment  be  considered.  Regarding  your  model  can  it  be  used  to  study  the  possibility  of  thermal 
"runaway”  during  start-ups.  This  can  happen  in  the  case  of  an  inner  race  being  hotter  or  getting  hotter  more  rapidly 
than  the  outer  race  or  bearing  housing.  Also,  can  the  model  do  cases  in  which  a  parameter  is  changed.  This  could  be 
the  case  when  cooling  water  is  discontinued  and  it  is  desired  to  know  the  time  to  reach  a  limiting  or  alarm  value. 

Author’s  Reply 

As  it  now  stands,  the  model  cannot  be  used  to  study  transients.  That  is  a  much  more  difficult  problem  than  the 
steady  state,  and  we  feel  that  we  would  rather  crawl  before  we  try  walking.  At  the  moment  we  are  looking  at 
getting  thermal  equilibrium  first  of  all.  Wc  will  look  at  transient  conditions  later  on. 
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ELASTOHYDRODYNAMIC  LUBRICATION  OF  ELLIPTICAL  CONTACTS'* 


Bernard  J .  Hamrock 
NASA  Lewis  Research  Center 
21000  Brookpark  Rd. 
Cleveland,  Ohio  44135  U.S.A. 


SUMMARY 


The  emphasis  of  the  first  part  of  the  paper  is  on  fully  flooded,  elastohydro- 
dvnamically  lubricated,  elliptical  contacts.  A  fully  flooded  conjunction  is  one  in 
which  the  film  thickness  is  not  significantly  changed  when  the  amount  of  lubricant  is 
increased.  The  relevant  equations  used  in  the  elastohydrodynamic  lubrication  (EHL)  of 
elliptical  contacts  are  briefly  described.  The  most  important  practical  aspect  of  the 
elastohydrodynamic  theory  is  the  determination  of  the  minimum  film  thickness  within  the 
contact.  The  maintenance  of  a  fluid  film  of  adequate  magnitude  is  an  essential  feature 
of  the  correct  operation  of  lubricated  machine  elements.  The  results  to  be  presented 
show  the  influence  of  contact  geometry  on  minimum  film  thickness  as  expressed  by  the 
ellipticity  parameter  and  the  dimensionless  speed,  load,  and  materials  parameters.  Film 
thickness  equations  are  developed  for  materials  of  high  elastic  modulus,  such  as  metal, 
and  for  materials  of  low  elastic  modulus,  such  as  rubber .  The  solutions  for  materials 
of  high  elastic  modulus  are  sometimes  referred  to  as  "hard  EHL,"  and  the  solutions  for 
materials  of  low  elastic  modulus  as  "soft  EHL."  In  addition  to  the  film  thickness  equa¬ 
tions  that  are  developed,  plots  of  pres3ure  and  film  thickness  are  presented.  These 
theoretical  solutions  for  film  thickness  have  all  the  essential  features  of  previously 
reported  experimental  observations  based  on  optical  interferometry. 

In  the  second  part  of  the  paper  a  theoretical  study  of  the  influence  of  lubricant 
starvation  on  film  thickness  and  pressure  in  hard  and  soft  elliptical  elastohydrodynamic 
contacts  is  presented.  From  the  results  for  both  hard  and  soft  EHL  contacts  a  simple 
and  important  dimensionless  inlet  boundary  distance  is  specified.  This  inlet  boundary 
defines  whether  a  fully  flooded  or  a  starved  condition  exists  in  the  contact.  It  is 
also  found  that  the  film  thickness  for  a  starved  condition  can  be  written  in  dimension¬ 
less  terms  as  a  function  of  the  inlet  distance  parameter  and  the  film  thickness  for  a 
fully  flooded  condition.  Contour  plots  of  pressure  and  film  thickness  in  and  around  the 
contact  are  shown  for  fully  flooded  and  starved  conditions.  The  theoretical  findings 
are  compared  directly  with  results  obtained  experimentally. 

INTRODUCTION 

Elastohydrodynamic  lubrication  is  a  form  of  fluid-film  lubrication  where  elastic 
deformation  of  bearing  surfaces  becomes  significant.  It  is  usually  associated  with 
highly  stressed  machine  components  of  low  conformity,  such  as  gears  and  rolling-element 
bearings.  This  lubrication  mechanism  is  also  encountered  with  soft  bearing  materials, 
such  as  rubber  seals  and  tires.  The  common  factor  in  these  applications  is  that  local 
elastic  deformation  of  the  solids  provides  coherent  fluid  films  and  thus  asperity 
interaction  is  prevented. 

Historically,  elastohydrodynamic  lubrication  may  oe  viewed  as  one  of  the  major 
developments  in  the  field  of  tribology  in  the  twentieth  century.  It  not  only  revealed 
the  existence  of  a  previously  unsuspected  regime  of  lubrication  in  highly  stressed  and 
nonconformal  machine  elements,  such  as  gears  and  rolling-element  bearings,  but  it 
brought  order  to  the  understanding  of  the  complete  spectrum  of  lubrication  ranging  from 
boundary  to  hydrodynamic. 


CONFORMAL  AND  N0NC0MF0RMAL  SURFACES 

Hydrodynamic  lubrication  is  generally  characterized  by  surfaces  that  are  confor¬ 
mal.  That  is,  the  surfaces  fit  snugly  into  each  other  with  a  high  degree  of  geometrical 
conformity,  so  that  the  load  is  carried  over  a  relatively  large  area.  Furthermore  the 
load-carrying  surface  area  remains  essentially  constant  while  the  load  is  increased. 
Fluid-film  'ournal  and  slider  bearings  exhibit  conformal  surfaces.  In  journal  bearings 
the  radia-L  learance  between  the  shaft  and  the  bearing  is  typically  one- thousandth  ot 
the  shaft  diameter;  in  slider  bearings  the  inclination  of  the  beating  surface  to  the 
runner  is  typically  one  part  in  a  thousand. 

Many  machine  elements  have  contacting  surfaces  that  do  not  conform  to  eacli  other 
very  well.  The  full  burden  of  the  load  must  then  be  carried  by  a  very  small  contact 
area.  In  general  the  contact  areas  between  nonconformal  surfaces  enlarge  considerably 
with  increasing  load  but  ere  still  small  compared  with  the  contact  areas  between  confor¬ 
mal  surfaces.  Some  examples  of  these  nonconformal  surfaces  are  mating  gear  teeth,  cams 
and  followers,  and  rolling-element  bearings. 


^Previously 
Czechoslovakia , 


presented  as  a  lecture  for  First  Symposium  1NTERTRIBO  '81,  Stvbske  Pleso 
April  27-29,  1981  (NASA  TM-81647). 
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The  load  per  unit  area  In  conformal  bearings  is  relatively 
MN/nr  and  seldom  over  7  MN/nr.  By  contrast,  the  load  per  unit 
contacts,  such  as  those  that  exist  in  ball  bearings,  will  gener 
even  at  modest  applied  loads.  These  high  pressures  result  in  e 
materials  such  that  the  elliptical  contact  areas  are  formed  for 
load  support.  The  significance  of  the  high  contact  pressures  i 
a  considerable  Increase  in  fluid  viscosity.  Inasmuch  as  viscos 
fluid's  resistance  to  flow,  this  increase  greatly  enhances  the 
support  load  without  being  squeezed  out  of  the  contact  zone. 


low,  typically  only  1 
area  in  nonconformal 
ally  exceed  700  MN/nr, 
lastic  deformation  of 
oil  film  generation  and 
s  that  they  result  in 
ity  is  a  measure  of  a 
lubricant's  ability  to 


The  undeformed  geometry  of  contacting  solids  can  be  represented  in  general  terms  by 
two  ellipsoids.  The  two  solids  with  different  radii  of  curvature  in  a  pair  of  principal 
planes  (x  and  y)  passing  through  the  contact  between  the  solids  make  contact  at  a  sin¬ 
gle  point  under  the  condition  of  zero  applied  load.  Such  a  condition  is  called  point 
contact  and  is  shown  in  figure  1,  where  the  radii  of  curvature  are  denoted  by  r's.  It 
is  assumed  throughout  the  paper  that  convex  surfaces,  as  shown  in  figure  1,  exhibit 
positive  curvature  and  concave  surfaces,  negative  curvature.  Therefore,  if  the  center 
of  curvature  lies  within  the  solid,  the  radius  of  curvature  is  positive;  if  the  center 
of  curvature  lies  outside  the  solid,  the  radius  of  curvature  is  negative.  It  is  impor¬ 
tant  to  note  that  if  coordinates  x  and  y  are  chosen  such  that 

~~  +  ~  >  7^-  +  7^  (1) 

rax  rbx  ray  rby 

coordinate  x  then  determines  the  direction  of  the  semiminor  axis  of  the  contact  area 
when  a  load  is  applied  and  y,  the  direction  of  the  semimajor  axis. 


RELEVANT  EQUATIONS 

The  relevant  equations  used  in  elastohydrodynamic  lubrication  of  elliptical  con¬ 
tacts  are  as  follows: 

Lubrication  equation  (Reynolds  equation) 


where 


3  /fihi  IeV  3_  /fihi  3£\  12  3_  } 

3x  ^  n  3x  J  3y  \  n  3y  J  14U  3x  '‘pn; 


uo  +  u. 
a  b 


Viscosity  variation 


n  "  rige  r 

where  no  is  the  coefficient  of  absolute  or  dynamic  viscosity  at  atmospheric 
pressure  and  a  is  the  pressure-viscosity  coefficient  of  the  fluid. 


Density  variation  (for  mineral  oils] 


P  *  Po 


(l  *  t44^-p) 


where  pq  is  the  density  at  atmospheric  conditions. 


Elasticity  equation 


“bff, — ^ 

J  J  rT*  -  *,)2  + 

A  *■ 


(y  -  y,)‘ 


where 


Film  thickness  equation 


n  .  vj  i  -  v. 


h  -  h0  +  S(x ,  y)  +  w(x ,  y)  =  hy  +  +  w(x,y) 

x  y 


(7) 


where 


1  _  1  . 


1_ 

R. 


1 

(8) 

rbx 

1 

(9) 

rby 

The  problem  is  to  calculate  the  pressure  distribution  in  the  contact  and  at  the  same 
time  allow  for  the  effects  that  this  pressure  will  have  on  the  properties  of  the  fluid 
and  on  the  geometry  of  the  elastic  solids.  The  solution  will  also  provide  the  shape  of 
the  lubricant  film,  particularly  the  minimum  clearance  between  the  solids.  A  detailecj 
description  of  the  elasticity  model  used  is  given  in  Dowson  and  Hamrock  (1976),  and  the 
complete  EHL  theory  is  given  in  Hamrock  and  Dowson  (1976). 


DIMENSIONLESS  GROUPING 

The  variables  resulting  from  the  isothermal  elliptical  contact  theory  developed  in 
Hamrock  and  Dowson  (1976)  are 

E'  effective  elastic  modulus,  N/m^ 

F  normal  applied  load,  N 

h  film  thickness,  m 

Rx  effective  radius  in  x  (.motion)  direction,  m 

Ry  effective  radius  in  y  (transverse)  direction,  m 

u  mean  surface  velocity  in  x  direction,  m/s 
a  pressure- viscosity  coefficient  of  fluid,  m^/N 

no  atmospheric  viscosity,  N  s/m^ 

From  these  variables  the  following  five  dimensionless  groupings  were  established: 
Dimensionless  film  thickness 


H  - 


h_ 

R.. 


(10) 


Ellipticity  parameter 


k 


(11) 


Brewe  and  Hamrock  (1977)  used  a  linear  regression  by  the  method  of  least  squares  to  ob¬ 
tain  the  simplified  equations  given  in  equation  (11).  That  is,  for  given  sets  of  pairs 

of  data  ([ki,  (Ry/Rx)jJ,  j  -  1,  2 . n },  a  power  fit  using  a  linear  regression  by 

the  method  of  least  squares  resulted  in  obtaining  equation  (11). 


Dimensionless  load  parameter 


W  - 


Dimensionless  speed  parameter 


U 


n0u 

etr“ 


Dimensionless  materials  parameter 


G  -  aE' 


(12) 


(13) 


(14) 


The  dimensionless  film  thickness  can  thus  be  written  as  a  function  of  the  other 
four  parameters 


H  -  f(k,U,W,G) 


(15) 


The  influence  of  the  dimensionless  parameters  k,  U,  W,  and  G  on  minimum  film  thick¬ 
ness  Hmjn  is  presented  later  for  both  hard  and  soft  contacts. 

The  set  of  dimensionless  groups  {H,k,U,W,G}  is  a  useful  collection  of  parameters 
for  evaluating  the  results  presented  in  this  paper.  It  is  also  comparable  to  the  set 
of  dimensionless  parameters  used  in  the  initial  elastohydrodynamic  analysis  of  line  con¬ 
tacts,  and  it  has  the  merit  that  the  physical  significance  of  each  term  is  readily 
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apparent.  However,  a  rubber  of  authors,  for  example,  Moes  (1965-66)  and  Theyse  (1966), 
have  noted  that  this  set  of  dimensionless  groups  can  be  reduced  by  one  parameter  without 
any  loss  of  generality, 


FULLY  FLOODED  HARD-EHL  RESULTS 

By  using  the  numerical  procedures  outlined  in  Hamrock  and  Dowson  (1976)  the  in¬ 
fluence  of  the  ellipticity  parameter  and  the  dimensionless  speed,  load,  and  materials 
parameters  on  minimum  film  thickness  has  been  investigated  for  hard-EHL,  fully  flooded 
contacts  (Hamrock  and  Dowson,  1977b).  The  ellipticity  parameter  k  was  varied  from  1 
(a  ball-on-plate  configuration)  to  8  (a  configuration  approaching  a  rectangular  con¬ 
tact).  The  dimensionless  speed  U  was  varied  over  a  range  of  nearly  two  orders  of 
magnitude,  and  the  dimensionless  load  parameter  W  over  a  range  of  one  order  of  magni¬ 
tude.  Situations  equivalent  to  using  solid  materials  of  bronze,  steel,  and  silicon 
nitride  and  lubricants  of  paraffinic  and  naphthenic  oils  were  considered  in  an  investi¬ 
gation  of  the  role  of  the  dimensionless  materials  parameter  G.  The  34  cases  used  to 
generate  the  mi nimum- f i lm- thickness  formula  are  given  ii  table  1.  In  the  table  Hmjn 
corresponds  to  the  minimum  film  thickness  obtained  from  the  EHL  elliptical  contact  the¬ 
ory  given  in  Hamrock  and  Dowson  (1976).  The  minimum- f i lm- th ickness  formula  obtained 
from  a  least-squares  fit  of  the  data  was  first  given  in  Hamrock  and  Dowson  (1977b)  and 
is  given  here  as 


flmin  *  3’63  U0'68G°-4V°-073(1  -  e-°‘68k) 


In  table  I  flmin  is  the  minimum  film  thickness  obtained  from  equation  (16).  The  per¬ 
centage  difference  between  Hmjn  and  Hmjn  is  expressed  by 

D1  '  100  (17) 

In  table  1  the  values  of  D^  are  within  ±5  percent. 

A  representative  contour  plot  of  dimensionless  pressure  is  shown  in  figure  2  for 
k  ■  1.25,  U  «  0.168x10*11,  W  *  0.111x10"°,  and  G  *•  4522,  In  this  figure  and  in 
figure  3,  the  +  symbol  indicates  the  center  of  the  Hertzian  contact  zone.  The  dimen¬ 
sionless  representation  of  the  X  and  Y  coordinates  causes  the  actual  Hertzian  con¬ 
tact  ellipse  to  be  a  circle  regardless  of  Che  value  of  the  ellipticity  parameter.  The 
Hertzian  contact  circle  is  shown  by  asterisks.  On  the  figure  is  a  key  showing  the  con¬ 
tour  labels  and  each  corresponding  value  of  dimensionless  pressure.  The  inlet  region  is 
to  the  left  and  the  exit  region  is  to  the  right.  The  pressure  gradient  at  the  exit  end 
or  the  conjunction  is  much  larger  than  that  in  the  inlet  region.  In  figure  2  a  pressure 
spike  is  visible  at  the  exit  of  the  contact. 

Contour  plots  of  film  thickness  are  shown  in  figure  3  for  k  m  1.25,  U  -  0.168xlU“H, 
W  *  0,111x10"  ,  and  G  »  4522.  In  this  figure  two  minimum-f i lm- thickness  regions  occur 
in  well  defined  side  lobes  that  follow,  and  are  close  to,  the  edge  of  the  Hertzian  contact 
ellipse.  These  results  reproduce  all  the  essential  features  of  previously  reported 
experimental  observations  based  on  optical  interferometry  (Cameron  and  Gohar,  1966). 

The  variation  of  pressure  and  film  thickness  in  the  direction  of  rolling  quite  close 
to  the  X-axis  near  the  midplane  of  the  conjunction  is  shown  in  figure  4  for  three  values 
of  U.  The  values  of  the  dimensionless  load,  materials,  and  ellipticity  parameters  were 
held  constant  at  k  -  6,  W  -  0.737'-10”6,  and  G  ■=  4522.  In  figure  4(a)  the  dashed  line 
corresponds  to  the  Hort- ian  pressure  distribution.  This  figure  shows  that  the  pressure 
at  any  location  in  the  inlet  region  rises  as  the  speed  increases,  a  result  that  is  also 
consistent  with  the  elas tohydrodynamic  theory  for  line  or  rectangular  contacts.  Further¬ 
more,  as  the  speed  decreases,  the  height  of  the  pressure  spike  decreases  and  the  hydro- 
dynamic  pressures  gradually  approach  the  semielliptical  form  of  the  Hertzian  contact 
stresses.  Note  that  the  location  of  the  pressure  spike  moves  downstream  toward  the  edge 
of  the  Hertzian  contact  ellipse  as  the  speed  decreases.  For  nominal  line  or  rectangular 
contacts  Dowson  and  Higginson  (1966)  showed  results  similar  to  those  in  figure  4(a). 

The  typical  elastohydrodynamic  film  shape  with  an  essentially  parallel  section  in 
the  central  region  is  shown  in  figure  4(b),  There  is  little  sign  of  a  reentrant  region 
in  this  case,  except  perhaps  at  the  lowest  speed.  Also,  there  is  a  considerable  change 
in  the  film  thickness  as  the  dimensionless  speed  is  changed,  as  indicated  by  equation 
(16),  This  illustrates  most  clearly  the  dominant  effect  of  the  dimensionless  speed 
parameter  U  on  the  minimum  film  thickness  in  elastohydrodynamic  contacts. 

The  variati  ,o  of  pressure  and  film  thickness  in  the  direction  of  motion  along  a  line 
close  to  the  midplane  of  the  conjunction  is  shown  in  figure  5  for  three  values  of  dimen¬ 
sionless  load  parameter.  The  values  of  the  dimensionless  speed,  materials,  and  elliptic¬ 
ity  parameters  were  held  fixed  at  U  =  0 . 168xl0_:L1 ,  G  =  4522,  and  k  =  6.  Note  trom 
l  igure  5(a)  that  the  pressure  at  any  location  in  the  inlet  region  falls  as  the  load  in¬ 
creases.  For  the  highest  load  (W  =  1.106x10”°) ,  figure  5(b),  the  film  thickness  rises 
between  the  central  region  and  the  outlet  restriction.  This  reentrant  eftect  is  attri¬ 
buted  to  lubricant  compressibility.  Note  also  that  at  W  =  0.5228xl0"b  the  film  thick- 
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ness  is  slightly  smaller  than  at  W  ”  I.106xl0"b.  This  somewhat  curious  result  is 
linked  to  the  fact  that  the  location  of  the  minimum  film  thickness  also  changes  drasti¬ 
cally  over  this  load  range.  At  the  lower  load  the  minimum  film  thickness  is  located  on 
the  midplane  of  the  conjunction  downstream  from  the  center  of  the  contact;  at  the  higher 
load  it  moves  to  the  side  lobes  as  described  earlier. 


FULLY  FLOODED  SOFT-EHL  RESULTS 

The  earlier  studies  of  elastohydrodvnamic  lubrication  of  conjunctions  of  elliptical 
form  are  applied  to  the  particular  and  interesting  situation  exhibited  by  materials  of 
low  elastic  modulus  (soft  EHL).  The  procedure  used  in  obtaining  the  soft-EHL  results  is 
given  in  Hamrock  and  Dowson  (1978).  The  ellipticity  parameter  was  varied  from  1  (a  ball¬ 
on-plate  configuration)  to  12  (a  configuration  approaching  a  nominal  line  or  rectangular 
contact).  The  dimensionless  speed  and  load  parameters  were  varied  by  one  order  of  magni¬ 
tude.  Seventeen  different  cases  used  to  generate  the  minimum-f ilmthickness  formula  are 
given  in  table  II.  In  the  table  Hmin  corresponds  to  the  minimum  film  thickness  ob¬ 
tained  from  applying  the  EHL  elliptical  contact  theory  given  in  Hamrock  and  Dowson  (1976) 
to  the  soft-EHL  contacts.  The  minimum-film-thickness  formula  obtained  from  a  least 
squares  fit  of  the  data  was  first  given  in  Hamrock  and  Dowson  (1978)  and  is  given  here  as 


“min  “  7-43  U0,6V0,21(1 


0.85  e'U,3Ik) 


(18) 


In  table  II  H„,in  is 
percentage  difference 
equation  (17) .  The  va 

It  is  interesting 
(soft  EHL,  eq.  (18))  w 
lus  (bard  EHL)  given  1 
similar,  but  the  power 
rials.  The  expression 
form  in  both  equations 


the  minimum  film  thickness  obtained  from  equation  (18).  The 
between  Hmin  and  Hmip  is  expressed  by  D1(  given  in 
lues  of  Di  in  table  II  are  within  the  range  -8  to  8  percent. 

to  compare  the  equation  for  materials  of  low  elastic  modulus 
ith  the  corresponding  equation  for  materials  of  high  elastic  moou- 
n  equation  (16).  The  powers  of  U  ir.  equations  (18)  ard  (16)  are 
of  W  is  much  more  significant  for  low  elastic-modulus  mate¬ 
showing  the  effect  of  the  ellipticity  parameter  is  of  exponential 
but  with  different  constants. 


A  major  difference  between  equations  (18)  and  (16)  is  the  absence  of  a  materials 
parameter  G  in  the  expression  for  low-elastic-modulus  materials.  There  are  two  rea¬ 
sons  for  this.  One  is  the  negligible  effect  of  pressure  on  the  viscosity  of  the  lubri¬ 
cating  fluid,  and  the  other  is  the  way  in  which  the  role  of  elasticity  is  simply  and 
automatically  incorporated  into  the  prediction  of  conjunction  behavior  through  an  in¬ 
crease  in  the  size  of  the  Hertzian  contact  zone  corresponding  to  changes  in  load.  As  a 
check  on  the  validity  of  this,  case  9  of  table  II  was  repeated  with  the  material  changed 
from  nitrile  to  silicone  rubber.  The  results  of  this  change  are  recorded  as  case  17  in 
table  II.  The  dimensionless  minimum  film  thickness  calculated  from  the  full  numerical 
solution  to  the  elastohydrodynamic  contact  theory  was  181.8x10"°,  and  the  dimension¬ 
less  minimum  film  thickness  predicted  from  equation  (18)  turned  out  to  be  182.5x10"^. 
This  clearly  indicates  a  lack  of  dependence  of  the  minimum  film  thickness  for  low- 
elastic-modulus  materials  on  the  materials  parameter. 

.  ,hThVf  raCit;  Hmin-'Hmin.r  is  shown  in  figure  6,  where  H„.in  r 

is  the  minimum  film  thickness  for  rectangular  contacts,  with  the  ellipticity  parameter 
-i  i  hlRh,  and  low-elastic-modulus  materials.  If  it  is  assumed  that  the  minimum 

tiim  thickness  obtained  from  the  elastohydrodynamic  analysis  of  elliptical  contacts  can 
only  be  obtained  to  an  accuracy  of  3  percent,  we  find  that  the  ratio  Hml-n/Hm^r,  r 
approaches  the  limiting  value  at  k  »  3  for  high-elast ic-mociulus  materials.  For  low¬ 
er  ast  ic-modulus  materials  the  ratio  approaches  the  limiting  value  more  slowly  but  it  is 
reasonable  to  state  that  the  rectangular-contact  solution  will  give  a  very  good  predic¬ 
tion  of  the  minimum  film  thickness  for  conjunctions  in  which  k  exceeds  about  11. 


FULLY  FLOODED  -  STARVED  BOUNDARY 

The  computing  area  in  and  around  the  Hertzian  contact  is  shown  in  figure  7.  In 
this  figure  the  coordinate  X  is  made  dimensionless  with  respect  to  the  semiminor  axis 
b  of  the  contact  ellipse,  and  the  coordinate  Y  is  made  dimensionless  with  respect  to 
the  semimajor  axis  a  of  the  contact  ellipse.  The  ellipticity  parameter  k  is  defined 
as  the  semimajor  axis  divided  by  the  semiminor  axis  of  the  contact  ellipse  (k  =  a/b). 
Because  of  the  dimensionless  form  of  the  coordinates  X  and  Y  the  Hertzian  contact 
ellipse  becomes  a  Hertzian  circle  regardless  of  the  value  of  k.  This  Hertzian  contact 
circle  is  shown  in  figure  7  with  a  radius  of  unity.  The  edges  of  the  computing  area, 
where  the  pressure  is  assumed  to  be  ambient,  are  also  denoted.  In  this  figure  the 
dimensionless  inlet  distance  m,  which  is  equal  to  the  dimensionless  distance  trom  the 
center  of  the  Hertzian  contact  zone  to  the  inlet  edge  of  the  computing  area,  is  shown. 
Lubricant  starvation  can  be  studied  by  simply  changing  the  dimensionless  inlet  distance 
m.  A  fully  flooded  condition  is  said  to  exist  when  the  dimensionless  inlet  distance 
ceases  to  influence  the  minimum  film  thickness  to  any  significant  extent. 

The  value  at  which  the  minimum  film  thickness  first  starts  to  change  when  m  is 
gradually  reduced  from  a  fully  flooded  condition  is  called  the  fully  flooded  -  starved 
boundary  position  and  is  denoted  by  m* .  Therefore  lubricant  starvation  was  studied  by 
using  the  basic  elastohydrodynamic  lubrication  elliptical  contact  theory  developed  ear¬ 
lier  in  the  paper  and  by  observing  now  reducing  the  dimensionless  inlet  distance 
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affected  the  basic  features  of  the  conjunction.  The  next  two  sections  make  extensive- 
use  of  the  work  presented  by  Hamrock  and  Dowson  (1977a)  and  Hamrock  and  Dowson  (1979). 


STARVED  HARD-KHL  RESULTS 

Table  111  shows  how  changing  the  dimensionless  inlet  distance  affected  the  dimen¬ 
sionless  minimum  film  thickness  tot  three  groups  of  dimensionless  load  and  speed  parame¬ 
ters.  All  the  data  presented  in  this  section  are  for  hard-EHL  contacts  that  have  a 
materials  parameter  G  fixed  at  4522  and  the  ellipticity  parameter,  at  6.  It  can  be 
seen  from  table  III  that,  as  the  dimensionless  inlet  distance  8  decreases,  the  dimen¬ 
sionless  minimum  film  thickness  Hmjn  also  decreases. 

Table  IV  shows  how  the  three  groups  of  dimensionless  speed  and  load  parameters  con¬ 
sidered  affected  the  location  of  the  dimensionless  inlet  boundary  distance  m*.  Also 
given  in  this  table  are  the  corresponding  values  of  dimensionless  central  and  minimum 
film  thickness  for  the  fully  flooded  condition  as  obtained  by  interpolating  the  numeri¬ 
cal  values.  The  value  of  the  dimensionless  inlet  boundary  position  m*  shown  in 
table  IV  was  obtained  by  using  the  data  from  table  111  when  the  following  equation  was. 
satisfied: 


Hmin  '  <Hmin> 


ffi-m* 


'min 


0.03 


(19) 


The  value  of  0.03  was  used  in  equation  (19)  since  it  was  ascertained  that  the  data  in 
table  III  were  accurate  to  only  ±3  percent. 

The  general  form  of  the  equation  that  describes  how  the  dimensionless  inlet  dis¬ 
tance  at  Lhe  fully  flooded  -  starved  boundary  m*  varies  with  the  geometry  and  central 
film  thickness  of  an  elliptical  elastohydrodynamic  conjunction  is  given  as 


m 


*  _ 


(20) 


The  right  side  of  equation  (20)  is  similar  in  form  to  the  equations  given  by  Wolvendge, 
et  al.  (1971)  arid  Wedeven,  et  al.  (1971).  By  applying  a  least-squares  power  fit  to  the 
data  obtained  from  table  111  we  can  write 


\2  1 

0.5b 

m*  - 

l  +  3.34 

(i 

“)  Hmin 

L 

-1 

(21) 


A  fully  flooded  condition  exists  when  S  >  m*,  and  a  starved  condition  exists  when 
m  <  m*. 


Having  clearly  established  the  limiting  location  of  the  inlet  boundary  for  the 
fully  flooded  conditions  (eq.  (21))  we  can  develop  an  equation  defining  the  dimension¬ 
less  film  thickness  for  elliptical  conjunctions  operating  under  starved  lubrication 
conditions.  The  ratio  between  the  dimensionless  minimum  film  thickness  in  starved  and 
fully  flooded  conditions  can  be  expressed  in  general  form  as 


U 

min,  s 
Hmin 


(22) 


table  V  shows  how  the  ratio  of  the  dimensionless  inlet  distance  parameter  to  the  fully 
flooded  -  starved  boundary  (8  -  l)/(m*  -  1)  affects  the  ratio  of  minimum  film  thickness 
in  the  starved  and  fully  flooded  conditions  Hmrn  s/Hmin-  A  least-squares  power 
curve  fit  to  the  16  pairs  of  data  points  1 


1.2. 


lb 


was  used  in  obtaining  values  for  C*  and  D*  in  equation  (22).  For  these  values  of 
C*  and  D*  the  dimensionless  minimum  film  thickness  for  a  starved  condition  can  be 
written  as 


(23) 
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Therefore,  whenever  m  <  m*,  where  m*  is  defined  by  equation  (21),  a  starved  lubrica¬ 
tion  condition  exists.  When  this  is  true,  the  dimensionless  minimum  film  thickness  is 
expressed  by  equation  (23).  If  m  m*,  where  m*  is  defined  by  equation  (21),'  a 
fully  flooded  condition  exists.  Expressions  for  the  dimensionless  minimum  film 
thickness  for  a  fully  flooded  condition  Hmin  are  given  in  equation  (16.). 

Figures  8  to  11  explain  more  fully  what  happens  in  going  from  a  fully  flooded  to  a 
starved  lubrication  condition.  As  in  the  earlier  part  of  the  paper  the  +  symbol 
indicates  the  center  of  the  Hertzian  contact,  and  the  asterisks  indicate  the  Hertzian 
contact  circle.  Also  on  each  figure  the  contour  labels  and  each  corresponding  valu1  are 
given. 

In  figures  8(a),  (b) ,  and  (c)  contour  plots  of  dimensionless  pressure  (P  =  p/E') 
are  given  for  group  1  of  table  III  and  for  dimensionless  inlet  distances  m  of  4,  2, 
and  1.25,  respectively.  In  these  figures  the  contour  values  are  the  same  in  each  plot. 

*  he  pressure  spikes  are  evident  in  figures  8(a)  and  (b) ,  but  no  pressure  spike  appears 
in  figure  8(c).  This  implies  that  as  the  dimensionless  inlet  distance  m  decreases,  or 
as  the  severity  of  lubricant  starvation  increases,  the  pressure  spike  is  suppressed. 
Figure  8(a),  with  m  =  4,  corresponds  to  a  fully  flooded  condition;  figure  8(b),  with 
m  “•  2 ,  to  a  starved  condition;  and  figure  8(c),  with  m  =  1.25,  to  even  more  severe 
starvation.  Once  lubricant  starvation  occurs,  the  severity  of  the  situation  within  the 
conjunction  increases  rapidly  as  m  is  decreased  and  dry  contact  conditions  are 
approached. 

Contour  plots  of  the  dimensionless  film  thickness  (H  *»  h/Rx)  for  the  results 
shown  in  group  1  of  table  III  and  for  conditions  corresponding  to  the  three  pressure 
distributions  shown  in  figure  8  are  reproduced  in  figure  9.  It  is  clear  that  the  film 
shape  in  the  central  region  of  the  elastohydrodynamic  conjunction  becomes  more  parallel 
as  lubricant  starvation  increases  and  that  the  region  occupied  by  the  minimum  film 
thickness  becomes  more  concentrated.  Note  also  that  the  values  attached  to  the  film 
thickness  contours  for  the  starved  condition  (fig.  9(c))  are  much  smaller  than  those  of 
the  film  thickness  contours  for  the  fully  flooded  condition  (fig.  9(a)). 


STARVED  SOFT-EHL  RESULTS 

By  using  the  theory  and  numerical  procedure  mentioned  earlier  in  the  paper,  we 
can  investigate  the  influence  of  lubricant  starvation  on  minimum  film  thickness  in 
starved,  elliptical,  elastohydrodynamic  conjunctions  for  low-elastic-modulus  materials 
(soft  EHL) .  Lubricant  starvation  is  studied  by  simply  moving  the  inlet  boundary  closer 
to  the  center  of  the  conjunction,  as  described  in  the  previous  section. 

Table  VI  shows  how  the  dimensionless  inlet  distance  affects  the  dimensionless  film 
thickness  for  three  groups  of  dimensionless  load  and  speed  parameters.  For  all  the  re¬ 
sults  presented  in  this  section  the  dimensionless  materials  parameter  G  was  fixed  at 
0.4276,  and  the  elltpticity  parameter  k  was  fixed  at  6.  The  results  shown  in  table  VI 
clearly  indicate  the  adverse  effect  of  lubricant  starvation  in  the  sense  that,  as  the 
dimensionless  inlet  distance  31  decreases,  the  dimensionless  minimum  film  thickness 
Hmin  also  decreases. 

Table  VII  shows  how  the  three  groups  of  dimensionless  speed  and  load  parameters 
affect  the  limiting  location  of  the  dimensionless  critical  inlet  boundary  cJistance  m* . 
Also  given  in  this  table  are  corresponding  values  of  the  dimensionless  minimum  film 
thickness  for  the  fully  flooded  condition,  as  obtained  by  interpolating  the  numerical 
values.  By  making  use  of  table  VI  and  following  the  procedure  outlined  in  the  previous 
section,  we  can  write  the  critical  dimensionless  inlet  boundary  distance  at  which  star¬ 
vation  becomes  important  for  low-elastic-modulus  materials  as 


r/H 

\2  1 

0.16 

m*  = 

1  +  1.07 

-*)  H  . 
f  min 

L 

where  Hmin  is  obtained  from  the  fully  flooded  soft-EHL  results  in  equation  (18). 


(24) 


Table  VIII  shows  how  m*  affects  the  ratio  of  minimum  film  thickness  in  the 
starved  and  fully  flooded  conditions  Hmin , s/^min •  The  dimensionless  minimum  film 
thickness  for  a  starved  condition  for  low-elast lc-modulus  materials  can  thus  be  written 
as 


(25) 


Therefore,  whenever  Si  s  m*,  where  m*  is  defined  by  equation  (24),  a  lubricant 
starvation  condition  exists.  When  tnis  is  true,  the  dimensionless  minimum  film  thick¬ 
ness  is  expressad  by  equation  (25).  If  m  m*,  a  fully  flooded  condition  exists,  and 
the  expression  for  the  dimensionless  minimum  film  thickness  for  a  fully  flooded  condi¬ 
tion  Hmjn  for  materials  of  low  elastic  modulus  is  given  in  equation  (18). 
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TABLE  I.  -  DATA  SHOWING  EfftCT  OF  ELLlPTIUTY,  LOaU,  SPEtU,  aNO  MATERIALS  PARAMETERS  ON  MINIMUM  FILM  THICKNESS  FOR  HARO  tHL  CONTACTS 
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TABLE  Vt.  -  EFFECT  OF  STARVATION  ON  FILM  THICKNESS 
FOR  SOFT  EHL  CONTACTS 

Dimensionless  Group 

Inlet  Distance, 

~  12  3 

m 

Dimensionless  Load  Parameter,  W 
0. 440 5x10” 3  0.2202X10'3  0.4405X10'3 

Dimensionless  Speed  Parameter,  U 
0.5139X10”8  0.1027XI0”7  0.5139X10"7 

Dimensionless  Minimum  Film  Thickness,  H 

_ _  _  _  min 


1.967 

131.6XI0'6 

241.8X1P'6 

58*.  ?X10 

1.833 

131.2 

238.6 
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129.7 
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543. 1 

1.  sou 
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217. 2 
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1.333 

115.9 

199.3 
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98.11 
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272.3 

1.033 

71.80 
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272.  3 

TABLE  VIR,  -  EFFECT  OF  INLET  DISTANCE  ON  MINIMUM- 


FILM-THICKNESS  RATIO  FOR  SOFT  EHL  CONTACTS 


Ciroup 

Dimensionless 

Inlet  Distance, 
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Film  Thicknesses 
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TABLE  VII.  -  EFFECT  OF  INLET  DISTANCE  ON  FILM  THICKNESS 
FOR  SOFT  EHL  CONTACTS 

Group  Dimensionless  Parameters  Fully  Flooded  Dtmen- 


Mlnlmum  slonless 

Film  Inlet 

Thickness,  Boundary, 


l 

0.5139*10”R  0.4405x10”3  19.41 

127.3xl0"fi 

1.661 

2 

.1027xl0”7  .2202  24.45 

234.5 

1,757 

3 

.5139  .4405  19.41 

567.2 

1.850 

Figure  1.  -  Geometry  of  contacting  elastic  solids. 


Dimensionless 

pressure, 

P -p/E> 

A  1.7xl0’3 
B  1.6 

C  1.5 

D  l.A 

E  1.2 

F  1.0 

G  .7 

H  .3 


Figure  2.  -  Contour  plot  of  dlmersionless  pressure,  k  - 1.25,  U  ■  Q  168xl0-11,  W  •  a  111x10’ 
and  G  ■  4522. 


Dimensionless  film  thickness,  H  •  h/R_  Dimensionless  pressure. 


DISCUSSION 


D.G.Astridge,  Westland  Helicopters,  Yeovil,  UK 

Could  the  author  confirm  that  the  major  axis  considered  is  perpendicular  to  the  rolling  axis,  and,  if  so,  has  he 
considered  the  implications  of  major  axis  parallel  to  the  rolling  axis,  as  occurs  in  our  conformal  tooth  gears. 

Author's  Reply 

The  considerations  in  obtaining  the  minimum  film  thickness  formula  are  valid  for  cliipticity  parameters  greater  than 
one.  Ellipticity  parameters  less  than  one  have  not  been  considered  by  me,  but  are  presently  being  considered  by 
Professor  Dowson,  Dr  Taylor  and  Mr  Dunn  at  ihe  University  of  1  ecds. 


J.B. Medley,  University  of  Waterloo,  Ca 

Were  there  any  regions  in  your  regime  charts  that  numerical  instability  made  solutions  for  minimum  film  thickness 
difficult  to  obtain? 


Author's  Reply 

Numerical  instabilities  arc  definitely  present  in  high  load  situations. 


EPAISSEUR  DU  FILM  ET  FORCE  DE  FROTTEMENT  EN  REGIME  ELASTOHYDRODYNAM1QUE 
DANS  LE  CONTACT  BILLE-CHEM1N  DE  BAGUE  D'UN  ROULEMENT 


par 
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Laboratoire  de  Mfcanique  des  Contacts 
Institut  National  des  Sciences  AppliquSes  de  Lyon 
20,  avenue  Albert  Einstein 
69621  Villeurbanne  -  France 


RESUME 


La  lubrif ication  filastohydrodynamique  des  contacts  elliptiques,  tels  qu'ils  existent  entre  une 
bille  et  un  chetnin  de  bague  de  roulements  3  contacts  obliques,  a  £t3  £tudi£e  sur  vm  dispositif  de  simula¬ 
tion  original  de  haute  precision  spficialement  construit.  Ce  dispositif  pennet  de  mesurer  simul tenement ,  3 
temperature  ambiante,  la  charge  normale,  la  force  de  frottement  tangentielle,  les  vitesses  et  l'epaisseur 
du  film  par  une  mlithode  interf 6rom6trique  (0,05  3  1  pm). 

Les  r£sultats  expSr imentaux  montrent  que,  pour  une  huile  minfirale,  la  thforie  Slastohydrodynami- 
que  peut  etre  Stendue  aux  tr&s  fortes  pressions  (2  GPa) .  Les  effets  des  vitesses  de  glissement  et  de  pivo- 
tement  superpos^es  aux  vitesses  de  roulement  ont  peu  d' influence  sur  l'fipaisseur  du  film  mais  diminuent 
considlirablement  la  force  de  frottement.  Dans  ces  conditions,  le  film  se  comporte  comme  un  solide  amorphe. 

Le  calcul  th£orique  de  la  force  de  frottement  a  et<?  cffectuf  en  regime  dlastohydrodynamique  en 
utilisant  le  mod&le  isotherme  non  linSaire  de  Maxwell,  de  Johnson  et  Tevaarwerk.  Les  rdsultats  thfioriques 
et  expSrimentaux  obtenus  pour  des  pressions  de  1  3  2  GPa  concordent  aux  faibles  taux  de  glissement, 

(<  3  Z).  Les  effets  thermiques,  qui  ne  sont  plus  n£gligeables  3  forts  taux  de  glissement,  sont  consid6r6s 
en  utilisant  d'une  part  le  mod31e  thermo-visco£lastique  de  Daniels  qui  tient  compte  de  la  conduction  de 
chaleur  au  travers  de  l'epaisseur  du  film,  et  d'autre  part  le  module  thermique  de  Tevaarwerk  qui  dent 
compte  dgalement  de  la  convection  dans  le  cas  du  pivotement.  Ces  deux  modules  qui  sont  discutfis  donnent 
des  rCsultats  satisfaisants . 

1  .  INTRODUCTION 


Cette  etude  concerne  la  determination  exp£r iraentale  de  l'epaisseur  du  film  et  de  la  force  de 
frottement  au  voisinage  de  la  temperature  ambiante,  d'un  contact  elliptique  lubrifie  par  une  huile  minera- 
le  de  faible  viscosite  sur  un  dispositif  de  simulation  dr  contact  bille-chemin  de  bague  de  roulement. 

Les  charges  appliquees  entrainent  des  pressions  maximales  de  Hertz  qui  atteignent  2  GPa  et  des 
vitesses  de  glissement  et  de  pivotement  sont  introduites  au  voisinage  du  roulement  pur.  Ces  conditions 
correspondent  3  celles  qui  existent  dans  les  roulements  3  billes  3  contacts  obliques, 

Les  fipaisseurs  de  film  mesurfies  par  la  technique  interf  dromfitrique  sont  compares  aux  valeurs 
calculces  par  la  theorie  dlastohydrodynaraique  de  Hamrock  et  Dowson  | 1 | .  La  force  de  frottement  qui  est 
mesur6e  simul tenement  dans  la  direction  du  roulement  est  interpretive  et  comparee  3  celle  calculee  3  partir 
du  modSle  non  lindaire  de  Maxwell  de  Johnson  et  Tevaarwerk  | 2 j  en  regime  isotherme ,du  modele  thermique  de 
Daniels  | 3 |  et  du  module  thermique  plus  complet  de  Tevaarwerk  | 4 | . 

2.  DISPOSITIF,  CONDITIONS  D'ESSAIS  ET  MESURES 


Un  dispositif  original  de  tr3s  hautes  performances  capable  de  simuler  en  vraie  grandeur  un  con¬ 
tact  hertzien  elliptique  tel  qu'il  existe  entre  une  bille  et  un  chemin  de  bague  d'un  roulement  3  billes  3 
contacts  obliques  a  ete  construit.  Ce  dispositif  de  haute  precision  permet  de  mesurer  simul tanement,  au 
voisinage  de  la  temperature  ambiante,  la  charge  normale,  la  force  de  frottement  tangentielle  dans  la  direc¬ 
tion  du  roulement,  les  vitesses  de  roulement,  de  glissements  et  de  pivotement,  et  de  determiner  l'epaisseur 
du  film  par  une  methode  interf erometrique . 

2.1.  Dispositif  experimental 

Le  dispositif  experimental  a  ete  detaille  par  aillcurs  1 5 1  .  Le  montage  utilise  dans  ces  essais 
est  schematise  figure  1.  Le  disque  en  saphir  est  entraine  en  rotation  avec  une  vitesse  angulaire  variable 

de  30  3  3000  tr/mn  et  le  tonneau  en  acier  tourne  avec  une  vitesse  qui  varie  de  5000  3  45000  tr/mn.  Le  de¬ 
placement  axial  du  palier  hydrostatique  permet  de  mesurer  la  force  de  frottement  et  le  displacement  angu¬ 
laire,  d'appliquer  et  de  mesurer  la  charge.  Le  changement  de  position  de  l'axe  de  rotation  du  tonneau  pro¬ 

duct  au  point  de  contact  un  pivotement  (angle  X)  ou  un  glissement  lateral  (angle  6).  L'huile  est  deposee 
sur  la  surface  inferieure  du  disque  par  le  tube  d' al imenta tion .  La  planeite  et  le  voile  du  disque  sont 
inferieurs  3  0,5  pm  et  le  faux  rond  de  l’eprouvette  en  forme  de  tonneau  inferieur  3  0,6  pm.  Les  rugosites 
des  surfaces  du  disque  et  du  tonneau  sont  respectivement  0,005  pm  et  0,01  pm  C^A.  La  surface  inferieure  du 
disque  en  saphir  est  egalement  recouverte  d'une  couche  mince  de  chrome  de  150  A  qui  ameliore  le  contraste 
des  franges  d' interference , 

2.2.  Conditions  d'essais 

Les  essais  sont  realises  au  voisinage  de  la  temperature  ambiante  entre  25  et  30°C,  avec  une 
huile  minerale  et  pour  un  contact  elliptique  forme  par  un  disque  plan  en  saphir  et  une  eprouvette  en  acier 


en  forme  de  tonneau  dont  lea  rayons  de  courbure  prtncipaux  sont  s  Rx  «  1,34  mro  et  R2  “  9,7  nm.  L'huile 
util isEe  a  une  viscosity  de  32  mPa.s  3  25°C.  Le  coefficient  de  piEzoviscositE  a  a  EtE  dEterroinE  avec  un 
viscosimfetre  3  chute  de  bille  pour  des  pressions  variant  de  10$  &  5  x  10*5  N/m2.  La  viscositE  varie  avec  la 
pression  sulvant  la  loi  :  p  “  Mo  exP  (a(p-p  ))  et  3  25°C,  a  -  16,5  x  10"9  Pa-1.  Le  coefficient  de  therrao- 
viscositE  n  tel  quo  p  -  pq  exp  (-n(O-Oo))  est  determine  entre  20  et  50°C  4  pression  atmospherique  p  , 
n  =  o.oAaj^-1 .  ° 

Les  essais  sont  effectuEs  pour  des  valeurs  de  la  pression  maximale  de  Herts  P  et  des  vitesses  de 
roulement  Ui+U^  maintenues  constantes.  Les  vitesses  de  rotation  des  Eprouvettes  et  les  charges  appliquEes 
qui  dependent  Egalement  des  angles  X  et  8  sont  modifiEes  pour  respecter  ces  conditions. 

Dans  chaque  essai,  pour  des  Eprouvettes  et  un  lubrifiant  donnas,  nous  imposons  et  contr61ons  done 
la  charge  normale  au  contact,  les  vitesses  angulaires  du  disque  et  de  l'Eprouvette  en  forme  de  tonneau,  et 
les  deux  angles  X  et  8.  Le  programme  experimental  comprend  les  differentes  conditions  cinematiques 
suivantes  : 

-  roulement  pur  pour  1  <  Uj  +  U2  <  12  m/s, 

-  glissement  U1-U2  dans  la  direction  Oy  pour  des  valeurs  constantes  de  la  vitesse  de  roulement 
U1+U2  dans  l'intervalle  -  0,3  <  Ui~U2/Ui+U2  <  +  0,3, 

-  pivotement  i!  “  u2  -  w,  autour  de  l'axe  Oy  en  changeant  l'angle  X  de  -  1*  X  18®, 

-  glissement  lateral  Wj  dans  la  direction  Oz  en  changeant  le  point  de  contact  dEfini  par  l'angle 
0  dans  l'intervalle  -  10°  <  8  <  +  10°. 

Pour  chacune  des  conditions  cinematiques,  nous  fixons  quatre  pressions  maximales  de  Hertz.  Les 
valeurs  de  la  pression  maximale  P  et  de  la  pression  moyenne  P  de  Hertz  du  demi  petit  axe  a  et  du  demi  grand 
axe  c  de  l'ellipse  de  contact  sont:  donnEes  table  l.  Ces  valeurs  correspondent  a  un  contact  dont  la  geomE- 
trie  est  dEfinie  pour  X  =>  2°  par  les  rayons  de  courbures  locaux  R'x  =»  1,336  mm  et  R'z  “  9,7  mm,  pour  le 
couple  de  materiaux  saphil—  acier  de  module  d'elasticitE  Equivalent  E  =  2,95  x  101 1  N/ra2  et  pour  les  quatre 
charges  appliquEes  de  2,  4,  8  et  16  N. 


p 

GPa 

P 

GPa 

a 

pm 

c 

pm 

0,636 

0,954 

16,5 

60,1 

0,801 

1,202 

20,7 

75,7 

1,009 

1,514 

26,1 

95,4 

1,272 

1,907 

32,9 

120,2 

Table  1 


2.3,  Precisions  des  mesures 


Les  mesures  simultanees  de  la  temperature  de  l'huile,  de  la  charge  normale,  des  vitesses  de  rota¬ 
tion  de  chacune  des  Eprouvettes,  de  la  force  de  frottement  tangentielle  sur  le  tonneau  dans  la  direction 
du  roulement,  de  l'etendue  du  film  et  de  1'epaisseur  du  film  par  une  technique  interrerometrique  sont 
real isees . 

La  charge  et  la  force  de  frottement  sont  mesurees  avec  une  precision  de  +  2  X  et  la  mesure  de  la 
force  de  frottement  est  significative  pour  les  valeurs  superieures  <3  0,01  N.  Les  vitesses  de  rotation  des 
eprouvettes  sont  controlees  &  t  0,1  X.  La  temperature  de  l'huile  est  mcsurSe  3  A  0,5°C  3  la  sortie  du  tube 
d' al imen tat  ion . 

Les  Epaisseurs  de  film  comprises  entre  0,05  et  1  pm  sont  doterminees  par  la  technique  interfEro- 
metrique  deerite  precEdemment  | 5 | .  tant  en  lumiere  blanche  qu'en  lumierc  monochroma tique.  La  prEcision  des 
mesures  depend  princ ipalement  de  la  valeur  de  l'indice  de  refraction  de  l'huile  dans  la  zone  de  contact. 

Or,  la  relation  de  Lorenz-Lorentz  permet  de  relier  l'indice  de  refraction  3  la  masse  volumique  dans  le  cas 
d  une  substance  isotrope.  Les  variations  de  la  masse  volumique  avec  la  pression,  la  temperature  et  le  temps 
etant  eonnues,  les  valeurs  vraisemblahles  retenues  pour  cette  huile  dont  l'indice  de  refraction  3  tempera¬ 
ture  et  pression  ambiante  est  nQ  =  1,476  sont  respect ivement  n  =  1,54  et  n  =  1,57  pour  les  pressions  de 
I  GPa  et  2  GPa.  Les  mesures  d'epaisseurs  de  film  entre  0,1  et  0,5  pm  sont  ainsi  obtenues  avec  une  precision 
de  l'ordre  de  A  0,02  pm. 


2.4 .  Discussion 

Ce  dispositif  permet  de  realiser  la  simulation  des  conditions  dc  fonctionnement  proches  de  eelles 
rencontreos  dans  un  roulement  reel  | 6 | .  Dependant,  la  oorrespondance  n'est  pas  complete. 

Le  dispositif  ne  simulo  qu'un  seul  contact,  les  effets  dus  aux  passages  des  differentes  billes  et 
de  la  cage  de  roulement  ne  peuvent  pas  etre  reproduits.  Les  conditions  d'al imentation  en  lubrifiant  du  con¬ 
tact  et  les  echanges  thermiques  sont  egalement  tres  differents. 

Le  verre  ou  le  saphir  qui  constitue  le  disque  du  dispositif  ont  des  caracteristiques  mecaniques 
et  thermomecaniques  differentes  de  eelles  des  aciers.  Remarquons  eependant  quo  le  module  d'Young  et  le 
coefficient  de  Poisson  ont  dans  ce  cas  une  importance  seeondaire  et  qu'ils  ne  modifient  pratiquement  pas 
les  resultats  en  regime  elastohydrodynamiquo • 


3.,  LPAISSEUR  DU  FILM 

l.'epaisseur  du  film  depend  des  conditions  d'  al  imentation  de  la  region  d'entree  du  contact  qui 
peuvent  etre  earac terisees  par  la  position  du  menisque  d'entree  air-huile  determiner  experimental ement . 
L'abscisse  d'entree  xe  qui  definit  la  position  du  menisque  air-huile  decroit  de  10a  3  1,5a  lorsque  la 
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vitesse  de  roulement  augmente.  Dana  lea  conditions  experimental ea  rencontrAes  dans  cette  Atude,  nous  cons- 
tatona  quo  l'abaciase  d'entrAe  n'a  pratiquement  plus  d' influence  aur  1'Apaisseur  de  film  lorBque  xe  i  5a. 

3.1 .  Formulation  thAorique 

L' Apaisseur  du  film  au  centre  du  contact  tonneau  plan  |n  fonction  des  paramStres  gans  dimension 
caractAristiques^de  1'Apaisseur  du  film  H  «  h/Rx,  de  la  charge  W  »  ui/ERx2,  de  la  vitesae  U  ■  p(Ui+U2)/ERx 
et  matArlau  G  ■  aE,  en  regime  Alastohydrodynamique  iaotherme  sans  pivotement  ni  glissement  lateral, 
a'ecrit  : 

Ho  -  ki£GJi£ 

Les  valeurs  du  coefficient  k  et  des  exposants  a,  b  et  C  correspondents  aux  solutions  Alastohydro- 
dynamiques  approchees  de  Archard  et  Cowking  | 6 |  et  de  Cheng  |7|  et  de  la  solution  eiaatohydrodynamique 
exacte  de  Hamrock  et  Dowson  |l|  aont  donnAes  table  2  pour  la  g€ometrie  particuliSre  dea  Aprouvettes  utili- 
aees  dans  cette  etude. 


Auteur  |RAfArence| 

k 

- 1 

a  1 

b 

C 

Archard  et  Cowking,  ) 6 1 

1,15 

0,74 

0,74 

-  0,074 

Cheng,  | 7 | 

1,34 

0,739 

0,739 

-  0,0727 

Hamrock  et  Dowson,  |l| 

1,62 

0,67 

0,53 

-  0,067 

Table  2 


L'epaisseur  minimale  du  film  est  donnAe  uniquement  par  la  solution  eiaatohydrodynamique  exacte 
de  Hamrock  et  Dowson  et  s'Acrit  pour  cette  geom6trie  particuliSre  : 


H  « 
m 


2,03  U 


0,68  ^0.49  u-0,073 


W. 


Les  effets  thermiques  dans  la  rAgion  d'entrAe  entrainent  une  reduction  de  l'epaisseur  du  film 
qui  peut  etre  estimee  par  le  facteur  de  reduction  thermique  1 8 [  .  La  progression  du  menisque  d’entr6e  vers 
le  centre  du  contact  observee  A  haute  vitesae  entraine  un  aplatisscment  de  la  zone  de  contact  et  une  dimi¬ 
nution  de  l'epaisseur  du  film  qui  peut  etre  calculAe  par  l'expression  propos6e  par  Hamrock  et  Dowson 
lorsque  la  position  du  mAnisque  d'entree  est  connue,  1 9 ]  . 


3.2.  Resultats 


Les  variations  d»  l'epaisseur  du  film  au  centre  du  contact  h  et  de  l'epaisseur  roinimale  du  film 
h  en  fonction  de  la  vitesse  de  roulement  U1+U2,  pour  les  quatre  pressions  de  Hertz  retenues,  figures  2. a) 
et  b)  montrent  une  concordance  trSs  aurprenante  entre  les  Apaisseurs  de  films  calculAes  et  mesurAes .  La 
diminution  de  l'epaisseur  de  film  observee  aux  hautes  vitesses  correspond  A  la  progression  du  mAnisque 
d'entr'  1  vers  le  centre  du  contact.  Cette  diminution  correspond  bien  A  celle  obtenue  thAoriqueraent  lorsque 
l'abscisse  du  mAnisque  d'entrAe  qui  est  raesurAe  dans  chaque  essai,  est  introduite  dans  les  calculs. 

La  reduction  de  1'Apaisseur  du  film  due  aux  effets  thermiques  est  de  l'ordre  de  10  X  pour  les 
plus  grandes  vitesses. 

Ces  resultats  montrent  que  les  Apaisseurs  de  film  calculAes  A  partir  des  solutions  Alastohydro- 
dynamiques  isothermes  sans  pivotement,  ni  glissement  lateral,  s'appliquent  junqu'aux  trSs  fortes  pressions 
de  2  GPa. 

Les  figures  3. a),  b)  et  c)  montrent  que  le  glissement  ll]-U2  dans  la  direction  Ox,  le  glissement 
lateral  Wj-W?  dans  la  direction  Oz  et  le  pivotement  >1  ®  u)2y-uiy  autour  de  l'axe  Oy  ont  peu  d’effet  sur 
1'Apaisseur  du  film  pour  une  vitesse  de  roulement  11 1 +U2  constante. 

Toutefois,  remarquons  que  les  intervalles  de  variation  des  paramAtres  de  glissement  U1-U2/U1+U2, 
de  glissement  lateral  Wi/Uj+l^  et  de  pivotement  D  /aTT/Ui+l^  sont  trAs  diffArents. 

Les  r6sultats  expArimentaux  montrent,  qu'en  roulement  pur,  1'Apaisseur  du  film  au  centre  du 
contact  h  et  1'Apaisseur  minimale  du  film  h  sont  en  accord  avec  celles  calculAes  A  partir  de  la  nouvelle 
thAorie  Alastohydrodynamique  exacte  de  Hamrock  et  Dowson.  La  progression  du  menisque  d'entree  vers  le 
centre  du  contact  observee  A  haute  vitesse  (12  m/s)  entratne  un  aplatissement  de  la  zone  de  contact  et  une 
diminution  de  1'Apaisseur  du  film  de  30  % .  Les  valeurs  typiques  des  Apaisseurs  de  film  mesurAes  sont 
h  =  0,26  urn  et  h^  =  0,22  pm  pour  une  vitesse  de  roulement  de  12  m/s  et  une  pression  maximale  de  Hertz 
d?  2  GPa.  o'Atendue  du  film  A  1*  entrAe  du  contact  n'a  plus  d'influence  sur  l'epaisseur  du  film  lorsque  le 
mAnisque  d’entrAe  est  situA  A  une  distance  supArieure  A  5a  si  2a  est  le  petit  axe  de  1 'ellipse  de  contact. 
La  superposition  de  faibles  vitesses  de  glissement  et(ou)  de  pivotement  aux  vitesses  de  roulement  n'a  que 
peu  d'effet  sur  1'Apaisseur  du  film. 

4.  FORCE  DE  FROTTEMENT 


La  force  de  frottement  est  mesurAe  sur  le  tonneau  dans  la  direction  Ox,  pour  plus ieers  vitesses 
de  roulement  U  “  1/2  ( U j  +Uj>_ )  maintenues  constantes,  pour  les  quatre  pressions  de  Hertz  retenues  P,  d'abord 
avec  un  glissement  AU  "  U1-U2  dans  la  direction  Ox,  ensuite  avec  un  glissement  lateral  AW  ■  Wi~W?  dans  la 
direction  Oz  et  eufin  avec  un  pivotement  Ail  *  o)2V-tijjy  autour  de  l'axe  Oy.  La  force  de  frottement  de  roule¬ 
ment  est  toujours  tres  faible  dans  ces  essais  et'  les  valeurs  obtenues  qui  sont  ue  l'oidre  de  0,005  N  sont 
comparables  A  la  sensibilitA  du  dispositif.  Pratiquement  nous  regions  le  systerae  de  mesure  pour  avoir  une 
force  de  frottement  nulle  en  roulement  pur  et  nous  obtenons  les  courbes  de  frottement  en  augmentant  le 


glisseoent,  la  vitesse  de  roulement  restant  constants. 

L'fitude  des  forces  de  frottement  dans  an  contact  lubrlfil  en  regime  dlastohydrodynamique  a  £tC 
effectuee  par  de  nombreux  auteurs  J  1 0  a  15 |.  Lea  diffgrentes  loia  de  comportement  rhdologique  proposes 
tentent  de  prendre  en  corapte  lea  pressions  trfis  41ev4es  existant  dans  le  film  (132  GPa) ,  lea  temps  de 
passage  tris  courts  dans  le  contact  (10"^  3  10”6  a),  des  gradients  de  vitesse  pouvant  atteindre  10?  s“l  et 
des  variations  de  temperature  locales  de  l'ordre  de  100°C.  L' analyse  de  Johnson  et  Tevaarwerk  ( 2 |  conduit 
3  un  module  simple  non  lin4aire  de  Maxwell  qui  permer  en  rdglme  isotherme  d'expliquer  ia  pluparr.  des  re- 
sultats  exp£riraentaux,  Cependant  pour  des  vitesses  de  glisseraent,  de  glissement  lateral  et(ou)  de  pivote- 
ment  dlevees,  les  effets  thermiques  ne  sont  plus  nggligeables . 

Le  calcul  des  forces  de  frottement  dans  un  contact  dlastohydrodynamique  neccssite  la  connaissance 
de  la  gdom4trie  et  de  la  cindmatique  du  contact,  de  la  pression,  de  l'dpaisseur  du  film,  de  la  temperature, 
de  la  loi  de  comportement  rheologique  et  des  propridtes  caractdristiques  du  fluide.  Tous  ces  pararahtres  ne 
sont  pas  independents.  Les  effets  thermiques  n'dtant  pas  ndgligeables  lorsque  des  vitesses  de  glisBement 
et  de  pivoteoient  importances  se  superposent  aux  vitesses  de  roulement,  l'dnergie  dissipde  dans  le  film  du 
lubrifiant  et  dans  les  solides  qui  bordent  le  contact  devra  dgalement  etre  calculde.  Nous  rctenons  les  hy¬ 
potheses  suivantes  : 

-  la  repartition  des  pressions  dans  la  zone  de  contact  hertzien  elliptique,  et  les  dimensions  de 
l'aire  de  contact  sont  donnees  par  la  thdorie  de  Hertz. 

-  1 ' axe  de  l'ellipse  du  contact  coincide  3  la  direction  des  vitesses  de  roulement. 

-  la  variation  des  contraintes  de  ciaaillement  suivant  l'dpaisseur  du  film  est  negligee. 

-  les  taux  de  deformation  sont  calculus  en  ndgligeant  les  changements  des  rayons  dus  aux  deforma¬ 
tions  de  Hertz  ainsi  que  les  deformations  de  l'aire  du  contact. 

-  l'dpaisseur  du  film  d'huile  est  constante  dans  la  zone  du  contact  et  dgale  3  l'dpaisseur  au 
centre  du  contact  hQ. 

-  les  forces  de  frottement  de  roulement,  crddes  3  l'entree  et  3  la  sortie  de  la  20ne  du  contact 
sont  ndgligdes.  La  condition  aux  limites  qui  permet  de  rdsoudre  les  Equations  dif f firentielles  suppose  que 
les  contraintes  de  cisclllcment  soient  nullea  sur  le  bord  de  l'ellipse  du  contact, 

L'epaisseur  du  film  au  centre  du  contact  utilisee  dans  les  programmes  de  calcul  est  1'epaisseur 
de  film  mesuree.  Pour  eviter  le  dffaut  d' alimentation  observe  aux  hautes  vitesses,  et  qui  correspond  3  la 
progression  du  menisque  d'entrde  vers  le  centre  du  contact,  nous  cholsissons  des  vitesses  de  roulement  plus 
faibles,  afin  de  ne  pas  introduire  un  paramStre  suppldmentaire  caractdristique  des  conditions  d'alimentation. 


4.1.  Formulation  thdorique 


4.1.1.  Modcie  isotherme 


Johnson  et  Tevaarwerk  J 2 1  ont  montrd  que  le  comportement  rhdologique  en  cisaillement  d'un  film 
d'huile  dans  un  contact  dlastohydrodynamique  peut  etre  ddcrit  simplement  cn  regime  isotherme  par  le  moddle 
non  lineaire  de  Maxwell  : 


Y 


*elastique  'visqueux 


2  dr  j_ 
G  dt  T 

e 


To 

—  sin  h 
P 


oil  v  est  le  gradient  de  vitesse  total,  t  est  la  contrainte,  G  le  module  d'elasticitd  en  cisaillement,  i0  la 
contrainte  representative  au  dessus  de  laquelle  le  comportement  devient  non  lineaire  et  xe  la  contrainte 
locaie  dquivalente.  Dans  les  axes  Oxz,  si  dt  ■  2dx/Ui+(J2  "  dx/U,  les  dquations  s'ecrivent  : 


r.  dt 
U  x 

G  dx 


T°  1  e 

—  sin  h  (— ) 
M  To 


Y 


z 


x  dt  t 

U _ z  jt 

G  dx  T 


T0  T 

—  sin  h  ( — ) 

P  T0 


avee  :  te  ■  /  t  2  +  \  ,  y^  «  (AU+Al2z)/h  et  y^  -  (AW-ASlx)/h. 

La  resolution  de  ces  equations  ndeessite  done  ia  connaissance  de  trois  parametres  caracteristi- 
ques  du  fluide  :  sa  viscosite  u,  son  module  d'dlasticitd  G  et  une  contrainte  de  reference  tq«  Ces  parami— 
tres  sont  des  fonctions  de  la  pression,  de  la  temperature  et  du  temps  de  passage  du  fluide  dans  ie  contact. 
L' integration  du  systdme  d'equation  diffdrentiel  en  t  et  x  devient  simple  si  des  vauurs  movennes  des 
parametres  G,  y  et  to  sont  retenues.  La  forme  des  courbes  de  frottement  depend  du  nombre  de  Deborah  : 


Do 


PJJ 
G  a 


qui  compare  le  temps  de  relaxation  du  fluide  p/G  au  temps  de  passage  du  fl  :j.de  dans  le  contact  a/U. 

Pour  de  faibles  valeurs  de  De  assocides  3  de  faibles  pressions  et(ou)  de  faibles  viscosites,  le 
comportement  du  fluide  est  visqueux  aux  faibles  gradients  de  vitesse  et  visqueux  non  lindaire  3  forts  gra¬ 
dients  de  vitesse.  Pour  les  movennes  et  grander  valeurs  de  De  obtenues  avec  des  pressions,  des  viscosites 
et(ou)  des  coefficients  de  pidzoviscosite  elevds,  le  eomportemerit  du  fluide  qui  est  elastique  aux  faibles 
gradients  de  vitesse  devient  visqueux  nor  lineaire  pour  les  gradients  de  vitesse  Sieves.  Dans  le  cas  otl 
De  >>  1  le  comportement  dlastique  devient  rapidement  plastique  et  une  contrainte  lintite  de  cisaillement 
dans  le  fluide  t g  peut  etre  aussi  ddfinie.  Ce  module  est  peu  different  du  modele  propose  par  bair  et 
Winer  ]16|  dans  lequel  la  contrainte  limite  x^  est  intreduita. 

Dans  les  programmes  de  calcul  nous  utiliserons  ler  valeurs  de  G  et  de  determinees  a  partir  des 


courbes  de  frottement  expfiriraentaleB  obtenues  pour  de  grands  nombres  de  Deborah.  Aux  faibles  gradients  <Je 
vitesse  (1q3  »'*)  le  module  d'dlasticitd  apparent  5  est  ddfini  par  l’exprcssion  : 


_  h0  <U,+U2) 

G  "  T  2a  "(U  r U7)' 

oO  a  est  le  derai  petit  axe  de  l'ellipse  de  contact  et  t  la  valour  moyenne  de  la  contrainte  de  cisaillement 
telle  que  :  t  -  f^/itac. 

Les  valeurs  du  module  d'elasticitd  apparent  G  sont  obtenues  en  mesurant  la  pente  dans  la  region 
lindaire  qui  correspond  3  :  0  <  t  <  1/2  x  est  une  fonction  de  la  pression  moyenne  F  qui  pour  l'huile  utl- 
lisde  s'dcrit  : 

C  *  1,27  P  -  0,50 

La  contrainte  limite  moyenne  x^,  qui  correspond  3  la  contrainte  maximale,  est  une  fonction  de  la 
pression  moyenne  P  et  de  la  temperature  moyenne  Q  qui  suit  la  relation  empirique  proposee  par  Dyson,  |  1 2 |  : 


0.3  P 


2,52  +  0,024  3 


-  0,2  x  10 
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La  contrainte  de  rdfdrence  tq  est  difficile  3  calculcr  en  pratique.  Johnson  et  Tevaarwerk  | 2 |  dva- 
luent  la  contrainte  to  sur  la  surface  de  l'ellipse  de  contact  afin  d'ajusf":  la  valeur  experimental*  3  la 
valeur  thdorique  dans  le  cas  oQ  x  >>  tq.  Rdcemment  Conry  et  al  | 1 7 |  dfterminent  x0  plus  precisemment  et 
mont rent  que  l'effet  de  la  variation  de  la  temperature  peut  etre  ndgligge.  La  contrainte  to  peut  done  etre 
conslddrde  comme  une  fonction  de  la  pression  moyenne  P  seulement.  Nous  utilisons  une  ro€thode  iterative  pour 
calculer  To  afin  d'obtenir  en  integrant  les  Equations  dif ferentielles  une  valeur  de  la  contrainte  maximale 
correspondant  3  la  valeur  expdrimentale  x  ^ . 

Les  Equations  dif fdrentielles  avec  les  conditions  aux  limites  assocides  sont  rdsolues  numerique- 
ment  dans  l'ellipse  de  contact  par  la  mdthode  d' Adams-Bashforth,  | 1 8 | . 


4.2.  Mod61es  thermiques 

La  repartition  des  temperatures  3  travers  le  film  depend  de  plusieurs  paramdtres  qui  comprennent  : 

-  le  cisaillement  local  du  film  qui  est  lui-mlme  fonction  de  la  temperature, 

-  la  quantitd  de  chaleur  dissipde,  son  origine  et  sa  localisation, 

-  les  temperatures  des  parois  qui  varient  avec  la  chaleur  transmise  vers  les  parois, 

-  les  effets  dus  3  l'histoire  des  temperatures  des  parois  et  du  film. 


4.2.  I .  Modele_thermi<jue_de_Daniels 


Daniels  |3|  a  suppose  que  la  chaleur  est  erdee  en  chaque  point  de  la  zone  du  contact  par  le  ci¬ 
saillement  visqueux  d'un  element  equivalent  de  lubrifiant  ayant  des  proprictcs  qui  sont  functions  de  la 
pression  et  de  la  temperature.  La  temperature  de  cet  element  est  supposde  uniforme  3  travers  le  film.  II 
ddfinit  dgalement  la  temperature  effective  Qef  de  cet  element  equivalent  pour  leqcel,  la  chaleur  erdde  est 
dgale  3  celle  d'un  element  reel  mais  dont  la  temperature  reelle  peut  etre  plus  grande  au  milieu  du  film. 


La  chaleur  est  trancmise  aux  parois  par  conduction.  Les  parois  sont  isothermes  avec  une  tempera¬ 
ture  :  0S  ■  »  082>  Daniels  suppose  que  la  chaleur  est  erdde  au  milieu  du  film  oh  la  temperature  maxima¬ 

le  est  dgale  3  Qmax-  La  tempdrature  effective  6ef  est  egale  3  0.5  6max  pour  une  rdpartition  triangulaire 
des  temperatures  3  travers  le  film  et  s'dcrit  si  Kf  est  la  conductibilitd  thermique  du  fluide  : 


ef 


Te  T°  h2  .  Te 

0  +  — ot: - sin  h  ( — ) 

s  8Kfu  to 


Maxwell 


Les  details  de  la  mdthode  de  calcul  des  forces  de  frottement  avec  le  module  non  lineaire  de 
et  le  module  thermoviscodlastique  de  Daniels  sont  presentds  dans  les  references  | 3 |  et  |I8|. 


4 . 2  .-2 .  Moddle_therraique_de_Te vaarwerk 

Tevaarwerk  | 4 |  donne  une  solution  tridimensionnelle  thermique  semi-analytique,  semi-numdrique , 
applicable  dans  la  rdgion  de  la  courbe  de  frottement  oO  les  gradients  de  vitesse  sont  tres  iroportants .  lis 
suppose  que  le  cisaillement  se  produit  dans  un  plan  situd  au  milieu  du  film  en  se  rdfdrant  aux  rdsultats  de 
Johnson  et  Cameron  |li|.  Tevaarwerk  |19|  moutre  dgalement  que  les  vitesses  de  pivotement  modifient  de  fa- 
qon  tres  significative  ie  comportement  du  film  dans  le  contact  et  qu'aux  grandes  valeurs  de  pivotement, 
l'effet  thermique  est  trSs  important. 

Dans  ce  modele,  les  echangus  de  chaleur  par  convection  qui  ne  sont  pas  negligeables  sont  egaiement 
consideres.  Les  temperatures  des  surfaces  du  contact  sont  egales  et  varient  en  tout  point  de  la  surface 
6sl(x,z)  ■  082(x,z). 

La  contrainte  de  cisaillement  locale  x  dans  le  fluide  peut  etre  calcuiee  si  les  equations  de 
l'dnergie  dans  les  solides  et  dans  le  fluide  sort  resolues  siraultanement. 

L'dquation  de  i'energie  dans  un  solide  elastique  isotrope  semi-infini  anime  d ' une  vitesse  U  et  sou- 
mis  en  surface  3  une  source  de  chaleur  q(x,z)  s'ecrit  ; 
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si  :  X  =  x/a  ,  Y  =  y/b  ,  Z  =  z/c  eC  a  est  la  diffusivite  du  solide. 

A  la  surface  du  solide  39^/0y  =  0  a  l'exterieur  de  la  surface  de  la  source  de  clialeur  et 
39s/3y  -  -  q(x,z)/Ks  si  Ks  est  la  conductibilite  thermique  des  solides  sur  la  surface  en  contact  avec  la 
source.  Le  nombre  de  Peclet  du  solide  Pes  =  U  a  a  determine  1 ’ importance  relative  de  la  propagation  de 
chaleur  par  convection  et  par  conduction.  Dans  un  contact  elastohydrodynamique ,  Pes  est  grand  et  le  trans- 
fort  de  chaleur  dans  le  solide  s'effectue  principalemenc  par  convection. 

L1 equation  de  l'energie  dans  le  cas  d'un  film  mince  incompressible  tel  que  h  <<  a  ou  c  et  qui 
contient  le  terme  correspondent  a  la  source  de  chaleur  resultant  essentielleraent  du  cisailleraent  visqueux 
s'ecrit  : 


£o  +  hf 

3Y2  Kf 


(X,Y,  Z) 


U  h2  Of  36 
a  DX 


Le  nombre  de  Peclet  du  fluide  Pef  =  U  h2  t«f/a  si  af  est  la  diffusivite  du  fluide  perraet  de  savoir 
si  le  transport  de  la  quantite  de  chaleur  produite  dans  le  film  se  fait  par  conduction  vers  les  solides 
lorsque  Pep  est  petit  ou  par  convection  dans  le  fluide  lorsque  Pef  est  grand.  A  l'interface  solide  fluide 
6S  =  0f. 

Nous  retiendrons  I'hypothese  emise  par  Johnson  et  Cameron  |ll|  et  reprise  recemment  par 
Tevaarwerk  j 4 1  dans  laquelle  le  cisaillement  se  produit  dans  un  plan  situe  au  milieu  du  film.  Cette  hypo- 
these  entraine  une  condition  au  limite  suppldmentaire  dans  le  plan  milieu  du  film  d' indice  c. 


30c  YQ(x,yc,z) 

„  =  - 


ou  v  est  le  coefficient  de  partage  vers  les  deux  parois  solides  et  i}  la  quantite  de  chaleur  produite  par  le 
cisaillement  au  milieu  du  film  telle  que  : 

Q  =*  T  AU  +  x  AW 
^  X  z 


Cette  hypoth6se  est  d'autant  mieux  verifiee  que  les  glissements  AU  et  AW  sont  importants  et  que 
la  contrainte  limite  locale  est  atteinte.  Lorsque  la  comportement  du  film  fluide  est  entierement  dissi- 
patif  Q  devient  ; 

Q  =  r.  /  AU2  +  AW2 

Nous  utiliserons  la  methode  numerique  iterative  proposee  par  Tevaarwerk  | 4 |  pour  resoudre  ce  pro- 
bleme  difficile.  L'ellipse  de  contact  est  decoupee  enbandes  suivant  la  direction  du  roulement  correspondant 
S  l'axe  x  et  de  largeur  dlementaire  Az.Chaque  bande  est  ensuite  divisee  en  elements  Ax.  Lorsque  le  nombre 
de  PSclet  du  solide  est  grand,  le  transtart  de  chaleur  se  fait  essentiei lenient  par  conduction  dans  la  di¬ 
rection  x  ct  la  propagation  laterale  entre  deux  bandcs  dans  la  direction  z  peut  etre  negligee.  Le  processus 
de  calcul  consiste  A  calculer  0c(x),  Q(x)  sur  une  bande  et  la  temperature  des  surfaces  des  solides  0s(x) 
correspondante.  Le  calcul  est  rlpete  avec  cette  temperature  de  surface  jusqu'd  convergence.  La  technique 
utilises  et  les  details  de  la  solution  sont  precises  dans  les  references  |a|  et  i 1 8 1 . 


4.2.  Resuitats 

Les  forces  de  frottemeut  fx  sont  mesurees  et  calculees  dans  la  direction  du  roulement  en  fonc- 
tion  du  taux  de  glissement  pour  une  vitesse  de  roulement  U1+U2  =  6,74  m/s. 

La  figure  4  represente  la  variation  de  fx  en  fonction  de  Uz-Uj/Ui+U;  pour  differentes  charges 
sans  glissement  lateral  ni  pivotement.  Les  valours  du  coefficient  de  frotteraent  obtenues  sont  toujours  in- 
ferieures  d  0,07.  La  forme  des  courbes  de  frotteraent  permettent  de  penser  que  l'huile  se  comporte  comme 
un  solide  amorphe  a  l'etat  vitreux  dan3  la  zone  de  contact  |20|.  En  effet  le  diagramme  18  de  la  reference 
1 20 1  trace  pour  une  tiuile  semblable  suggere  que  pour  des  pressiens  maximale  ’,  de  Hertz  de  I  d  2  GPa  et  des 
temperatures  de  35  A  55°C  l'huile  est  d  l'etat  vitreux  dans  une  region  pratiquemont  etendue  d  toute  la 
surface  de  l'ellipse  de  contact.  Ces  resuitats  qui  sont  en  accord  avec  ceux  obtenus  independamment  par 
Hair  et  Winer  grace  d  un  viscosimetre  d  tres  haute  pression  |  16  et  2 1 j ,  montrent  que  l'huile  se  comporte 
coinme  un  solide  amorphe  plastique  caracterise  par  sa  contrainte  limite  moyenne 

La  figure  5  representc  la  variation  de  f  en  fonction  de  U2-UJ/U2+U]  pour  la  charge  de  '16  N  sans 
pivotement  et  plusieurs  valeurs  de  l'angle  6  qui  introduit  le  glissement  lateral. 

La  figure  6  represente  la  variation  de  fx  en  fonction  de  U2“Ui/U2J-,li  pour  la  charge  de  16  N, 
sans  glissement  lateral  et  plusieurs  valeurs  do  l'angle  \  qui  introduit  le  pivotement. 

La  superposition  d'un  pivotement  et(ou)  d'un  glissement  lateral  entraine  une  diminution  de  la 
force  de  frottement  fx. 

En  comparant  les  resuitats  theoriques  isotherues  avec  les  resuitats  experimentaux,  nous  consta- 
tons  un  trds  bon  accord  aux  faibles  gradients  de  vitesse  au  voisinage  cie  roulement  pur  ou  le  regime  de 
f onct iounement  est  bien  iso  thermo. 

Pour  les  gradients  de  vitesse  plus  elevees,  l 1 ut i 1 isat ion  des  mode les  thermiques  de  Daniels  et 
Tevaarwerk  entraine  egalement.  une  bonne  concordance  entre  les  resuitats.  Remarquons  que  les  vit^sses  de 
pivotement  considerSes  dans  ces  essais  sont  toujours  faibles,  et  qu'en  consequence,  la  convection  de  etia- 
leur  n'a  que  peu  d'effet  sur  les  temperatures  dans  le  contact  et  sur  le  comportement  rheologique  du  lubri- 
fiant.  L'utilisation  du  modele  thermique  de  Tevaarwerk  uotitre  qu'un  tres  bon  accord  est  obtenu  tant  en 
presence  de  pivotement  que  de  glissement  lateral. 


L'ensemble  des  calcuis  theoriques  des  forces  de  frottement  effectues  en  regime  elastohydro- 
dynamique  montre  que  le  modele  non  lineaire  de  Maxwell  propose  par  Johnson  et  Tevaarwerk,  represente 
bien  les  transitions  viscoelastiques  du  fluide  dans  le  contact  en  regime  isotherme,  mais  il  ne  donne  pas 
la  decroissante  de  la  courbe  de  frottement  obtenue  experimental ement  aux  grands  taux  de  glissement.  La 
prise  on  compte  des  effets  thermiques  devient  alors  necessaire.  Nous  avons  done  utilise  deux  modeles  ther- 
miques  :  celui  de  Daniels  qui  considere  seulement  la  conduction  de  chaleur  &  travers  le  film,  et  celui  de 
Tevaarwerk  qui  tient  compte  egalement  de  la  convection  de  chaleur*  Ces  deux  modeles  donnent  des  resultats 
qui  sont  en  accord  avec  les  resultats  experimentaux. 

L' utilisation  de  ces  differents  modeles  rheologique  et  thermique  repose  sur  le  calcul  precis  des 
contraintes  de  cisaillement  limite  de  Newton  to-  ha  table  3  montre  la  correspondance  entre  les  valeurs  de 
tq  calculees  d'une  part  par  la  methode  de  Conry  et  al  |17|  et  d'autre  part  par  notre  methode  iterative, 
pour  l'huile  minerale  utilisee  dans  nos  essais,  k  la  pression  maximale  de  Hertz  P  =  1.91  GPa  et  pour  dif¬ 
ferences  vitesses  de  pivotement. 


Table  3 


La  force  de  frottement  laterale  f  n'est  pas  mesuree  sur  le  dispositif.  Les  valeurs  calculees 
sont  toujours  tres  inferieures  h  celles  de  la  force  de  frottement  fx  dans  la  direction  du  roulement.  Les 
courbes  de  frottement  laterales  calculees  ont  la  meme  allure  que  celles  donnees  par  Johnson  et  Tevaarwerk 
1 2 1  et  les  meraes  ordres  de  grandeur  sont  obtenus.  Ce  resultat  met  en  Svidence  1' importance  du  role  des 
forces  de  frottement  latdrales  dans  le  contact  existant  entre  une  bille  et  un  chemin  de  bague  de  roulement 
5  billes  5  contacts  obliques. 

5.  CONCLUSION 

Les  resultats  obtenus  montrent  que  dans  un  contact  hertzien  fonctionnant  en  regime  elastohydrody 
namique  jusqu'aux  pressions  tres  elevees  de  2  GPa,  l'epaisseur  du  film  depend  essentiellement  des  caracte- 
ristiques  du  film  dans  la  region  d'entree  du  contact  oil  s'effectue  la  montee  en  pression  et  la  force  de 
frottement  des  contraintes  de  cisaillement  sur  les  parois  dans  la  zone  centrale  du  contact  correspondant 
la  surface  de  l'ellipse  de  contact  donnee  par  la  theorie  de  Hertz. 

Les  epaisseurs  de  film  mesurees  au  voisinage  du  roulement  pur  sont  en  accord  avec  celles  calcu¬ 
lees  3  partir  de  la  solution  theorique  elastohydrodynamique  exacte  de  Hamrock  et  Dowson  dans  laquelle  la 
viscosite  du  fluide  varie  avec  la  pression  suivant  une  loi  exponentielle .  La  superposition  d'une  vitesse 
de  giissement,  de  glissement  lateral  ou  d  pivotement  n'entraine  qu'une  faible  diminution  de  l'epaisseur 
du  film. 

Les  courbes  experimentales  qui  representent  la  force  de  frottement  en  fonction  du  taux  de  glis¬ 
sement  dans  la  direction  du  roulement,  sans  pivotement  ni  glissement  lateral,  montrent  que  la  force  de 
frottement  crort,  atteint  un  maximum  puis  decroit  pour  une  charge  et  une  vitesse  de  roulement  constante. 

La  forme  typique  des  courbes  de  frottement  obtenues  suggere  pour  les  pressions  de  13  2  GPa,  un  comporte- 
ment  du  film  elas tique-plas t ique .  Le  film  se  caracterise  dans  ce  cas  par  un  module  d'elasticite  moyen  et 
par  une  contra inte  limite  moyenne  qui  sont  des  fonctions  de  la  temperature  et  de  la  pression  moyenne  dans 
le  contact.  L'analyse  des  forces  de  frottement  mesurees  au  voisinage  de  roulement  pur  dans  ce  contact  sou- 
mis  d  de  tres  fortes  pressions  montre  que  le  modele  isotherme  non-lineaire  de  Maxwell,  de  Johnson  et 
Tevaarwerk  est  applicable.  Le  calcul  des  forces  de  frottement  en  regime  isotherme,  donne  des  resultats 
tres  satisfaisants  pour  les  faibles  gradients  de  vitesse,  mais  surestime  les  resultats  aux  forts  gradients 
de  vitesse  qui  correspondent  5  un  regime  de  fonctionnement  oil  les  effets  thermiques  ne  sont  plus  negligea- 
bles.  Nous  avons  retenu  deux  modeles  thermiques  qui  permettent  de  calculer  l'energie  dissipee  aux  grands 
gradients  de  vitesses  de  glissement  et  de  pivotement.  Le  plus  simple  de  ces  modeles  thermiques  est  celui 
dc  Daniels  qui  considere  des  temperatures  constantes  sur  les  urfaces  du  contact  et  qui  envisage  le  trans- 
fert  de  chaleur  du  film  vers  les  parois  du  contact  par  la  conduction  seulement.  Le  deuxieme  modele  thermi¬ 
que  plus  complet  est  celui  de  Tevaarwerk  qui  considere  un  plan  de  cisaillement  au  milieu  du  film  ou  la 
temperature  est  maximale,  qui  tient  compte  egalement  du  transfert  de  chaleur  dans  le  film  par  convection 
et  du  changement  des  temperatures  des  surfaces  du  contact.  Les  deux  modeles  thermiques  utilises  donnent  de 
resultats  satisfaisants  par  comparaison  avec  les  resultats  experimentaux  obtenus  sur  le  dispositif  experi¬ 
mental  de  simulation  du  contact  bille-chemin  de  Hague  de  roulement  h  billes  a  contacts  obliques. 
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Parametres  du  conlaet 

P, ;  P2  =  R«  -Rz  O  -cosA)  ;  P  )  A 


Rayons  tie  courbure  locaux 


cos  A 


R'z  =Rz 


Composantes  des  vitesses  dans  les  axes  Oxyz 


Ujy  =  u?  sin  A 


U,  =  p,  u,  cos  (3 

Uj  =  p2  u2 

W,  =  U,  tgP 

W2  =  0 

Fig.  I  :  Schema  de  principe  du  dispositif  tonneau  -  pian 


theories  ^lastahydrodynamiques  pour  Pi 0,95  et  1,91  QPa 


a )  epaisseur  du  film  au  centre  du  ccntact 


theorie  elastohydrodynamique  poor  0,95  et  1,91  GPa 


Ui  *U2  (m/s) 

b)  epaisseur  mimmale  du  film 


Fig  2  Variation  de  I  epaisseur  du  film  en  fonction  de  la  vitesss  de  roulemenl  ,m,ts 
pivotempnt  ni  glissement,  pour  ditterentes  pressions  maximales  de  Hertz 
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DISCUSSION 


J.F.Chevalier,  SNFCMA,  Fr 

Les  modules  que  votrc  experience  valie  pour  des  rayons  de  courbure  trds  petits.  sont-ils  valables  pour  des  grandes 
billes,  avec  de  grands  rayons  de  courbure? 

Reponse  d 'Auteur 

Diffdrentcs  etudes  cxpdrimenialcs  cffectudcs  au  laboratoire  ou  panics  dans  la  littdrature  avec  des  rayons  de  courbure 
importants  ( 10  mm  Rx  <  20  mm)  on  dtabli  la  valid itd  des  theories  dlastohydrodynaniiqucs  (Ref.  1 ,  (i,  7,  9),  La 
confianec  dans  ces  theories  semble  aujourd'hui  bicn  etablie,  pour  la  cinematique.  la  geometric  et  le  comportement 
rheologiquc  pris  en  compte. 


J.F.Chevalier 

Avcz  vous  essaye  de  mesurer  la  force  transversalc  et  le  couple  de  frottement? 

Reponse  d’Auteur 

Le  dispositif  a  dtd  modifie  pour  mesurer  la  force  de  frottement  transversale,  le  couple  ne  pourra  pas  encore  etre 
mesure.  Des  rdsultats  seront  publies  sous  peu  surce  probiemc  essentiel  pour  confirmer  le  bien  fonde  du  comporte¬ 
ment  rhdologique  du  lubrifiant. 


J.F.Chevalier 

Avez  vous  essayd  d'utiliser  une  huile  plus  fluide  pour  siniuler  une  temperature  plus  elevee  que  l’ambiante? 

Reponse  d’Auteur 

Compte  tenu  de  la  precision  de  la  mdthodc  interferoindtrique  il  est  difficile  de  mesurer  de  trds  faible  dpaisseur  de 
film  d’huile. 


B.J.Hamrock,  NASA  Lewis  Research  Center,  US 

Pouvez-vous  donner  plus  de  details  sur  l’expression  de  la  contrainte  limite  de  cisaillement  mentionnde  dans  Particle. 
Pouvez-vous  dgalement  indiquer  pour  quel  groupe  de  fluides  cette  expression  est  valable. 

Reponse  d’Auteur 

La  contrainte  limite  de  cisaillement  T,  est  Pune  des  caractdristiques  du  lubrifiant  qui  est  fondamentale  pour 
expliquer  son  comportement  rhdologique  dans  les  contacts  trds  fortement  charges  cn  rdgime  clas'ohydrodynamiquc. 

La  valeur  moyenne  de  la  contrainte  limite  T ,  est  ddterminde  directement  a  partir  des  courbes  de  frottement  (fig. 4). 
Les  valeurs  de  T ,  obtenues  pour  I’huile  mindrale  utilisde  dans  ces  essais,  pour  des  pressions  maximales  de  Hertz  de 
1  a  2  (iPa  et  des  temperatures  moyennes  de  25  a  60°C  correspondent  bien  a  celles  donnees  par  la  relation  empirique 
proposde  par  A. Dyson.  Ces  rcsultats  sont  dgalement  en  accord  avec  ceux  obtenus  inddpendamment  par  S.Bair  et 
W.O. Winer  qui  mesurent  la  contrainte  limite  d’une  luiile  semblable  sur  un  viscosimdtre  a  tres  hautes  pressions. 

Nous  ne  disposons  pas  actuellement  de  valeurs  pour  d’autres  types  de  fiuides  mais  nous  pensons  entreprendre  des 
essais  analogues  pour  d’autres  hibrifiants. 


THE  LUBRICATION  OP  RIGID  ELLIPSOIDS  BY  A  PIEZO-VISCOUS  FLUID 
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The  Institute  of  Tribology, 
Department  of  Mechanical  Engineering, 
The  University  of  Leeds, 
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SUMMARY 


The  lubrication  of  non-conformal  contacts  such  as  those  occurr¬ 
ing  between  gear  teeth  and  the  rolling  elements  and  raceways  of 
roiling  bearings  is  influenced  by  two  major  physical  effects.  These 
are  the  extent  to  which  the  lubricant  viscosity  is  enhanced  due  to 
the  pressures  to  which  it  is  subjected  and  the  degree  of  elastic 
distortion  of  the  bounding  surfaces.  Tribologists  have  defined 
four  forms  of  fluid  film  lubrication  depending  on  the  extent  of  these 
effects,  namely;  rigid  (solids)  -  isoviscous  (lubricant);  elastic- 
isoviscous;  elastic- piezo-viscous ;  and  rigid-piezo-viscous.  The 
latter  regime  of  lubrication  has  not  previously  been  analysed  for 
point  contacts  with  the  same  general  set  of  conditions  as  have  been 
applied  to  the  other  forms.  Such  an  analysis  has  been  undertaken 
here  and  the  results  are  presented  in  a  formula  enabling  the  limiting 
minimum  film  thickness  to  be  calculated  directly. 


NOTATION 

g^  dimensionless  elasticity  parameter  for  point  contacts 

gv  dimensionless  viscosity  parameter  for  point  contacts 

h  film  thickness 

k  ellipticity  ratio  for  Hertzian  contacts 
p  pressure 

q  reduced  pressure 

u  entraining  velocity 

x,y  Cartesian  coordinates  in  plane  of  lubricating  film 
G  dimensionless  materials  paremeter  (reference  *) ) 

H  dimensionless  film  thickness  (=h/R  ) 

f  xfw')  21 

H  dimensionless  film  parameter  =  H  Uj—  I 

Rx,Ry  principal  radii  of  curvature  of  equivalent  ellipsoid 
U  dimensionless  speed  parameter  (reference  ) 

W'  dimensionless  load  parameter  (reference  b) 

X,Y  dimensionless  coordinates  (=  x/R^,  y/Rx) 

a  pressure  viscosity  coefficient 

<5  radius  ratio  (R  /R  ) 

y  * 

n  lubricant  viscosity 

nQ  lubricant  viscosity  at  atmospheric  pressure 

Vogelpohl  substitution 
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Subscript 

o  minimum  film  thickness 


INTRODUCTION 


The  nature  of  the  lubrication  of  a  conjunction  between  two  ellipsoids  will  be 
resolved  by  the  degree  to  which  two  physical  effects  are  influential.  The  variation  of 
lubricant  viscosity  with  pressure  (the  piezo- viscous  effect)  and  the  local  deformation 
of  the  solids  under  the  action  of  high  pressure  may  or  may  not  be  important  and  this  ha 
prompted  the  recognition  of  four  distinctive  forms  of  fluid  film  lubrication  normally 
described  as, 

(i)  rigid-isoviscous 

(ii)  elastic-isoviscous 

(iii)  elasto-variable  viscosity  (piezo-viscous) 

(iv)  rigid-variable  viscosity  (piezo-viscous) 
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For  the  case  of  line  contacts  analytical  or  numerical  solutions  of  each  of  these  four 
lubrication  regimes  have  been  available  for  some  time  and  this  has  enabled  Johnson  (1) 
to  present  a  film  thickness  map.  Such  a  map  enables  the  dominant  physical  action  to  be 
clearly  identified  based  on  the  operating  conditions  and  also  makes  possitlo  estimates 
of  the  appropriate  minimum  lubricant  film  thickness. 


In  the  case  of  so  called  point  contacts,  where  the  boundary  solids  have  ..nrvatures 
in  two  principal  directions,  similar  regimes  or  lubricant  ion  are  possible  and  substantial 
computational  effort  has  been  directed  towards  obtaining  numerical  solutions  predicting 
the  film  thickness.  This  i3  particularly  true  for  the  first  three  of  the  forms  of 
lubrication  mentioned  above.  Brewe  et  al  (2)  developed  a  formula  for  the  prediction  o., 
minimum  film  thickness  in  the  rigid-isoviscous  regime  and  11  sm rock  and  Dowson  (3,4) 
examined  the  elastic- isoviscous  and  elastic-variable  viscosity  regions.  The  formulae 
developed  for  minimum  film  thickness  may  be  presented  as  follows. 


Kigid-Isoviscous  12) 


11 


jj-  =  [1.1.82  tan-1  |  +  19.04  J 


Blast ic-Isoviscous  ^3) 

K  =  Ho  (tr) 

Elastic-Piezo-Viscous  (4) 

2 

11  -  H  fW'l 

Ho  -  Ho  (irj 


i  + 


7s 


8.70  (gg)0,67  [l  -  0.85e"0,31kJ 


0.49  0.17  r  -n  fifiwT 

3.^2  (g;)  (g;)  [l  -  e  °-68k 
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However,  the  rigid-piezo- viscous  regime  has  not  previosly  been  analysed  with  the 
same  general  set  of  conditions  for  point  contacts  as  have  been  applied  to  the  other 
regimes  of  lubrication.  Such  an  analysis  has  been  undertaken  to  present  the  results 
given  here.  The  rigid-piezo-viscous  form  of  lubrication  may  be  of  importance,  for 
example,  in  the  rolling  element/raceway  contacts  of  high  speed  rolling  bearings  and 
also  in  the  contacts  between  the  rib/roiler  ends  in  taper  roller  and  cylindrical  roller 
bearings . 

BACKGROUND 


Noteworthy  developments  in  the  lubrication  of  rigid  solids  by  a  piezo-viscous 
lubricant  were  made  in  the  decade  following  Gatcombe's  contribution.  Gatcombe  (5) 
had  demonstrated  that  the  observed  exponential  increase  in  viscosity  with  pressure 
would  have  a  beneficial  effect  upon  film  thickness  at  a  given  load,  and  this  was 
confirmed  for  a  parabolic  viscosity-pressure  relationship  by  Hersey  and  Lowdens lager 
(6). 

McEwen  (7)  considered  a  viscosity-pressure  relationship  of  the  form  n  r  nQ(l+p/k)n 
and  found  that  for  values  of  (n)  ranging  from  6  to  11  and  a  Reynolds  cavitation  boundary 
condition,  the  theoretical  load  carrying  capacity  for  a  given  minimum  film  thickness  was 
increased  above  the  Martin  prediction  by  factors  ranging  from  2.8  to  2.4.  This  finding  was 
endorsed  by  Biok  (8)  in  an  important  discussion  in  which  he  pointed  out  that  for  an  exponen 
tial  viscosity-pressure  characteristic  there  was  limiting  minimum  film  thickness  at  which 
the  predicted  maximum  pressure  became  infinite.  For  this  limiting  condition  abd  the 
geometry  of  a  rigid  cylinder  near  a  plane,  Blok  predicted  that  piezo-viscous  effects  could 
account  for  a  maximum  increase  in  film  thickness  of  about  1J1  percent. 


A  remarkable  extension  of  classical  hydrodynamic  lubrication  theory  for  counter- 
formal  conjunctions  was  recorded  by  Kapitza  (9),  who  presented  an  elegant  analysis  of 
both  cylindrical  and  ellipsoidal  solids  lubricated  by  either  iso-viscous  or  piezo-viscous 
fluids.  In  the  case  of  cylindrical  solids  Kapitza  was  able  to  Incorporate  the  Reynolds 
cavitation  boundary  condition.  It  was  shown  that  the  limiting  film  thickness  discussed 
by  Blok  for  a  piezo-viscous  lubrica_rit  could  be  written  in  a  form  equivalent  to, 
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For  the  more  general  point  contact  geometry,  Kapitza  assumed  that  the  film 
thickness  could  be  expressed  in  quadratic  form  in  terms  of  both  x  and  y. 


h 


(3) 


Kapitza  found  it  necessary  to  restrict  pressure  gener  'tion  to  the  convergent  film 
in  order  to  make  progress  with  the  solution  of  the  Reynolds  equation  for  this  quadratic 
film  shape.  He  demonstrated  that  if  a  pi ezo- viscous  fluid  was  permitted  to  develop 
pressure  in  the  convergent  film  only,  the  pressure  achieved  an  infinite  value  when  the 
minimum  film  thickness  was  given  by. 
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Using  the  alternat ive  notation  involving  the  dimensionless  elasticity  and  viscosity 
parameters  developed  by  Johnson  (1)  equation  (6)  can  be  rewitten 
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The  prime  objective  of  the  work  presented  here  was  to  evolve  an  expression  for  the 
limiting  minimum  lubricant  film  thickness  equivalent  to  equations  (6)/ (7),  but  with  the 
more  precise  Reynolds'  cavitation  boundary  condition  applied  in  the  analysis  rather  than 
limiting  pressure  generation  to  the  convergent  film  only. 


It  is  worthy  of  note  that  Hamrock  and  Dowson  (10)  in  developing  film  thickness 
contours  for  nominal  point  contacts  adopted  an  interim  measure  by  applying  the  elastic- 
piezo-  viscous  'side  leakage  factor'  from  equation  (3)  to  the  expression  for  the  limiting 
minimum  film  thickness  for  a  line  contact  with  rigid-piezo-viscous  lubrication  (equation 
(*))).  Thus  for  nominal  point  contacts  equation  (5)  was  modified  to 

Ho  =  1.666  (GU)2/?  (l-e_0‘68k)  (8) 


or  with  the  alternative  normalization 
fto  =  Ho  ()r)2  =  1>666  V"3 


(9) 


The  expression  developed  here  will  enable  the  appropriateness  or  otherwise  of  this 
approximate  approach  to  be  evaluated. 


THEORETICAL  AND  NUMERICAL  ANALYSIS  AND  COMPUTATION 


Puller  details  of  the  theoretical  formulation  of  the  problem,  the  numerical  analysis 
scheme  adopted  and  the  computational  strategy  can  be  found  in  Dowson  et  al  (11).  Some 
major  features  will  be  highlighted  here. 


(a)  The  film  thickness  between  rigid  ellipsoids  was  expiessed  in  dimensionless  form 
using  the  parabolic  approximation. 

O  O 


H  .  Ho 
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(U)  The  Reynolds'  equation  was  employed  in  a  form  enabling  the  influence  cf  pressure 
on  density  (4)  and  viscosity  to  be  investigated.  The  variation  of  viscosity  witn 
pressure  was  represented  by  the  Barus  relationship. 


(c)  The  use  of  the  exponential  viscosity-pressure  relationship  permitted  the 
Reynolds  equation  to  be  written  in  terms  of  a  reduced  pressure,  q,  such  that 

p  =  -  -  m(l-aq) 

(d)  A  variable  mesh  size  finite  difference  approximation  to  the  governing  Reynolds 
equation  was  adopted  with  a  solution  of  the  resulting  system  of  equations  by  the. Gauss- 
Seidel  iterative  technique  with  successive-over-relaxation.  To  minimise  numerical 
problems  associated  wit.i  step  gradients  of  the  dependent  variable,  the  Vogelpohl 
substitution 


was  adopted.  The  flow  chart,  for  the  computer  program  developed  is  presented  in  Dowson 
et  al  (11).  The  computing  strategy  was  to  obtain  a  succession  of  solutions  with 
decreasing  minimum  film  thickness,  for  the  same  value  of  the  dimensionless  grouping,  GV, 
until  the  limiting  minimum  film  thickness  for  rigid-piezo- viscous  lubrication  was 
identified . 


(e)  Detailed  studies  of  the  required  location  of  the  inlet  and  side  boundaries  to 
the  computing  region  to  avoid  starvation  effects  were  undertuKon  (11).  in  addition  ’.lie 
Reynolds  cavitation  boundary  conditions 
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was  adopted  and  achieved  by  setting  negative  film  pressures  to  zero  as  the  iterative 
solution  proceeded. 
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RESULTS. 

It  is  intended  to  present  here  the  limiting  minimum  film  thickness  expression 
obtained  for  the  lubrication  of  rigid  ellipsoids  by  a  piezo-viscous  fluid.  More 
cgmprehensive  details  and  discussion  are  available  in  reference  (11). 


Both  Bl<_‘-  (8)  and  Kapitza  (9)  have  established  that  for  the  lubrication  of 
counterformal  contacts  with  a  piezo-viscous  fluid  there  exists  a  limiting  minimum 
lubricant  film  thickness.  The  condition  corresponds  to  the  occurrence  of  an  infinite 
pressure  in  the  contact.  In  practice  the  effects  of  elastic  distortion  will  of  course 
become  influential.  The  computations  undertaken  here  have  determined  this  limiting 
minimum  film  thickness  for  the  general  case  of  lubricated  rigid  ellipsoids  with  the 
Reynolds  boundary  condition  taken  to  apply  at  rupture.  A  curve  fitting  technique  was 
used  to  develop  the  following  expression  which  has  a  maximum  error  of  7*  over  the  range 
of  variables  considered. 


H 


o 


1.666  (GU)2/3 


(10) 


which  with  the  alternative  dimensionless  groupings  becomes, 

2  2/3  0.6 

»o  •  »o  (u^)  *  !•««  <«,')  (iTs]  <n> 

-Q 

The  formula  has  been  developed  for  a  range  of  GU  extending  over  four  decades  from  10 
to  10  5  and  for  values  of  5,  the  ratio  of  the  principal  radii  R  and  R  ,  ranging  from  0.2 
to  8.  The  expression  was  so  arranged  such  that  it  was  consistent  withxequation  (A)  for 
line  contacts  when  the  radius  ratio,  6,  is  infinite.  Thus  the  term 

6  I0’6 

rrsj 

is  a  'side-leakage'  factor. 


DISCUSSION  AND  CONCLUSIONS. 


Comparison  of  the  predictions  of  the  expression  (10)  developed  for  the  limiting 
minimum  film  thickness  with  formulae  given  earlier  in  the  paper  leads  to  the  following 
conclusions . 


(i)  The  calculated  film  thickness  is  everywhere  greater  than  that  predicted  by 
Kapitza's  solution  (equation  (6))  and  this  is  attributable  to  the  inadequate  half- 
Sommerfeld  boundary  condition  used  in  the  latter  analysis.  The  difference  ranges  from 
11*  at  a  radius  of  -  to  less  than  1*  for  a  radius  ratio  of  0.2.  Such  differences  are 
consistent  with  the  physical  expectation  of  what  would  be  the  effect  of  a  more  precise 
consideration  of  cavitation.  However,  the  accuracy  of  the  Kapitza  formula  is  strikingly 
good. 


(ii)  In  contrast  the  adoption  of  the  side  leakage  factor  for  elastic-piezo-viscous 
conditions  by  Hamrock  and  Dowson  (equation  (8))  considerably  underestimates  the  limiting 
minimum  film  thickness  for  values  of  radius  ratio  of  ?  and  less.  The  error  is  24*  at  a 
radius  ratio  of  unity  and  35*  at  0.2. 

(iii)  Curvature  of  the  ellipsoid  in  the  direction  perpendicular  to  motion  has  a 
profound  effect  upon  film  thickness.  A  sphere  will  develop  only  66*  of  the  film 
thickness  generated  by  a  cylinder  neir  a  plane  under  comparable  conditions  and  a  long 
slender  ellipsoid  having  a  radius  ratio  of  0.2  and  its  major  axis  aligned  in  the  direction 
of  motion  can  achieve  only  52*  of  the  film  thickness  developed  by  the  sphere. 

The  results  presented  in  this  paper  complete  the  analysis  of  four  distinct  regimes 
of  fluid  film  lubrication  which  may  be  experienced  by  ellipsoidal  solids  near  a  plane. 

They  yield  an  expression  for  minimum  film  thickness  under  rigid-piezo-viscous  conditions 
which  can  be  employed  with  similar  confidence  to  that  shared  by  existing  expressions  for 
the  other  three  regimes  of  lubrication. 
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SUMMARY 

A  recant  analysis  for  determining  the  regime  of  lubrication  in  elliptical  contacts  le  applied  to 
the  rib-roller  contact  of  axially  loaded  tapered  roller  bearings.  The  results  indicate  that  the  contact 
operates  in  either  the  isoviucous-tl&id  or  ieovlscous-elastlc  regimes  depending  on  the  conditions  of 
load  and  speed.  Although  the  corresponding  calculated  film  thicknesses  are  an  order  of  magnitude  or 
more  greater  than  those  predicted  by  the  traditionally  adopted  EHD  theory,  actual  lubrication  condi¬ 
tions  may  be  marginal  due  to  the  effects  of  sliding  and  starvation  at  the  rib. 


NOMENCLATURE 


a 

b 

E1.2 

E' 

F 

G 

®E 

*V 

H 

H 

h 

k 

R* 

Ry 

u 

u 

W 
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o 

’’1,2 

0 


minor  axis  of  rib-roller  contact  ellipse 
major  axis  of  rib-roller  contact  ellipse, 
modulus  of  elasticity  of  tib  and  roller  materials. 
v-1 


„0.64 


'(tf 

h/R 

x 

minimum  film  thickness 
fcllipticlty  parameter,  a/b  *  1.03  8^ 
effective  '■adiuo  in  rolling/sliding  direction 
effective  radius  perpendicular  to  rclling/sliding  direction 

uno/E’Rx 

mean  surface  velocity  at  rib-roller  contact 
F/E'R  2 

X 

pressure- viscoa ity  coefficient  of  lubricant 

R  /R 
y  x 

lubricant  viscosit.  at  atmospheric  pressure 

Poisson  * s  rat i o 
(1  +  2/3  S) _1 


INTRODUCTION 

A  positive  axis}  force  la  required  to  retain  and  guide  the  rolling  elements  in  a  tapered  roller 
bearing.  This  force  is  provided  by  a  rib  which  is  usually  an  Integral  part  of  the  inner  ring  or  cone. 
Conventionally,  the  rib  face  is  a  portion  of  the  surface  of  a  shallow  cone  centered  on  the  bearing 
axis,  wt.lle  the  roller  end  which  runs  against  it  is  a  portion  of  a  sphere.  If  the  roller  ena  spherical 
radius  la  equal  to  the  bearing  apex  length,  AO  In  Figure  1,  a  line  contact  between  the  roller  end  and 
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the  rib  results.  Such  geometry  Is  Ideal  from  the  point  of  view  of  providing  excellent  toller  skew 
control,  but  unfortunately  has  the  disadvantage  of  having  poor  film  forming  capabilities.  This  con¬ 
sideration  has  lead  to  designs  where  the  spherical  end  radius  is  some  proportion  of  the  apex  length; 
typically  between  75  and  95  percent.  The  resulting  point  contact  deforms  under  load  to  give  a  long 
ellipse  aligned  in  the  direction  of  motion,  see  Figure  2. 

In  the  past,  it  has  been  common  practice  to  assume  that,  the  behaviour  of  this  contact  is  repre¬ 
sented  by  elastohydrodyr.ami'’  theory.  Wren  and  Moyer  (l),  Kama  (2)  and  Jamison  et.a>  (3)  have  all  used 
Archard  and  Cowklng's  theory  (4)  to  calculate  film  thicknesses  generated  at  the  rib.  The  purpose  of 
this  study  is  to  review  this  practice  in  the  light  of  recent  developments  In  the  analysis  of  elliptical 
contacts  and  to  suggest  a  mote  appropriate  approach  to  this  prohlem. 


REGIMES  OF  LUBRICATION 

During  the  development  of  elastohydrodynuralc  theory,  It  was  realized  that  equal  consideration  had 
to  be  given  to  the  effects  of  both  elastic  deformation  and  pressure  dependent  viscosity  in  order  for 
the  resulting  film  thickness  equation  to  adequately  represent  counterforma  1  steel  components  lubricated 
with  mineral  oil.  It  was  also  realized  that  certuin  situations  exist  where  the  Influence  of  one  of 
these  factors  far  outweighed  the  other.  For  example,  in  the  lubrication  of  a  low  elastic  .vidulus 
component,  such  as  a  rubber  seal,  the  effect  of  viscosity  enhancement  is  negligible  compared  to  the 
elastic  deformatioi  T-’-nson  (5)  was  one  of  the  first  to  discuss  this  behaviour  in  a  coordinated  and 
comprehensive  manner.  determine  the  relative  effects  of  elastic  deformation  and  pressure  dependent 
viscosity  he  defined  and  compared  two  dimensionless  parameters: 

1.  an  elasticity  parameter,  g_  »  t  I  3W3  /  **f  \ 

'  -U)  \57J 

In  which  p  is  the  peak  Hertz  contact  pressure  that  <t?>e  geometrv  would  experience  when  loaded 
together  in  the  abacence  of  any  lubricant; 

and  2.  a  viscosity  parameter,  g^  «  aq^,  where  1/a  is  the  pressure  at  which  the  viscosity  h<s  increased 
by  a  factor  of  e 

It  can  be  seen  that  both  of  these  parameters  are  non-dimensional ized  by  a  pressure,  qf.  This  is 
the  peak  hydrodynamic  pressure  that  the  geometry  would  generate  if  lsoviscous-rlgld  conditions  were 
assumed.  Plotting  gR  vs.  gy  on  logarithmic  axes  results  in  a  map  which  can  be  divided  into  four  dif¬ 
ferent  zones  or  regimes,  depending  on  the  relative  influence  of  the  viscous  and  elastic  effects.  The 
relationships  governing  friction  and  film  thickness  are  different  for  each  of  these  four  regimes. 
Thus,  the  appropriate  expression  relating  film  thickness  with  r.’terial  parameters,  load,  geometry  and 
speed  can  only  be  determined  by  identifying  the  regime  of  lubrication  operating  at  the  contact.  This 
is  done  by  calculating  gg  and  gy  and  plotting  the  contact  on  a  regime  chart. 

It  has  been  difficult  to  apply  this  technique  to  elliptical  contacts  because  Johnson’s  detailed 
analysis  was  made  for  line  contacts  only.  Recently,  Hamrock  A  Dowson  (6)  removed  this  restriction  on 
the  majority  of  applications  by  extending  thzlr  earlier  work  (7,  8)  and  the  work  of  others  (9)  to 
provide  a  general  regime  analysis  for  alliptlcal  contacts.  In  their  analysis,  they  give  a  redefined 
non-dimenaional  minimum  film  thickness  in  terns  of  the  viscosity  and/or  elasticity  parameters  gy  and 
and  the  ellipticity  parameter  k: 


isoviscous-rigid  regime 
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For  a  given  geometry  k  the  boundaries  separating  adjacent  regimes  are  defined  by  equating  the 
appropriate  expressions  for  film  thickness  H,  In  Figures  3  and  4,  this  procedure  has  been  applied  to 
the  results  recently  published  by  Koye  and  Winer  (10).  Both  sets  of  results  are  for  narrow  ellipses 
aligned  in  the  direction  of  motion.  In  Figure  3  (k  -  0.305)  the  low  load  results  are  set  firmly  within 
the  viscous  -  elastic  (EHD)  regime,  but  move  towards  the  viscous-rigid  regime  with  increasing  load. 
Figure  4  shows  the  results  for  the  narrowest  geometry  considered  by  Koye  &  Winer  (k  »  0.'17).  Despite 
the  fact  that  the  viscous-elastic  regime  has  shrunk  substantially  in  comparison  to  that  of  the  previous 
figure,  all  the  data  falls  within  its  boundaries. 

In  plotting  the  boundary  lines  separating  the  viscous-rigid,  viscous-elastic  and  isovlscous- 
elastic  regimes  Hamrock  has  agreed  (11)  that  one  should  extrapolate  from  the  intersections  with  the 
isoviscous-rlgid  regime  assuming  a  gradient  of  unity.  This  is  due  to  the  fact  that  round-up  errors  in 
various  parameter  exponents  (Equations  2  to  4)  would  otherwise  result  in  a  slight  boundary  convergence 
and  possible  boundary  intersection  for  very  narrow  contacts  at  high  values  of  g^  and  g^. 

Koye  and  Winer's  experimental  data,  which  were  obtained  using  optical  interferometry,  clearly  show 
the  characteristic  EHD  deformation  pattern  within  the  contact.  The  fact  that  the  corresponding  data 
fall  within  the  predicted  EHD  regime  is  central  to  this  study,  since  it  provides  verification  that  the 
regimes  analysis  is  applicable  to  narrow  elliptical  contacts.  Theoretically,  Hamrock  and  Dowson's  work 
is  restricted  to  contacts  having  ellipticity  parameters  between  one  (circular  point  contact)  and 
infinity  (line  contact).  Koye  &  Winer's  study  was  primarily  directed  at  showing  that  this  limited 
range  of  application  of  Hamrock  and  Dowson's  equations  could  be  expanded  to  include  narrow  elliptical 
contacts  aligned  in  the  direction  of  motion.  As  a  result  of  this,  Koye  and  Winer  suggest  that  the 
ellipticity  parameter  k  be  redefined  as  the  ratio  of  the  axis  of  the  contact  ellipse  perpendicular  to 
the  direction  of  motion  to  the  axis  parallel  with  the  direction  of  motion.  This  is  the  definition  used 
in  this  study. 


APPLICATION  TO  RIB-ROLLER  CONTACTS 

To  illustrate  the  application  of  the  above  analysis,  it  has  been  applied  to  some  of  the  results 
which  form  the  basis  of  Reference  2.  In  these  experiments,  Kama  used  a  separated  rib  machine  to 
determine  the  speed  dependance  of  the  friction  torque  generated  by  the  rib.  For  the  purpose  of  this 
study,  data  obtained  with  the  bearing  denoted  as  X-2  is  used  (see  Table  l)  since  this  gave  the  largest 
range  of  load.  The  effective  radius  in  the  rolling-sliding  direction  R  was  5.5580m_(220  in.).  Kama 
gave  the  contact  geometry  in  terms  of  Archard  &  Cowking'9  side-leakage  factor;  jr"  -  0.15.  The 
equivalent  value  of  the  ellipticity  parameter  used  in  equations  1  to  4_is  k  «  0.1628.  The  lubricant, 
an  SAF.  20  mineral  oil,  had  a  pressure  viscosity  index  of  1.013  x  10~H  Pa~l  (1.25  x  10~4  psl-1). 
Further  details  of  the  apparatus  and  experimental  technique  can  be  found  in  Reference  2. 

The  regime  chart  for  a  long  elliptical  contact  where  k  ■  0.1628  is  shown  in  Figure  5.  Note  that 
the  width  of  the  viscous-elastic  regime  is  between  those  depicted  in  figures  3  (k  »  0.305)  and  4  (k  » 
0.117).  The  eleven  data  points  on  the  figure  represent  the  dimensionless  elasticity  and  viscosity 
parameters  g  and  a  corresponding  to  the  conditions  listed  In  Table  1,  All  but  two  of  the  points  lie 
within  the  isoviscous-rigid  (classical  hydrodynamic)  regime.  As  expected,  the  data  approaches  the 
boundary  as  load  increases  and  speed  falls.  However,  the  general  distribution  of  the  data  is  such  that 
it  moves  into  the  isovlscous-elastic  rather  than  the  vtscous-elastlc  regime.  One  of  the  properties  of 
a  regime  chart,  evident  from  figure  5,  is  that  while  speed  changes  move  along  a  gradient  of  unity, 
changes  in  load  are  subject  to  the  slightly  steeper  gradient  of  9/8.  Consequently,  the  contact  moves 
towards  the  viscous-elastic  regime  as  load  Increases,  but  this  is  limited  in  tapered  roller  bearings  by 
the  excessive  loads  that  would  be  required  at  the  main  raceway  contacts. 

Unfortunately,  the  apparatus  used  in  these  experiments  was  load  limited.  The  maximum  load  shown 
in  the  data  represents  approximately  50  percent  of  the  rated  thrust  capacity  of  the  bearing.  If  an 
additional,  hypothetical,  load  line  at  8000  lbf  bearing  thrust  load  is  added  to  Figure  5  it  can  be  seen 
that  an  appreciable  portion  of  the  low  speed  operating  conditions  (say,  up  to  1000  rpm)  would  be  in  the 
isovlscous-elastic  regime. 

In  Reference  2  Kama  calculated  the  film  thickness  at  this  contact  using  EHD  theory.  The  regime 
chart  shows  that  most  of  the  data  can  be  represented  by  classical  hydrodynamic  theory  except  for  two 
high-load/low-speed  results  where  isoviscous-elast lc  theory  is  appropriate.  To  Illustrate  these  dif¬ 
ferences  the  film  thickness  for  the  eleven  data  points  have  been  calculated  for  each  of  the  three 
regimes  using  equatlonj  (1),  (3)  and  (4).  These  are  plotted  together  in  Figure  6.  The  isovlscous- 
elastic  results  show  g  similar  speed  dependance  but  an  appreciably  thicker  film  and  an  increase  in  load 
sensitivity  (  h  a  F  “")  when  compared  to  viscous-clastic  theory^  As  expected,  the  load  and  speed 
sensitivity  is  greatest  for  the  Isoviscous-rlgid  regime  (  h  al  un  \  1. 

'  \  F  i  1 

The  intersections  between  the  isoviscous-rigid  and  isovlscous-elastic  characteristics  for  the  2000 
lbf  and  4C00  lbf  load  lines  correspond  to  the  boundary  transitions  in  Figure  b .  Therefore,  it  would 
seem  reasonable  to  suggest  that  the  film  thickness  behaviour  should  follow  the  bold  lines  indicated  in 
Figure  6.  Whether  or  not  such  behaviour  would  he  observed  In  practice  is  open  to  question  since  one  of 
the  difficulties  inherent  in  this  analysis  is  that  it  is  not  clear  how  rapidly  a  transition  in  regime 
of  lubrication  occurs  3b  a  contact  crosses  a  boundary. 

A  more  specific  restriction  in  this  particular  application  is  the  fact  that  equations  (1)  to  (4) 
are  based  on  fully  flooded,  isothermal  theory.  These  assumptions  do  not  represent  the  conditions  at 
the  rib  where  there  is  typically  a  slide/roll  ratLo  4u/u  of  0.35  and  fairly  restricted  lubricant 
availability.  One  would,  therefore,  expect  measured  film  thicknesses  in  any  regime  to  be  thinner  than 
indicated  by  the  theory.  Furthermore,  starvation  and  thermal  eftects  could  cause  a  significant  shift 
in  the  structure  of  the  regime  chart  itself. 


A  possible  method  of  gaining  some  insight  into  these  phenomena  would  involve  studying  the  response 
of  the  lubricant  film  thickness  to  changes  in  applied  load,  speed  and  starvation  conditions.  If  the 
film  thicknesses  are  not  too  great,  the  application  of  the  technique  of  optical  interferometric  measure¬ 
ment  would  appear  to  be  the  most  promising  means  of  Investigation. 


CONCLUSIONS 

1.  The  extension  of  Hamrock  and  Dowson's  regime  analysis  to  elliptical  contacts  having  fractional 
elllptlcity  parameters  has  been  justified  using  published  data. 

2.  fhe  regime  analysis  has  been  applied  to  the  lubrication  of  the  rib-roller  contact  of  a  tapered 
roller  bearing.  The  results  show  that  the  contact  operates  in  either  the  isoviscous-rigid  or 
lsoviscous-elastic  regimes  depending  on  the  conditions  of  speed  and  load. 

3.  This  application  of  the  analysis  is  restricted  due  to  the  assumptions  of  fully  flooded  and  iso¬ 
thermal  conditions  at  the  contact. 
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Figure  5  Regime  chart  of  Kama's  results  for  i  rib-roller  contact:  k  -  0.163 
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DISCUSSION 


D.G.Astridgc,  Westland  Helicopters,  Yeovil,  UK 

( 1 )  Two  conceptual  problems  arise  from  the  results: 

(a)  The  suggestion  of  regime  boundary  lines  imply  a  sudden  change  from  say  elastic  behaviour  to  rigid 
behaviour  tor  a  small  change  in  speed,  viscosity,  load  etc. 

(b)  Figure  5  suggests  that  at  higher  loads  film  pressures  are  large  enough  to  produce  elastic  deformation  of 
steel,  but  not  high  enough  to  influence  oil  viscosity. 

(2)  In  common  with  contact  conditions  in  conformal  gears,  the  shape  of  the  roller  end/rib  contact  in  taper  roller 
bearings  is  a  slightly  distorted  thin  ellipse  (with  major  axis  in  direction  of  rolling)  approximating  banana¬ 
shaped.  To  what  extent  do  you  consider  that  this  distortion  might  influence  film  thickness  calculations? 

Author’s  Reply 

( 1 )  (a)  It  is,  of  course,  unrealistic  to  suggest  that  crossing  a  regime  boundary  results  in  a  discontinuity  in  the 

response  of  the  contact  to  external  variables.  However,  at  the  present  time  we  do  not  have  any  knowledge 
of  the  characteristics  of  contacts  operating  at  regime  boundaries.  Conse(|uently,  any  “blend”  radius  (for 
example,  between  the  predicted  isoviscous-rigid  and  isoviscous-olastic  film  thickness  lines  at  2000  lb f  in 
Figure  0)  would  have  to  be  arbitrary.  It  was  decided  that,  from  the  point  of  view  of  clarity,  a  blend  radius 
of  zero  would  be  used, 

(b)  This  behaviour  appears  at  first  to  be  a  paradox.  However,  some  insight  into  the  possible  mechanism 
involved  can  be  gained  if  it  is  recalled  that  in  UHL  (“hard”  or  “soft")  it  is  the  conditions  in  the  inlet  of 
the  contact  that  are  of  importance  in  determining  film  thickness.  In  the  hard  UHL  of  a  line  contact  the 
generation  of  the  film  benefits  both  from  the  increased  local  radius  of  curvature  due  to  deformation,  and 
from  the  increase  in  viscosity  due  to  the  appreciable  pressure  build-up  that  precedes  the  Hertzian  pressure 
profile.  In  contrast  to  this  a  long  elliptical  contact  aligned  in  the  direction  of  entrainment  will  suffer 
considerable  side-leakage  and  hence  pressure  depletion  in  the  inlet  zone.  Thus  the  contact  is  deprived  of 
the  high  level  viscosity  enhancement  common  in  contacts  with  little  or  no  side  flow  in  die  inlet  region,  it 
will,  however,  benefit  from  the  local  increase  in  radius  of  curvature.  The  overall  effect  is  an  isoviscous- 
elastic  response. 

(2)  It  would  seem  reasonable  to  suggest  that  the  effect  of  contact  distortion  on  film  thickness  will  be  considerably 
smaller  than  the  effects  of  sliding  and  starvation. 


U.Saibel,  USARO,  RTP,  US 

It  would  seem  necessary  to  leave  a  model  of  the  viscoelastic  fluid  from  which  a  constitutive  relationship  could  be 
derived  and  from  which  the  author’s  Uquation  (4)  coukl  be  derived ;  otherwise,  this  is  simply  a  matter  of  curve 
fitting.  This  is  not  necessarily  bad,  but  the  element  of  uniqueness  is  lost. 

Author’s  Reply 

The  construction  of  the  regime  chart  is  based  on  the  four  different  film  thickness  equations  corresponding  to  the 
four  different  regimes  of  lubrication.  These  equations  are  recast  in  terms  of  the  non-dimensional  elasticity  and 
viscosity  parameters.  Uquation  (4)  represents  this  form  of  Hamrock  and  Dowson’s  minimum  film  thickness  equation 
for  UH1)  (viscous-clastic)  conditions,  anil  as  such  relies  on  their  assumptions  of  fluid  behaviour  (see  Reference  (>). 


If  Herthe,  INSA  Lyon.  Fr 

Nous  avons  effectue  line  i' tilde  de  ee  type  de  contact,  sur  le  plan  theorique  en  considcrant  tin  lubrifiant  equi  ou 
piezovisqueux,  des  surfaces  rigides.  et  sur  le  plan  experimental  en  introduisant  la  geometric  evade  des  surfaces 
(inclinaison  et  hauteur  du  collet,  courbure  du  flanc  du  rouleau  ...  )  et  la  cinematique  trtfs  particuiiere  qui  comprend 
line  vitesse  due  an  pivotement  du  rouleau  importante.  L ‘etude  experhnentale  sur  tin  disposilif  qui  reproduit  cette 
cinematique  et  la  geometric  a  i?Us  effective,  IVpaisseur  du  film  est  mesuree  par  line  methode  inter!' frometrique. 


Les  resultats  mor.trent  un  effet  preponderant  du  parametre  'alimentation'  et  en  second  lieu  de  la  cinematique  les 
deux  effets  n’apparaissent  pas  dans  les  relations  que  vous  propose/..  Pouvez-vous  commenter  ces  2  aspects? 


Author’s  Reply 

Reference  to  Figure  2  shows  that  the  entrainment  conditions  for  this  contact  are  extremely  complex.  Lubricant 
supplied  by  the  rib  surface  arrives  at  the  inlet  region  at  a  different  angle  to  that  supplied  by  the  roller  spherical  end. 
Prof.  Berthe  has  accounted  for  this  effect  explicitly  in  his  comprehensive  analysis  and  has  shown  that  the  rib  height 
is  an  important  parameter  since  it  defines  the  extent  of  the  inlet  zone.  By  comparison  the  calculations  presented 
in  the  paper  are  rather  crude  since  they  take  no  account  of  the  complex  inlet  shear  and  assume  an  infinite  inlet 
boundary  distance  ('fully  flooded’  conditions).  However,  the  object  of  the  work  was  to  provide  a  simple  indication 
of  the  regime  of  lubrication  at  this  contact.  Berthe  has  assumed  viscous-rigid  conditions,  apparently  without 
justification,  whereas  this  investigation  shows  that  isoviscous-rigid  or  isoviscous-elastic  conditions  may  be  more 
appropriate. 


It  is  conceivable  that  a  more  extensive  regime  analysis,  based  equations  derived  using  Berthe’s  refinements,  would 
give  different  results.  The  limited  extent  of  the  inlet  zone  would  probably  be  significant,  but  it  would  affect  each 
regime  in  a  similar  manner.  This  would  appear  to  be  a  fruitful  area  for  further  study. 
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THE  INFLUENCE  OF  THE  SHEAR  THINNING  EFFECTS  OF  NON-NEWTONIAN  OILS  ON  THE  PERFORMANCE  OF 

FINITE  LENGTH  JOURNAL  SEARINGS 

VERMEULEN  M. ,  Dr.  Ir.,  Assistant  :  State  University  of  Gent 

YOO  H.S.,  M.Sc.  *  :  Laboratory  of  Machines  and  Machine  Construction 

St  Pietsrsnieuwstraat  tl 
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SUMMARY 

The  behaviour  of  non-Newtonian  lubricants  in  journal  bearing  is  very  complex.  Pre¬ 
vious  results  for  considering  the  shear  thinning  phenomena  were  negative  for  ncn-1-.ewtonian 
lubricants,  which  was  'not  in  agreement  with  experiments.  In  this  paper  we  analyse  this 
behaviour  by  assuming  the  same  velocity  profile  for  the  non-Newtonian  lubricants  as  the 
Newtonian  one,  splitting  the  viscosity  into  two  parts  nx  and  >  which  have  relation  with 
x  and  y  directional  velocity  gradient  respectively,  and  considering  side  leakage.  The 
results  are  positive  for  the  non-Newtonian  lubricants,  which  agrees  with  experiments.  The 
gains  ((fNew-i’non.Naw)/fNew)  are  3  -  10  *  for  most' working  ranges. 


LIST  OF  SYMBOLS 

n,A,B,a,b  :  constants 

m  •;  fluid  consultancy  (N  sn/m* ) 

p  :  pressure  (N/mJ) 

r  :  radius  of  journal  (m)  i 

L  :  bearing  length  (mj 

D  :  diameter  of  journal  (m) 

u,v  :  fluid  velocity  ih’x,  y  direction  (m/s) 

U  :  journal  rotational  velooity  (m/s) 

x,y,z  :  spatial  coordinates  rotational,  axial  and  film  thickness  direction 
G,Y  :  x,y  directional  step  size 

h  :  lubricant  film  thickness  (m) 

e  :  eccentricity 

6  :  radial  clearance  (m) 

h»n*»n0,nbase  -I  viscosity  general,  non-dimensional,  at  small  rate  of  shear,  base  oil. 


sp 


6 

C 

6 

a 

f 
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J  x  directional,  y  directional,  unci  (n-obase.) /nbase 
angular  speed  of  journal  (rad/s) 
velocity  gradient  (I/s) 
angular  coordinate 
=  L/D 

coefficient  of  load  carrying  capacity 
coefficient  of  friction  loss 
attitude  angle 
coefficient  of  friction 

nsp/(nsp  at  210o) 


INTRODUCTION 

It  is  well  known  that  by  the  use  of  "additives"  as  modifiers  of  mineral  lubricanr. 
performance,  the  modified  oils  exhibit  non-Newt- ’nian  behaviour  which  does  not  exist  in 
normal  mineral  oils.  The  exact  behaviour  of  non-Newtonian  lubricants  in  journal  bearings 
is  very  complex.  A  lot  of  researchers  have  tried  to  solve  this  behaviour  by  considering 
the  shear  thinning  phenomena  of  the  lubricant  (1) ,  by  elastico-viscous  behaviour  ( 2]  13) 
and  by  the  cavitation  properties  [4]  . 

*  Permanent  Address  :  Assistant  Professor,  Dept,  of  Mechanical  Engineering, 

INHA  University,  Incheon  160-01,  Republic  of  Korea 


The  motivation  of  this  research  is  to  increase  bearing  performance  and  to  save  energy 
and  materials;  but  up  to  now,  the  results  were  not  completely  satisfactory.  In  this  paper 
we  solve  the  non-Newtonian  lubrication  problem  by  considering  the  shear  thinning  and  side 
leakage  problem  together. 

Former  researchers  tried  to  solve  the  shear  thinning  effect  with  either  infinitely 
long  [5]  or  short  (1)  bearing  assumption,  and  the  results  were  negative  for  non-Newtonian 
lubricants.  Our  idea  is  to  include  the  side  leakage  phenomena.  Shear  thinning  means  visco¬ 
sity  variation  with  variation  of  the  velocity  gradient.  If  the  rotational  velocity  gradient 
is  different  from  the  axial  one,  then  the  rotational  viscosity  will  differ  from  the  axial 
one.  Roughly,  rotational  velocity  gradient  will  be  larger  than  the  axial  one.  Indeed,  in 
the  rotational  direction  the  flow  is  induced  by  velocity  and  pressure,  but  the  axial  flow 
is  only  a  pressure  induced  one.  So,  the  rotational  viscosity  will  be  smaller  than  the 
axial  one,  and  regarding  the  load  capacity  this  has  the  same  effect  as  an  effective  axial 
length  of  the  bearing  which  is  larger  than  the  real  geometrical  length.  This  means  an 
improvement  of  bearing  characteristics  when  using  non -Newtonian  oils.  As  most  engine 
bearings  are  short  bearings  (L/D  <),  the  effect  will  be  quite  pronounced.  Of  course  this 
temporary  shear  thinning  phenomena  is  only  one  of  the  many  non-Newtonian  characteristics, 
so  this  paper  will  describe  only  partially  the  real  bearing  case. 

DESCRIPTION  OF  PRINCIPLE 

Experiments  of  viscosity  variation  with  rate  of  3hear  (cr  shear  stress)  show  that  it 
is  a  very  complex  function  of  the  rate  of  shear,  but  usually,  the  variation  is  very  large 
oetwoen  :10s  -  lO"  a"1  (rate  of  shear)  [6]  17!  •  Fxg.  1.  At  high  rate  of  shear  (up  to  1.0*  s-1 ) 
the  maximum  viscosity  loss  is  about  ')0  -  50  *  1 61  [71  [8)  :  Fig.  1  and  2.  The  viscosity  vari¬ 
ation  with  temperature  is  much  le3s  than  for  the  Newtonian  case  161  :  Fig.  3.'  Therefore 
it  is  reasonable  to  consider  viscosity  variation  with  rate  of  ohear  oily  when  we  study 
non-Newtonian  lubrication  problems.  Even  in  the  Newtonian  case,  most .researchers  dc  not 
include  the  viscosity  variation  with  temperature  along  and  through  the  oil  film. 


Fig.  1.  Viscosity  variation  with  shear  stress 
(from  [6] ) 


Temperature  98.6°C 
Molecu br  weight}  (*K)*) 

- Styrene  polyester  oil 

- Olefin  copolymer  oils 


""Ter 


Shear 
_ rate 

6  .T 


10°  s 


Temperature  989°C 
Molecular  weights  (+10*) 

- Polyacrylate  oils 

- Polyisobutylene  oils 

- Commercial  oil 


Shear . 


S105  J06 


Petroleum  bright  stock 


i>'nporary  visco¬ 
sity  on  shear 
rate,  from  |?) 


Polyisobutylerts 


Methacrylate!  A) 


■'fthacrylate(B) 


!■'  if',  i .  Vsi-i  at  ion  o  f 

spiv  i  t’i  c  v  i  so  of.  i  t  y 
with  t  ern; oral  uro 
(from  171) 


14-4 


Viscosity  variation  between  103  -  104  s-1  is  very  important  (diagrams  showing  visco¬ 
sity  -  rate  of  shear  relations  are  usually  presented  in  log  scale,  but  when  showing  this 
relation  in  a  linear  scale,  the  viscosity  variations  are  very  clear).  The  real  values  of 
journal  bearing  cases  for  rotational  and  axial  rate  of  shear  are  mostly  over  the  range  of 
10 3  -  104  s-1..  The  gradient  is  still  negative  although  it  is  very  small. 

MATHEMATICAL  BACKGROUND 

The  classic  Reynolds  equation  does  not  allow  to  take  into  account  the  viscosity  vari¬ 
ation,  and  for  shear  thinning  lubricants  we  should  modify  the  original  Reynolds  equation. 

A  first  problem  to  be  solved  is  finding  a  valuable  expression  for  the  velocity.  It  is 
shown  below  that  with  very  good  accuracy  the  Newtonian  expression  can  still  be  used. 

Consider  the  journal  bearing  configuration  outlined  in  Pig.  4,  and  for  theoretical 
interpretation  the  viscosity  variation  of  a  lubricant  can  be  expressed  as  a  power  low, 

Eq.  1. 


and  the  corresponding  velocity  profile  is 


u 


(A  z  + 

m  dx 


C) 


n  + 1 
n 


1  dp  ,n+lv 
in  dx  n  J 


n  +  1 
n 


(3) 


The  constant  C  can  be  found  from  Eq.  4 


U 


<e  ai  h  +  c) 


n  +  1 
n 


1  dp  ,n*lv 
in  dx  n 


n+1 

n 


(4) 


The  Eq.  3  is  very  complex  to  handle.  However  even  for  oils  with  45  %  shear  thinning 
at  106  s"1,  the  constant  n  is  about  0.957  and  the  possible  maximum  error  between  Eq.  3 
and  the  Newtonian  expression  Eq.  5  is  about  ±  4  %  with  sign  changes  through  bearing  sur¬ 
faces. 


u 


=  3x  (z(z-h))  +  if 


(5) 
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velocity  by  Eg.  3  -  velocity  by.  Eg.  5  -  _n  nk  %  o  o4 
velocity  by  Eq .  5  ' 

Therefore  it  is  reasonable  to  use  Newtonian  parabolic  velocity  profile  even  for  shear 
thinning  lubricants. 

So  we  can  use  Eq.  5  with  variable  viscosity  for  the  shear  thinning  lubricant ■  and 
Eq.  6  for  axial  flow. 


*  ■  <“-h» 


v5< 


(6) 


Then  the  modified  Reynolds  equation  becomes  Eq.  7 

A  ££.)  +  A  fhl  dp^  .  fiI.  3h 

3x  V  3x;  +  3y  V,  dy '  '  DU  3x 
*  y 

Let  us  use  some  parameters  to  non- dimensionalize  the  equation 


(7) 


h  =  6(1  +  e  cos9*) 
x  =  rO* 
y  =  ry* 


P  =  P*  nQ  to  (r/6 ) : 


^x  =  f(x)  =  no  nx 


by  =  f(y)  =  n0  b* 


(8) 


Substitute  Eq.  8  to  Eq.  7  and  omitting  asterisks  * 

1  /3ZP\  ,  1  ,32p>,  3p  ,3nyN  1  3p  1  3p  3e  sin@  1  , 

\  30*  \  V  "  ^  ^  ™  "  36  "(i+T  cos 9')  + 


6e  sin0 


+e  cos0 ) 3 


-  =  0 


(9) 


Eq.  9  is  the  non-Newtonian  form  of  the  Reynolds  equation;  for  the  Newtonian  case  the 
second  and  third  part  of  this  equation  will  disappear. 

For  computing  procedure,  using  5  point  finite  difference  method,  and  (9'),  yields  : 


0  =  iG 
y  =  JY 


(9'  ) 


1st  part  A  (p(i  +  l,  j )  -  2p(i,j)  +  p(i-l,j))  ^  j  ^ 

G  x 

2nd  part  —  (p(i,j+l)  -  2p(i,j)  +  p(i,j-l))  —  ^ j  ^ 

-  (p(i,j+l)  -  p(i,j-l))[A  (ny(i,j+l)  -  ny  (i,  j-1 ))  j  n  (i7J)-i 

2G  (pA  +  1>j)  “  p(i-l j j )) (bx(i  +  l>j)  -  bx(i-l,j))j  n  ( i  ~  j  ) : 


3rd  part 


(10) 


4th  part 


5fch  Part  -  JG  ( 1+ :  S')  +  '  P^-AJ))  777x777 


From  reference  6  (Fig.  1)  the  relation  between  viscosity  and  the  rate  of  shear  can  be 
expressed  by  Eq.  11. 


base 


1)  =  a  -  b  log  (n  qtj) 


(11) 
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However,  this  expression  is  cumbersome  to  use,  because  the  viscosity  is  implicit,  and  Eq. 
11  can  be  changed  into  Eq,  12  with  very  good  accuracy.  Maximum  error  is  about  ±  0.2  %,  and 
the  sign  changes  from  point  to  point  in  a  bearing,  therefore  the  total  error  will  be  ne¬ 
gligible. 

n  =  n0  (A  -  B  log  (12) 


When  we  calculate  non-Newtonian  pressure,  the  velocity  gradient  and  the  viscosity  are 
interconnected  with  the  pressure,  which  leads  to  a  lot  of  nested  iterations  with  excessive 
computation  time.  Therefore  in  this  paper  we  simplify  the  procedure  from  Eq.  13  to  Eq .  14 
for  calculating  the  velocity  gradient. 

3u  _  1  3p  ,  „  h,  U 
?z  -  (z  "  2>  +  h 

(13) 

3v  _  1  3p  /„  h. 

^  ‘  ^  3y  (z  '  2} 

3u  _  _h_  3£  +  U 
3z  "  2n0  3x  h 


3 v  _  h  3p 
3z  '  2no  3y 


'  •  * 

•  •  <1 


+  '}:A 


The  accuracy  of  the  simplification  can  be  stated  as  following.  Let  us  rearrange  the 
Eq.  13  and  Eq.  14 


=  ffr  h*  (1+e  eos9*>  +  urh 

H  =  ( i+£  cose*)) 


(13') 


where  h*  is  from  -  1/2  to  1/2 


3u  _  ra) 
3z  "  T“ 


[i  le7  (1+e  cos6*)  +  l+Tcose'*) 


(i*»  • ) 


To  show  the  difference  between  Eq.  13'  and  Eq.  1 4 ' ,  following  procedures  are  used  : 

1.  Start  with  non-Newtonian  pressure  distribution  by  simplified  equation  13'.  This  is 
reasonable  because  for  both  cases  the  distribution  will  have  nearly  same  shape. 

2.  Calculate  velocity  gradient  by  iteration  (Eq.  13')  and  viscosity  expression  Eq .  12. 

3.  Compare  the  results  with  Eq.  14'. 

The  results  with  the  values  of  f  -  0.8  and  L/D  =  0.25  are  following  : 

RVG .  of  Eq.  14’  -  RVG .  of  Eq.  13’  .  n  nn  „  n 
- ^VG.  of  EqTTJ1 - - 0,012  0,131 


AVG.  of  Eq.  14'  -  AVG.  of  Eq.  13' 


AVG.  of  Eq.  13' 


=  -0.031  'V  -0.013 


where  RVG.  :  rotational  velocity  gradient 
AVG.  :  axial  velocity  gradient. 


These  values  seem  to  be  very  big,  but  the  effect  on  calculating  the  viscosity  is  much 
less.  The  viscosity  variations  corresponding  the  minimum  and  maximum  values  are  : 


RV.  of  Eq.  l4'  -  RV.  of  Eq .  13' 
RV.  of  Eq.  13' 


AV.  of  Eq.  14'  -  AV.  of  Eq .  13' 
AV.  of  Eq.  13' 


-0.001  %  -0.011 


0.002  ^  0.001 


where  RV.  :  rotational  viscosity 
AV.  :  axial  viscosity. 

Above  results  show  that  the  simplification  is  valid  with  high  accuracy  and  it  is  in  tne 
safe  side  for  calculating  the  bearing  load;  the  simplification  gives  slightly  less  load 
capacity  than  using  Eq,  13.  To  calculate  the  velocity  gradient,  we  use  Eq.  14'  and  the 
difference  equations  are  given  as  Eq.  15 

=  | ( 1 +e  cose ) (p( i+1 , j )  -  p(i-l,j))/G  +  4/(1+e  cos9)| 


Jz  =  Ml  (1+e  c°s0)  (p(i,j+l)  -  p(i,j-l)) 


(15) 


COMPUTATION  PROCEDURE 

For  computation  of  the  bearing  performance,  following  models  are  used  (Fig.  5). 
Group  A.  Experimental  viscosity  relations  of  the  form  of  Eq.  12 


i .  n  *  - 

1 , 

.45  - 

0. 

.15 

logy 

2.  n*  = 

1, 

.30  - 

0. 

,  10 

logy 

3.  u*  = 

1, 

.15  - 

0. 

in 

o 

logy 

and  for 

Y 

<  10 

3 

> 

n* 

II 

I-* 

O 

(16) 

Group  B.  Power  law  relations  as  used  in  many  theoretical  analysis,  which  have  same  visco' 
sity  losses  at  106  s_l  (^5  %,  30  %,  15  %) 


4. 

n*  -  y-°-0^ 

5. 

n*  =  y~0 . 026 

6. 

n*  =  y-0.0117 

and  for 

y  <  i,  n*  =  i.o 

(17) 

Fig.  5.  Graphical  representation  of  6  models. 


The  computation  of  bearing  performance  is  done  in  successive  steps  : 


A.  Pressure  field 

1.  Calculate  a  Newtonian  pressure  field  using  5  point  finite  difference  iteration 
technique , 

2.  Find  Newtonian  velocity  gradient  field  (3u/3z,  3v/5z). 

3 .  Find  the  viscosity  fields  (n  ,  ri). 

x  y 

ll.  Calculate  a  non-Newtonian  velocity  gradient  field  with  modified  coefficients  in 
finite  difference  equations. 

5.  Find  non-Newtonian  velocity  gradient  fields. 

6.  Compare  step  5  and  2,  if  the  difference  is  larger  than  0.1  %,  send  5  values  to  3 
for  recalculating  the  viscosity  fields.  Otherwise  call  performance  subroutine. 

B.  Bearing  parameters 

1.  Calculate  total  load,  friction,  attitude  angle  and  the  coefficient  of  friction  by 
using  performance  subroutine. 

2.  The  load-carrying  capacity  of  the  bearing  can  be  determined  from  the  expression  : 

W  =  CnLDu  (£)2 

where  £  =  ^  (Wl2  +  W22)^2 

W1  =  II  p(6,y)  sine  d6  dy 
W2  =  II  p(0,y)  cose  de  dy 


3.  The  frictional  force 


F  =  CnLDw  (|)2 

where  5  =  ^  If( nx  ||)  dS  dy  J  (p)2 

.  The  coefficient  of  friction  f  =  £/C 
5.  The  attitude  angle  a  =  tan-1  (W1/W2) 

RESULTS 

Computed  results  for  bearing  parameters  are  represented  with  figure  6  to  10.  Lines 
indicated  with  E  model  (experimental)  represent  No.  1  of  Eq.  16  and  with  P  model  (power 
law)  represent  No.  4  of  Eq.  17.  Fig.  6  shows  that  the  attitude  angle  is  nearly  same  for 
different  models  although  there  is  a  tendency  that  the  value  is  a  little  large  for  large 
values  of  L/D.  For  the  same  L/D,  the  E  model  is  the  largest  and  the  Newtonian  is  the 
smallest.  Fig.  7  shows  the  pressure  distribution  of  E  model  which  is  somewhat  flatter 
than  the  Newtonian.  The  P  model  distribution  is  nearly  the  same  as  the  E  model.  Fig.  8 
represents  the  coefficient  of  load  carrying  capacity  versus  e.  The  value  of  the  E  model 
is  a  little  larger  than  the  P  model  for  most  ranges,  but  for  eccentricities  >  0.9  it 
changes.  Fig.  9  shows  the  coefficient  of  friction  loss.  There  is  a  small  tendency  that 
the  value  is  larger  for  large  L/D  even  the  difference  is  small.  The  E  model  shows  higher 
values  than  the  P  model  except  at  high  eccentricity.  Fig.  10  shows  the  coefficient  of 
friction  which  is  one  of  the  most  important  factors  for  determining  the  bearing  perfor¬ 
mance.  From  this  logarithm  diagram,  it  can  be  seen  that  the  friction  coefficient  is  smaller 
for  non-Newtonian  model,  which  means  the  non-Newtonian  lubricant  is  better  than  the 
Newtonian  one.  The  E  model  shows  better  characteristics  than  the  P  model. 
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Friction 

t 


- Newtonian 


- E-model 

- P -model 


Pig.  9,  The  coefficient  of  friction  loss  C  versus  eccentricity 

So,  for  a  definite  eccentricity  ratio,  non-Newtonian  load  capacity  is  lower  than 
Newtonian  which  is  in  agreement  with  Pearson  1 51  who  showed  the  shear  thinning  mode1  with¬ 
out  side  leakage  (long  bearing  assumption).  As  friction  loss  decreases  even  more  than  load 
capacity,  the  net  result  is  quite  positive.  The  gain,  i.e.  (fNe>,-*'non_New) /fNew  is  denon" 
strated  in  F'g.  11  to  13,  for  different  values  of  bearing  length  (L/D  =  0.1,  0.25,  0.5 
respectively).  The  Fig.  11  to  13,  the  curves  1,  2,  3  represent  No.  1,  2,  3  of  Eq.  16  and 
the  curves  4,  5,  6  represent  No.  4,  5,  6  of  Eq.  17.  These  important  figures  clearly  show 
the  benefit  of  non-Newtonian  oils.  The  gain  is  a  monotonicly  decreasing  function  of  eccen¬ 
tricity  for  very  short  bearing  (L/D  =  0.1).  For  moderate  bearing  ratio  (L/D  =  0.25  to  o.5) 
the  gain  is  again  increasing  at  higher  e. 

CONCLUSION 

It  has  been  clearly  shown  that  the  non-Newtonian  lubricants  are  better  than  the 
Newtonian  ones.  For  the  interesting  working  ranges,  such  as  eccentricity  of  about  0.9  and 
L/D  of  0.1  to  0.25,  the  gains  for  oils  with  45  %  viscosity  loss  at  106  s-1  rate  of  shear, 
are  about  5  to  10  %  for  the  experimental  Eq.  16  model  and  3.3  to  4.6  %  for  power  law  model. 
As  the  experimental  model  is  more  realistic  than  the  power  lav;  one,  it  will  represent  the 
best  approach  for  bearing  characteristics.  The  two-dimensional  treatment  of  a  modified 
Reynolds  equation  made  it  possible  to  incorporate  the  side  leakage  effect  in  the  study  of 
the  shear  thinning  phenomena  of  non-Newtonian  lubricants. 
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Fig.  13.  Gain  versus  eccentricity 
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DISCUSSION 


C.M.Taylor,  University  of  Leeds,  UK 

The  introduction  of  different  dynamic  viscosities  in  the  circumferential  and  axial  directions  implies  different  flow 
rates  from  the  Newtonian  condition.  This  in  turn  will  influence  the  thermal  equilibrium  of  the  bearing.  Could  the 
author  comment  on  the  importance  of  thermal  considerations  in  comparisons  oetween  predictions  of  their  theoretical 
analysis  and  experimental  results? 

Author’s  Reply 

The  material  presented  is  the  result  of  the  first  study  of  this  subject.  Thermal  effects,  of  course,  will  modify 
pressure  distribution  and  shear  rates,  and  so  bearing  performance. 

The  experimental  results  have  to  be  treated  statistically  to  find  improvements  for  these  kinds  of  oils;  it  means  the 
gains  are  rather  low  (by  some  %).  So  this  theoretical  study  shows  gain  of  some  higher  %  (but  still  low).  Thermal 
effects  could,  of  course,  decrease  the  gain  expected  by  the  iso-thermal  study. 


A.Joumeau,  ONERA,  Fr 

Votre  dtude  sur  les  fluidcs  non-newtoniens  est  tr£s  int<$ressante.  Les  courbes  pr6sent<$es  sont  des  resultats  de  calcul 
mais  vous  avez  dit  dans  vos  conclusions  que  les  comparisons  avec  l’expdrience  sont  satisfaisantes.  Peut  on  savoir 
avec  quelle  precision  cette  concordance  se  vdrifie? 

Reponse  d’Auteur 

Les  resultats  expdrimei.taux  disponibles  montrent  une  amelioration  de  seulement  quelques  1  a  2%.  Ces  resultats  ne 
sont  qu’une  p-irtie  des  resultats  totaux  pour  des  moteurs  a  pistons. 

Comme  les  rdsultats  thdoriques  montrent  un  gain  de  =  5%  pour  des  valeurs  de  e  normales  (e  =  0,7-0, 9)  et  pour 
des  iiuiles  un  ‘peu  normales’  e’est-a-dire  avec  une  perte  de  viscositd  pas  si  grande  peut-etre  des  effets  thermiques 
peuvent  diminuer  encore  ce  gain  thdorique,  jusqu’aux  valeurs  expdrimentales. 
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GLISSEMENT  DANS  LES  ROULEMENTS  A  ROULEAUX. 
INFLUENCE  DU  LUBRIFIANT. 

par 

Daniel  BERTHE,  Professeur 
Louis  FLAMAND,  Maitre-Assistant 

Laboratoire  de  MScanique  des  Contacts 
Institut  National  des  Sciences  Appliquees  de  Lyon 
20,  avenue  Albert  Einstein 
69621  Villeurbanne  -  France 


1  .  POSITION  DU  PROBLEHE 

Dans  les  roulements  A  rouleaux  cylindriques ,  la  condition  de  roulement  pur  des  corps  roulants 
par  rapport  aux  pistes  n'est  plus  vdrifide  lorsque  les  vitesses  de  rotation  sont  Slevees  et  que  les  charges 
transmises  sont  faibles.  Ce  phenomAne  est  connu  sous  le  nom  de  skidding.  II  convient  de  limiter  ces  glis- 
sements  car  ils  peuvent  etre  A  l'origine  d' Schauf fements  importants  et  d'usure  prematuree. 

Dans  ce  but,  on  examinera  les  conditions  d'Squilibre  mecanique  des  Elements  constitutifs  d'un 
roulement  donne.  La  cindmatique  et  en  particulier  les  vitesses  de  glissement  entre  les  corps  roulants  et 
les  bagues  sont  ddtermindes  A  partir  des  actions  normales  et  tangentielles  transmises  par  le  film  lubri- 
fiant.  En  consequence,  il  est  indispensable  de  prendre  en  compte  le  comportement  rhdologique  du  lubrifiant. 

Ce  papier  comporte  trois  parties  : 

-  dans  la  premiAre,  on  mettra  en  place  les  modAles  rhdologiques  utilisables  pour  des  lubrifiants 
adronautiques, 

-  dans  la  scconde,  on  moddlisera  les  diffdrents  contacts  rencontrds  dans  le  roulement  dtudid, 

-  dans  la  derniAre,  on  illustrera  1' influence  du  lubrifiant  sur  l'dquilibre  global  du  roulement. 


2.  COMPORTEMENT  RHEOLOGIQUE  DES  LUBRIFIANTS  AERONAUTIQ'JES 
2.1.  ModAles  rhdologiques 

Diffdrentes  etudes  |l,2|  ont  montrd  que  sous  des  pressions  dlevees  ou  des  temps  de  sol lici tat ions 
courts,  le  comportement  du  lubrifiant  ne  peut  plus  etre  ddcrit  par  une  loi  newtonienne  piezovisqueuse .  Des 
modAles  plus  complexes  doivent  Stre  introduits,  ils  incluent  une  elasticite  et  une  viscoplasticitd  du  lu¬ 
brifiant.  Des  modAles  types  Maxwell  non  lindaires  ddcrivent  bien  les  phdnomAnes . 

(1)  Y  -  ^  +  F(T) 

O  , 

G  est  le  module  de  cisaillement,  y  -  (Ui~U2)/h  est  le  gradient  de  vitesse  de  ddforraation,  t  la  contrainte 
de  cisaillement,  F(x)  est  la  composante  de  deformation  visco-plastique  ou  visqueuse  non  lineaire. 

Pour  le  fluide  newtonien  o(x)  "  x/p  pour  un  non  newtonien,  diffArentes  formes  pour  F(x)  ont  ete 
proposees,  en  particulier- p.  -  Ree-Eyring  : 

(2)  F(x)  - 

oQ  xo  est  une  contrainte  caractdristique  du  lubrifiant. 

Le  lubrifiant  doit  done  etre  caracterise  par  trois  paramAtres  :  la  viscositd  p,  le  module  de  ci¬ 
saillement  G,  la  contrainte  caracteristique  xo  et  leurs  variations  avec  la  presoion  et  la  temperature. 

Dans  le  cas  particulier  de  faible  valeur  de  contrainte,  la  relation  (1)  se  rdduit  au  modAle  de 
Maxwell  lindaire  : 


Cette  relation  peut  etre  integrde  dans  le  contact  Hertzien  lubrifie  | 3 | ,  il  vient  : 


ii  T  I  ■  exp  (- 


(x+a)/<U!+U2) 


g-  est  le  temps  de  relaxation  du  lubrifiant  et  est  le  temps  de  solicitation  du  lubrifiant,  (fig.l). 

Lorsque  le  temps  de  solicitation  est  petit  devant  le  temps  de  relaxation  du  lubrifiant,  la  rela 
tion  (4)  se  rdduit  A  : 

/ r\  „  °  x+a  0  3u  _ 

(5)  x  -  G  Y  TTTuT r  avec  r~w  ~ir~ 


le  comportement  est  entiArement  dlastique. 


2.2 .  ParamStres  rh6ologi.qu"s 


Des  mesures  rhfiologiques  directes  pour  determiner  p,  G  et  tq  9ont  possibles  mais  trSs  ddlicates 
3  mettre  en  oeuvre  ] 2 |  ;  il  semble  plus  aise  d'obtenir  ees  paramStres  a  partir  d' experiences  sur  machines 
a  disques  dans  lesquelles  on  simule  le  contact  hertzien  et  on  mesure  le  frottement  en  fonction  de  la  vites- 
se  de  roulement,  de  la  vitesse  de  glissoment,  de  la  pression  et  de  la  temperature.  Les  courbes  de  la  figure 
2  montrent  l'allure  des  resultats  obtenus.  On  determine  les  pararaStres  y,  C,  to  par  ajustement  des  rdsultats 
theoriques  donnes  par  lee  equations  (1)  et  (2)  et  les  resultats  experimentaux,  |4|.  Des  caracterisations  de 
differents  fluides  adronaatiques  sont  disponibles  dans  la  litt6rature  |b|,  nous  donnons  ci-dessous  les  ca- 
ractf cistiques  d'un  seul  lubrifiant  MOBIL  OIL  JET  II  qui  serviront  dans  la  suite  de  cette  etude  : 


(6) 


u 

G 

TO 


2,33  10 
.1,68  105 
6,02  105 


exp 

exp 


1,33  10‘8  p  +  3800 

2,6  10-9  p  +  3800  (^^73  - 
-9 


exp  (2,57  10  p),  Pa 


313' 


313' 


,  Pa  .S 
Pa 


2.3 .  Application  pour  le  contact  Hertzien  et  le  roulement 

Afin  de  ddfinir  les  grandes  tendances  du  comportement  du  lubrifiant,  la  table  1  donne  le  temps 
de  relaxation  du  lubrifiant  pour  deux  temperatures  20°C  et  1 20°C  et  deux  pressions  0,5  GPa  et  16  GPa  ; 


p 

— 

GPa 

0,5 

0,5 

1 

1 

T 

°C 

20 

120 

20 

120 

S 

2,57  10-5 

2,57  105 

6,95  10-3 

6,95  103 

Table  1 


Compte  tenu  des  vitesses  importantes  dans  le  roulement,  les  temps  de  sollicitations  varient  entre  5.10  s 
et  20.10"6  s.  Dans  ces  conditions  le  comportement  est  essentiellement  elastique  plastique  et  la  contrainte 
de  cisaillement  A  faible  deformation  est  donnde  par  la  relation  (5).  On  remarquera  que  cette  contrainte 
est  trSs  largement  inf€rieure  A  celle  qui  serait  obtenue  en  supposant  un  comportement  newtonien. 


Lorsque  la  vitesse  de  glissement  est  importante,  la  deformation  visco-plastique  devient  preponde- 
rante,  la  relation  (2)  montre  alors  que  la  contrainte  dans  le  film  tend  vers  une  limite  egale  A  : 


xt  “  a-T0.p 


oil  a  est  le  coefficient  de 
n6e  par  la  relation  (6)  et 
te  limite  pour  diffSrentes 


pidzoviscosite  donne  par  la  relation  (6),  to  la  contrainte  caracteri3tique  don- 
p  est  la  pression.  La  table  2,  ci-dessous),  donne  des  valeurs  de  cette  contrain- 
press ions . 


P 

GPa 

0,2 

0,5 

T£ 

M.Pa 

2.6 

14,5 

Table  2 


Le  fluide  se  comporte  alors  comme  un  corps  plastique,  la  contrainte  ici  encore  est  trAs  inferieure 
A  celle  qui  serait  obtenue  en  supposant  un  comportement  visqueux. 


3.  MODELISATION  DES  CONTACTS  DANS  UN  ROULEMENT 


Pour  calculer  les  forces  de  liaison  entre  les  differents  elements  constitutifs  d'un  roulement  A 
rouleaux  cylindriques,  nous  considerons  trois  types  de  contacts  : 

1  -  le  contact  rouleau-bague  exterieure, 

2  -  le  contact  rouleau-bague  interieure  et  rouleau-cage, 

3  -  les  contacts  cage-bagues  . 

A  chaque  fois,  nous  calculerons  : 

-  l'Apaisseur  du  film  ou  la  repartition  entre  les  surfaces, 

-  la  force  de  frottement  ou  la  contrainte  tangentielle  developpees  dans  le  film. 


3.1.  Contact  rouleau-bague  exterieure,  (figure  3) 

C'est  un  contact  cyl indre-cylindre  charge  normalement  par  la  force  centrifuge  agissant  sur  le 
rouleau  et  une  eventuelle  precontiainte .  La  pression  hertzienne  est  de  l'ordre  de  0,3  GPa.  Le  fonctionnement 
est  done  de  type  elastohydrodynamique . 

La  longueur  du  contact  est  donnee  par  la  theorie  de  Hertz  et  l'epaisseur  du  film  par  la  formule 
de  Dowson  et  Higginson  |6|.  Ella  fait  intervenir  le  coefficient  de  piezoviscosite  et  la  viscosite  du  lubri¬ 
fiant,  la  vitesse  des  surfaces,  les  proprietes  elastiques  des  materiaux,  la  geometrie  et  la  charge  norma  le¬ 
per  unite  de  longueur. 

Les  contraintes  de  cisaillement  sont  calculees  A  partir  d'uue  loi  rheologique  elastoplastique  jl|. 
En  effet,  le  temps  de  sollicitation  est  court  devant  le  temps  de  relaxation  pour  la  pression  de  fonctionne¬ 
ment.  Cette  contrainte  fair  intervenir  la  viscosite,  le  module  de  cisaillement,  la  contrainte  d'ecoulement, 
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la  vitesse  de  deformation  et  le  temps  de  soil icitation. 


3.2.  Contacts  rouleau-bague  int£rieure  et  rouleau-cage  (figure  4) 

En  l'absence  de  charge  variable  et  de  prScontrainte,  ce  sont  des  contacts  cylindre-cylindre  ou 
cyl indre-plan  peu  charges.  La  charge  hydrodynamique  exercee  dans  ces  contacts  est  environ  cent  fois  plus 
faible  que  la  force  centrifuge.  Nous  considerons  done  le  corps  roulant  comme  indgforroable . 

L'Spaisseur  du  film  est  calculfio  par  la  solution  de  l'equation  de  Reynolds  donn6e  par  Martin  | 7 | . 
Elle  fait  intervenir  la  viscosite,  la  gSomjitrie,  la  vitesse  des  surfaces  et  la  charge  par  unite  de  longueur. 

Pour  le  calcul  des  forces  de  frottement,  les  temps  de  passage  sont  beaucoup  plus  grands  que  les 
temps  de  relaxation.  Un  comportement  visqueux  pur  est  done  utilise  pour  calculer  la  contrainte  de  cisaille- 
ment.  Elle  s'exprime  alors  en  fonction  de  la  viscosite  traditionnelle  et  de  la  vitesse  de  deformation. 

3.3.  Contacts  cage-bagues  (figure  5) 

Ce  sont  des  contacts  entre  deux  cylindres  centres.  Ils  ne  transraettenl  done  pas  de  charge  ridiale. 

D'un  point  de  vue  hydrodynamique,  ces  deux  contacts  sont  assimiies  a  des  ecoulements  de  Couette, 
le  jeu  et  la  longueur  des  generatrices  sont  definis  par  construction. 

Pour  le  calcul  des  couples  de  frottement,  une  loi  visqueuse  pure  est  employee.  La  contrainte  de 
cisaillement  est  fonction  de  la  viscosite  et  de  la  vitesse  de  deformation. 

3.4.  Contact  flanc  de  rouleau-cage  ou  bague 

Nous  les  considfirons  comme  des  contacts  plan-plan  re*.'  charges. 

D'un  point  hydrodynamique,  ces  contacts  sont  assimiies  3  des  ecoulements  de  Couette,  dont  la  g£o- 
metrie  est  definie  par  construction. 

Les  contraintes  de  cisaillement  sont  calcuiees  3  partir  d'une  loi  visqueuse  newtonienne  habituel- 
le  en  fonction  de  la  viscosite  et  de  la  vitesse  de  deformation. 

4.  EQUILIBRE  GLOBAL  DU  ROULEMENT 

4.1.  Position  du  problSge 

Nous  etudions  le  comportement  d'un  roulement  a  rouleaux  cylindriques  sounds  a  des  conditions  re¬ 
presentatives  du  fonctionnement  d'un  palier  arriSre  de  petite  turbomachine.  II  s'agit  d'un  roulement  de 
type  1010  dont  la  bague  interieure  tourne  a  20.000  tr/mn  et  dont  la  bague  exterieure  est  immobile.  II  est 
lubrifie  par  une  huile  synthetique,  type  NATO  (5  cSt  a  99°C) .  II  est  sourais  uniqueraent  a  une  charge  radia- 
le  resultant  du  poids  et  du  balourd  du  rotor,  qui  sera  neglige  dans  cette  illustration. 

Parrnis  les  differents  pararaStres  du  fonctionnement,  nous  etudirons  les  glissements  specif iques 
rouleaux-bague  exterieure  et  rouleaux-bague  interieure  en  fonction  de  : 

-  des  jeux  entre  la  cage  et  les  bagues,  (effet  du  centrage  de  la  cage), 

-  du  lubrifiant. 

4.2.  Hypotheses 

Nous  utilisons  les  hypotheses  suivantes  : 

1/  le  regime  est  permanent, 

2/  chaque  element  du  roulement  est  a  une  temperature  constante  donnee, 

3/  les  charges  radiales  et  axiales  appliquees  sont  nulles  ou  negligees, 

4/  chaque  element  est  infiniment  rigide .  Seules  les  deformations  eiastiques  au  contact  sont  prises 
en  compte, 

5/  les  bagues  et  la  cage  sont  concentriques . 

4.3.  Analyse  mecanique 

D'un  point  de  vue  cinematique  puisque  le  regime  est  permanent,  les  corps  roulants  ne  battent  ni 
dans  les  alveoles  de  la  cage,  ni  dans  la  direction  radiale.  Deux  degree  de  liberte  suffisent  5  cette  ana¬ 
lyse,  (fig. 6)  : 

-  la  vitesse  de  rotation  de  la  cage  autour  de  l'axe  de  symetrie  du  roulement  <dc, 

-  la  vitesse  de  rotation  propre  du  rouleau  autour  de  son  axe  uT. 

L'equilibre  de  l'ensemble  decoule  de  l'equilibre  d'une  tranche  de  ce  roulement  d'ouverture  egale 

au  pas  circonffrent’el  separant  deux  corps  roulants  consecutifs  et  centree  sur  une  alveole. 

L'equilibre  de  cette  tranche,  qui  tient  compte  de  toutes  les  forces  inter-elements,  c'est-3-dire 
des  forces  de  liaisons  et  des  forces  d'inertie,  conduit  3  un  systSme  de  deux  Equations  liant  les  deux  vi- 
tesses  de  rotation  mr  et  u>c .  La  solution  est  calcuiec  numeriquement . 

4.4.  Kesul tats 

Nous  montrerons  les  variations  des  glissements  specifiques  Ai,  Ae  pour  les  contacts  rouleaux/ 
bague  interieure  d'une  part,  rouleaux/bague  exterieure  d'autre  pact  en  fonction  : 

a)  -  du  jeu  entre  la  cage  et  la  bague  exterieure,  (figure  7), 

b)  -  du  jeu  entre  la  cage  et  la  bague  interieure,  (figure  3). 

Dans  ces  resultats,  seuls  les  jeux  varient  ;  par  consequent,  l'epaisseur  de  la  cage  n'est  pas 
obi igatoirement  constante.  Ces  resultats  montrent  le  role  essentiel  des  actions  tangentiel les  developpees 
par  le  film  lubrifiant  dans  le  centrage  de  la  cage  par  rapport  aux  bagues.  On  constate  que  les  glissements 

Ae,  A^  diminuent  lorsque  le  jeu  exterieur  augmente  ou  que  le  jeu  interieur  diminue,  ces  deux  actions  vont 

dans  le  sens  d'une  equi  repartition  des  efforts. 
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Les  courbea  de  la  figure  9  montrent  les  variations  des  gliaiements  spficifiques  Ai,  Ae  en  fonc- 
tion  de  la  viscosity  du  lubrifiant.  On  constate  que  Aj  augmente  et  Ae  diminue  legSrement  avec  la  viscosito. 

5.  CONCLUSIONS 

Une  6tude  des  different9  ypes  de  contacts  presents  dans  le  roulement  montre  la  ndcessitd  d'une 
definition  precise  du  comporteraent  rheologique  du  lubrifiant  notamment  aux  contacts  rouleaux-baguos .  Les 
contraintes  de  cisaillement  developpees  par  le  fluide  dans  ces  contacts  sont  trSs  inferieures  S  celles 
qui  seraient  obtenues  en  supposant  un  comportement  visqueux  classique  ;  le  comportement  du  lubrifiant  est 
alors  essentiellement  eias to-plastique . 

Dans  les  roulements  &  rjuleaux  5  grande  vitesse,  peu  charges,  les  actions  aux  contacts  rouleaux- 
bagues  restent  faibles,  et  le  role  de  la  cage  est  essentiel  sur  la  cinematique  interne.  Des  solutions 
pour  rdduire  les  glissements  passent  par  le  developpement  de  fluides  susceptibles  de  provoquer  des  frotte- 
ments  plus  impo*  "sots,  par  un  chargement  du  roulement  ou  par  un  dessin  mieux  adapte  de  la  cage. 
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Coefficient  de  frottement  en  function  du  glissement  specitique 
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Variation  du  glissement  specifique  interieur  A*  et  du 
glissement  specifique  exterieur  Ae  en  fonction  du  jeu 
exterieur 


Variation  du  gtissement  specifique  interieur  et  du 
glissement  specifique  exterieur  en  fonction  du  jeu 
int-erieur 


DISCUSSION 


D.G.Astridge,  Westland  Helicopters,  Yeovil,  UK 

It  was  encouraging  to  see  some  progress  being  made  in  the  modelling  of  high  speed  roller  bearings.  The  basic  treat¬ 
ment  of  the  several  contact  situations  was  similar  to  that  used  earlier  (Astridge  and  Smith  'Heat  generation  in  high 
speed  roller  bearings’  elastohydrodynamic  lubrication,  I.  Mech.  E.,  London  83  94,  1972),  but  a  more  advanced 
rheological  model  has  been  used  for  the  EHL  films  at  the  roller/outer  race  contacts,  together  with  more  recently 
acquired  oil  traction  data.  It  would  be  interesting  to  sec  the  results  of  this  latest  treatment  applied  to  bearing  for 
which  cage  slip  and  heat  generation  have  been  measured  (e.g.  the  reference  quoted)  to  sec  if  the  accuracy  of  such 
analysis  has  been  improved.  Worthwhile  objectives  of  work  such  as  that  contained  in  the  paper  arc  to  provide  a 
means  of  readily  predicting  cage  slip  and  heat  generation  for  a  particular  installation,  and  to  execute  puramctric 
studies  on  a  range  of  bearings/environmental  conditions  of  interest. 

Reponse  d’Auteur 

L’iiuroduction  de  module  rhOologique  rOaliste  pour  dOcrire  le  comportement  du  lubrifiant  constitue  une  Otapc 
importante  pour  ddcrire  l’Oquilibre  du  roulcment.  En  effet,  I’hyputhOsc  de  comportement  newtonicn  peut  entralner 
sous  forte  pression  une  surestimation  qui  peut  dOpasser  100%  des  actions  de  frottement  aux  contacts  corps  roulants- 
bagues.  Le  second  problOme  qu’il  conviendrait  de  bien  modOliser  concerne  (’alimentation  des  diff<5 rents  contacts 
(dOfaut  d’alimenation,  trainee  des  corps  roulants  , , ,  ),  une  approchc  expOrinientale  semble  indispensable  pour 
dOcrire  les  phenomOnes. 


J.F.Ch evader,  SNECMA,  Fr 

Avez  vous  vdrifid  sur  moteur  vos  provisions  de  glissement? 


Reponse  d’Auteur 

Une  corrOlation  complete  avec  des  rOsultats  obtenus  sur  moteur  est  encore  dOlicate,  en  particular  parce  que  la 
modOlisation  implique  ia  connaissance  des  domaines  remplis  d'huile,  les  jeux  de  fonctionnement  pour  les  conditions 
thermiques  cxistant  dans  le  moteur,  des  essais  sur  un  roulement  seul  dans  ces  conditions  bien  contr&lOes  sont  en 
cours. 


J.F.Chevalier 

Avez  vous  calculO  1’influence  d’unc  charge  radiale,  induite  par  un  balourd  par  exemple. 

Reponse  d’Auteur 

La  prise  en  comptc  d’un  balourd  a  OtO  faite  pour  des  conditions  quasi  statiques  uniquement,  cet  effet  tend  d 
diminuer  les  glissements  spdcifiques  aux  diffOrents  contacts. 
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SUMMARY 

The  problem  of  starved  lubrication  in  the  inlet  region  for 
the  case  of  line  contact  between  two  non-deforming,  equal  radii 
cylinders  rotating  in  opposite  directions  with  equal  surface 
speeds  is  considered.  The  lubricant  is  assumed  to  be  a  constant 
density,  isoviscous,  Newtonian  fluid.  The  usual  approach,  which 
involves  the  use  of  Reynolds  equation  everywhere,  is  not  fol¬ 
lowed.  Instead,  the  situation  is  restricted  to  one  in  which  the 
lubricant  enters  the  contact  region  in  thin  films  which  adhere 
to  the  cylinders.  Using  Reynolds  equation  only  at  the  line-of- 
centers  and  a  suitable  thin  film  approximation  far  from  that 
point,  the  intervening  region  is  treated  as  a  general  creeping 
flow  region.  Solutions,  incorporating  complete  free  surface 
boundary  conditions,  are  obtained  numerically.  The  hitherto 
unobtained  results  due  to  this  approach  include  the  existence 
of  a  unique  free  surface  location  for  a  fixed  set  of  operating 
conditions . 


LIST  OF  SYMBOLS 

aj.aT.aj.a^  coefficients  in  Eq.  (24j 

A.  .  see  Eq.  (19) 

1  >  J 

D  d/dx 

fr  ,f0  see  Eqs,  (17)  and  (18) 

i , j 

F  see  Eq.  (A10) 

h  thin  film  thickness 

hQ  one-half  cylinder  gap 

h„  thin  film  thickness  far  from  contact 

00 

H  see  Eq.  (A10) 

i,j  nodal  indexes 

n,s  intrinsic  coordinates 

p  pressure 

p'  p/pU2 

q  volumetric  flow  rate  per  unit  depth 

r,0  cylindrical  coordinates 

R  cylinder  radius 

Re  Reynolds  number  (pUR/u) 


u 

U 

v 


*»y 

x 

8 

Y 
t 

t' 

\ 

V 
P 
a 
* 

* 


velocity  in  x-direction 
surface  velocity 
velocity  in  y-direction 
velocity  in  r-direction 
velocity  in  9-direction 
free  surface  velocity 
Cartesian  coordinates 
*/htt 
2y/wU 

surface  tension 

vorticity 

Rt/U 

root  of  characteristic  equatic 

viscosity 

density 

free  surface  angle 
stream  function 

iJ>/UR 


denotes  a  quantity  made  dimensionless 
Subscripts:  the  subscript  R  denotes  conditions  at  the  cylindrical  surface. 


Superscripts:  where  not  otherwise  defined, 
through  division  by  U  or  R. 
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INTRODUCTION 


Beginning  with  the  1966  publication  of  the  experimental  work  of  Lauder  [1],  the  body 
of  material  devoted  to  the  topic  of  starved  lubrication  has  reached  respectable  dimensions. 
The  works  of  a  number  of  investigators  [2-8]  have  serve',  to  demonstrate,  for  both  line  and 
point  contacts,  the  extent  to  which  bearing  performance  is  altered  when  the  amount  of 
lubricant  present  in  the  inlet  portion  of  the  contact  is  insufficient  to  produce  the  fully- 
flooded  situation.  Ample  motivation  for  this  ongoing  endeavor  has  been  provided  by  the 
current  awareness  that,  particularly  with  respect  to  many  elastohydrodynamic  contacts, 
starvation  is  the  common  condition. 

In  general,  the  analytical  treatment  of  the  starved  lubrication  problem  has  been 
based  upon  the  use  of  Reynolds  equation.  The  effect  of  starvation  has  been  incorporated 
by  causing  the  pressure  rise  to  begin  at  various  finite  distances  from  the  line  or  point 
of  contfct.  The  central  problem  with  this  approach  is  that  there  exists  experimental 
evidence  (e.g.,  Lauder  [lj  and  Tipei  [9])  that  there  do  exist  preferred  interface  loca¬ 
tions.  The  usual  basis  for  establishing  the  unique  location  of  the  start  of  pressure 
rise  has  been  that  which  was  first  suggested  by  Lauder: 

p  ■  0  where  u  ■  |y  ■  0  (1) 

As  described  by  Dowson  and  Taylor  [10],  the  general  validity  of  this  condition  has  yet  to 
be  established.  If  surface  tension  is  ever  a  significant  parameter  this  condition,  along 
with  the  customary  use  of  Reynolds  equation  itself,  will  then  be  inadequate.  The  great 
disadvantage  of  any  alternative  approach  is  that  the  situations  considered  will  of  neces¬ 
sity  be  more  narrowly  focussed.  Tne  purpose  of  this  paper  is  to  pose  and  to  then  explore 
one  particular  situation  in  some  detail.  In  addition  to  the  insights  provided  concerning 
this  situation,  it  is  hoped  that  this  paper  will  also  serve  to  illustrate  the  types  of 
problems  which  must  be  overcome  in  performing  a  more  detailed  analysis. 


PROBLEM  SPECIFICATION  AND  METHOD  OF  SOLUTION 

The  situation  to  be  considered  is  shown  in  Fig.  1.  It  is  that  of  line  contact  be¬ 
tween  a  pair  of  counter-rotating,  non-deforming,  equal  radii,  cylinders,  each  of  which 
rotates  with  the  same  surface  speed.  Thin,  equal  thickness  films  on  each  cylinder  supply 
lubricant  to  tne  contact.  Far  from  the  contact  the  film  thickness  is  h  .  This  lubricant's 
temperature,  viscosity,  and  density  are  all  constant.  Furthermore,  it  is  supposed  that 
the  conditions  of  flow  are  such  that  inertial  effects  may  be  neglect»d  throughout  the 
entire  flow. 

This  situation  may  bt  further  identified  as  the  complement  to  a  common  cavitation 
problem,  thorough  discussions  of  which  have  heen  presented  by  Dowson  and  Taylor  | 1 0 }  and 
Savage  [11] .  With  regard  to  the  present  interest  the  basic  character  of  the  flow  is  such 
that  no  treatment  of  a  solid-fluid  irterface  is  required.  Coupled  with  the  specified 
operating  condition  this  situation  also  possesses  a  useful  degree  of  symmetry. 

Fig.  2  shows  an  enlarged  view  of  the 
entrance  region  in  which  the  lubricant  flow 
field  has  been  divided  into  three  separate 
regions.  Such  a  division  of  the  flow  was 
first  suggested  by  Williamson  [12],  It  fol¬ 
lows  that  if  Reynolds  equation  is  not  to  be 
used  throughout  the  flow,  and  the  actual 
conditions  existing  at  the  free  surface  of 
the  lubricant  are  to  be  used,  the  truly  two- 
dimensional  character  of  the  flow  in  at 
least  a  portion  of  the  entrance  region  must, 
be  considered.  That  the  governing  equations  FREE 
of  any  general  flow  region  will  require  SURFAC 

numerical  solution  is  inherent  in  the 
geometry  of  the  flow.  Considering  the  large 
number  of  times  such  a  region  must  be  solved, 
it  then  becomes  desirable  to  restrict  the 
dimensions  of  such  a  region  as  much  as  is 
possible. 

Within  region  1  the  general  applicabili¬ 
ty  of  Reynolds  equation  is  well-established. 

When  used  with  a  specified  gap,  2hQ,  this 
simplification  of  the  problem  allows  the 
isgions  to  either  side  of  the  line-of-centers 
to  be  treated  separately.  In  practice, 
region  1  was  restricted  to  _,ust  the  line-of- 
centers.  Region  2  involves  a  type  of  thin 
film  flow  which,  in  various  contexts,  has 
received  considerable  attention,  particularly 
with  regard  to  various  chemical  engineering 

applications.,  One  may,  therefore,  reasonably  Fig,  1. 

expect  some  simplification  of  the  flow  equa¬ 
tions  to  exist  in  this  region.  This  leaves 
region  3  as  the  only  one  in  which  the  full 
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where 


So 

3s 


-  *  (&)2r 


(8) 


The  local  magnitude  of  the  surface  velocity,  w,  was  found  from  a  first  order  finite  dif¬ 
ference  approximation  of  the  gradient  in  the  stream  function  normal  to  the  free  surface. 

On  AE  the  relationship  between  C  and  ip  was  found,  to  first  order  accuracy,  by  first 
writing  a  truncated  series  for  ip  a  distance  Ar  above  the  surface: 
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and  noting  that 


where 
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Combining  Eqs.  (9)  through  (11)  yielded 

2 


CR  =  C*R+Ar  '  ^R3  '  Sr  +  I 


(12) 


In  the  vicinity  of  DE  the  velocity  components  were  readily  obtained  from  the  general 
solution  to  Reynolds  equation.  At  DE  itself  the  necessary  boundary  conditions  are 
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The  grid  system  used  in  region  3  is  shown  in  Fig,  3.  Radial  spacings  between  r  =  r. 
and  r  =  rfi  were  uniform,  as  they  were,  although  with  a  different  ste  i  size,  between 
r  =  r0  ana  r  =  r„,  Angular  locations  were  then  established  by  the  intersections  of  the 
lines  of  constant  radius  with  BC  and  CD.  Utilizing  conventional  finite  difference  for¬ 
mulations  Eq,  (.2)  is,  in  dimensionless  form, 
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while  Eq.  (3)  is 
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For  a  reason  to  be  discussed  in  the  second  part  of  the  description  of  the  method  of 
solution,  the  system  of  interior  md  boundary  node  equations  was  solved  iteratively  using 
the  approach  described  by  Roach  [17],  Briefly,  a  new  set  of  cjj  values  was  calculated 
using  Eq.  (IS)  for  all  interior  nodes  based  upon  some  initial  guess  of  the  These 

new  values  were  then  used,  in  conjunction  with  the  known  values  of  ip'  on  all  boundaries 
to  solve  Eq.  (.16)  iteratively  at  each  interior  point.  These  new  values  of  ip  ’  then  made 
it  possible  to  calculate  new  boundary  values  of  c'  along  BC  and  AE  using,  respectively, 
Eqs.  (7)  and  (12),  A  new  cycle  was  then  begun  by  calculating  a  revised  set  of  at 
all  interior  nodes.  This  process  was  continued  until  no  calculated  &!,  or  ip!.  value 
changed  by  more  than  0.01  as  a  result  of  the  last  complete  iterative  step.  J 


Fig.  3. 


Nodal  distribution. 


When  the  degree  of  convergence  specified  has  been  reached  the  results  satisfy  all 
but  the  normal  stress  condition  along  BC,  This  condition  is,  in  terms  of  the  intrinsic 
coordinate  system  shown  in  Fig.  2, 
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In  dimensionless  form 

this  becomes 
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To  obtain  values 
nents  of  the  equation 

of  Rep'  along  BC  use  was  made  of  the  fact  that  the  r- 
of  creeping  flow  can  be  written  as 

and  9-compo- 

and 

afrCRep’)  = 

Fr  ^(ReP,)  =  "  TP- 

(22) 

(23) 

Since  values  of  c '  were  known  at  every  location  within  region  3  the  gradients  in  c',  and, 
hence,  in  Rep',  were  easily  determined.  In  general,  the  use  of  such  gradients  to  calculate 
the  pressure  field  is  subject  to  the  criticism  that  the  change  in  pressure  between  any 
two  points  will  depend  upon  the  path  followed.  In  this  situation,  perhaps  due  to  the 
nature  of  the  problem,  the  calculation  of  pressures  along  BC,  starting  with  the  value  of 
Rep'  known  at  B  from  the  thin  film  solution  and  using  the  path  indicated  in  Fig.  3,  pro¬ 
duced  results  which  differed  insignificantly  from  those  obtained  by  the  more  usual  pro¬ 
cedure  , 

Typically,  the  angular  location  first  specified  for  AB  and  the  initial  representation 
of  BC  would  fail  to  produce  results  which  satisfied  Eq.  (21).  The  subsequent  modification 
of  region  3  was  carried  out  in  a  two  step  process,  and  represents  the  second  part  of  the 
solution  procedure.  The  first  step  involved  successive  modifications  of  BC.  The  initial 
operation  was  to  solve  Eq.  (21)  for  3o/3s'  ana  to  then  calculate  the  surface  curvature  at 
each  surface  node  as  if  the  just  found  free  surface  velocity  gradient  and  the  pressure 
were  correct. 

What  was  done  next  is  illustrated  by  considering  point  F  (Fig.  3).  At  point  B,  in 
addition  to  its  location,  the  values  of  o  and  3o/3s'  were  known  from  the  thin  film  solu¬ 
tion.  From  the  initial  operation  just  described  3o/3s'  was  assumed  to  be  known  at  point 
F.  These  four  conditions  were  then  sufficient  to  fix  the  values  of  the  four  coefficients 
of  the  assumed  relationship  between  x'  and  y'  in  the  region  between  B  end  F, 

x'  =  a1  +  a2(y')2  +  a3(y’)4  +  a4(y')6  (24) 

if  it  was  assumed  that  the  new  location  of  point  F  was  at  the  same  value  of  y'  as  was  the 
original.  This  process  was  then  repeated,  from  point  to  point,  until  the  plane  of  symmetry 
was  reached. 


It  was  then  necessary  to  recompute  the  node  grid  and  to  resolve  the  governing  equa¬ 
tions.  With  experience,  the  initial  selection  of  region  3  was  frequently  good  enough  so 
that  BC  was  not  displaced  significantly.  In  general,  this  resulted  in  a  new  grid  having 
the  same  number  of  nodes  as  did  the  previous  one.  When  this  happened  the  values  of 
and  c'  from  the  previous  solution  were  used  as  the  initial  guesses  for  the  new  region. 
Typically,  this  reduced  the  computational  time  by  an  order  of  magnitude. 

Commonly,  four  or  five  changes  in  BC  were  required  to  satisfy  Eq.  (21)  along  BC. 

When  this  had  been  accomplished  the  slope  at  point  C  was  examined.  If  it  was  not  vertical 
the  location  of  AB  was  adjusted  and  a  complete  new  cycle  of  computation  was  begun.  This 
outermost  iterative  step  was  repeated  until  a  at  C  equaled  90®  to  within  ±  0.25°. 


RESULTS  AND  CONCLUSIONS 

Up  to  this  point  solutions  have  been  explored  for  8  values  in  the  vicinity  of  10. 

This  value  was  selected  based  upon  consideration  of  the  property  values  of  typical  lubri¬ 
cants,  the  general  range  of  validity  of  a  creeping  flow  assumption,  and  what  appear  to  be 
some  limits  on  the  general  applicability  of  the  thin  film  analysis  in  an  inlet  flow. 

Figure  4  shows  a  typical  streamline  plot.  The  volumetric  flow  rate  between  each 
pair  of  streamlines  if  0.2q.  Neither  in  this  nor  in  any  other  inlet  flow  situation  was 
a  recirculating  flow  region  observed,  While  it  is  possible  to  lose  such  regions  in  a 
sufficiently  coarse  mesh,  the  use  of  approximately  25  radial  locations  between  the  cylinder 
and  point  C  would  require  that  such  regions  be  extremely  small.  In  contrast,  preliminary 
work  on  the  outflow  side  has  generally  shown  the  existence  of  recirculating  regions  of 
significant  sizes. 

Figures  5  and  6  illustrate  the  fundamental  contribution  of  this  type  of  analysis: 
that,  for  a  given  set  of  operating  conditions,  only  one  free  surface  location  is  possible. 
Figure  S  shows  the  way  in  which  the  distance  from  the  line-of-centers  to  the  closest  ap¬ 
proach  of  the  free  surface  to  the  line-of-centers  changes  with  B.  .  Since  8  is  directly 
proportional  to  y  this  type  of  change  can  be  thought  of  as  being  directly  representative 
of  the  significance  of  surface  tension  changes  when  all  other  parameters  are  held  constant. 
The  results  shown  in  Fig.  6  show  how  variations  in  the  size  of  the  gap  between  the 
cylinders  influences  the  free  surface  location.  This  type  of  variation  is  analagous  to 
that  produced  by  a  variation  in  load. 

An  obvious  matter  of  concern  in  connection  with  an  analysis  of  the  type  presented  is 
the  extent  to  which  the  results  obtained  agree  with  the  results  of  an  analysis  based  en¬ 
tirely  upon  the  use  of  Reynolds  equation.  It  is  felt  that  a  comprehensive  comparison 
must  await  the  completion  of  work  concerned  with  behavior  on  the  outflow  side  of  the  con¬ 
tact.  However,  in  connection  with  the  pressure  variation  plotted  in  Fig.  7,  one  compari¬ 
son  is  possible.  The  range  of  6  shown  is  that  from  DE  to  AB.  For  each  sucli  set  of 
results  the  pressure  variation  as  predicted  by  Reynolds  equation  was  calculated  subject 
to  the  constraint  that  the  pressure  at  A  and  that  at  E  be  the  same  as  those  predicted  by 
the  present  analysis.  In  each  case  the  Reynolds  equation  pressure  distribution  along  the 
cylindrical  surface  coincided  so  closely  with  that  of  the  present  analysis  that  they  are 
indistinguishable  from  one  another  on  a  plot  drawn  to  the  scale  used  in  Fig.  7. 

This  result  is  most  gratifying  for  two  reasons.  Firstly,  it  supports  the  use  of  the 
pressure  determination  method  presented.  Secondly,  it  provides  a  basis  for  confidence  in 
the  adequacy  of  the  nodal  mesh  used,  both  with  respect  to  its  general  configuration  and 
to  the  number  of  nodes  used. 

In  conclusion,  the  determination  of  a  sound  theoretical  basis  for  the  existence  of 
unique  interface  locations  for  a  given  set  of  operating  conditions  has  been  established 
for  a  portion  of  the  possible  range  of  variation  of  operational  parameters.  While  much 
still  remains  to  be  done,  the  results  obtained  should  be  considered  encouraging. 


Fig.  4.  Streamline  plot  for  6  =  10,  hw/R  =  0.01,  hg/h^  =  0.6. 
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Fig.  6.  Location  of'  the  free  surface  along 
the  plane  of  symmetry  as  a  function 
of  hg/h^  for  6  ■  10  and  h^/R  ■  0.01 


Fig.  5  Location  of  the  free  surface  along 
the  plane  of  symmetry  as  a  function 
of  g  for  hm/R  *  0.01,  hQ/hw  *  0.6. 
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Fig.  7.  Pressure  distributions. 
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APPENDIX 


Figure  A1  defines  the  system  of  interest. 
Provided  that  the  film  thickness  is  small  with 
respect  to  the  cylinder  radius  the  fact  of 
solid  surface  curvature  can  be  ignored  ex¬ 
cept  as  it  affects  the  velocity  profile  far 
from  the  contact  region.  Since  a  major 
reason  for  considering  a  thin  film  region 
was  to  provide  a  vorticity  distribution 
across  the  inflow  boundary  to  region  3  it 
was  essential  that  velocity  gradients,  as 
well  as  velocities  themselves,  be  given  cor¬ 
rectly.  Consistent  with  this  idea,  q  was 
given  by 

q  -  Uhjl  +  Ji)  (Al) 


Fig.  Al.  System  studied. 


where  h„  is  the  film  thickness  far  from  the 
contact . 


Paralleling  the  approach  pioneered  by  Coyne  and  Elrod  [16]  the  momentum  equations  for 
creeping  motion  on  the  free  surface  were  to  be  satisfied  exactly,  as  were  the  stress  con¬ 
ditions  appropriate  to  a  free  surface  above  which  lies  a  fluid  of  negligible  density  and 
viscosity.  Here,  however,  the  velocity  profile  assumed  was  normal  to  the  solid  surface 
rather  than  to  the  free  surface.  Thus,  at  y  *  h, 
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The  form  of  u  was  assumed  to  be 
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stress  condition  is  given  by 
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The  condition  that  the  shear  stress  vanish  at  the  free  surface  is  given  by 

« IS  S  -  (H  •«)[> -(&)*]•  •  (*» 

where,  in  Eq.  (A9)  as  in  Eqs.  (A2)  and  (A7),  all  of  the  partial  derivatives  are  evaluated 
at  y  *  h. 


Eliminating  p  by  differentiating  Eq.  (A7)  with  respect  to  x  and  setting  the  result 
equal  to  Eq.  (A2)  leads  to  an  ordinary  differential  equation  containing  F  and  H  as  depend¬ 
ent  variables,  with  X  as  the  independent  variable,  and  B  as  a  parameter.  F  and  H  are 
defined  by 


f  ■  8  (1  +  TT  p). 


h„(l  *  H) 


(A10) 


Eq.  (A9)  contains,  except  for  B,  the  same  quantities.  Considerable  numerical  experimenta¬ 
tion  has  demonstrated  that,  within  the  requirements  of  the  present  investigation,  the 
linearized  forms  of  the  combination  of  Eqs.  (A2)  and  (A7)  and  of  Eq.  (A9)  are  sufficient. 
They  are; 
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where  D  «  d/dX.  Eliminating  F  yields 


|  D4H  -  BD3H  ♦  1 2D2H  -  6H 


solutions  to  which  are  of  the  form 
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where  X  is  a  root  of  the  characteristic  equation 


|  X4  -  BX3  +  1 2 X 2 
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For  the  B  range  of  current  interest  X  has  one  positive  real  root,  one  negative  real  root, 
and  a  pair  of  complex  conjugate  roots.  The  first  of  these  is  the  one  of  interest  on  the 
inlet  side.  Then,  from  Eq.  (A12), 
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In  general,  X  ■  0  was  located  at  the  point  of  inflection  in  the  free  surface,  at  which, 
approximately, 
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so  that  C  is  given  by  “7  if  (A18) 

The  value  of  X  at  the  junction  between  regions  2  and  3  has  generally  been  taken  to  be  0.75, 
Consistent  with  what  is  done  in  the  body  of  the  paper,  ip  is  here  given  by 
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so  that  the  dimensionless  stream  function  is,  consistent  with  the  linearization  of  the 
governing  equations,  given  by 
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DISCUSSION 


H.G.Elrod,  Dept,  of  Mcch.  Eng.,  Columbia  University,  New  York,  US 

Would  the  authors  kindly  elaborate  on  why  they  chose  a  single  eigenvalue  for  upstream  influence,  when  two  such 
eigenvalues  permit  vanishing  at  upstream  infinity? 

Also,  a  few  additional  comments  would  be  appreciated  on  how  the  local  normal  stress  condition  at  the  surface  was 
satisfied. 

Author’s  Reply 

The  available  photographic  evidence  showed  a  steadily  increasing  film  thickness.  Mr  Shipers  and  I  are  of  the  opinion, 
however,  that  there  is  a  more  fundamental  reason.  The  question  is  being  studied. 

In  answer  to  the  second  question,  experience  showed  that  the  pressure  and  the  velocity  gradient  along  BC  did  not 
change  dramatically  as  the  shape  of  BC  was  altered.  Referring  to  Figure  3,  in  calculating  a  new  location  for  the 
surface  segment  BF,  the  previous  values  of  Rep' and  3w'/3s'  were  used  to  calculate  a  new  3o/3s'.  With  location, 
slope  and  curvature  known  at  B  there  are  then  four  conditions  which  must  be  satisfied  at  B  or  F.  These  conditions 
were  used  to  obtain  a,  through  a4  (Eq.  (24))  for  the  segment  BF,  This  process  was  then  repeated,  segment  by 
segment,  until  point  C  was  reached. 


J.F.Chevalier,  SNECMA,  Fr 

Vous  nous  imposez  la  condition  que  fare  BC  soil  perpendiculaire  d  l’axe  de  symetrie  au  point  C.  Ceci  est  vrai  en 
6coulement  stationnaire.  Est-ce  que  physiquement  on  n’a  pas  un  dcoulcment  fluctuant  au  point  C,  ce  qui  n’exige 
plus  la  condition  de  perpendicularity? 

Author’s  Reply 

The  analysis  assumes  that  the  free  surface  is  stationary  in  space.  Thus,  from  symmetry,  point  C  is  a  stagnation  point. 
The  free  surface  above  the  line  of  symmetry  is  of  course,  then  the  mirror  image  of  the  free  surface  below  this  line. 
Any  free  surface  angle  at  C  other  than  the  perpendicular  one  used  results  in  an  undefined  set  of  conditions  at 
point  C. 


J.Frene  et  D.Bonnenu,  University  de  Poitiers,  Fr 

Dans  votre  analyse  vous  mentionnez  que  l’dtude  de  la  rygion  d’entrye  d’un  contact  ne  peut  etre  ytudiyc  qu’d  l’aide 
de  2  mythodes,  la  mythode  des  diffdrcnces  finies  et  la  mythode  des  yidments  finis.  II  existe  une  troisteme  mythode 
particuliyremcnt  adaptde  a  ce  probiyme,  e’est  la  mythode  des  yquations  intygralcs  qui  permet  de  dytemiiner  la 
frontiyre  a  surface  libre  sans  faire  aucun  calcul  A  l’intyrieur  du  domaine.  Le  principe  de  cette  mythode  a  6t6  presente 
au  2dme  Congrds  International  du  GAMNI  sur  ’Numerical  Methods  for  Engineering’,  a  Paris,  en  Dycembrc  1980  et 
les  principaux  rdsultats  obtenus  d  l’entryc  d’un  contact  en  glissement  pur  ont  yty  prtsentys  a  la  ‘Lubrication 
Conference  of  the  ASME-ASLE’  d’Octobre  1981  d  La  Nouvelie-Orlcans  (ASME  paper  n°  81  lub.  22). 

Nous  avons  aussi  cffectue  des  calculs  dans  le  cas  prycis  que  vous  avez  dtucl id  et  nous  avons,  dans  certains  cas,  obtenu 
une  zone  de  recirculation  a  I’cntrye.  Par  ailleurs  nous  avor.s  montry  qu’il  existe  prds  des  surfaces  mobiles  une  zone 
de  dypression.  La  valeui  de  cette  ddpression  dypend  essentiellement  de  la  tension  de  surface  a  faible  vitesse  et  du 
produit  de  la  vitesse  par  la  viscosity  d  grande  vitesse.  Avez  vous  obtenue  une  dypression  de  ce  type? 

Author’s  Reply 

The  authors  had  just  received  a  copy  of  one  of  the  references  mentioned  immediately  prior  to  the  conference,  and 
have  not  as  yet  had  an  opportunity  to  examine  it.  A  depression  of  the  type  mentioned  has  not  been  encountered  in 
the  inlet  situations  considered  to  this  point. 
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The  Behavior  of  Various  Rolling  Bearing  Materials  under  Unfavorable  Lubrication  Conditions 
Hans  Karl  LorCJsch,  Peter  Dreschmann,  Rudolf  Weigand 

FAG  Kugelfischer  Georg  SchHfer  &  Co. ,  Schweinfurt/Federal  Republic  of  Germany 


The  conventional  rolling  bearing  material  is  the  through-hardening  chrome-alloyed  steel 
100Cr6  (SAE  52  100).  Other  materials  for  rolling  bearings  are  case-hardening  steels  as 
well  as  high-alloy  materials,  among  others  so-called  high-temperature  resistant  steels. 
Since  the  service  life  of  rolling  bearings  is  not  only  influenced  by  the  material,  but 
also  very  decisively  by  the  lubrication,  the  behavior  of  various  rolling  bearing  ma¬ 
terials  has  been  investigated  in  extensive  field  -like  tests  at  elevated  temperatures 
and  under  unfavorable  lubrication  conditions.  In  these  tests  rolling  bearings  made  of 
the  conventional  rolling  bearing  steel  10CCr6  (SAE  52  100)  and  of  the  high-temperature 
resistant  steels  S18-0-1  (AISI  fl)  and  M50  have  been  investigated. 

These  tests  revealed  that  with  increasingly  unfavorable  lubrication  conditions  the  high- 
temperature  resistant  rolling  bearing  materials  SI 8-0-1  (AISI  T1)  and  M50  were  superior 
to  the  conventional  rolling  bearing  material  100Cr6  (SAE  52  100).  With  pronounced  starved 
lubrication  that  is  caused  by  lubricating  only  with  the  oil  vapor  produced  at  a  tempera¬ 
ture  of  215  °C  (488  K)  and  still  reducing  this  oil  vapor  by  exhaustion,  the  following 
results  were  found  out:  the  bearings  of  high-temperature  resistant  rolling  bearing  ma¬ 
terials  still  reached  lives  of  more  than  3  %  of  the  rated  Li o  life,  whereas  bearings  of 
100Cr6  (SAE  52  100)  steel  could  not  be  run  any  more  under  these  conditions.  Both  high- 
temperature  resistant  materials  turned  out  to  be  comparable  under  these  marked  condi¬ 
tions  of  starved  lubrication.  When  the  oil  vapor  was  not  exhausted,  the  bearings  of 
S18-0-1  (AISI  T1 )  reached  the  rated  Lio  life;  the  bearings  of  100cr6  (SAE  52  100),  how¬ 
ever,  reached  only  a  fraction  of  this  life,  that  is  approx.  2.5  %. 

The  results  reveal  that  rolling  bearings  of  the  high-temperature  resistant  steels 
SI 8-0-1  (AISI  Tl)  and  M50  should  not  only  be  used  at  elevated  operating  temperatures, 
as  it  is  the  general  rule,  but  also  when  it  is  important  to  obtain  a  higher  operational 
reliability  with  starved  lubrication  conditions. 

General 

Rolling  bearings  are  exposed  to  quite  different  conditions  in  machines  and  aggregates 
during  operation.  This  certainly  affects  the  bearing  lubrication.  Maximum  bearing  ser¬ 
vice  life  is  reached,  when  the  bearings  are  sufficiently  supplied  with  lubricant  and 
when  the  lubricant  viscosity  is  high  enough  to  sepafa/ES  the  heavily  loaded  functional 
areas  by  a  lubricating  film.  The  innumerable  running  tests  with  a  separating  lubricating 
film  carried  out  with  rolling  bearings  show  that  the  rolling  contact  fatigue  strength  of 
the  frequently  used  through-hardened  bearing  steel  100Cr6  (SAE  52  100)  is,  on  account  of 
its  advanced  standard  of  quality, unequalled  under  normal  operating  conditions.  High- 
alloy,  high-temperature  resistant  steels  turn  out  to  be  superior,  because  at  elevated 
temperatures,  as  of  approximately  200  °C  (473  K) ,  the  hardness  of  the  standard  steel 
clearly  declines. 

There  are  only  few  expressive  results  on  rolling  bearings  which  ran  under  unfavorable 
lubrication  conditions.  The  conditions  are  unfavorable,  if  the  separating  lubricating 
film  cannot  build  up,  since  e.  g.  high  temperatures  lower  the  lubricant  viscosity  ex¬ 
cessively  or  since  the  lubricant  supply  is  insufficient  on  account  of  design  deficiencies. 

In  order  to  find  out  the  behavior  of  various  rolling  bearing  materials  under  unfavorable 
lubrication  conditions,  tests  were  carried  out  at  elevated  temperatures.  The  temperature 
was,  however,  restricted  to  215  °C  (488  K)  to  ensure  reliable  operation  of  all  investi¬ 
gated  materials  under  the  condition  of  a  sufficient  oil  quantity. 

In  order  to  point  out  the  capacity  of  the  individual  materials,  a  lubricant  without  EP 
and  wear  reducing  additives  was  used.  Moreover  the  lubricant  quantity  was  reduced  step 
by  step  until  it  could  be  seen  that  the  bearing  of  the  most  unfavorable  material  variant 
could  not  be  surely  operated  any  more. 


Test  Bearings  and  Their  Materials 


For  the  tests  deep  groove  ball  bearings  with  the  boundary  dimensions  40  x  80  x  18  mm  of 
the  high-temperature  resistant  rolling  bearing  steels  S18-0-1  (AISI  Tl)  and  M50,  and 
bearings  of  the  conventional  bearing  steel  100Cr6  (SAE  52  100)  were  used,  figure  1. 


The  deep  groove  ball  bearings  of  100Cr6  (SAE  52  1 0 Cf)  were  heat-treated  to  ensure  heat- 
stabilization  up  to  a  temperature  of  250  °C  (523  K) .  To  allow  disassembling  of  the  bea¬ 
rings  after  the  test  runs  in  order  to  investigate  the  components,  the  two-piece  steel 
cages  ware  bolted  and  not  riveted  as  usual. 

Figure  2  contains  data  on  the  materials  and  their  heat  treatment.  The  roiling  bearing 
material  S10-0-1  (AISI  Tl)  contains  among  others  the  alloying  constituents  vanadium  and 
wolfram,  the  M50  steel  molybdenum  and  vanadium.  The  conventional  rolling  bearing  steel 
1 00Cr6  (SAE  52  100)  does  not  have  these  constituents. 
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1:  Test  Bearing  Data 


Taat  Bearing* 

Dl  mention* 

Material 

Internal  Deatgn 

t 

3 

Drop  Groove 

Bull  Bearing# 

Deep  Groove 

Balt  Betting* 

40  x  B0  x  18  mm 

40x80x18  mm 

9 18-0-1 
(AJSI  T1| 

M5Q 

Bf.ll  Diameter 

Number  ol  Bell* 

BaH/ Raceway 
Conformity 

Loed  Rating* 

d*  -  12,7  mm 
l  -  9 

k*  V  0.04 
xtH  0,06 

C  -  32.5  KN 

-60  mm 

Deep  Groove 

BaH  Diameter 

d,  •  11.9  mm 

1 

— 

Ball  Soarings 

40  x  80  x  1?  mm 

lOOCrfl* 

(SAE 

52100) 

Number  ol  BaH* 

i  -  9 

t IX 

Bati/Recewey 

Conformity 

Load  Rating** 

Km  s.  0.04 

0.06 

C  -  29KN 

’  Heet-tre«t®d  tor  an  Operating  Ttmpemlum  o  .’SO'C 
"  Load  Rating  tor  FAQ  Baarings  accciTUng  to  Determination  ol  December ».  1961 


2 t  Test  Bearing  Materials 


Material 

Materiel-No. 

Other 

Designation 

(SteeWron  List) 

Designations 

s  ie-o-1 

13355 

Aisrn 

M50 

13551 

80MoCiV4216 

10006 

13505 

SAE  52 100 

Material 

Da  tig  nation 

C 

81  | 

Mn 

Cr 

Mo 

Ni 

V 

w 

S 18-0-1 

0.7-0.78 

77o'«~l 

v  0.4 

3A4.5 

1.0-1.? 

17.5-18.5 

M50 

0.77-0.85 

-  0.25  j 

^0.35 

3.754.25 

4.04.5 

ko.10 

0.9*1. 1 

10006 

0.95-1,1 

0.15-0,35 

0.25-0.45 

1.4-1.65  i 

-0.3 

Material 

Designation 

AustenJting 
Temperature  f  C) 

Annealing 
Temperature  (°C) 

B52n 

S 18-0-1 

1250 

550 

62-65 

M50 

1 100 

540 

60-64 

10006 

850 

280 

56-59 

Test  Rig,  Bearing  Arrangement,  Test  Conditions 

The  tests  were  carried  out  on  the  high-temperature  fatigue  test  rig  Li 4.  Figure  3  shows 
the  principle  of  the  test  rig.  Four  test  bearings  on  one  shaft  are  tested  at  the  same 
time.  The  two  inner  bearings  are  radially  loaded  and  the  two  outer  bearings  take  up  this 
load  as  reaction  force.  The  load  is  generated  by  Belleville  spring  washers.  A  bolt  trans¬ 
mits  the  load  onto  a  ring  arranged  between  the  two  inner  test  bearings.  In  order  to  mini¬ 
mize  the  housing  deformation  within  the  loaded  zone  of  the  two  inner  bearings,  the  load 
enters  at  a  point  180°  offset  to  the  loaded  zone  of  the  bearings.  The  test  shaft  is  driven 
by  a  d.c.  motor  via  belts,  gears  and  a  clutch  of  low  thermal  conduction.  The  test  bearings 
are  electrically  heated?  the  resistance  wires  are  arranged  in  the  outer  housing.  The  heating 
can  be  controlled  with  a  temperature  regulator.  For  measuring  the  temperature  on  the  outer 
rings  of  the  test  bearings  thermoelectric  cells  are  used. 

The  test  rig  is  equipped  with  a  vibration  control  system.  This  system  turns  off  the  test 
rig,  as  soon  as  fatigue  damage  appears.  The  running  periods  are  recorded  on  an  hour  coun¬ 
ter. 

The  bearings  are  supplied  with  oil  from  a  heated  oil  reservoir.  The  temperature  can  be 
controlled.  The  housing  incorporates  oil  inlet  and  outlet  bores.  Other  bores  ensure  that 
the  oil  level  is  the  same  for  all  four  bearings.  For  regulating  the  oil  level,  a  tube  was 
used  through  which  excessive  oil  can  escape.  For  exhausting  the  oil  vapor  generated  at 
the  high  temperature,  an  exhaustion  pipe  was  mounted  on  the  right  side  of  the  test  rig. 
Exhaustion  was  assured  by  a  fan.  The  depression  was  kept  constant  at  20  Torr  (2,700  Pa) . 

To  the  exclusion  of  the  lubrication,  all  other  conditions  such  as  loading,  speed  and 
temperature  were  kept  constant  for  the  tests. 
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Ji  High-Tamperature  Fatigue  Test  Rig  LI  4 


ITest  Bearings 

2  loading  Pin 
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4  Insulation 
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6  Oil  Feed 

7  Excessive  Oil  Outlet 
BAirExhaust 
9  Air  Inlet 
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Three  lubrication  conditions  were  investigated! 

Oil  Sump  Lubrication 

The  oil  level  was  regulatad  by  adjusting  the  height  of  the  oil  overflow  pipe  outlet.  The 
lowest  rolling  element  submerged  up  to  its  half.  The  oil  quantity  in  the  test  rig  was 
approximately  160  cm5,  In  order  to  avoid  oil  ageing,  40  cm*  oil  per  hour  were  conti¬ 
nuously  fed  drop  by  drop.  The  excessive  oil  could  escape  from  the  overflow  pipe. 

Oil  Vapor  Lubrication 

The  oil  level  was  lowered  until  the  oil  could  not  reach  the  rotating  bearing  parts  any 
more.  At  the  high  operating  temperature  of  215  °C  (4d8  K)  an  oil  vapor  was  produced  in 
the  test  rig  which  acted  as  lubricant. 

By  lowering  the  oil  level  to  2.5  mm  below  the  outer  ring  shoulders,  the  oil  quantity  in 
the  test  rig  was  reduced  to  approximately  110  cm1.  Since  oil  vapor  escape  is  inevitable, 
a  small  quantity  of  preheated  oil  (approx,  40  cm5)  was  fed  drop  by  drop  in  order  to  com¬ 
pensate  for  the  loss.  The  oil  overflow  pipe  outlet  prevented  the  oil  level  from  rising. 

Lubrication  by  Exhaused  Oil  Vapor 

The  conditions  were  the  same  as  for  oil  vapor  lubrication,  except  for  the  oil  vapor  being 
exhausted  in  these  tests  with  a  fan.  The  depression  in  the  exhaustion  pipe  was  constantly 
approx.  20  Torr  (approx.  2,700  Pa). 

The  test  variants  are  summarized  in  figure  4. 

4:  Test  Variants;  Oil  Sump  Lubrication 
Oil  Vapor  Lubrication 
Lubrication  by  Exhausted  Oil  Vapor 


1 

-Materials 

Lubrication 

S18-0-1 
aisi  n 

U50  100Cr6 

SAL  52 100 

Oil  Sump  Lubrication 

Oil  Levol  to  approx 

Mlddlo  ot  Rolling  Elements 

• 

• 

Oil  Vapour  Lubrication 

Oil  Level  below 

Outer  Ring  Shoulder 

• 

• 

Lubrication 

by  exhausted  Oil  Vapour 

• 

•  • 

Taat  Bearings: 

Deep  Groove  Ball  Bearings 
40  x  80  x  18  mm 
Load  F,  -  8880  N 

Speed  n  -  3000  min  ’ 

Temperature  t  —  215  C 

(488  K)  ♦  6.5  K 
Lubricant  Shell  Turbo-Oil  T32 


Lubricant 


Th«  baaringa  were  lubricated  with  "Shell  Turbo  Oel  T32".  This  is  a  mineral  oil  without 
any  additives  that  increase  the  lubricant  carrying  capacity  or  reduce  the  wear.  The  kine¬ 
matic  oil  viscosity  is  34  mm*/s  at  40  °c. 

Rated  Lubricating  Film  Thickness 

According  to  the  general  lubricating  film  theory  there  is  no  metal-to-metal  contact  in 
the  heavily  loaded  contacts  between  rolling  elements  and  raceways  with  a  film  thickness 
of  approximately  0.3  micron.  With  the  oil  "Shell  Turbo  Oel  T32"  and  with  a  speed  of  n  » 
3,000  rpm  and  a  temperature  of  215  °C  the  lubricating  film  thickness  calculates  according 
to  Cheng  only  to  h0  ■  0.017  micron.  This  value  applies  to  the  test  variant  where  the 
rolling'eluments  submerge  into  the  oil  (oil  sump  lubrication) .  That  means  that  even  with 
sufficient  oil  supply  the  contacts  there  is  a  permanent  Intense  metal-to-metal  contact. 
Accordingly#  lubrication  is  considerably  unfavorable  in  the  other  two  cases. 

5 1  Lubricating  Film  Thickness 


Constant  Test  Data 
Radial  Load 

In  all  tests  the  single  test  bearing  was  radially  loaded  with  Fr  -  8,880  N.  This  load 
means  a  contact  pressure  of  poR,2#900  N/mm*  at  the  maximum  loaded  rolling  element.  Ex¬ 
perience  has  shown  that  a  contact  pressure  of  this  size  does  not  cause  any  permanent  de¬ 
formations  in  bearings  of  100Cr6  (SAE  52  100)  under  normal  thermal  load  conditions.  At 
the  elevated  temperature#  however,  there  are  already  some  slight  permanent  deformations 
occurring;  this  is  not  the  case  with  the  high-temperature  resistant  bearing  steels 
SI 8-0-1  (AISI  T1 )  and  M50. 

Speed 

The  bearing  speed  during  the  tests  amounted  to  n  =  3,000  rpm.  In  some  test  runs  carried 
out  at  the  same  time  at  n  =  6,000  rpm  no  significant  difference  in  the  running  time  could 
be  found  out. 

Test  Temperature 

All  tests  have  been  carried  out  at  a  temperature  of  t  =  215  °C  (t  ■  488  K)  +5.5  K.  The 
temperature  was  measured  at  the  bearing  outer  rings. 

Representation  of  the  Results  and  Discussion 

Running  periods 

The  running  periods  determined  on  the  test  rig  were  statistically  analyzed  according  to 
the  method  described  by  G.  Johnson  in  "The  Statistical  Treatment  of  Fatigue  Experiments". 

When  plotting  the  results  into  the  Weibull  failure  probability  chart,  all  bearings  of  the 
individual  test  bearing  groups  have  been  considered,  that  means,  even  bearings  that  had  not 
yet  shown  any  damage.  The  abscissa  of  the  probability  chart  shows  the  ratio  running  period  L 
to  rated  life  L-|q  (L/Lh)  .  The  circles  with  arrows  and  the  open  arrows  in  the  diagrams  mean 
that  the  bearings  finished  the  test  run  without  any  damage.  Circles  and  squares  represent 
the  running  periods  of  bearings  which  were  damaged. 


17-5 


The  diagrams  of  figures  6  and  7  show  the  failure  distribution  for  bearings  made  of 
100Cr6  (SAE  52  100)  and  S 1 8—0— 1  (AISI  T1)  for  the  three  different  test  variants.  It  can 
be  recognised  that  the  different  lubrication  conditions  have  a  considerable  effect  on 
the  running  periods;  this  effect  is  stronger  for  the  bearings  made  of  100C‘r6  ( S At:  52  100) 
than  for  the  bearings  of  SI 8-0-1  (AISI  T1). 

Bearings  made.*  of  the  conventional  100Cr6  (SAE  52  100)  reach  with  oil  sump  lubrication 
the  quadruple  Igo  life,  in  spite  of  the  intense  metal-to-metal  contact  in  the  contact 
areas.  With  oil  vapor  lubrication  it  is  only  approx.  2.5  %  of  the  rated  Liq  life.  The 
bearings  fail  already  in  the  starting  period,  when  the  oil  vapor  is  exhausted.  The  failure 
is  marked  by  loud  running  noise  caused  by  seizure  marks. 

6:  Results  on  Running  Periods  with  Bearings  of  100Cr6  (SAE  52  100)  in  Case  of 
Starved  Lubrication 


With  bearings  of  SI 8-0-1  (AISI  T1)  and  oil  sump  lubrication  a  running  period  is  reached 
which  corresponds  to  approx,  the  sevenfold  rated  L10  life.  With  oil  vapor  lubrication 
at  least  the  rated  Lio  life  is  reached,  and  with  lubri  ation  by  exhausted  oil  vapor  the 
bearings  can  still  be  operated  for  approx.  3.5  %  of  this  life. 

The  figures  6  and  7  show  that  the  running  time  3  asses  resulting  from  increasingly  worse 
lubrication  conditions  are  considerably  less  severe  for  bearings  made  cf  the  hlgh-tempe- 
rature  r  esistant  rolling  bearing  material  SI  8-0-1  (MSI  T1)  than  for  bearings  of  the  con¬ 
ventional  bearing  steel  100Cr6  (SAE  52  100).  With  regard  to  a  failure  probability  of 
10  %,  the  runninn  times  of  bearings  of  100Cr6  (SAE  52  100)  are  of  a  ratio  of 
5 :  0 . 025 s  0  if  the  starved  lubrication  condition  deteriorates  from  oil  sump  lubrication 
to  oil  vapor  lubrication  onto  oil  lubrication  by  exhausted  oil  vapor.  For  bearings  of 
S18-0-1  (AISI  T1)  this  ratio  is  7:1:0,035.  This  means  for  the  bearings  of  100Cr6 
(SAE  52  ICO)  a  running  time  reduction  by  the  factor  200  already  when  passing  on  from  oil 
sump  lubrication  to  oil  vapor  lubrication.  The  bearings  of  the  high -temperature  resistant 
steel  si 8-0-1  (AISI  T1)  still  reached  the  rated  life  with  oil  vapor  lubrication.  Only 
when  passing  from  oil  sump  lubrication  to  lubrication  by  exhausted  oil  vapor  the  runnii.g 
times  were  reduced  by  the  factor  200. 

7:  Results  on  Running  Periods  with  Bearings  of  SI 3-0-1  (AISI  T1)  in  Case  of 
Starved  Lubrication 


For  direct  comparison  figure  8  represents  the  test  '.esults  of  bearings  of  lOOCr6 
(SAE  52  100)  and  of  SI 8-0-1  (AISI  T 1 )  in  case  of  o*l  vapor  lubrication.  The  bearings 
of  the  high-tempet ..ture  resistant  steel  S18-0-1  (AlSt  T1)  realized  approx,  the  fortyfold 
running  period  (L/Lh)  of  bearings  of  100Cr6  <SAE  52  100)  under  the  same  unfavorable 
operating  conditions.  Figure  9  shown  the  results  achieved  by  bearings  of  the  high-tempe¬ 
rature  resistant  steels  S18-0-1  (AlSr  T1)  and  M50.  It  can  be  Be^n  thac  both  steels  supply 
comperi'jable  results. 

8s  Comparison  of  the  Running  Periods  of  Bearings  of  100Cr6  (SAE  52  100)  and  of 
SI 8-0-1  (AISI  51 )  in  Case  of  Oil  Vapor  Lubrication 


9:  Comparison  of  the  Running  Periods  of  Bearings  of  M50  and  of  S18-0-1  (AISI  T1)  in 
Case  of  Lubrication  by  Exhausted  Oil  Vapor 


L/Lh  — > - 


Damage  Characteristics 

For  bearings  of  high-temperature  resistant  steels  damage  exclusively  arose  on  the  race¬ 
ways.  In  contrast  thereto,  rings  and  rolling  elements  of  bearings  of  conventional  bearing 
steel  equally  shared  the  failures. 

With  oil  sump  lubrication,  bearings  of  SI  8-0-1  (AISI  T1)  and  100Cr6  (SAE  52  100)  showed 
fatigue  damage  as  known  from  bearing  life  tests  in  case  of  unfavorable  lubrication  condi¬ 
tions.  In  the  initial  damage  phase  micropittlngs  appeared  on  the  surfaces;  these  are  mini¬ 
mum  local  grooves  of  low  depth.  If  the  bearings  were  run  longer  on  the  test  rig,  pittings 
of  usual  size  and  depth  were  also  found. 

During  the  tests  with  oil  vapor  lubrication,  changes  of  the  raceways  occurred  long  before 
fatigue.  Slight  roughening  of  the  raceways  and  wear  could  be  observed.  These  changes  meant 
a  louder  running  noise.  The  changes  were,  however,  considerably  less  for  bearings  of  high- 
tomperature  resistant  material  than  for  bearings  of  the  conventional  bearing  steel 
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100Cr6  (SAE  52  100).  Bearings  of  100Cr6  (SAE  52  100)  showed  premature  failure  in  case  of 
oil  vapor  lubrication.  Damage  appeared  on  balls  and  inner  rings;  the  raceways  showed 
cracks  all  over  the  circumference.  Figure  10  represents  ball  damage  and  raceway  cracks 
of  bearings  of  100Cr6  (SAE  52  100)  which  were  operated  with  oil  vapor  lubricatio  .. 

10s  Ball  and  Iriner  Ring  Damage 

Bearings  of  100Cr6  (SAE  52  100)  in  Case  of  Oil  Vapor  Lubrication 


Oil  Vapour  Lubrication 

1mm 

A  <& 

w  w 

Ball  Damages 

U  1^0,04  L/Lh=0.04 


1mm 


Cracking  at  Inner  Rings 
L/L^O.04  L/L,=0.04 


With  lubrication  by  exhausted  oil  vapor  the  bearings  fail,  as  already  mentioned,  already 
during  the  starting  phase.  The  bearings  of  the  high-temperature  resistant  bearing  steels 
SI 8-0-1  (AIS1  T1)  and  M50  increasingly  showed  sliding  and  wear  marks  in  the  raceways. 

The  graphs  compared  in  figure  11  -  sensed  transversally  to  the  rolling  direction  -  and 
the  pertinent  photo  clearly  show  the  wear.  Wear  mainly  appears  in  the  pressure  ellipse 
where  high  eliding  speeds  occurred.  Under  the  extreme  starved  lubrication  conditions 
numerous  small  pittings  appeared  all  over  the  circumference  with  the  running  period  in¬ 
creasing,  figure  12. 

1 1 :  Raceway  Wear 

Bearings  of  S18-0-1  (AISI  T1)  in  Case  of  Lubrication  by  Exhausted  Oil  Vapor 


S18-0-1  with  Lubrication  by  Exhausted  Oil  Vapour 


Contour  before  Run 


502 

2jp.-n 


Contour  after  Run 
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12:  Typical  Damage  Patterns 

Lubrication  by  Exhausted  Oil  Vapor 


Lubrication  by  Exhausted  Oil  Vapour 


Imr.'  tmm 


Material  S18-0-1 

L/Ln=0.35  L/Lh=0.35 


1mm  1mm 


Material  M50 

L/Lh=0.05  L/Lh=  0.17 


With  the  damage  progressing,  the  inner  ring  raceways  also  showed  wider  running  marks  at 
ball  pitch.  This  is  due  to  the  fact  that  the  load  transmitted  by  the  maximum  loaded  ball 
(apex  ball)  is  reduced  momentarily  when  cycling  a  larger  pitting  so  that  the  neighboring 
rolling  elements  accommodate  this  load  share. 

Summary 

In  the  tests  deep  groove  ball  bearings  of  the  high- temperature  resistant  rolling  bearing 
steel  SI  8-0-1  (AISI  T1 )  turned  out  to  be  long-lived  with  the  test  variant  "Oil  sump  lubri¬ 
cation"  and  an  operating  temperature  of  215  °C  (288  K) .  It  must,  however,  be  considered 
that,  in  spite  of  sufficient  lubricant  quantities,  an  intense  metal-to-metal  contact  at 
the  rolling  element/ raceway  contacts  was  given  on  account  of  the  thin  lubricating  film. 

The  running  periods  realized  up  to  the  sevenfold  Lio  life  mean  in  practice  that  even 
under  such  conditions  a  considerable  operating  reliability  can  be  achieved  with  bearings 
of  S18-0-1  (AISI  T1 ) .  The  same  can  be  expected  for  bearings  of  the  M50  steel. 

Even  with  the  variant  "Oil  vapor  lubrication"  the  bearings  of  the  high-temperature  re¬ 
sistant  bearing  steel  achieved  running  times  corresponding  to  the  rated  Lio  life.  For  oil 
vapor  lubrication  the  bearings  were  only  lubricated  with  the  oil  vapor  formed  at  215  'C 
(488  K) .  This  result  can,  however,  only  be  applied  to  practice,  if  the  operating  condi¬ 
tions  (load,  speed)  do  not  cause  any  additional  temperature  increase  within  the  bearing. 

Only  if  the  oil  vapor  is  reduced  by  exhaustion,  the  bearings  of  high-temperature  resistant 
material  S18-0-1  (AISI  T1)  and  M50  become  short-lived.  But  even  with  this  extreme  starved 
lubrication  running  periods  of  approx.  3.5  %  of  the  Lio  life  are  still  reached.  Both 
high- temperature  resistant  rolling  bearing  steels  ensure  comparable  running  times  but  with 
considerable  wear. 

In  comparison  to  the  high-temperature  resistant  rolling  bearing  steels  the  conventional 
bearing  steel  100Cr6  (SAE  52  100)  is  considerably  more  sensitive  to  starved  lubrication. 
With  sufficient  lubricant  supply  but  an  insufficient  lubricating  film  thickness  life 
decreases  to  approx,  the  quadruple  rated  Lio  life;  with  oil  vapor  lubrication  only  2.5  % 
of  the  Lio  life  are  reached,  and  with  lubrication  by  exhausted  vapor  the  bearings  of 
100Cr6  (SAE  52  100)  cannot  be  operated  anymore. 
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DISCUSSION 


-.Dusserre-Telmon,  SNECMA,  Fr 

Quelle  esi  la  taille  du  Filtragc  dcs  particules  dans  votre  cssai? 


Reponse  d’Auteur 
5  /am. 


-.Dusserre-Telmon 

Quelle  etait  la  pression  de  Hertz? 

Reponse  d’Auteur 
2900  N/mmJ . 


-.Dusserre-Telmon 

Avez-vous  essayd  des  pressions  de  Hertz  plus  faibles? 

Author’s  Reply 

All  tests  were  performed  under  the  same  Hertzian  contact  stress. 


P.Trudeau,  I)ND,  Ca 

Please  comment  on  ’the  countour  after  run’,  ref.  your  slide  para  1 1 ,  page  17-7.  How  do  you  explain  the  2  valleys 
which  are  not  centered  on  the  race? 

Author’s  Reply 

In  the  contact  zone,  because  of  specific  geometrical  relationship  there  is  rolling  and  sliding  contact  occurring 
simultaneously  and  the  load  distribution  is  elliptical.  In  the  area  where  there  is  sliding  contact  a  higher  wear  rate 
under  insufficient  lubrication  occurs  even  under  mild  contact  conditions  as  for  example  on  the  edges  of  the  contact 
zone.  Small  deviations  in  symmetry  of  the  wear  track  is  purely  arbitrary. 


R.J. Mather.  Airworthiness  Branch  ABF/A.  C'a 

Were  the  test  bearings  subject  to  any  pre-test  treatment?  for  example,  cleaning  or  running-in  fully  lubricated. 
Author’s  Reply 

No.  Before  the  test,  the  bearings  were  not  treated  in  any  special  way. 


D.G.Astridge,  Westland  Helicopters.  Yeovil.  UK 

Was  any  axial  pre-load  applied  to  the  test  bearing'? 


Author’s  Reply 

No.  The  bearings  were  not  axially  pre-loaded. 


D.G.Astridge 

The  operating  conditions  appear  particularly  severe,  noting  the  calculated  film  thickness  and  the  low  L/Lh  at  .9 
failure  probability  it  would  be  interesting  to  know  if  the  life  improvement  factor,  toll  steel  relative  to  52100  steel 
is  similar  at  less  severe  conditions  (lower  load,  higher  speed,  HP  oil)  and  with  fine  filtration  (3  pm  absolute  or  better). 

Author’s  Reply 

This  question  can  be  answered  partially  by  the  trends  in  the  results.  For  the  case  of  sump  lubrication  (plenty  of  oil) 
and  a  theoretical  film  thickness  of  0.017  pm  (extensive  surface  contact)  a  relative  similar  fatigue  life  is  achieved  for 
the  1 00Cr6  (SAH  52100)  and  S18-0-1  or  M50. 

With  conditions  of  starved  lubrication  the  difference  in  fatigue  lives  for  the  different  materials  becomes  more 
pronounced.  It  is  therefore  to  be  expected  that  conditions  of  full  lubrication  leads  to  higher  fatigue  life  and  smaller 
differences  in  fatigue  lives  for  different  materials. 

The  effect  of  HP  additives  on  the  oil  was  not  tested  as  part  of  this  prog  ill. 


D.G.Astridge 

Was  the  same  value  of  Lh  used  for  all  three  steels? 


Author’s  Reply 

The  fatigue  life  of  all  bearings  was  calculated  using  standard  methods  but  small  differences  resulted  due  to  small 
internal  geometry  differences  between  bearings  of  normal  and  temperature  resistant  steel. 


W.J. Anderson,  Bearings  and  Lubrication,  North  Olmsted,  Ohio,  US 

The  film  thickness  plot  is  evidently  based  on  temperature  conditions  and  not  on  any  conditions  of  starvation 
present.  In  that  case  wouldn’t  the  differences  in  film  thickness  for  the  3  methods  of  lubrication  be  much  greater? 

Author’s  Reply 

We  agree  with  the  observation.  As  already  stated  the  film  thickness  with  plenty  of  oil  is  inadequate  to  separate  the 
contacting  surfaces  and  an  intensive  metal  to  metal  contact  occurs.  The  lubricating  conditions  in  the  other  two  cases 
is  substantially  more  severe. 

Since  the  actual  film  thickness  cannot  be  measured  we  have  described  the  lubricating  conditions  and  they  were  held 
constant  for  the  duration  of  the  test. 


W.J.  Anderson 

Since  the  mode  of  failure  in  the  bearings  lubricated  only  with  exhausted  oil  vapour  was  wear  should  the  data  be 
compared  on  weibuli  plots? 

Author’s  Reply 

All  failures  represented  in  the  weibuli  plots  were  due  to  fatigue. 
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GEOMETRY  AND  STARVATION  EFFECTS  IN  HYDRODYNAMIC  LUBRICATION 

by  David  Brewe 
Propulsion  Laboratory 

AVRADCOM  Research  and  Technology  Laboratories 
Lewis  Research  Center 
Cleveland,  Ohio 

and 


Bernard  J.  Hamrock 
Lewis  Research  Center 
Cleveland,  Ohio 


SUMMARY 

Numerical  methods  were  used  to  determine  the  effects  of  lubricant  starvation  on  the 
minimum  film  thickness  under  conditions  of  a  hydrodynamic  point  contact.  Starvation  was 
effected  by  varying  the  fluid  inlet  level.  The  Reynolds  boundary  conditions  were 
applied  at  the  cavitation  boundary  and  zero  pressure  was  stipulated  at  the  meniscus  or 
inlet  boundary.  A  minimum- f i lm- thickness  equation  as  a  function  of  both  the  ratio  of 
dimensionless  load  to  dimensionless  speed  and  inlet  supply  level  was  determined.  By 
comparing  the  film  generated  under  the  starved  inlet  condition  with  the  film  generated 
from  the  fully  flooded  inlet,  an  expression  for  the  film  reduction  factor  was  obtained. 
Based  on  this  factor  a  starvation  threshold  was  defined  as  well  as  a  critically  starved 
inlet.  The  changes  in  the  inlet  pressure  buildup  due  to  changing  the  available  lubri¬ 
cant  supply  are  presented  in  the  form  of  three-dimensional  isometric  plots  and  also  in 
the  form  of  contour  plots. 

NOMENCLATURE 


Co'C] 

D 

H 

H„ 


"in 

H? 
i  n 

h 

ho 

T, 

N 

P 

P 

R 

W/U 

u 

w 

X 


X 

Y 

y 

a 

0 

n 

<p 


*  least-squares  coefficients 

«  difference  f  <HQ  -  Ho)/Ho]xl00,  percent 

■  dimensionless  film  thickness,  h/Rx 

=  dimensionless  minimum  (central)  film  thickness,  h0/Rx 
=  dimensionless  calculated  minimum  (central)  film  thickness 
=  dimensionless  fluid  inlet  level,  h^n/Rx 
-■  dimensionless  fluid  inlet  level  (onset  of  starvation) 

*  film  thickness,  m 

=  minimum  (central)  film  thickness,  m 

■  reduced  hydrodynamic  lift,  dimensionless 

■  direction  normal  to  boundary 

=  dimensionless  pressure,  pR  /n  u 
2 

«  pressure,  N/m 

«  effective  radius  of  curvature,  RVR.,/(RV  +  R,,)  ,  m 

x  y  x  y 

>=  ratio  of  dimensionless  load  to  dimensionless  speed 
=  average  surface  velocity  in  x  direction,  (uft  +  ug)/2,  m/s 

*  load  capacity,  N 

=  dimensionless  coordinate,  x/Rx 
=  coordinate  along  rolling  direction,  m 
=  dimensionless  coordinate,  y/Rx 
=  coordinate  transverse  to  rolling  direction,  m 
=  radius  ratio,  Ry/Rx 
«=  film  reduction  factor 

=  fluid  viscosity  at  standard  temperature  and  pressure,  Ns/m^ 
*■  Archard-Cowk ing  side-leakage  factor,  1/(1  +  2/(3a)) 


Subscripts 


or 

f 

x,y 


*  critical 

=  flooded  conjunction 
=  coordinate  direction 
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INTRODUCTION 

The  effect  of  starvation  in  a  hydrodynamically  lubricated  conjunction  can  be 
studied  by  systematically  reducing  the  inlet  supply  and  observing  the  resultant  pressure 
distribution  and  film  thickness.  This  starvation  effect  can  have  a  significant  role  in 
the  operation  of  machine  elements.  For  example,  roller-end  wear  due  to  roller  skewing 
can  be  a  critical  problem  for  high-speed  cylindrical  roller  oearings.  It  is  desirable 
that  the  hydrodynamic  film  generated  between  the  roller  end  and  the  guide  flange  provide 
stiffness  and  damping  to  limit  the  amplitude  of  the  roller  skewing  motion.  However,  at 
high  rotational  speeds  the  roller  end  and  the  flange  are  often  subjected  to  a  depletion 
in  the  lubricant  supply  due  to  centrifugal  effects.  In  such  cases,  the  minute  amount  of 
lubricant  available  at  the  rol ler-end- flange  conjunction  might  well  represent  an  example 
of  steady-state  starvation.  Starvation  effects  in  hydrodynamically  lubricated  contacts 
are  important  also  if  one  wishes  to  calculate  the  rolling  and  sliding  resistance  and/or 
traction  encountered  in  ball  and  roller  bearings  [1],  In  another  example,  the  effect  of 
restricting  the  lubricant  to  a  roller  bearing  is  seen  experimentally  and  theoretically 
to  reduce  the  amount  of  cage  and  roller  slip  (2).  The  theoretical  analysis  was  accom¬ 
plished  by  changing  the  location  of  the  boundary  where  the  pressure  begins  to  buildup 
and  noting  the  effect  on  the  hydrodynamic  forces.  Combining  this  with  relative  velocity 
expressions  and  equilibrium  equations  enabled  the  determination  of  the  amount  of  cage 
and  roller  slip. 

The  location  of  the  inlet  and  exit  boundries  as  well  as  the  respective  boundary 
conditions  to  be  applied  has  been  one  of  the  most  controversial  issues  concerning  star¬ 
vation  of  hydrodynamic  contacts.  The  issue  of  the  effect  of  the  lubricant  supply  on  the 
inlet  boundary  condition  and  its  consequences  to  incipient  pressure  buildup  began  to 
materialize  as  a  result  of  earlier  studies  applied  to  rigid  cylinders  (3,4).  Lauder  (5] 
and  Tipei  (6]  asserted  an  upstream  limit  of  the  fluid  film  where  the  pressure  begins  to 
rise  as  governed  by  the  Reynolds  equation.  This  limit  according  to  Lauder  is  determined 
by  applying  reverse  flow  boundary  conditions  (i.e.,  u  =  3u/3y  =  0).  Tipei  locates 
the  upstream  limit  as  defined  by  the  line  of  centers  of  two  bounded  vortices  that  are 
observed  for  pure  rolling.  Both  cases  have  been  criticized  because  their  analyses  lead 
to  one  position  of  pressure  buildup  regardless  of  the  oil  supply  17] .  Dowson  |8] 

Floberg  (9,10]  and  most  dramatically,  Wedeven,  Evans,  and  Cameron  (11)  provide  experi¬ 
mental  evidence  supporting  the  idea  that  the  location  of  incipient  pressure  rise  is 
determined  by  the  oil  supply.  Further  Wedeven,  et  al.,  using  a  Grubin  type  of  EHD 
analysis,  obtained  very  good  correlation  between  experiment  and  the  theory  of  starva¬ 
tion  effects  by  choosing  the  start  of  the  pressure  buildup  to  occur  at  the  meniscus 
boundary.  Oteri  (12],  using  stream  function  analysis  for  rolling  rigid  cylinders, 
showed  that  incipient  pressure  rise  occurs  at  the  meniscus  boundary  even  in  the  presence 
of  revarse-flow  conditions.  In  view  of  this  work,  starvation  effects  in  machine  element 
applications  can  be  predicted  and  relied  on  with  a  greater  degree  of  confidence. 

One  of  the  more  important  manifestations  of  lubricant  starvation  is  the  reduction 
in  film  thickness.  This  topic  has  received  a  good  deal  of  attention  in  the  literature 
(11,  13-21| .  With  the  exception  of  (13,  19-21),  these  references  are  applicable  only  to 
elaslodydrodynamic  situations.  Most  of  the  work  concerned  with  rigid  contacts  has  been 
devoted  to  line  contact  applications  (13,20,21].  Dalmaz  and  Godet  119]  analyze  the 
effect  of  the  inlet  on  the  film  reduction  factor  for  a  sphere  against  a  plate.  However, 
to  the  authors'  knowledge,  an  effort  that  parallels  that  of  Hamrock  and  Dowson  [14,15] 
for  the  EHD  contact  is  absent  from  the  rigid  contact  theory.  In  those  works,  an 
expression  was  determined  that  relates  the  film  reduction  to  the  inlet  distance. 

The  current  study  is  a  resumption  of  a  previous  rigid-contact  analysis  (22]  to 
extend  validity  for  the  miniir.um-f ilm-thickness  equation  derived  there  over  a  wider  range 
of  film  thicknesses  as  well  as  to  include  the  effects  ot  starvation  in  this  equation. 

The  start  of  the  pressure  buildup  as  determined  by  the  Reynolds  equation  is  assumed  to 
occur  at  the  inlet  meniscus.  The  location  of  the  cavitation  boundary  was  determined  by 
applying  the  Reynolds  boundary  conditions  as  discussed  in  previous  work  122].  The  study 
applies  to  a  wide  range  of  geometries  (i.e.,  from  a  ball-on-plate  configuration  to  a 
ball  in  a  conforming  groove).  Seventy-four  cases  were  used  to  numerically  ucLt'rmine  (1) 
an  equation  relating  minimum  film  thickness  with  the  fluid  inlet  level  as  well  as  with 
the  dimensionless  load-speed  ratio  and  geometry,  (2)  an  equation  predicting  the  onset  of 
starvation,  and  (3)  an  equation  predicting  the  onset  of  a  critically  starved  conjunc¬ 
tion.  The  resulting  equations  are  valid  for  dimensionless  minimum  film  thicknesses 
Hg  ranging  from  5.0x10'^  to  1.0x10"^.  Further,  contour  isobar  plats  and  three- 
dimensional  isometric  pressure  plots  are  presented. 

Numerical  Procedure 


The  hvdrodynamic  effects  on  the  central  film  thickness  between  two  rigid  solids  in 
lubricated  rolling  and/or  sliding  contact  are  analyzed  unuer  conditions  ot  lubricant 
starvation.  The  effects  of  starvation  are  determined  by  systematically  decreasing  the 
fluid  inlet  level.  The  Reynolds  boundary  conditions  arc  applied  at  the  cavitation 
boundary,  and  zero  pressure  is  stipulated  at  the  meniscus  or  inlet  boundary.  The  lubri¬ 
cant  is  assumed  to  be  an  incompressible  Newtonian  fluid  under  laminar,  isothermal, 
isoviscous,  and  steady-state  conditions.  The  numerical  approach  follows  that  of  a 
previous  investigation  (22].  There,  a  fully  flooded  film  profile  was  specified  and  a 
pressure  distribution  satisfying  the  Reynolds  equation  was  determined  tor  a  given  speed, 
viscosity,  and  geometry.  The  analysis  treats  the  two  rigid  bodies  as  having  parailel 
principal  axes  of  inertia.  This  enables  one  to  make  a  simplifying  transformation  to  an 
equivalent  sy-.tem  of  a  rigid  solid  near  a  plane  separated  by  a  lubricant  film  (Fig.  I). 
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Relevant  equations.  -  The  same  dimensionless  expressions  are  used  here  as  in  [22), 
that  Is, 

X  *  x/Rx ,  Y  *  y/Rx ,  H  =  h/Rx 

also 

P  =  pRx/nou'  a  =  Ry/Rx 

The  Reynolds  equation 

3  /u3  3R\  a  3  /u3  3 ,,  3H 

3X  \H  3X j  3 Y  \H  3Y J  =  12  3X 

is  the  governing  equation  within  the  conjunction. 

We  recognize  that,  when  the  inlet  supply  levels  are  increased  to  values  much 
greater  than  the  minimum  film  thickness,  calculations  as  governed  by  the  Reynolds  equa¬ 
tion  are  inherently  in  error  far  from  the  center  of  contact.  The  reason  is  that  the 
Reynolds  equation  neglects  curvature  of  the  fluid  film.  Dowson  123)  has  pointed  out 
that  the  errors  involved  in  using  this  equation  to  determine  the  buildup  of  pressure 
in  such  regions  are  negligible.  The  predicted  pressures  are  themselves  so  very  much 
smaller  than  the  effective  load-carrying  pressures  in  the  region  of  closest  approach  of 
the  solids.  The  dimensionless  film  thickness  equation  is  given  as 


(1) 


(2) 


H  =  H  +1 
o 


-  y'l  -  X2  +  a  1  -  }/\  -  (Y/a)2J 


(3) 


where  H  is  bounded  above  by  the  dimensionless  fluid  inlet  level  Hjn 
the  dimensionless  minimum  film  thickness  HQ  (i.e.,  He  <  H  <  H^,  e.g., 


and  below  by 
(Fig.  • 

The  fluid  inlet  level  Hin  is  made  dimensionless  so  that,  if  the  inlet  is  completely 
filled,  Hin  =  1  and  the  conjunction  is  said  to  be  fully  flooded. 


The  Reynolds  boundary  conditions  are  used,  that  is,  P  *  3P/3N  =  0  at  the  cavitation 
boundary  and  P  =  0  at  the  inlet  boundary  (H  «=  Hin) .  A  pressure  distribution  that 
satisfies  these  boundary  conditions  is  then  determined  numerically  by  finite  differ¬ 
encing  with  Gauss-Seidel  successive  over  relaxation  method.  With  this  algorithm  we  are 
able  to  generate  pressure  distributions  for  given  contact  geometry,  speed,  viscosity, 
film  thickness,  and  fluid  inlet  level. 


Effect  of  inlet  on  pressure.  -  Figure  2  graphically  portrays  how  a  pressure  dis- 
tribution  is  affected  by  the  lubricant  supply  for  a  dimensionless  minimum  film  thickness 
of  lxlO'4.  The  two  views,  (a)  and  (b) ,  are  for  a  fully  flooded  contact  ( H i n  =  1.00) 
and  a  starved  contact  (Hin  =  0.001).  The  starvation  effect  on  the  pressure  distribu¬ 
tion  might  be  considered  rather  moderate.  That  is  to  say,  the  effect  of  reducing  the 
fluid  inlet  level  has  essentially  had  no  effect  on  the  magnitude  of  the  peak  pressure. 
Only  the  size  of  the  load  bearing  region  has  been  affected.  The  load  bearing  region  is 
defined  by  the  meniscus  and  the  cavitation  boundary. 


We  repeat  this  process  of  decreasing  the  fluid  inlet  level  for  a  given  minimum  film 
thickness  for  a  wide  range  of  minimum  film  thickness  values.  Figure  3  illustrates  a 
situation  in  which  the  starvation  is  more  severe.  The  minimum  film  thickness  here  is 
ten  times  as  thick  as  what  is  indicated  in  Fig.  2.  Note  that  the  pressure  distribution 
of  Fig.  3  is  not  as  localized  as  in  Fig.  2.  Consequently  decreasing  the  size  of  the 
load  bearing  region  has  a  more  noticeable  effect  on  the  load  capacity,  starvation  is 
more  evident  here  since  we  also  see  that  the  peak  pressure  is  noticeably  reduced  from 
the  fully  flooded  condition.  This  sort  of  behavior  takesplace  if  the  fluid  inlet  level 
is  of  the  same  order  of  magnitude  as  the  minimum  film  thickness. 

Generalized  film  thickness  formula.  -  Now  we've  seen  how  starvation  effects  the 
pressure  distribution  for  two  different  minimum  film  thickness  values,  in  this  analy¬ 
sis,  we  repeated  this  determination  for  minimum  film  thickness  values  ranging  from 
10"3  to  10'®.  In  all,  74  different  cases  were  analyzed  to  determine  a  minimum  film 
thickness  equation  as  a  function  of  dimensionless  load  to  speed  ratio  (W/U)  and  fluid 
inlet  level. 


The  integration  of  the  pressure  distribution  can  be  used  in  relating  the  hydro- 
dynamic  effects  (i.e.,  load,  speed,  and  viscosity)  to  the  minimum  (central)  film  thick¬ 
ness  for  a  given  fluid  inlet  level.  in  general,  for  a  given  H0  and  u  the  load 
capacity  w  and/or  the  dimensionless  load-speed  ratio  is  determined  as  follows: 


w 


"oa\  ff 


P  dx  dY 


or 


P  dX  dY 


where  W/U  =  wn0uRx. 
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Kapitza  (27),  using  half  Pommerfeld  boundary  conditions  derived  the  following 
relationship: 


W  84L  VYa 
u  " 


where  L  =  n/2  half-Somer feld  B.C.  (Ref.  27) 

L  =  0.131  tan'1  (a/2)  +  1.683  Reynolds  B.C.  (Ref.  22) 


In  a  previous  work  (22) ,  we  found  that  if  the  problem  is  considered  using  Reynolds 
boundary  conditions,  then  L  required  the  above  modification,  Eut  even  then  the  equa¬ 
tion  was  valid  only  if  the  pressure  distribution  was  very  localized  in  the  case  of  thin 
films  (i.e.  5x10”^  <,  H0  <  10*^).  Consider,  for  example,  a  ball  in  rolling  motion 
that  is  loaded  against  a  flat  plate.  For  a  load-speed  ratio  W/U  of  340,  the  numeri¬ 
cally  determined  value  (i.e.,  as  determined  by  finite  difference  analy  s)  of  the 
dimensionless  film  thickness  is  10“3  (Table  I).  Equation  (5)  predict;  >  >.■  dimension¬ 
less  film  thickness  to  be  1.22xl0~3,  which  is  in  error  of  the  numerica-  value  by 
22  percent.  Consequently,  we  wish  to  revise  Eq.  (5)  so  that  it  is  valid  for  the  thicker 
films  as  well.  This  revised  equation  should  reduce  to  Eq.  (5)  in  the  limit  for  thin 
films.  Furthermore,  the  revised  dimensionless  film  thickness  should  be  expressed  in 
such  a  way  as  to  easily  include  the  effects  of  starvation.  This  would  then  enable  us  to 
present  one  general  expression  to  be  presented  for  the  dimensionless  film  thickness  that 
can  be  used  for  the  full  range  of  film  thicknesses  for  a  starved  conjunction  as  well  as 
for  a  fully  flooded  conjunction.  After  the  numerical  analysis  for  each  case  was  com¬ 
plete,  the  several  curve  fits  or  regression  curves  of  H0  on  W/U  were  considered 
that  would  be  consistent  with  these  above  requirements.  Thu  most  suitable  curve  fit 
considered  was  in  the  form  of  a  more  general  linear  equation,  that  is, 


V*-0 


C1  U  +  Co 


(6) 


Generalized  film  thickness  formula  (applicable  to  starved  as  well  as  fully  flooded 
conjunctions)!  -  The  effect  of  lubricant  starvation  on  the  hydrodynamic  film  thickness 
was  observed  by  varying  the  fluid  inlet  level  to  the  contact  and  noting  the  effect  on 
load  capacity  for  five  different  film  thicknesses  for  the  ball-on-plate  contact  (i.e., 
a  -  1.00).  In  addition  to  the  fully  flooded  data,  55  computer-generated  data  points 
were  used  to  arrive  at  a  family  of  equations  having  the  form  given  in  Eq.  (6).  An  equa¬ 
tion  for  each  fluid  inlet  level  was  determined  by  performing  a  linear  regression  by  the 
method  of  least  squares.  Tahle  II  lists  for  each  fluid  inlet  level  the  values  of  the 
.~oefficJ  nts  Cj  and  Cq,  the  coefficient  of  determination  r2,  and  Dmax,  the  maximum 
O'Tcen  e  of  error  D  defined  as 


D 


x  100 


(7) 


Note  that  remains  essentially  unchanged,  and  can  be  determined  from 


C1  " 


4>L(128a) 
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(8) 


Furthermore,  a1’ 
expres-  ..  t  for  , 


f  the  effect  of  starvation  is  described  in  the  value  of  C 
coefficient  Cn  as  a  function  of  the  fluid  inlet  level 


An 


wou.i  enaDle  :•  oc  i-ermination  of  ageneralized  minimum-film-thickness  formula  tfiat- 
applies  to  starved  as  well  as  fully  flooded  conditions.  A  close  examination  of  the 
variation  of  C0  with  Hin  in  Table  II  reveals  that  Cq01  (2/H  in>  1//2  for  the  severely 
starved  situations.  As  Hjn  approaches  1,  C0  approaches  a  value  very  nearly  equal 
to  e  (i.e.,  the  base  of  the  natural  systems  of  logarithms,  2.718).  This  suggests 
e”in  as  a  modulat*n<j  factor.  Further  considerations  for  the  nearly  flooded  inlet 
levels  show  that 


_  h 

Coe  in“K2  -  Hin)/Hin]1/? 


Finally  for  the  full  range  of  values,  CG  varies  with  Hjn  as  follows: 

1/2 


Cc  =  1.11  e 


(9) 


TVus,  our  generalized  minimum  film  thickness  formula  in  terms  of  geometry  (i.e., 
radius  ratio  a),  load-speed  ratio  W/U,  and  fluid  inlet  level  H  i  ti ,  can  be  written  as 


Ho  = 


W/U 


4>L  (128a) 


172 


+  1.11 


/  2  -  H  N 

i1/2  H.  1 

f  in' 

\  e  in 

l  H .  j 

\  in  ^ 

J 

-2 


(10) 
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The  measure  of  agreement  between  the  calculated  and  input  values  of  Hc  is  re¬ 
presented  by  the  value  of  D  (Eq.  (7))  and  presented  in  Table  I.  Table  I  shows  that, 
when  the  fluid  inlet  level  is  of  the  same  order  of  magnitude  as  the  minimum  film  thick¬ 
ness,  the  error  that  results  from  using  Eq.  (10)  becomes  larger.  However,  Eq.  (10)  can 
confidently  be  used  for  the  full  range  of  minimum  film  thickness  if  the  fluid  inlet 
level  is  such  that  0.004  <  Hin  <  1.000.  For  very  thin  films  (i.e,,  H0  <_  10'*)  Eq.  (10) 
can  be  useful  throughout  "the  full  range  of  fluid  inlet  levels  that  were  investigated 
(i.e.,  0.001  <_  Hjn  <_  1.000).  Note  that  the  film  thickness  formula  is  intended  to  be 
used  only  for  a  range  of  speeds  and  loads  in  which  piezoviscous  and  deformation  effects 
are  negligible.  It  was  determined  that  these  effects  can  be  significant  for  minimum 
film  thicknesses  less  than  5.0x10"^. 

Note  also  from  Table  I  that  excellent  agreement  is  obtained  for  the  near-line- 
contact  applications  (i.e.,  a  *  36.54)  even  though  these  data  were  not  used  in  the 
determination  of  the  above  Eq.  (10) .  Most  of  the  predictions  by  Eq.  (10)  are  within 
3  percent  of  the  numerically  determined  values  and  do  not  exceed  6  percent  for  any  case. 


Equation  (10)  is  equally  valid  for  the  fully  flooded  conjunction  as  well  as  for  the 
starved  conjunction.  That  is,  if  we  set  Hjn  =  1.00,  then  Eq.  (10)  reduces  to 


H  f  =  (-^ 

°'f  W  vT 


'  \<t>L  vT25oT  / 

Equation  (11)  should  be  used  in  place  of  Eq.  (5)  whenever  a  calculation  is  made  for 
a  fully  flooded  conjunction  since  it  is  valid  for  a  broader  range  of  film  thicknesses 
(i.e.,  5x10“5  to  lx’lO'3)  .  Table  I  shows  that  the  error  for  the  full  range  of  mini¬ 
mum  film  thicknesses  investigated  (for  Hin  =  1)  is  less  that  1  percent  for  a  =  1. 

For  the  near-line-contact  geometry  (i.e.,  a  =  36.54)  the  error  does  not  exceed  3.36 
percent . 


Reduction  in  minimum  film  thickness.  -  It  is  now  possible  to  determine  the  reduc¬ 
tion  in  minimum  film  thickness  from  the  fully  flooded  value  if  the  fluid  inlet  level  is 
known.  This  can  be  done  by  inserting  Eq.  (11)  into  Eq .  (10). 


Dividing  both  sides  of  the  equation  by  H0  gives 


where  B  is  the  reduction  in  minimum  film  thickness  due  to  starvation. 
RESULTS  AND  DISCUSSION 


Effect  of  starvation  on 
va t i on  can  be  facilitated  by 
(i.e.,  a  ball  rolling  and/or 
ure  compares  the  pressure  di 
inlet  with  the  most  severely 
a  constant  minimum  film  thic 
peak  built  up  in  the  starved 
flooded  inlet.  However,  the 
the  starved  inlet  is  unable 
f ul ly- flooded  inlet. 


fressure  distribution.  -  The  discussion  of  lubricant  star- 
ocusing  on  one  of  the  simplest  geometric  arrangements 
sliding  agains.  a  flat  plate)  as  shown  in  Fig.  2.  The  fig- 
stribution  determined  numerically  for  the  fully- t loodea 
starved  inlet  (Hjn  0.001).  The  comparison  is  made  for 
kness  (i.e.,  H0  =  l.OxlO-^).  Note  that  the  pressure 
inlet  is  only  slightly  smaller  than  that  of  the  fully 
area  of  pressure  build-up  is  considerably  smaller,  and  so 
to  support  as  much  load  for  a  given  film  thickness  as  the 


Figure  3  provides  the  same  sort  of  comparison  but  for  a  thicker  minimum  film  (i.e., 
Hn  =  l.OxlO'3).  The  significant  difference  between  the  two  figures  is  that  the 
starved  inlet  for  the  thicker  film  has  a  more  pronounced  effect  on  the  pressure  peak. 

The  fluid  inlet  level  (Hin  =  0.002)  foe  the  thicker  film  represents  a  relatively  more 
highly  starved  inlet  since  Hjn  is  of  the  order  of  H0  in  this  case.  The  other 
feature  to  be  noticed  in  comparing  Figs.  2  and  3  is  that  the  pressure  distribution  is 
more  evenly  spread  out  for  the  thicker  film.  Thus,  changes  in  the  meniscus  (or  integra¬ 
tion  domain)  are  going  to  have  a  more  noticeable  effect  on  the  load-carrying  capacity. 
Note  also  that  because  of  the  boundary  conditions  the  integration  domain  takes  on  a 
"kidney-shaped"  appearance.  This  is  more  clearly  shown  in  the  isobaric  contour  plot 
shown  in  Fig .  4 . 


Minimum  film  thickness  equation.  -  Thus  far  we  have  compared  the  pressure  build  up 
in  a  severely  starved  inlet  with  that  in  a  fully  flooded  inlet  for  two  minimum  film 
thicknesses.  Our  investigation,  however,  included  several  fluid  inlet  levels  for  a 
variety  of  minimum  film  thicknesses.  The  results  are  summarized  in  Table  I. 
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A  generalized  minimum  film  thickness  formula  (Eq.  (10))  woe  derived  trom  the 
results  of  Table  I.  Figure  5  indicates  how  well  the  equation  represents  the  computer 
generated  data  in  the  table.  It  was  not  possible  to  display  all  these  results  in  Fig. 

5.  However,  the  figure  is  representative  of  the  overall  results.  The  equation  l its  the 
data  quite  well  except  when  the  fluid  inlet  level  is  of  the  same  order  of  magnitude  as 
the  minimum  film  thickness.  Based  on  the  discussion  concerning  peak  pressure,  it  would 
seem  that  the  formula  holds  well  for  those  cases  in  which  the  d&gtee  of  starvation  is 
such  that  peak  pressure  is  not  significantly  reduced. 

Of  course,  it  would  be  most  desirable  to  compare  the  data  in  Table  I  with  experi¬ 
mental  aata.  To  the  authors'  knowledge,  the  only  available  experimental  data  were 
obtained  by  Dalmaz  and  Godet  [25]  .  To  compare  Eq.  (10,  with  experiment,  the  data  from 
[25]  were  replotted  in  Fig.  6.  The  experimental  data  were  taken  under  lightly  loaded 
(rigid  contact),  isoviscous  conditions  for  pure  sliding  of  a  ball  on  a  plate.  The  fluid 
inlet  level  in  these  experiments  was  reported  to  be  1  millimeter.  The  ball  diameter  was 
30  millimeters;  consequently  the  dimensionless  fluid  inlet  level  H^p  was  0.067.  The 
experimental  data  were  presented  as  a  plot  of  the  dimensionless  parameters  H0/WG 
versus  U/W^^gO^.  The  materials  parameter  G  in  the  plot  was  included  so  as  to 
accommodate  the  elastohydrody namic  range  in  a  more  general  way. 

Here,  we  wish  to  compare  our  hydrodynamic  starvation  >.heory  only  with  the  hydro- 
dynamic  results  of  Dalmaz  and  Godet.  To  do  this,  the  ordinate  and  abscissa  were  proper¬ 
ly  scaled  (assuming  a  reasonable  value  of  WG  ■  4  5x10“*)  so  that  the  minimum  film 
thickness  could  be  plotted  against  the  dimensionless  load-speed  ratio  as  shown  in 
Fig.  6.  The  solid  line  in  Fig.  6  is  a  plot  of  Eq.  (10)  for  a  ■  1  and  Hfn  *  0.067. 

The  dashed  line  represents  a  previous  theory  [22]  in  which  the  reduced  inlet  level  due 
to  starvation  was  not  considered.  The  present  theory  (Eq.  (10))  shows  better  agreement 
with  the  experimental  results  than  our  previous  theory  [22]  for  lower  values  of  W/U. 
This  is  because  under  conditions  of  lew  load  and/or  high  speed,  the  pressures  become 
more  significant  away  from  the  center  of  the  contact.  Consequently,  neglecting  the  size 
of  the  inlet  introduces  an  increasing  amount  of  error  as  W/U  is  decreased. 

Although  consideration  of  the  size  of  the  inlet  domain  improves  the  agreement  of 
the  theory  with  experiment  for  the  thicker  films,  still  further  improvement  is  possi¬ 
ble.  It  is  believed  that  the  effects  of  reverse  flow  in  the  inlet  must  be  included  in 
the  theory  to  obtain  better  agreement.  If  reverse  flow  is  considered,  not  all  the 
available  lubricant  determined  by  the  fluid  inlet  level  will  pass  through  the  contact- 
The  hydrodynamic  contact  would  essentially  see  this  as  a  reduction  in  supply  from  what 
actually  is  there.  In  other  words,  the  inlet  is  more  severely  starved  than  we  have 
taken  into  account.  From  Fig.  5,  we  see  that  increasing  the  severity  of  Starvation  has 
more  effect  on  tho  load  capacity  for  thicker  films  (i.e.,  H0  »  10 ~ 3 )  than  it  does 
for  thinner  films  (i.e.,  H0  «  10~4).  Consequently,  reverse-flow  considerations 
should  improve  agreement  between  theory  and  experiment  for  the  thicker  films  while  still 
maintaining  good  agreement  in  the  thin-film  range. 

Lubricant  film  thickness  reduction  factor  and  onset  of  starvation.  -  of  practical 
importance  to  lubricant  starvation  is  the  reduction  in  minimum  film  thickness  irom  the 
fully  flooded  value.  Equation  (13)  is  a  derived  expression  for  3  in  terms  of  the 
fluid  inlet  level  and  the  fully  flooded  film  thickness  (also  given  by  Eq.  (11)). 

Figure  7  is  a  plot  of  3  as  a  function  of  the  fluid  inlet  level  Hin  for  several 
values  of  PL  f.  It  is  of  interest  to  determine  a  fully  f looded-starved  boundary 
(i.e.,  that  fluid  inlet  level  after  which  any  further  decrease  causes  a  significant 
reduction  in  the  film  thickness).  Hamrock  and  Dowson  [14]  determined  this  boundary  for 
elastohydrodynamic  (EHD)  applications  upon  satisfying  the  following  condition: 


Tho  value  of  0.03  was  used  in  Eq.  (14)  since  it  was  ascertained  that  the  oata  in  Table  I 
were  accurate  to  only  ±3  percent. 


Thus,  for  a  qiven  value  of  PL  f,  one  can  solve  for  a  value  of  H^p  that 
satisfies  Eq.  (14).  A  suitable  relationship  between  H*n  and  Hy f f  can  be  ob¬ 
tained  by  generating  a  table  of  values  (e.g,.  Table  III)  and  fitting  a  power  curve  by 
the  method  of  least  squares.  This  gives 


HIn  -  4-11<Ho,f>°'36 


Thus,  w^  have  an  equation  that  determines  the  onset  of  starvation^  That  is,  for 
Hin  >  Hin  a  fully  flooded  condition  exists,  whereas  for  Hin  <>Hin  a  starved 
condition  exists. 


Critically  starved  inlet.  -  In  certain  bearing  applications,  the  power  loss  result 
ing  from  churning  of  the  oil  may  be  higher  than  the  power  loss  resulting  from  friction 
of  the  bearing  alone  [26].  These  power  losses  can  be  minimized  by  reducing  the  lubri¬ 
cant  supply  until  a  loss  in  film  thickness  causes  the  friction  losses  to  increase. 
According  to  the  results  shown  in  Fig.  7,  the  fluid  inlet  level  can  be  decreased  sub¬ 
stantially  without  adversely  affecting  the  minimum  film  thickness,  consequently,  it 
might  be  advantageous  to  operate  the  bearing  with  a  lubricant  supply  just  sufficient  to 
preclude  any  drastic  reductions  in  minimum  film  thickness,  as  seen  in  the  figure.  Such 
a  critical  fluid  inlet  level  might  well  be  defined  to  o  cur  at  the  knee  of  the  curve, 
that  is, 
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-  1  (16) 

Hin  -  Hin,cr 

Solutions  to  this  expression  ror  several  values  of  minimum  film  thickness  are  listed  in 
Table  III.  A  power  curve  fit  by  the  method  of  least  squares  gives 

Hin,cr  -  0.875<HO(f)°*2977  (17) 

The  regression  coefficient  for  this  fit  was  determined  to  be  0.9999,  indicating  an 
extremely  good  fit. 

CONCLUDING  REMARKS 

Numerical  methods  were  used  to  determine  the  effects  of  lubricant  starvation  on  the 
minimum  film  thickness  under  conditions  of  hydrodynamic  point  contact.  Starvation  was 
effected  by  varying  the  fluid  inlet  level.  The  Reynolds  boundary  conditions  were 
applied  at  the  caviation  boundary,  and  zero  pressure  was  stipulated  at  the  meniscus  or 
inlet  boundary.  The  analysis  is  considered  valid  for  a  range  of  speeds  and  loads  for 
which  thermal,  piezoviscous ,  and  deformation  effects  are  negligible.  It  can  be  applied 
to  a  wide  range  of  geometries  (i.e.,  from  a  ball -on-plate  configuration  to  a  ball  in  a 
conforming  groove) .  Seventy-four  cases  were  us-id  to  numerically  determine 

(1)  A  generalized  expression  for  the  minimum  film  thickness  as  a  function  of  dimen¬ 
sionless  load-bpeed  ratio,  geometry,  and  fluid  inlet  level  (Eq.  (10)).  The  expression 
should  be  applied  for  film  thicknesses  in  the  range  l.OxlO"^  >  Hj  >  1.0x10“*  and  for 
fluid  inlet  levels  of  0.004  <  Hin  <  1.00.  For  5xl0'5  <  80  <  10“*  the  equation 

can  be  applied  for  a  fluid  inlet  level  of  0.001  £  H^n  T  1.00. 

(2)  A  film  thickness  reduction  factor  (Eq.  (13))  expressed  as  a  function  of  the 
degree  of  starvation  (or  fluid  inlet  level)  for  a  given  fully  flooded  film  thickness 
value . 

(3)  An  equation  (Eq.  (15))  that  determines  the  onset  of  starvation. 

(4)  An  equation  (Eq.  (17))  that  determines  a  critically  starved  contact.  Contour 
isobar  plots  and  three-dimensional  isometric  plots  also  presented. 

REFERENCES 

1.  Chiu,  Y,  P.,  "A  Theory  of  Hydrodynamic  Friction  Forces  in  Starved  Point  Contact 
Considering  Cavitation,"  ASME  Journal  of  Lubrication  Technology,  Vol.  96,  No.  2, 
Apr.  1974,  pp.  237-246. 

2.  Bonass,  R.  J.  "The  Effect  of  Oil  Supply  on  Cage  and  Roller  Motion  in  a  Lubricated 
Roller  Bearing,"  ASME  journal  of  Lubrication  Technology,  Vol.  92,  No.  1,  Jan.  1S70, 
pp.  39-53. 

3.  Martin,  H.  M. ,  "The  Lubrication  of  Gear-Teeth,"  Engineering  (London),  Vol.  102, 
1916,  pp.  119-121. 

4.  Peppier,  W. ,  "Druckueber tragung  and  Geschmierten  Zylindrischen  Gleitund 
Waelzf laechen , "  V.  D.  I.  Forschung.,  1938,  p.  391,  Supp.  to  Forschung  aug  dem 
Gebiete  des  Ingenieurwesens,  Vol,  9,  No.  4,  July-Aug.  1938. 

5.  Lauder,  W. ,  "Hydrodynamic  Lubrication  of  Proximate  Cylindrical  Surfaces  of  Large 
Relative  Curvature,"  Proc.  Instn.  Mech.  Eng.,  Vol.  180,  Part  3B,  1965-1966, 

pp.  101-106. 

6.  Tipei,  N.,  "Boundary  Conditions  of  a  Viscous  Flow  Between  Surfaces  with  Rolling  and 
Sliding  Motion,"  ASME  Journal  of  Lubrication  Technology,  Vol.  90,  No,  1,  Jan.  1968, 
pp.  254-261. 

7.  Samen,  W.  Y.,  "A  Study  of  Starved  Elastohydrodynamic  Lubrication  with  Particular 
Reference  to  Gyroscope  Bearings,"  Ph.D.  thesis,  Inst,  of  Tribology,  Leeds 
University,  July  1974,  p.  25. 

8.  Dowson,  D.,  "Laboratory  Experiments  and  Demonstrations  in  Tribology;  No.  2  -  The 
Principles  of  Hydrodynamic  Lubrication,"  Tribology,  Vol.  1,  No.  2,  Mar.  1968, 
pp.  104-108,  and  Vol.  1,  No.  3,  Aug.  1968,  pp.  150-156. 

9.  Floberg,  L. ,  "On  Hydrodynamic  Lubrication  with  Special  Reference  to  Subcavity  Pres¬ 
sures  and  Number  of  Streamers  in  Cavitation  Regions,"  Acta.  Polytech.  Scand., 

Series  ME.  19,  1965. 

10.  Floberg,  L.,  "Lubrication  of  Two  Rotating  Cylinders  at  Variable  Lubricant  Supply 
with  Reference  to  the  Tensile  Strength  of  the  Liquid  Lubricant,"  ASME  Journal  of 
Lubrication  Technology,  vol.  95,  No.  2,  Apr.  1973,  pp.  155-165. 


18-8 


11.  Wedeven,  L.  D. ,  Evans,  D. ,  and  Cameron,  A.,  "Optical  Analysis  oi  Ball  Bearing 
Starvation,"  ASME  Journal  of  Lubrication  Technology,  Vol.  93,  No.  3,  July  1971, 
pp.  349-363. 

12.  Oteri,  B.  I.,  "A  Study  of  the  Inlet  Boundary  Condition  and  the  Effect  of  Surface 
Quality  in  Certain  Lubrication  Problems,"  Ph.D.  thesis,  Leeds  University,  1972. 

13.  Wolveridge,  P.  E.,  Baglin,  K.  P.,  and  Archard,  J.  F.,  "The  Starved  Lubrication  of 
Cylinders  in  Line  Contact,"  proc.  instn.  Mech.  Eng.,  Vol.  185,  81/71,  1970/1971, 
pp.  1159-1169. 

14.  Hamrock,  B.  J.,  and  Dowson,  D.,  "isothermal  Elastohydrodynamic  Lubrication  of  Point 
Contacts,  Part  IV  -  Starvation  Results,"  ASME  Journal  of  Lubrication  Technology, 
Vol.  99,  No.  1,  Jan.  1977,  pp.  15-23. 

15.  Hamrock,  B.  J.,  and  Dowson,  D.,  "Elastohydrodynamic  Lubrication  of  Elliptical  Con¬ 
tacts  for  Materials  of  Low  Elastic  Modulus,  IT  -  Starved  Conjunction,"  ASME  Journal 
of  Lubrication  Technology,  Vol.  101,  No.  1,  Jan.  1979,  pp.  92-98. 

16.  Orcutt,  F.  K.,  and  Cheng,  H.  S.,  "Lubrication  of  Rolling-Contact  Instrument  Bear¬ 
ings,  "Proceedings  of  the  Gyro-Spin  Axis  Hydrodynamic  Bearing  Symposium,  Vol.  2: 
Ball  Bearings,  Massachusetts  Institute  of  Technology,  1966. 

17.  Castle,  P.,  and  Dowson,  D. ,  "A  Theoretical  Analysis  of  the  Starved  Elastohydro¬ 
dynamic  Lubrication  Problem  tor  Cylinders  in  Line  Contact,"  Elastohydrodynamic 
Lubrication,  Institution  of  Mechanical  Engineers  (London),  1972,  pp.  131-137. 

18.  Wymer,  D.  G.,  and  Cameron,  A.,  "Elastohydrodynamic  Lubrication  of  a  Line  Contact," 
Proc.  instn.  Mech.  Eng.  (London),  Vol.  188,  No.  19/74,  1974,  pp.  221-238. 

19.  Dalmaz,  G.,  and  Godet,  M. ,  "Effets  des  Conditions  d 'Alimentation  sur  I'Epaisseur 
du  Film  dans  les  Contacts  Hertziens  Lubrifies,"  Mec.  Mater iaux  Elec.  (France)  No. 
296-297,  Aug. -Sept.  1974,  pp.  25-34.  (See  NASA  TM-75782,  1980,  for  Transl.) 

20.  Floberq,  L.,  "Lubrication  of  a  Rotating  Cylinder  on  a  Plane  Surface,  Considering 
Cavitation,"  Trans.  Chalmers  univ.  Techn.  (Gothenburg),  No.  216,  1959. 

21.  Floberg ,  L.,  "Lubrication  of  Two  Cylindrical  Surfaces,  Considering  Cavitation," 
Trans.  Chalmers  Univ.  Techn.  (Gothenburg),  No.  234,  1961. 

22.  Brewe,  d.  E.,  Hamrock,  B.  J,,  and  Taylor,  C.  M.,  "Effect  of  Geometry  on  Hydro- 
dynamic  Film  Thickness,"  ASME  Journal  of  Lubrication  Technology,  vol.  101,  No.  2, 
Apr.  1979,  pp.  231-239. 

23.  Dowson,  D. ,  "The  inlet  Boundary  Condition,  Cavitation  and  Related  Phenomena  in 
Lubrication,"  D.  Dowson,  M.  Godet,  md  C.  M.  Taylor,  eds.,  Mechanical  Engineering 
Publications,  Ltd.,  1975,  pp.  143-152. 

24.  Spiegel,  Murray  R. ,  Schaum's  Outline  of  Theory  and  problems  of  Statistics, 
McGraw-Hill,  1961. 

25.  Dalmaz,  G.,  and  Godet,  M. ,  "Traction,  Load,  and  Film  Thickness  in  Lightly  Loaded 
Lubricated  Point  Contacts,"  J.  Mech.  Eng.  Sci.,  Vol.  15,  No.  6,  Dec,  1973, 

pp.  400-409. 

26.  Styri,  H,,  "Friction  Torque  in  Ball  and  Roller  Bearings,"  Mech.  Eng.,  Vol.  62, 

No.  12,  Dec.  1940,  pp.  886-890. 

27.  Kapitza,  P.  L.,  "Hydrodynamic  Theory  of  Lubrication  During  Rolling,"  Zh.  Tekh. 

Fiz.,  Vol.  25,  No.  4,  1955,  pp,  747-762. 

28.  Brewe,  D.  E. ,  Hamrock,  B.  J.,  "Analysis  of  Starvation  Effects  on  Hydrodynamic 
Lubrication  in  Nonconforming  Contacts,"  AVRADCOM  TK  81-C-17/NASA  TM-82668,  1981. 


"* 


18-9 


TABLE  I*.  -  COMPARISON  OP  DIMENSIONLESS  FILM  THICKNESS  VALUES  FROM  EQUATION  (10) 
WITH  01MENS 10NLESS  FILM  THICKNESS  VALUES  INPUT  TO  COMPUTER 


Oimensioiv- 


Dimensionless  minimum  film  thickness,  Hq;  radius  ratio,  a 


less  fluid 
inlet  level, 
^1n 

Hq  . 

1x10  '3j  a  . 

1.00 

Hq  . 

lxl0'3i  .  . 

36.54 

Hg  ■ 

5xlO*4j  .  . 

1.00 

Hq  ■ 

lxiO‘4i  a  - 

1.00 

Load- 

speed 

ratio, 

H/U 

Equat ion 
(10) 

"o 

Error, 

0, 

percent 

Load- 

tpead 

ratio, 

W/U 

Equation 

(10) 

ff0 

Error, 

0. 

percent 

Lotd- 

spi.d 

ratio, 

w/u 

rEquation 

(JO) 

WQ 

Error 

0, 

p»rc»nt 

Load- 

speed 

ratio, 

H/U 

Equation 

V 

Mi 

If i iinffl 

i.vXX) 

339.57 

O.9948xl0*3 

-0.52 

3646.70 

0.9843xl0"3 

-1.57 

495.54 

4.9644*10'4 

-0.71 

1153.59 

0,9906xlG“4 

-0.94 

.750 

339.07 

.9965 

-.35 

495.03 

4.9703 

-.59 

1153.05 

.9912 

-.88 

.500 

336.70 

1.0005 

♦  .05 

492.58 

4.9842 

-.32 

1150,64 

.9925 

-.75 

.250 

328.75 

1.0050 

♦.50 

484,57 

5.0029 

♦.06 

1142,56 

.9941 

-.59 

.150 

318.46 

1.0121 

♦1.21 

474.73 

5.0194 

♦.39 

1132.68 

.9956 

-.44 

.070 

295.6? 

1.0253 

*2/3 

453.55 

5.0326 

♦.65 

1106.4! 

1.0066 

♦.56 

.035 

255.79 

1.0361 

♦3.61 

421.79 

5.1078 

*2.16 

1077.99 

1.0064 

+  .64 

.020 

234.65 

1,0345 

♦3.45 

387.20 

5.1703 

+3.41 

1044,01 

1.0107 

+1.0? 

.010 

184.47 

1,014! 

♦1.42 

332.44 

5.1886 

♦3.7? 

1.0235 

♦2,35 

.004 

89.74 

,9481 

-5.19 

232.77 

5.0363 

♦.73 

■iTyjtfj 

1.0462 

♦4,62 

.002 

25.96 

.7170 

-28.31 

127,97 

4.7331 

-5.34 

735.62 

1.0563 

♦5.63 

,001 

4.54 

.3990 

-46.80 

-  - 

_ 

37.09 

3.5855 

-28.29 

567.75 

1.0489 

♦4.89 

Dimension¬ 
less  fluid 
Inlet  level. 
Hin 


Hq  -  lxlU'4;  a  ■  3o.S4 


Hn  .  s»10'5i  a  .  l.UO 


:<Q 


uiu 


-s. 


1.00 


Ha  ,  lxlO'5i  a  -  36.54 


Loao- 

SptfUU 

ratio, 

H/U 


1.000 

.750 

.500 

.250 

.150 

.070 

.035 

.020 

.010 

.004 

.00? 

.001 


12  430. V3 
12  428.08 
12  403.78 
12  3/3. do 
12  224.02 
12  042.0/ 
11  552.18 
11  16V. 70 
10  503.93 
V  232.6V 
/  869. 4d 
o  127.10 


Equation 

(10) 


.9728xiO*4 

.9/30 

.4/40 

.9/46 

.9/52 

.9698 

.9944 

.00 69 

.0216 

.0422 

.0535 

.0378 


trror, 

percent 


Load- 

IptftQ 

ratio, 

H/U 


Equation 

(i°) 

f'o 


-2.  n 

—2.71 

-2.60 

•3.54 

-3.48 

-3.03 

-.06 

*.69 

♦2.16 

♦4.22 

♦6.3b 

♦3.78 


lo46.?4 

1646.28 

1643.42 

1635.66 

1626.06 

1606.17 

1570.61 

1536.34 

1474.84 

1372.16 

1221.52 

1041.53 


4  .4498x10*® 

4.9514 

4.9558 

4.9674 

4.9662 

4.9633 

5.0085 

5.0256 

5.0721 

5.0430 

5.2245 

5.2763 


Error, 

0, 

p.rcent 


Load- 

iptad 

ratio, 

M/U 


-1,00 

-.97 

-.88 

-.75 

-.68 

-.73 

-.17 

♦.51 

♦1.44 

♦.86 

♦4.49 

♦5.53 


3706.19 

3705.65 

3703.29 

3695.02 

3685.42 

3665.43 
3648.45 
1613.91 
3552.69 
3447.13 

3294.44 
3108.58 


Equation 

(10) 


1 .0007x10' 
1.0009 
1.0013 
1.0019 
1.0022 
1.0020 
.9961 
.9978 
1.0017 
1.0005 
1.0176 
1.0253 


•5 


Error. 

0. 

parent 


Load- 

Sp.Bd 

ratio, 

m 


♦0.07 

♦,09 

♦.13 

♦.19 

♦.22 

♦.20 

-.39 

-.22 

♦.17 

♦.05 

♦1.76 

♦2.53 


40  269.42 


Equation 

(10) 


0. 9664x10** 


Error, 

0, 

percent 


-3.36 


TABLE  II*.  -  C0N5TANT5  AWkAKlNtt  IN  FILM  THICKNESS  EQUATION 


IEQ.  16))  FU R  EACH  FLUID  INLET  LEVEL 


Dimension  less 
fluid  inlet 
level, 

Min 

Least-squares 

coefficients 

Coefficient  ut 
determination. 

Maximum  percentage 
of  error  in  film 
thickness  deter¬ 
mination  (eo.  (7)), 
umax 

ci 

Cy 

1.000 

0.08455 

2.6511 

o.vvvvv 

♦1.67 

,750 

.08455 

2.6931 

1 

♦1.6/ 

.500 

.08455 

2,8941 

U.67 

,250 

,Od456 

3.5/20 

♦1.61 

.150 

.08454 

4.4226 

l 

+  1.78 

.0/0 

.08447 

6.3850 

T 

<1.68 

.035 

.08414 

V  .2635 

l.UOOUU 

-0.14 

.020 

.08418 

12.U388 

1 . oooou 

-1.06 

.010 

.08440 

16.623V 

.vvvvv 

-3.51 

,004 

.08452 

25.28V2 

.vvvvo 

-7.47 

,002 

.08630 

33,5023 

.V9V34 

-21. 72 

.001 

.088/8 

43.2636 

.VV737 

-30.0/ 

TABLE  III*.  -  DIMENSIONLESS  FlUlO  INLET  VALUES  THAI  DETERMINE  STARVED  - 
FULLY  FLOODED  BOUNDARY  AND  CRITICALLY  STARVED  BOUNDARY  FOR  SEVERAL 
VALUES  OF  MINIMUM  FILM  THICKNESS  FOR  A  FLOODED  CONJUNCTION 


Oimension- 
less  fluid 

Oimensionless  minimum  film  thickness, 
for  a  flooded  conjunction,  Hq  f 

inlet  values 

5*10‘5 

7.5*10--- 

i*io-4 

0.148 

.056 

2.5x10-4 

5*10-4] 

7,S*10’4 

1 1x10 ’ 3 

H»n 

Hin,cr 

0.107 

.046 

0,130 

.052 

0.212 

.074 

0.265 

,091 

0.29? 

.103 

o  i 

*(From  ref ,  ?8) . 

*Tht$  value  of  H/U  was  dete'inined  using  Hq  -  7.5x10*4,  since  Hq  -  Hjn  results  in  no  load  capacity. 
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1  , 

'"Hq  ■  1x10  3 

(a)  Fully  flooded  condition:  dimensionless  fluid  inlet  level  Hjn  ■  1. 00. 


(b)  Starved  condition:  dimensionless  fluid  inlet  level  Hin*  0.002. 

Figure  3.  -  Three-dimensional  representation  of  pressure  distribution,  comparing  starved  with 
fully  flooded  conjunction  'or  dimensionless  minimum  film  thickness  Hq  ■  lxlO'3. 


(a)  Fully  flooded  condition:  (bl  Starved  condition:  (c)  Starved  condition: 

dimensionless  fluid  Inlet  level  Hin  ■  a  004:  Pma)(  ■  1. 19xlCT;  Hjn  ■  0. 001:  Fma„  *  1. 13xl(ft 

Hjn  ■  1. 00:  dimensionless  W/U  ■  862. 6.  W/U  -  567. 8. 

maximum  pressure  Pmax  * 

1.20x10":  dimensionless  load- 
speed  ratio  W/U*  11536. 


Figure  4,  -  Isobaric  contour  plots  for  three  fluid  inlet  levels  for  dimensionless  minimum  film  thickness 
H0  ■  1x10  . 


Dimensionless  minimum  film  thickness. 


Dimensionless  fluid  inlet  level, 

M|n 


0 

1.000 

0 

.035 

o 

.010 

.  □ 

.004 

A 

.002 

0 

.001 

■  Eq.  (10) 

w/u  *, 

\  H, 

Lj  eH,n 

gt(128a)1,Z  \  Hjn 

/ 

Figure  5.  -  Comparison  of  dimensionless  minimum  film  thickness  equation  (eq.  (10)1 
with  computer-generated  data  as  a  function  of  dimensionless  load-speed  ratio  for 
several  values  of  dimensionless  fluid  inlet  level. 


Dimensionless 
minimum 
film  thickness  for 
flooded  conjunction 

H0,l 


Figure  7.  -  Minimum  film  thickness  reduction  factor  as  a 
function  of  fluid  inlet  level  for  several  values  of  dimen¬ 
sionless  minimum  film  thickness  for  flooded  conjunction, 
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DISCUSSION 


D.G.Astridge,  Westland  Helicopters,  Yeovil,  UK 

(1)  In  determining  the  levels  of  starvation  that  one  dare  operate  at  in  roller  bearings  it  is  important  to  consider  the 
traction  capability  of  the  contacts  as  well  as  minimum  film  thickness.  Have  you  attempted  to  predict  the 
tractive  capacity  vs  starvation  characteristics. 

(2)  How  does  your  work  differ  from  that  of  Archard  and  Baglin  (1972)? 

Author’s  Replv 

(1 )  I  must  agree  with  you  that  it  would  have  been  equally  dcsircable  to  calculate  the  effect  of  starvation  on 
traction  when  determining  a  critical  fluid  inlet  level. 

(2)  Our  work  diffeis  from  Archard  and  Gablin  (1972)  in  that  their  starvation  analysis  was  for  line  contacts  and 
included  the  LHD  regime  as  well,  whereas  our  results  apply  to  a  wide  range  of  geometries  but  is  restricted  to 
rigid  contacts  (isoviseous,  undeformed  contacts). 


C.M.Taylor,  University  of  Leeds,  UK 

(1 )  Have  you  checked  your  starvation  data  against  that  for  cylinders  published  by  Whitaker  and  Dowson  in  the 
early  1960s? 

(2)  You  suggest  that  at  high  Ho  the  discrepancy  between  the  experimental  results  of  Dalmaz/Godet  and  your 
predictions  would  be  due  to  youi  reject  of  reverse  flow  in  the  inlet.  However,  does  not  your  solution  actually 
admit  to  reverse  flow  (if  not,  give  the  details)  from  the  balance  of  Poiseuille/Couette  effects? 

Author’s  Reply 

(1 )  Prior  to  this  we  had  not  compared  our  starvation  data  against  that  for  cylinders  published  by  Whitaker  and 
Dowson  (1965).  A  quick  check  with  their  work  shows  that  for  a  given  fluid  inlet  level  of  Hjn  =  .01 .  and 
a  =  36.5  (approaching  line  contact)  the  percent  of  load  capacity  to  that  when  the  inlet  is  fully  flooded 
(i.e„  Hin  =  1. 00)  is  about  85  percent.  Whitaker  and  Dowson  predict  about  98  percent  for  a  fluid  inlet  level 
corresponding  to  Hjn  -  .01  ( 0  =  —9°).  This  is  understandable  since  the  loan  bearing  region  for  an  elliptical 
contact  per  unit  width  vvouid  be  less  than  that  for  a  line  contact  per  unit  width.  Further,  our  theory  still  allows 
for  some  side  leakage  even  though  a  =  36.5  (near  line  contact). 

(2)  You  are  quite  correct  in  pointing  out  that  the  Reynolds  equation  docs  account  for  reverse  flow  since  it  is 
derived  from  a  flow  balance.  In  my  presentation,  I  have  perhaps  been  careless  to  use  reverse  flow  when  it  was 
intended  to  include  the  situation  in  which  a  circulation  zone  is  set  up  downstream  of  the  inlet  meniscus 
without  a  net  reverse  flow.  In  this  situation,  the  circulation  represents  a  certain  amount  of  fluid  that  does  not 
pass  through  the  contact  and  hence  does  not  contribute  to  the  load  capacity.  A  bi-dimensional  stream  function 
analysis  should  be  used  to  properly  include  the  circulation  effects  on  the  inlet. 
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SUMMARY 

Efficiency  tests  were  conducted  using  eleven  different  lubricants  in  the  NASA  Lewis  Research  Cen¬ 
ter's  500  hp  torque  regenerative  helicopter  transmission  test  stand.  The  test  transmission  was  the 
OH58A  helicopter  main  transmission.  The  mechancial  power  input  to  the  test  transmission  was  224kW  (300 
hp)  at  6060  rpm.  Tests  were  run  at  oil-in  temperatures  of  355°K  (180°F)  and  372°K  (210°F).  The  effi¬ 
ciency  was  calculated  from  a  heat  balance  on  the  water  running  through  an  oil-to-water  heat  exchanger 
while  the  transmission  was  heavily  insulated. 

The  following  results  t/ere  obtained. 

1.  Among  the  eleven  different  lubricants,  the  efficiency  ranged  from  98.3  to  98.8  percent,  which 

is  a  50  percent  variation  relative  to  the  losses  associated  with  the  maximum  efficiency  measured. 

2.  For  a  given  lubricant,  the  efficiency  increased  as  temperature  increased  and  thus  as  viscos¬ 
ity  decreased.  There  were  two  exceptions  which  could  not  be  explained  on  the  basis  of  available 
data. 

3.  Between  lubricants,  efficiency  was  not  correlated  with  viscosity.  There  were  relatively  large 
variations  in  efficiency  with  the  different  lubricants  whose  viscosity  generally  fell  in  the  5 
to  7  centistoke  range. 

4.  The  lubricants  had  no  significant  effect  on  the  vibration  signature  of  the  transmission. 


INTRODUCTION 

The  mechanical  efficiency  of  helicopter  power  train  components  is  generally  very  high.  As  a  rule 
of  thumb,  there  is  a  loss  of  3/4  percent  for  a  planetary  stage,  and  1/2  percent  for  a  single  gear  mesh. 
More  specific  estimates  may  be  found  in  reference  1.  An  important  step  in  development  of  the  power 
transmission  path  in  helicopters  is  to  do  everything  possible  to  minimize  power  losses.  Minimizing  the 
power  loss  makes  it  possible  to  extend  the  performance  envelope  for  the  helicopter.  Range,  payload,  and 
operating  ceiling  can  be  increased  if  efficiency  is  increased.  With  large,  high  power  helicopter  appli¬ 
cations  only  a  few  tenths  of  one  percent  mechanical  power  loss  can  be  the  equivalent  to  the  loss  of 
hundreds  of  kilowatts.  Compared  with  total  power  used  this  loss  may  seem  trivial  from  an  energy  conser¬ 
vation  viewpoint,  but  the  effect  on  the  operating  envelope  may  be  more  significant.  Since  all  mechan¬ 
ical  power  losses  must  be  dissipated  as  heat,  improvements  in  transmission  efficiency  will  permit  smaller 
and  lighter  weight  cooling  systems.  This  effect  adds  to  increase  the  payload  capacity  of  the  helicopter. 

The  total  power  loss  in  a  helicopter  transmission  is  a  function  of  many  parameters.  Sliding  fric¬ 
tion  losses  in  the  gears,  bearings,  and  seals  contribute  a  large  effect.  Sliding  losses  occur  in  what¬ 
ever  lubrication  regime  is  present,  whether  the  regime  is  hydrodynamic,  elastohydrodynamio ,  boundary  lu¬ 
brication,  or  some  mixture  of  these.  Other  large  contributors  to  the  losses  are  windage  losses  and  lu¬ 
bricant  churning  losses  in  the  rotating  components.  To  a  lesser  extent  rolling  traction  losses  and  ma¬ 
terial  hysteretic  losses  are  also  contributors  to  total  power  loss.  In  a  high  speed  transmission  it  is 
expected  that  a  variety  of  physical  and  chemical  characteristics  of  the  oil  influence  the  operating  ef¬ 
ficiency. 

Martin  (ref  2)  presented  a  comprehensive  review  and  bibliography  of  power  loss  calculations  for 
friction  between  gear  teeth.  Martin  (ref  3)  concentrates  on  the  problem  of  calculating  the  losses  in 
the  tooth  contact.  Anderson  and  Loewcnthal  (ref  4)  give  a  more  encompassing  method  of  estimation  of 
power  losses  which  extends  the  calculation  to  partially  loaded  gear  sets,  including  bearings.  Bearing 
power  loss  was  earlier  addressed  by  Townsend,  Allen,  and  Zaretsky  (ref  5).  Martin  (refs  2  and  3)  has 
pointed  out  that  efficiency  is  important  since  it  directly  affects  the  cooling  requirements  of  the  gears. 
Townsend  and  Akin  (refs  6  to  8)  have  studied  gear  tooth  cooling  and  concluded  that  for  best  efficiency 
and  cooling,  the  gears  should  be  jet  lubricated  with  radially  directed  jets  o.i  the  exit  side  of  the  gear 
mesh. 


Murphy,  et  al  (ref  9)  have  studied  the  effect  of  lubricant  traction  on  worm  gear  efficiency.  They 
found  that  synthetic  oils  with  lowest  traction  coefficients  gave  the  best  efficiency.  This  is  to  be  ex¬ 
pected  since  traction  losses  are  the  largest  component  of  total  loss  in  low  speed  worm  gear  sets  which 
normally  do  not  have  much  churning  and  windage  losses. 
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In  view  of  Che  above,  Che  objecCive  of  Che  work  presented  herein  was  Co  measure  Che  operacing  effi¬ 
ciency  of  a  helicopCer  transmission  with  eleven  different  commercially  available  lubricants.  A  further 
objective  was  to  examine  the  measured  results  for  correlation  with  available  physical  property  data  on 
the  lubricants  and  thereby  determine  reasons  for  the  variability  in  efficiency  from  one  lubricant  to  an¬ 
other. 

APPARATUS,  SPECIMENS,  AND  PROCEDURE 


Transmiss ion  Te at  Stand 

Figure  1  shows  the  NASA  500  HI  helicopter  transmission  test  stand,  which  was  used  to  run  the  effi¬ 
ciency  tests.  The  test  stand  operates  on  the  "four-square"  or  torque  regenerative  principle,  where  me¬ 
chanical  power  is  recirculated  around  the  closed  loop  of  gears  and  shafting,  passing  through  the  test 
transmission.  A  149kW  (200hp)  SCR  controlled  DC  motor  is  used  to  power  the  test  stand  and  control  the 
speed.  Since  the  torque  and  power  is  recirculated  around  the  loop,  only  the  losses  due  to  friction  have 
to  be  replenished. 

A  llkW  (15hp)  SCR  controlled  DC  motor  driving  against  a  magnetic  particle  clutch  is  used  to  set  the 
torque  in  the  test  stand.  The  output  of  the  clutch  does  not  turn  continuously,  but  only  exerts  a  torque 
through  the  speed  reducer  gearbox  and  chain  drive  to  the  large  sprocket  on  the  differential  gear  unit. 

The  large  sprocket  is  the  first  input  to  the  differential.  The  second  input  is  from  the  upper  shaft 
which  passes  concentrically  through  the  hollow  upper  gear  shaft  in  the  closing  end  gearbox.  The  output 
shaft  from  the  differential  gear  unit  is  the  previously  mentioned  hollow  upper  gear  shaft  of  the  closing 
end  gearbox.  The  torque  in  the  loop  is  adjusted  by  changing  the  electrical  field  strength  at  the  magnetic 
particle  clutch.  The  llkW  (15hp)  motor  was  set  to  turn  continuously  at  70  rpm. 

The  input  and  output  shafts  to  the  test  transmission  are  equipped  with  speed  sensors,  torque  meters, 
and  slip  rings. 

Figure  2  is  a  schematic  of  the  efficiency  measurement  system.  The  system  allows  the  helicopter 
transmission  to  be  operated  in  a  thermally  insulated  environment  with  provisions  to  collect  and  measure 
the  heat  generation  due  to  mechanical  power  losses  in  the  transmission.  In  this  schematic,  the  instru¬ 
mentation  used  to  measure  torque  and  speed,  and  hence  power  input  to  the  test  transmission  is  not  shown. 
The  original  oi 1-to-air  heat  exchanger  which  is  standard  flight  hardware  was  replaced  with  an  oil-to- 
water  heat  exchanger  so  as  to  allow  more  precise  measurements  of  the  heat  rejection  during  an  efficiency 
test  run.  By  using  the  water  to  remove  heat,  any  uncertainty  of  the  correct  value  for  specific  heat  of 
the  oil  was  removed. 

Figure  3  shows  the  test  transmission  mounted  in  the  test  stand.  Figure  4  shows  the  test  stand  with 
the  insulated  housing  around  the  test  transmission.  Thermocouples  were  placed  at  various  locations  in¬ 
side  the  insulated  housing  to  verify  the  adequacy  of  the  insulation. 

Test  Lubricants 

Tables  1  to  4  describe  the  lubricants  used,  their  specification,  physical  properties  and  generic 
identification.  All  the  lubricants  were  tested  tor  physical  properties,  contaminents ,  and  wear  particles 
prior  to  and  after  completion  of  all  test  runs,  as  further  described  herein.  Table  5  lists  supplemental 
data  related  to  the  lubricants  in  this  study  which  was  gathered  from  references  10-12.  All  the  lubricants 
were  near  to  the  5-7  centistoke  range  in  viscosity  and  were  qualified  for  use  or  considered  likely  candi¬ 
dates  for  use  in  helicopter  transmissions.  Lubricants  A  and  B  are  automatic  transmission  fluids  (ref 
13). 

Test  Transmission 

The  test  trnnsmias'on  was  the  main  rotor  transmission  from  the  U.S,  Army's  light  observation  heli¬ 
copter  (OH-58)  as  described  in  reference  14  and  shown  in  figure  5.  The  transmission  is  rated  for  201kW 
(270hp)  continuous  duty  and  235kW  (317  horsepower)  at  takeoff  for  5  minutes.  The  100  percent  input  speed 
is  354  rpm.  The  input  shaft  drives  a  19  tooth  spiral  bevel  pinion.  The  pinion  meshes  with  a  71  tooth 
gear  The  input  pinion  shaft  is  mounted  on  triplex  ball  bearings  and  one  roller  bearing.  The  71  tooth 
bevel  gear  is  carried  on  a  shaft  mounted  in  duplex  ball  bearings  and  one  roller  bearing.  The  bevel  gear 
shatt  drives  a  floating  sun-geat  which  has  27  teeth.  The  power  is  taken  out  through  the  planet  carriei. 
There  are  three  planet  gears  of  35  teeth  which  are  mounted  on  spherical  roller  bearings.  The  ring  gear 
(99  teeth)  is  splined  to  the  top  case  and  therefore  is  stationary.  The  overall  gear  ratio  is  17.44:1  re¬ 
duction. 

The  planet  bearing  inner  races  and  rollers  are  made  of  AISI  M-50  steel.  The  outer  races  and  planet 
gears,  which  are  integral,  are  made  of  AISI  9310.  The  cage  material  is  2024-T4  aluminum.  The  gear  shaft 
duplex  bearing  material  is  CVM  52CB,  All  other  bearings  are  made  of  AISI  52100  with  bronze  cages.  The 
sun  gear  and  ring  gear  material  is  Nitralloy  N  (AMS6475).  Tl  ?  input  spiral  bevel  gear-set  material  is 
AISI  9310.  Lubrication  is  supplied  through  jets  located  in  the  top  case. 

Test  Pr ocedure 

Before  the  start  of  each  efficiency  test,  the  transmission  and  heat  exchanger  were  cleaned  out  with 
solvent  and  the  transmission  components  were  visually  inspected.  Gear  tooth  surfaces  were  photographed. 
The  transmission  was  then  assembled  and  mounted  in  the  test  stand  and  filled  with  oil.  The  rig  was  run 
briefly  to  check  for  oil  leaks.  Then  the  loose  fill  insulation  was  added,  filling  the  plexiglass  box  to 
completely  surround  and  thermally  insulate  the  tejt  apparatus  and  transmission. 

Efficiency  test  runs  were  made  with  the  oil  inlet  temperature  controlled  to  within  less  than  one  de¬ 
gree  kelvin.  Tests  were  run  at  oil  in'et  temperatures  of  approximately  355°K  (180°F)  and  372°K  (210°F). 
The  torque  on  the  input  shaft  was  352  N-m  (3118  lb-in)  for  each  run.  The  input  speed  was  6060  rpm.  This 
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corresponds  to  the  full  power  condition  on  the  test  transmission.  The  oil  inlet  and  oil  outlet  tempera¬ 
tures  were  monitored  until  equilibrium  conditions  were  established,  which  generally  took  about  20-30 
minutes.  Then  the  efficiency  test  run  was  started.  Water  was  collected  in  the  weighing  tank  and  data 
was  recorded  for  total  water  weight,  inlet  and  outlet  temperatures  for  the  water  and  oil,  and  flow  rate 
for  the  water  and  oil.  Vibration  spectrum  records  were  made  for  seven  accelerometers  mounted  on  the 
test  transmission,  Data  logging  records  were  taken  once  each  minute  for  a  total  test  time  of  approximately 
30  minutes  for  each  test  temperature. 

After  the  tests  were  completed  the  transmission  was  disassembled,  cleaned  and  visually  inspected 
for  changes  in  the  gear  and  bearing  surfaces.  Photographic  records  were  made.  The  lubricant  was  saved 
for  later  analysis.  The  efficiency  was  tater  calculated  from  the  heat  balance  on  the  water  that  flowed 
through  the  heat  exchanger. 


RESULTS  AND  DISCUSSION 

The  experimentally  determined  efficiencies  are  listed  in  table  6  and  plotted  against  oil  inlet  tem- 
in  figure  6.  The  range  of  efficiencies  varied  from  98.3  to  98.8  percent.  This  is  an  overall 
ion  i\  losses  of  almost  50  percent,  telative  to  the  losses  associated  with  the  maximum  efficiency 
asurvd. 

In  general,  the  higher  test  temperature  for  a  given  lubricant  yielded  a  higher  efficiency.  The  ex¬ 
ceptions  were  with  lubricants  E  and  C,  which  were  different  types  of  synthetic  lubricant.  Lubricant  G, 
being  more  viscous  than  the  other  lubricants  could  not  be  tested  at  the  targeted  oil  inlet  temperature. 

This  was  because  the  heat  generated  could  not  be  removed  with  the  existing  water/oil  heat  exchanger. 

The  test  temperature  floated  up  to  378. 5°K  with  the  heat  exchanger  at  full  water  flow  capacity.  At  the 
higher  temperature  the  efficiency  for  oil  G  was  consistent  with  the  efficiencies  lower  viscosity  oils. 

The  two  automatic  transmission  fluids  (A  and  B)  and  the  Type  I  Synthetic  Gear  Lubricant  (E)  yielded 
significantly  lower  efficiencies  as  a  group. 

In  figure  7  the  efficiencies  are  plotted  against  the  lubricant  viscosity  at  the  inlet  temperature. 

This  was  done  to  determine  if  the  efficiency  is  strongly  dependent  on  the  viscosity.  By  the  plotted  re¬ 
sults,  it  is  clear  that  viscosity  variation  is  not  the  primary  reason  for  the  varying  efficiencies  be¬ 
tween  the  different  lubricants.  But  there  is  a  general  trend  to  higher  efficiency  for  lower  viscosity 
for  all  the  lubricants  except  C  and  E.  The  slope  of  the  aforementioned  trend  is  identical  for  a  large 
number  of  the  lubricants. 

The  reason  for  the  lower  efficiency  for  lubricants  A,  B,  and  E  is  suspected  to  be  related  to  higher 
traction  coefficient  characteristics,  which  would  come  into  effect  in  the  elastohydrodynamic  regime  of 
lubrication  between  the  gear  teeth.  It  is  interesting  to  note  that  while  the  Mil-L-7808  lubricant  was 
the  lowest  viscosity  oil,  the  efficiency  was  no  better  than  the  Mil-L-23699  lubricants.  This  may  also 
be  related  to  an  EHD  tractional  or  frictional  phenomenon.  The  reason  for  the  reverse  trends  with  viscosity 
for  lubricants  E  and  C  is  unknown  at  this  time. 

The  vibration  spectra  were  monitored  during  the  tests  with  the  various  lubricants.  The  variations 
in  amplitude  were  insignificant  from  one  oil  to  the  next.  Figure  8  is  an  typical  vibration  spectrum 
measured  by  placing  an  accelerometer  on  the  transmission  case  at  the  split  line  between  the  top  and  bot¬ 
tom  cases. 

Tables  7-10  give  the  comparison  between  the  lubricant  analyses  performed  before  and  after  the  effi¬ 
ciency  test  runs.  It  is  noticed  that  lubricants  A  and  C  showed  significant  increases  in  the  iron  con¬ 
tent  (table  7).  Also,  lubricant  E  showed  a  strong  acid  value  before  and  after  the  test  runs  (table  8). 
These  three  lubricants  were  among  the  ones  giving  deviant  performances  for  efficiency. 

The  visual  inspection  of  the  transmission  components  after  each  test  run  showed  no  indications  of 
wear  or  degradation.  In  fact,  the  black  oxide  coating  which  was  placed  on  the  gear  surfaces  during 
manufacturing  was  hardly  worn  off. 


SUMMARY  AND  RESULTS 

Efficiency  tests  were  conducted  using  eleven  different  lubricants  in  the  NASA  Lewis  Research  Oenter's 
500  lip  torque  regenerative  helicopter  transmission  test  stand.  The  test  transmission  was  the  OH58A 
helicopter  main  transmission.  The  mechanical  power  input  to  the  test  transmission  was  224kW  (300hp)  at 
6060  rpm.  Tests  were  run  at  oil-in  temperatures  of  355°K  (180°F)  and  372°K  (210°F).  The  efficiency  was 
calculated  from  a  heat  balance  on  the  water  running  through  an  oil-to-water  heat  exchanger  while  the 
transmission  was  heavily  insulated. 

The  following  results  were  obtained. 

1.  Among  the  eleven  different  lubricants,  the  efficiency  ranged  from  98.3  to  98.8  percent,  which 
is  a  50  percent  variation  relative  to  the  losses  associated  with  the  maximum  efficiency  mea¬ 
sured  . 

2.  For  a  given  lubricant,  the  efficiency  increased  as  temperature  inc-eased  and  thus  as  viscosity 
decreased.  There  were  two  exceptions  which  could  not  be  explained  on  the  basis  of  available 
data. 

3.  Between  lubricants,  efficiency  was  not  correlated  with  viscosity.  There  were  relatively  large 
variations  in  efficiency  with  the  different  lubricants  whose  viscosity  generally  fell  in  the 

5  to  7  centistoke  range. 

4.  The  lubricants  had  no  significant  effect  on  the  vibration  signature  of  the  transmission. 
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Autimatic  Transmission  Fluid 


Table  2 

ific  Gravity  Data  According  to  AN.-.'I/ASTM  Specification  D— 1481, 
API  Gravity  According  to  ANSI/ASTM  *Specif ication  D-1298 


*ANSI/ASTM,  American  National  Standards  Institute/American 
Society  for  Testing  and  Materials 


Table  5 

Pressure-viscosity  coefficients  for  test  lubricants 
expressed  as  reciprocal  asymtotic  isoviscous  pressures 


LUBRICANT 


RECIPROCAL  ASYMTOTIC  ISOVISCOUS  PRESSURE, 
a*,  (N/m2)-1  @  LISTED  TEMPERATURE 

SOURCE 

OF 

31 1°K 

372°K 

422°K 

DATA 

1.35xl0-8 

.951x10'® 

.772x10"® 

ref  11 

a 

a 

l.OlxlO"8 

a 

.832x10"® 

ref  10 

b 

1.90x10-8 

b 

1.50x10-® 

b 

1.15x10-® 

ref  «2C 

1.42x10-8 

1 .02x10"® 

. 918x10® 

ref  11 

- 

.894x10“® 

.731x10'8 

ref  10 

b 

b 

1.28x10-8 

b 

b 

.987x10'® 

b 

b 

.851x10-8 

ref  12 

most  likely  the  same  as  A  since  they  are  similar  lubricants 
most  likely  the  same  as  C  or  K  since  they  are  similar  lubricants 
estimate  based  on  ref  12 


Table  6 

Measured  efficiencies 


LUBRICANT 


EFFICIENCY 


INLET  TEMP,  °K 


H 

.9871 

i  .987' 

,  98t  9 
.9882 


355.6 

372.3 


LUBRICANT 


IRON  CONTENT  <ppm) 


BEFORE  TEST 

AFTER  TEST 

A 

l 

4 

B 

<  1 

<  1 

C 

1 

6 

D 

<  1 

1 

E 

<  1 

1 

F 

<  1 

2 

C 

2 

3 

H 

<  1 

1 

I 

<  1 

<  1 

J 

<  1 

<  1 

K 

<  1 

<  1 

Table  8 

Lubricant  acid  analysis  according  to 
ANSI/ASTM  Specification  D-664 


LUBRICANT 


TOTAL  ACID  NUMBER 
Mg  KOH/g 


A 

B 

C 

D 

E 

F 

G 

H 

I 

J 

K 


BEFORE  TEST 

AFTER  TEST 

.54 

.54 

.01 

.02 

.07 

.07 

15.8* 

15. 7t 

.42 

.51 

3.2 

j.5 

.34 

.34 

.34 

.38 

.48 

.43 

*  Strong  acid  value  ■  7.1  on  sample 
t  6.2  acid  value 
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Table  10 

Wear  metals  test  results  using  x-ray  fluorescence  filter  method  (ref  16) 


LUBRICANT 

ELEMENTS  (PPM) 

LIMIT<3>0F 

BEFORE 

AFTER 

Ma 

At 

II 

Fe 

Ni 

Cu 

Pb 

ZnO) 

p  ( 2 ) 

S(2) 

Ca<*> 

Ba^z) 

DETECTION  (PPM) 

A 

0.46 

_ 

in 

_ 

■» 

_ 

0.21 

0.18 

4.71 

H9 

0.11 

“ 

5.91 

m 

0.51 

0.10 

0.14 

_ 

0.11 

0*17 

_ 

1.12 

m 

0.09 

B 

■ 

■ 

fl 

fl 

B 

B 

B 

B 

B 

- 

- 

- 

- 

C 

0.28 

0.73 

0.13 

■ 

0.26 

_ 

0.09 

2.97 

1.04 

2.19 

0.21 

0.12 

H 

0.15 

0.19 

0.20 

_ 

— 

0.09 

D 

0.27 

_ 

0.16 

_ 

0.11 

1.16 

0.24 

0.19 

0.20 

0.20 

0.71 

0.51 

“ 

_ 

0.15 

E 

0.19 

7.57 

0.10 

B 

1.28 

H 

m 

0.29 

BUB 

0.09 

1.69 

1.61 

0.26 

B 

0.11 

“ 

Hfl 

■ 

IB 

0.09 

F 

0.31 

m 

0.45 

■ 

1 

■ 

B 

EH 

7.08 

1 

0.10 

5.36 

1 

2.49 

B 

B 

B 

B 

B 

i 

51.0 

1 

— 

0.55 

G 

in 

* 

4.91 

■ 

H 

B 

IB 

0.70 

5.29 

8.69 

_ 

0.43 

Hi 

0.67 

1.49 

_ 

0.22 

B 

B 

B 

taa 

*• 

0.89 

2.53 

0.13 

H 

0.29 

_ 

as 

0.11 

■ 

B 

* 

EH 

EH 

_ 

0.10 

0.67 

4.68 

Ba 

m 

B 

0.26 

' 

B 

0.62 

m 

Ki 

3.47 

— 

0.25 

I 

0.33 

_ 

0.56 

B 

0.11 

* 

0.10 

0.34 

1.18 

0.85 

0.58 

B 

0.12 

0.13 

~ 

0.11 

J 

■ 

■ 

B 

fl 

B 

B 

B 

B 

- 

- 

_ 

B 

- 

- 

m^i 

m 

_ 

m 

m 

H 

_ 

2.51 

B 

B 

0.24 

m 

0.39 

Ha 

m 

' 

0.65 

' 

1.86 

“ 

0.37 

■7—* - -  .  — ,  l  »  .  l  -  ■  l  -  .1  ,  ,  i —  ■  1  ■■  I.  ■■  ■  »  I,  1  1 

(1)  Zn  could  be  due  to  wear  when  present  with  copper »  or  as  an  additive  when  present  alone. 

(2)  P,  S,  Ca,  Ba  probably  present  as  additives. 

(3)  Limit  of  detection  for  sample,  when  -  shown,  element  is  less  than  this  value. 
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Fig,  1  NASA  500  hp  helicopter  transmission  test  stand 
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Fig,2  Schematic  of  measurement  system 
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Fig.7  Experimental  efficiency  correlated  with  lubricant  viscosity 
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Fig. 8  Typical  vibration  spectrum 
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DISCUSSION 


P.T.Comish,  SNF'A  Bearings  Ltd,  UK 

Was  the  effeet  of  transmitted  power  level  (both  by  change  of  torque  and  speed)  on  efficiency  studied? 

Author’s  Reply 

Parametric  explorations  of  efficiency  were  made  to  determine  the  effect  of  speed  and  torque.  There  was  very  little 
effect  of  speed,  but  with  torque,  beginning  at  less  than  about  90  percent  of  full  load  torque,  the  efficiency  decreased 
sharply  and  continued  to  decrease  as  the  torque  decreased. 


F.Snyder,  University  of  Waterloo,  Ca 

(1)  What  type  of  solvent  did  you  use  to  clean  the  transmission? 

(2)  In  what  order  were  the  lubricants  tested;  and  could  the  efficiency  of  lubricant  “A”  be  reproduced  after  testing 
one  of  the  lubricants  with  an  anti-wear  additive. 

Author’s  Reply 

(1)  The  transmission  and  heat  exchanger  were  taken  apart  and  the  parts  were  cleaned  in  trichlorethylene  with  a 
final  rinse  in  alcohol. 

(2)  The  lubricants  were  tested  in  the  order  as  listed  in  the  tables.  Lubricant  C  was  the  lubricant  used  in  repeat 
testing  as  well  as  in  other  types  of  parametric  tests.  When  the  tests  with  this  lubricant  were  repeated,  the  same 
results  within  0.1  percent  efficiency  points  were  obtained.  Tests  were  repeated  on  the  same  day  as  well  as 
several  months  apart.  The  lubricant  known  to  have  the  strongest  additive  package  was  tested  last.  The 
lubricant  C  was  not  run  again  after  that.  According  to  Mr  Charles  Braddock  of  Bell  Helicopter,  rehoning  the 
gears  is  the  only  sure  way  to  remove  the  surface  reactants.  This,  of  course,  was  not  done  in  our  program. 


D.G.Astridge,  Westland  Helicopters.  Yeovil,  UK 

(1)  What  level  of  filtration  was  used? 

(2)  Were  any  repeat  tests  done 

(a)  Before  and  after  gearbox  strip  -  influence  of  build? 

(b)  First  oil  repeated  at  end  of  test-influence  of  wear? 

Author’s  Reply 

(1)  The  standard  filter  was  used  which  I  believe  is  30  40  micron,  nominal. 

(2)  (a)  There  were  no  influences  of  build  noticed,  but  the  teardown  between  tests  was  only  partial.  The  input 

bearings  and  pinion  were  not  removed  from  the  lower  case  between  tests. 

vb)  The  question  about  repeating  the  test  has  been  answered  before.  The  tests  were  not  long  enough  to  cause 
significant  changes  in  wear.  The  gearbox  was  well  worn  in  before  tests  had  begun,  having  approximately 
100  -200  hours  on  it. 


W.E.A.Fries,  Ministry  of  Defense,  (le 

Did  you  monitor  wear  during  the  gear  box  tests,  and,  if  so,  which  methods  were  used? 

Author’s  Reply 

Yes,  two  methods  of  wear  analysis  were  used.  For  iron  content  before  and  after  the  test,  please  refer  to  Table  7; 
and  for  other  wear  metals  see  Table  10.  Particle  counts  are  reported  also  in  Table  9.  The  oral  presentation  had  to  be 
brief  and  the  materials  presented  in  the  tables  could  not  be  discussed.  There  is,  however,  much  interesting  data  there 
for  those  who  are  inclined  to  study  it  closer. 


B. Courage,  Rolls  Royce  Ltd,  Bristol,  UK 

Your  tests  were  run  with  an  internal  lube  pump.  Do  you  have  any  data  on  the  significance  of  oil  (low  rate  from 
other  tests  and  do  you  consider  it  likely  that  the  viscosity  or  temperature  influence  may  be  exaggerated  in  practice 
because  the  flow  rate  will  reduce  as  the  temperature  increases. 

Author’s  Reply 

The  lubricant  flow  rate  was  monitored  with  a  turbine  type  flow  meter.  In  all.  tire  observed  flow  rales  fell  in  the 
range  of  4.8  to  5.3  gal/min,  with  the  higher  flow  at  the  higher  temperature.  No  tests  were  run  for  the  purpose  of 
discovering  the  effect  of  lubricant  How  rate,  for  a  constant  inlet  temperature.  I  think  this  would  be  an  excellent 
thing  to  do. 


K.J. Brown,  Ontario  Hydro,  Toronto,  Ca 

As  you  are  reporting  on  very  small  differences  in  the  efficiency  could  you  please  comment  on  the  repeatability  of 
the  tests. 

Also  have  the  differences  in  the  efficiency  been  compared  to  the  pressure  viscosity  or  traction  coefficient  of  the 
various  fluids  used? 

Author’s  Reply 

These  arc  very  discerning  questions.  The  question  of  repeatability  has  already  been  dealt  with,  but  there  is  the 
aspect  of  the  “small  differences”  in  efficiency  in  this  question.  One  must  remember  that  when  the  heat  balance 
method  is  used,  the  measurement  is  oti  the  heat  rejection  and  not  on  the  total  mechanical  power.  If  the  measure¬ 
ment  accuracy  on  heat  rejection  is  ±10  percent  repeatable  and  the  total  efficiency  is  near  99%,  then  the  measure¬ 
ment  for  mechanical  efficiency  is  0. 1%  repeatable.  1  feel  that  the  measurement  accuracy  on  the  heat  rejection  is 
better  than  10%  accurate  and  repeatable  and,  therefore,  the  measurement  expressed  as  mechanical  efficiency  is 
better  than  0.1%accurate.  Laboratory  accuracy  in  measurements  of  this  type  of  1%  percent  (of  the  quantity 
measured)  are  possible  to  achieve. 

The  pressure-viscosity  coefficients  and  traction  properties  are  currently  being  measured  and  will  be  reported  in  the 
near  future.  I  am  very  anxious  to  get  this  data. 
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SUMMARY 

The  work  deals  with  the  behaviour,  under  dynamic  loading,  of  a  special  hydrostatic 
opposed-pad  bearing:  the  "self-regulated"  bearing  (capable  of  dividing  the  lubricant  flow 
into  two  equal  partial  flows  in  the  two  recesses  as  a  consequence  ot  its  own  shape).  The 
bearing  is  studied  in  a  constant  pressure  system.  The  effect  of  a  hyaraulic  resistance  in 
series  with  the  bearing  is  also  considered.  Consequences  which  may  arise  from  dimensional 
inaccuracies  due  to  tolerances  are  also  accounted  for. 

Like  the  static  performance,  the  dynamic  performance  of  the  sel f-regulated  bearing  is 
often  better  than  that  of  conventional  bearings;  stiffness  in  particular  is  much  greater. 
The  influence  of  tolerances  may  not  always  be  negligible. 

The  design  of  a  standardizing  self-regulated  bearing  is  also  presented. 


LIST  OF  SYMBOLS 
A 

C.C*  ,Cd 
F 

8i^i.I+N.II 

*c-hi.i+hSfI 

ho 

Ji,I*hi,II’hs,I>hs,II 

M 

M 

P 

pi  pn 

p 

p 

Ps>Pi 

Q 

Qp  >  Qn 


?i,I*Ri,Il*Rs,l»Rs,lI 

R 


6 

Y 

r  l  rn 

rs:f§ 

6 

e  *  z  /  h 
es  t  ec 

ni  ,  I  ,rii  ,  1 1  *  ns  ,  I  >  Ds  ( 1 1 


»  effective  area 

■  damping  coefficients  (see  (2.10),  (3.2),  (3.3)) 

■  external  force 
«  axial  play 


■  design  amplitude  of  clearances  when  P=0 
»  amplitude  of  clearances  (see  Fig.  1) 

*  linearized  bearing  stiffness 
»  moving  mass 

»  mass  parameter 

*  load  capacity  of  the  bearing 

*  dimensionless  static  load  capacity 

*  dimensionless  dynamic  load  capacity 

*  supply  pressure  (at  the  bearing  inlet) 

*  constant  pressure  of  feeding  system 
»  recess  pressures 

-  supply  flow  rate 

*  dimensionless  static  flow  rate 
=  dimensionless  dynamic  flow  rate 

“  theoretical  hydraulic  resistance  of  the  bearing,  when  e  =>  0 
=  hydraulic  resistance  of  bearing  clearances 

*  feeding  restrictor  resistance 
=  bearing  radii  (see  Fig.  1) 

■  r2/r5 

■  r  2/r3  -  r4/rj 

=  bearing  displacement  from  steady  unloaded  states 
=  restrictor  parameter  for  conventional  bearings 

■  restrictor  parameter  for  self-regulated  bearings 
=  dimensionless  static  supply  pressure 

=  dimensionless  dynamic  supply  pressure 
=  damping  parameter 

*  eccentricity 

=  vibration  amplitudes  for  self-regulated  and  conventional  bearing 
«  dimensionless  clearance  thickness,  for  P=0 
=  lubricant  viscosity 

“  ratio  between  static  load  capacities  of  conventional  and  self- 
-regulated  bearings 
=  the  same,  for  dynamic  load  capacity 

■  dimensionless  external  force 
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1.  INTRODUCTION 


The  features  of  hydrostatic  lubrication  are  well  known;  especially  high  load 
capacity  and  stiffness,  even  at  zero  speed,  and  low  friction,  even  at  high  speed  / 1 / .  In 
addition,  such  lubrication  may  prove  to  be  useful  in  special  environmental  conditions, 
for  example,  at  extreme  temperatures,  that  suggest  the  use  of  bearing  materials  with  poor 
wear  properties;  in  such  cases,  hydrodynamic  lubrication  may  nor  prevent  galling  and 
surface  welding. 

Such  features  are  already  sufficient  hydrostatic  lubrication  to  be  considered 
advantageous  in  the  field  of  aerospace:  in  propulsion,  control  and  experimental 
apparatuses  / 2 / . 

It  is  also  known  that  there  are  typical  supply  systems  of  hydrostatic  pairs:  the 
constant  flow  system  and  the  constant  pressure  system;  the  latter  involves  less  load 
capacity  and  stiffness  than  the  former,  but  it  is  simpler. 

Furthermore,  a  recent  type  of  hydrostatic  lubrication  must  also  be  borne  in  mind: 
"sel f -regulated  hydrostatic  lubrication"  the  properties  of  which  are  better  than  those 
of  conventional  lubrication  /3/. 

The  principle  of  self-regulation  for  incompressible  flow,  is  explained  in  Fig.  1, 
with  reference  to  an  opposed  pad  thrust  bearing,  under  static  load.  The  principle  is 
valid  apart  from  the  supply  system  (in  Fig.  1  a  constant  pressure  system  is  shown).  The 


Fig.  1  -  The  iet^-reguCated  hijdtoitatic  oppoied-pad  thtuit  beating. 


total  flow  rate  Q  supplied  to  the  central  annalar  cavity  C  is  divided  into  two  parts.  One 
part  Qs  passes  first  through  one  and  then  through  the  other  of  gaps  (hydraulic  resistances) 
Rs ,  I  and  Rs,II  of  the  upper  semibearing,  and  the  other  part  Qi  passes  in  the  same  way 
through  gaps  Ri , r  and  Rp ( jj  of  the  lower  semibearing.  The  hydraulic  resistances  of  the 
aforesaid  semibearings  arc  respectively  Rs  =Rs,I  + Rs  ,  1 1  >  Ri  =  Ri  ,  i  +Ri,II. 

If  the  load  is  zero,  symmetry  requires: 

R  = 
s 


» 


I 


I 


» 


9 


* 


R. 

l 


(1.1) 
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and  the  two  partial  flow  rates  Qs  and  Qi  are  equal  to  Q/2. 
If,  furthermore,  the  relation 

r4  1  r5  "  r2  7  r3 


(1.2) 


is  satisfied,  then  Rs  ( j  “RS(n  »  Ri ,  I  “Ri,II  and>  therefore,  also 


s,I 


i.II 


R. 


i  ,  I 


s,II 


(1.3) 


If  the  load  is  not  zero,  the  shaft  moves  in  relation  to  the  bearing,  but  (1.3),.  and 
consequently  (1.1)  are  still  valid,  and  the  two  partial  volume  flow  rates  are  still  equal 
to  Q/2.  The  load  is  supported  by  the  resultant  of  the  pressures  in  the  two  semi bearings . 

The  principle  has  been  applied  both  to  opposed  pad  bearings  /4 > 5/ ,  and  to  other 
pairs  /6,7/,  under  static  loads:  they  are  more  efficient  than  the  corresponding 
conventional  hydrostatic  pairs. 

An  opposed-pad  hydrostatic  self-regulated  bearing  in  a  constant  flow  system  has  also 
been  studied  under  dynamic  loads  /8/.  It  is  more  efficient  than  the  conventional  bearing, 
as  far  as  load  capacity,  stiffness  and  damping  are  concerned. 

In  this  paper  the  aforesaid  bearing  in  a  constant  pressure  system,  the  most  widely 
used  in  practice,  is  studied  under  dynamic  loads.  The  effect  of  a  hydraulj  :  resistance 
(capillary  restrictor)  in  series  with  the  bearing  is  also  considered.  Consequences 
arising  from  dimensional  inaccuracies  due  to  tolerances  are  also  accounted  for.  The 
behaviour  of  the  bearing  is  compared  with  that  of  a  conventional  bearing.  A  standardized 
type  of  such  a  bearing  and  its  dynamic  features  a:.e  given. 


2.  ANALYSIS 

2.1 


For  an  annular  gap  (Fig.  2),  it  is  found  on  the  basis  of  Stokes  equation,  and  making 
suitable  assumptions,  that: 


3p  ^  6  pi 


3r 


(2.1) 


wh  r 


where  q  is  the  rate  of  flow  of  lubricant 
through  the  cylindrical  surface  at  radius  i  ; 
q  is  stated  to  be  positive  when  flowing  from 
the  inner  edge  r|  to  the  outer  edge  re .  From 
(2.1)  and  the  continuity  equation: 


■  -2irrh 
8r 


(2.2) 


the  Reynolds  equation  is  obtained  for  the 
annular  gap: 


-hi  1?E  +  I 

12p  ,.3r2  r  Sr_ 


(2.3) 


F-ig.  2  -  A nnuiaA  gap. 


By  integrating  (2.3)  with  suitable 
boundary  conditions,  the  pressure  pattern  in 
the  gap  may  be  obtained.  So  if  p  and  q  are  known  at  the  inner  radius  rj 
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If  the  inner  and  outer  pressure  are  known: 
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(2.5) 


In  the  same  way,  from  (2.2),  the  flow  pattern  may  be  obtained 

•  7  2  *  2  2 
q(r)  •  q ( r . )  -  7rh(r  -  r . )  *  q(r  )  +  *h(r  -  r  ) 


(2.6) 


2.2 

The  load  capacity  for  the  annular  gap  is  obtained  by  integrating  pressure  on  the 
total  pad  area:  if  outer  and  inner  pressures  are  known  and  (2.5)  is  integrated,  load 
capacity  is  given  by: 


(2.7) 
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For  a  given  pad,  P  turns  out  to  be  the  sum  of  a  "static"  term  depending  on  edge 
pressures,  and  of  a  "dynamic"  term  depending  on  the  clearance  and  the  relative  velocity 
of  the  surfaces. 

2.3 

With  the  aid  of  the  expressions  obtained  in  the  previous  paragraphs,  it  is  now 
possible  to  study  the  static  and  dynamic  behaviour  of  the  self-regulated  bearing  (SRB) , 
which  is  outlined  in  Fig.  3  from  a  hydraulic  point  of  view.  The  four  annular  gaps  are 
reduced  to  four  hydraulic  resistances;  p  is  the  pressure  in  the  main  cavity  C  and  p  the 
supply  pressure;  if  R  (the  hydraulic  resistance  of  the  feeding  system)  is  negligible,  it 
is  obvious  that  p.p.  Concerning  k,  it  must  be  noted  that  it  is  sometimes  useful  to  insert 
a  suitable  restrictor  in  series  with  the  bearing  to  reduce  the  lubricant  flow  rate  with  a 
certain  loss  in  stiffness  under  light  and  medium  loads)  /9/. 

As  long  as  the  self-resultating  condition  is 
present,  it  requires  the  four  pad  clearances 

- - . — — -7 -  to  be  equal  when  there  is  no  external  load. 

P ^  const.  Due  to  tolerances,  it  can  only  occur  in  an 

J[  |  approximate  way.  If  the  design  value  of  the 

in  clearances  in  the  centered  (no-load)  status 

Qj  t' Qj  is  called  h0  (h0  therefore  equals  half  the 

-  designed  bearing  axial  play),  and  the  axial 

P  displacement  from  the  centered  position  is 

o  1  f^D  called  z,  the  four  bearing  clearances  may  be 

i,l  **  V1  written  as  follows: 


=  h0(ni(i*E) 

hi,II  =  h0(ni,II  "e) 

“ho(ns,l'E) 

hs,Il"ho(ns,II+E) 

where  e  =t/h0.  The  nj,K  are  dependent  on 
geometry:  in  the  "ideal"  case,  all  njK  values 
F-tg.  3  -  Hydraulic  patteXn  orf  the  iel^-  equal  1  (see  App.  A.l).  Calling  y  the  p0/p 
-xegu.la.ted  beaxtng.  ratio  (where  p0  is  the  p  pressure  in  the 

steady  unloaded  status),  since  p  and  R  are 

not  dependent  on  flow  rate,  it  is  found  (see  App.  A)  that  pressure  p,  flow  rate,  and 
load  capacity  are: 
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In  che  above  expressions  certain  constants  appear:  A  (bearing  effective  area),  R 
(bearing  hydraulic  resistance  when  e  «0,  e  =  0,  njK  =1),  Cj  (bearing  damping  when  e  =0, 
n j,K  ■  1 »  Y  “  1 ) ,  whose  values  are: 
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Functions  P',  Q^,  depend  solely  on  c;  P^  also  depends  on  geometrical  ratios  rp 
and  r^j ,  and  T^,,  depend  on  e  and  Y.  Expressions  of  these  functions  are  given  in  App.  A 
whereas  their  pattern  is  shown  in  Fig.  4.  In  Fig.  4-a  "static"  functions  fp,  QA,  PA  are 
versus  e  and  in  Fig.  4-b  the  "dynamic"  functions  fj,  Q^,  Pj  are  versus  r .  P^  is  calculated 
for  some  values  of  r£,  while  r^  is  assumed  to  suit  the  relevant  "optimal"  value,  from  the 
point  of  view  of  pumping  power  /4 / . 
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Fig.  4a)  -  "Static  values  o  j  <$£ow  Kate 
dp  ,  ioad  capacity  P^. 


Fig.  4b)  -  "Vynamic"  values  Pfr  ,  dj  and  r ^  ai 
junctions  oj  £. 


Two-apices  functions  depend  on  the  same  parameters,  but  the  nj(K  ate  also  accounted 
for,  and  are  identical  to  1  when  there  are  no  clearance  errors;  their  expressions  are 
given  in  App.  A„ 

The  influences  of  nj,K  °n  the  static  performance  of  the  bearing  are  treated  in  / 9 / ; 
the  main  points  stated  there  are  the  following: 

-  it  is  advisable  to  assign  manufacture  tolerances  in  such  a  way  that  axial  play  is  always 
less  than  (or  equal  to)  2h0 ; 

-  the  load  capacity  pattern  may  become  asymmetrical,  that  is  -P(-e)  may  differ  from 
P(ej; 

-  due  to  reduction  in  axial  play,  the  maximum  load  may  be  considerably  less  than  the 
theoretical  value  pA, 

-  stiffness  for  low  e  values  (<0.5)  may  be  considerably  more  or  less  than  the  ideal  case; 

-  the  maximum  rate  of  flow  proves,  in  general,  to  be  less  than  the  ideal  case. 

In  most  cases,  the  most  dangerous  condition  occurs  when  gs  ■  g j  -  2h0  and  gc  <2h,  in 
which  the  highest  stiffness  loss  occurs. 

In  Fig.  S  Pp,  Tp,  Qp,  PJJ,  r£j  and  QJJ  am  plotted  for  gc  -1.6h0  hence  ni,l  -ns, I  -0.8; 
ni,n  “ns, II  “1*5  and  gc  -1.4h0  (ni,I  -ns,l  -0.7;  ni,n  "ns,II  -1-3). 

2.4 


In  order  to  help  in  evaluating  the  SRB  performance,  a  comparison  is  made  in  Fig.  6 
between  the  above  and  the  conventional  bearings  regulated  by  capillary  restrictors  (see 
App .  B) . 

Before  making  the  comparison  it  must  be  noted  that: 

-  all  geometrical  parameters  (r5,  h0,  r£,  r^)  must  agree; 

-  both  bearings  are  supplied  at  the  same  constant  pressure  p  with  the  same  lubricant  at 
the  same  temperature; 

-  in  the  conventional  assembly,  restrictors  have  to  be  set  in  such  a  way  that  the  maximum 
flow  rate  is  equal  to  the  self-regulated  flow  rate:  hence  it  must  be  8  “0.25y. 

In  Fig.  6,  lip  (the  ratio  between  the  static  load  capacities  of  conventional  and  self 
-regulated  bearings)  and  lid  (the  ratio  between  dynamic  load  capacities)  are  shown  for 
Y  -1  and  8  =0.25  (lid  proves  to  be  virtually  independent  from  Tp)  . 

SRBs  show  better  static  performance.  The  stiffness  pattern  of  the  SRB  remains  better 
if  even  great  errors  in  clearance  values  are  tolerated,  as  in  Fig.  5  (moreover,  it  should 
be  considered  that,  in  such  a  case,  the  maximum  flow  rate  requirements  are  greatly  reduced 
too).  Concerning  flow  rate,  it  must  be  noted  that,  for  SRBs,  this  rate  greatly  decreases 
under  higher  loads,  whereas,  for  conventional  bearings,  it  actually  remains  unchanged. 

Damping  properties  prove  to  be  better  for  the  SRB  in  the  case  of  amplitudes 
corresponding  to  low  and  medium  static  loads  (e  <0.25). 


Fig .  5a)  -  "Static."  values  £p,  and  TJJ  as 
functions  o  6  c,  in  the  presence 
ofi  errors  due  to  tolerances . 


Fig.  56)  -  "Dynamic"  values  Pfl  and  Tfr 
as  functions  o(,  e,  in  presence 
o <5  errors  due  to  tolerances. 


3.  DYNAMIC  BEHAVIOUR 
3.1 


The  equation  of  motion  for  a  bearing  of  the  above  type 


is : 


M  h  e  K.C'e  +  p  AP'  P"  r'  r”  =  F(t) 
o  d  P  P  P  P 


where  it  is  stated: 
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In  the  case  of  small  vibrations  around  a  suitable 
equilibrium  point  c0,  (3.1)  can  easily  be  linearized:  if  we 
state : 


K  =  P"(e  ) 
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Fig.  6  -  Ratios  rip  between  static 
loads  and  between 
dynamic  ( oads  ofi  a  con¬ 
ventional  and  0(j  a  selfi- 
•  regulated  bearing. 


C  =  Ca  C'(Eo)  /  (p  A) 


4>(t)  =  "  P 1  ( e  )  P"(  e  )r'(e  )r"(e  ) 

pA  p  o  p  o  p  o  p  o 


(3.3) 


C  =  e  -  e. 


Mh 

M  =  -=£ 
pA 


we  obtain: 


Me  +  Ce  +  Kc  =  *(t) 


(3.4) 


3.2 


From  Fig.  4  it  can  be  seen  that,  for  n j k  =  1  and  f;0  =0,  (3.4)  can  be  used  in  a  wide 
range  of  load  values. 

In  Fig.  7  values  for  A,  Cj,  and  C  (e  =0)  =P'(0)  are  given  and  the  gain  function 
emax/^o  *s  calculated  for  a  sinoidal  excitation  with  40  amplitude  and  u  pulsatance  (in 


21-7 


^h/u 


fig.  7a.)  -  Optimal  valuer  r^ry/r^  Fig .  7b)  -  Amplitude  verrur  frequency  curver 

(m^n-cmam  pumping  power),  and  [linearized  model), 

related  valuer  of,  A  and  o & 
ar  iunc.tioni  otf  r£. 

Fig.  7  r,],  is  always  assumed  to  be  the  "optimum"  value,  while  K  =  3y) . 

It  must  be  noted  that,  with  the  same  bearing  size  and  static  load  capacity,  dynamic 
performance  varies  greatly  in  relation  to  h0,  y  and  M  values.  For  example,  for  a  bearing 
with  rs  -  50  mm,  r£«0.8,  p=5  MPa,  y  ■  1 ,  the  damping  parameter  6  -  C/yuon  may  range  from 
<5  *22  ( y  -0.1  Nsec/m2,  hQ  -20  ym,  M  -100  Kg)  to  6  -0.14  (y  -0.02,  h0  -50,  M  -1000),  as 
the  resonance  frequency  varies  from  fn  =590  Hz  to  fn  =120  Hz.  Hence  the  opportunity,  in 
most  cases,  of  reducting  hQ,  and  values  as  the  moving  mass  if  often  a  design  constraint. 
In  the  same  way,  a  larger  bearing  has  greater  damping  properties  than  a  smuller  one  (fed 
at  higher  pressure  to  ensure  equal  static  performances). 

3.3 

In  Fig.  8,  a  comparison  is  made  between  SRBs  and  usual  bearings  (as  above  3  » y/4  to 

ensure  that  the  same  rates  of  flow 
are  used):  the  ratio  of  vibration 
amplitudes  for  self-regulated  (es) 
and  conventional  (ec)  bearings,  under 
the  same  pulsating  load,  is  plotted 
against  pulsatance. 

Due  to  the  greater  stiffness, 
SRBs  show  a  higher  resonance  frequency 
and  lower  vibration  amplitudes  for 
u>  <  wn .  In  the  region  of  upper 
resonance  frequencies,  amplitudes 
become  comparable. 

It  must  be  pointed  out  that  Fig. 
8  is  only  valid  when  r'  =0.8  and  for 
small  vibrations  around  e0  =0.  While 
rf  has  no  great  influence  on  ec/Es> 
e0  has  especially  for  lower  frequencies: 
at  higher  e0  values,  the  stiffness  of 
conventional  bearing  tends  to  become 
almost  the  same  as  that  of  the  SRB  (see 
Fig.  6),  while  damping  properties 
become  better,  so  the  amplitude  ratio 
becomes  less  unfavourable  for  the 
conventional  bearing. 

Fig.  S  -  Ratio  ec/e4  between  vibration  umplituder  ^  4 
0(f  a  r elf-regulated  and  a  conventional 

bearing.  When  vibration  amplitude 


increases,  numerical  integration  of  (3.1) becomes  necessary.  Since  many  parameters  are 
involved,  it  is  not  possible  to  have  a  synopic  chart,  as  in  Fig.  7,  which  shows  an  overall 


solution  to  the  problem.  Several  examples  o 
Figs.  9  and  10.  The  effect  of  a  step  load  i 


Fig .  9  -  Maximum  amplitude*,  value*  emax  a* 
a  {unction  o {  the  damping  {acton 
{on  itep  loadi. 


the  behaviour  of  the  bearing  are  given  in 
examined  in  Fig.  9:  The  maximum  displacement 
reached  when  the  load  suddenly  rises  from  C 
to  F  is  plotted  against  the  6  parameter  for 
several  F,  y,  and  gc  values  (gs  and  g^  are 
assumed  to  be  equal  to  2h0):  it  should  be 
remembered  that  pA  is  the  maximum  theoretical 
load . 

In  Fig.  10,  eccentricity  amplitudes 
under  oscillating  loads  are  plotted  against 
the  forced  pulsatance:  when  damping  is  low, 
the  typical  pattern  of  nonlinear  systems  with 
"softening"  stiffness  can  be  recognized.  It 
appears  that,  when  great  oscillations  are 
expected  in  the  load,  bearing  design 
parameters  (especially  h0)  must  be  carefully 
selected  to  avoid  resonance  phenomena:  it 
must,  however,  be  noted  that  a  low  value 
(such  as  6  =  0.1)  for  the  damping  parameter 
can  only  occur  when  a  great  moving  mass  is 
combined  with  a  large  amount  of  axial  play. 

4.  DESIGN  EXAMPLE 

Self-regulated  bearings  can  be  designed 
in  such  a  way  as  to  fit  the  dimensional 
standards  of  thrust  roller  bearings;  Fig.  11 
contains  an  example  of  an  SRB  whose  dimensions 
are  equal  to  the  double  effect  ball  bearing 
shown  in  the  same  figure. 

This  example  is  taken  from  /9/  where 
static  calculations  are  made:  when  fed  at  7 
MPa,  through  a  restrictor  (y“.5),  the 


Fig.  10  -  Amplitude  o^naa  {neque.net/  cunvei  (Jo't  two  value*  iinoidal  load  (non  iineaniz- 
ed  model) . 


maximum  theorer.ical  load  pA  proves  to  be  greater  than  17  KN ;  the  clearance  design  value 
is  h0  =29  am  and  tolerances  are  assigned  in  such  a  way  that  axial  plays  gc ,  gs,  gj  can 
vary  between  40  and  58  urn:  thus  a  10  KN  load  can  be  sustained  with  a  displacement  (in  the 
worst  condition)  of  about  15  am;  if  lubricant  viscosity  is  u=30*103  N/sec  m2  (=5°E) ,  the 
maximum  total  flow  rate  is,  in  theory,  less  than  1  1/min  (in  practice  it  turns  out  to  be 
lower) . 

It  is  worth  noting  that  an  equivalent  roller  bearing  / 1 2 /  under  a  10  KN  load  at  500 


Fig.  11.  -  A  itAandaAdized  itl(,-A<igulatzd  biaAing. 


An  example  is  given  of  a  self-regulated  bearing  of 
may  substitute  a  ball-bearing  of  the  same  size. 


rpm  has  a  life  expectancy  of  2000 
hours  and  relatively  fast  wear, 
while  hydrostatic  bearings  have 
virtually  no  wear. 

Concerning  dynamic  performance 
it  can  easily  be  seen  that  the 
damping  parameter  of  the  aforesaid 
bearing  is  5  "4.4  *1,4  and  the 
resonance  frequency  fn«  500*150 
Hz,  when  the  moving  mass  varies 
from  100  to  1000  Kg. 

5.  CONCLUSIONS 

The  self-regulated  hydrostatic 
opposed  pad  thrust  bearing  has 
been  studied  under  dynamic  loads 
(step  loads  and  sinoidal  loads) 
in  a  constant  supply  pressure 
system. 

The  damping  of  the  bearing 
increases  if  film  thickness 
decreases  and  if  radial  dimensions 
increase . 

If  the  bearing  is  fed  through 
a  hydraulic  resistance  (capillary), 
damping  may  further  increase, 
especially  in  presence  of  large 
displacements . 

Dimensional  inaccuracies  due 
to  tolerances  may  sometime  reduce 
stiffness,  but  they  generally 
increase  the  damping. 

Comparison  with  conventional 
hydrostatic  opposed-pad  thrust 
bearings,  supplied  through 
capillary  restrictors,  demonstrated 
that  the  performance  of  the  self 
regulated  bearing  is  generally 
better  because  of  its  greater 
stiffness . 

"standardized"  dimensions  that 
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APPENDIX  A 
A .  1 

In  a  steady  state,  if  no  external  load  is  applied,  ps  must  be  equal  to  p^ ,  thus,  if 
we  call  the  hydraulic  resistances  of  the  four  gaps  Rj  (see  Fig.  1) 

R 

(A .  1 ) 


Ri.n 


R.  T  +R.  .. 
i,I  i,II 


R  .  +  R  . . 
s  ,  I  s  ,  1 1 


Lubricant  viscosity  and  r^,  may  be  considered  to  be  equal  for  all  the  gaps,  so 
hydraulic  resistances  turn  out  to  be  proportional  to  the  -7  power  of  the  respective 
clearance  heights.  Hence,  if  we  call  the  clearance  thickness  in  steady  unloaded  condition 
hjfK>  and  as-'ume  hj  >  k  =  h0n  j  (k  »  if  follows  (see  Fig.  1)  that: 
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(A.  2) 


and  when  a  relative  axial  displacement  is  imposed  by  external  loads,  clearance  are 
expressed  by  (2.8). 

A. 2 

With  reference  to  the  outline  of  the  bearing  (Fig.  3),  it  is  possible,  if  p  and  Qs 
are  known,  and  on  the  basis  of  (2.5),  to  calculate  the  rate  at  which  the  lubricant  is 
flowing  out  from  the  s,I  clearance;  the  rate  flowing  into  the  s , I I  clearance  shall  be 
equal  to  the  latter  multiplied  by  -1,  with  the  addition  of  the  term  Trh0(r<i  -  r|)  ,  due  to 
recess  squeeze.  When  flow  rates  are  known  as  a  function  of  Qs,  ps  can  be  obtained  as  a 
function  of  Qs  and  p  by  applying  (2.4)  to  the  s,I  clearance: 


6u 


7T  h 


2  •  *h 
Qs  lnr;  ♦  TTho  r  j  In  r^  c  *  - 


o,2  2.  • 

-  (r,  -  r  )e 


s,I 


(A. 3) 


In  the  same  way,  may  be  expressed  p|  as  a  function  of  and  p.  Using  (2.4)  and 
(A. 3),  and  assuming  that  p(rs)  =0,  Qs,  Qi  and  hence  Q  may  be  obtained:  see  (2.9)  in 
which: 
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are  identical  to  2h0,  Q-J,'  and 

Q()  must  be  equal  to  1 ,  thus 
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A. 3 


When  flow  rates  are  known,  pressures  in  the  recesses  may  be  calculated  from  (A. 3): 
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and  hence,  from  (2.7),  the  total  force  that  the  lubricant  applies  to  the  two  members  of 
the  bearing  can  be  assessed.  Load  capacity  is  expressed  in  the  second  formula  of  (2.9), 
where : 
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When  all  the  nj^  equal  1,  is  P"  »  P||  =1,  hence: 
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In  previous  expressions,  p  has  been  taken  to  be  constant.  Actually,  if  the  hydraulic 
resistance  R  of  the  feeding  ducts  is  not  negligible,  p  varies  with  e  and  e.  If  R  and 
supply  pressure  p  are  constant,  it  may  be  written  p  =p  -QR;  thus,  the  first  of  (2.9)  is 
easily  obtained,  in  which  y  is  intended  to  be  the  value  of  the  p/p  ratio  when  the  bearing 
is  in  an  unloaded  steady  status,  and: 
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as  above  I’”  a  *  1  if  all  clearances  are  equal,  so: 
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APPENDIX  B 

For  a  conventional  bearing  (see  Fig.  12 j,  defining  the  ratio  of  recess  pressures 
and  supply  pressure  p,  when  e  =  e  "0,  as  2  =  6^  =  6S ,  the  expressions  for  load  capacity  and 
flow  rates  are: 


rig.  12  -  A  conventional  lujdn.oita.tic  oppoied-pad  thnuit  beating. 
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The  equation  of  motion  is: 
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RESUME 

Le  comportement  dynamique  d'un  pallor  depend  non  seulement  de.  sa  geometric  mais  aussi  des  condi¬ 
tions  de  fonctionnement  auxquelles  il  est  soumis.  11  est  done  important  de  prevoir  les  domaines  pour  les- 
quels  le  fonctionnement  du  palier  est  stable,  c ' es t-A-dire  de  ddfinir  les  criteres  de  stabilite.  Par  ailleurs 
en  regime  dynamique  il  faut  obtenir  la  reponse  du  palier,  c'est-A-dire  calculer  la  traj  ctoire  du  centre 
de  l'arbre  A  l'interieur  du  coussinet. 

Dans  ce  travail  nous  abordons  essentiel  lement  l'etude  de  la  stabilit'  du  palier  A  partir  des  coef¬ 
ficients  dynamiques  calculus  en  utilisant  la  theorie  linCaire.  Les  conditions  de  3tabilite  de  differents 
types  de  palier  de  geometric  fixe  sont  presentees  sous  forme  d'abaques  appeles  cartes  de  stabilite. 

L'influence  sur  la  stabilite  du  palier  de  la  valeur  de  chacun  des  coefficients  dynamiques  est  exa¬ 
minee  en  utilisant  le  critere  de  Routh-Hurwitz  :  ceci  permet  de  montrer  que  le  critfre  de  stability  de 
Lund  conduit  A  des  resultats  identiques  alors  que  le  critAre  de  stabilite  statique  de  Smith  conduit  dans 
certains  cas  A  des  resultats  errones.  Ce  dernier  point  est  confirme  par  l'etude  en  regime  transitoire  d'un 
palier  particulier  pour  lequel  le  critere  de  Routh  prevoit  des  conditions  de  fonctionnement  stables  en 
contradiction  avec  celles  obtenues  A  partir  du  critere  de  Smith.  Cette  etude  dy-amique  du  palier  est 
effectuee  en  utilisant  la  theorie  non  lineaire. 


1 .  INTRODUCTION 

Depuis  its  travaux  de  Newkirk  et  Stodola  |l,  2,  3|  on  sait  qu'un  palier  ne  peut  pas  etre  consi¬ 
ders  comme  un  simple  guide  mais  qu'il  constitue,  associd  avec  le  rotor,  un  systeme  dynamique  complexe.  La 
position  de  l'arbre  A  l'intfirieur  du  coussinet  et  la  raideur  du  film  lubrifiant  ont  une  influence  sur  les 
vitesses  critiques  tandis  que  l " amort issement  intervient  principalement  sur  la  sensibilite  aux  diverses 
excitations.  Par  ailleurs,  il  peut  etre  lui  mcme  generateur  d' instability. 

Des  1919,  harrisson  |4|,  apres  avoir  remarque  que  dans  un  palier  infininv'nt  long  non  cavite  la 
force  hydrodynamique  est  toujours  orthogonale  au  deplacement,  concluait  que  le  centre  de  l'arbre  devait 
decrire  une  orbite  A  l'interieur  du  jeu  radial.  Cette  hypothese  fut  confirmee  par  l'ftude  de  stabilite  de 
Robertson  | 5 |  qui  montra  qu'un  palier  circulaire  totalement  rempli  d'huile  etait  toujours  instable.  Burwell 
1 6 1  ,  prenant  en  coir.pte  l'ecoulement  axial  en  introduisunt  un  terme  correct!!,  arrive  aux  menus  conclusions 
que  Rouertson.  Ces  resultats  theoriques  ne  concordaient  pas  entierement  avec  les  ooservations  expArimenta- 
les  qui  mettaient  en  evidence  1 'existence  de  plages  de  fonctionnement  stables.  Ces  differences  de  compor¬ 
tement  furent  par  la  suite  attributes  A  l'existence,  dans  le  palier,  d'une  region  oO  le  film  lubrifiant 
est  rompu.  Cette  hyppthSsc  n'a  pu  etre  verif'ee  que  plus  tard  grJce  aux  observations  effectuees  en  Labora¬ 
toire  1 7,  8 1  et  au  devcloppement  des  moyens  et  des  techniques  de  calcul  numerique  qui  ont  alors  permi;.  de 
determiner  les  coefficients  dynamiques  d'un  palier  en  tenant  compte  de  la  rupture  du  film  |9,  10,  !1|. 
Ainsi,  1 'extension  des  moyens  de  calcul,  associee  aux  observations  experimentales  a  permis  une  meilleuro 
comprehension  des  phenomenes  vibratoires  et  a  conduit  A  1 'elaboration  de  paliers  plus  stables  tels  que  les 
paliers  A  patins  oscillants  et  les  paliers  A  lobes. 

Dans  cette  etude  apres  une  description  elementaire  des  differents  types  de  fouettement  rencon¬ 
tres  dans  un  palier,  nous  aborderons  l'etude  de  la  stabilite,  en  utilisant  le  critere  de  Routh-. lurwi  tz , 

A  partir  des  coefficients  dynamiques  ealcules  A  l'aide  de  la  theorie  lineaire. 


* 


o 


2.  DESCRIPTION  DU  FOUETTEMENT  DANS  UN  PALIER 

Considerons  un  rotor  rigide,  parfaitement  equilibre,  supporte  par  un  palier.  En  1 'absence  de 
toutes  perturbations,  le  centre  du  rotor  oecupo  une  position  d'equilibre  0  tulle  que^la  force  hydrodyna¬ 
mique  f0  engendrSe  par  le  film  lubrifiant  est  egale  et  opposee  A  la  charge  exterieure  W0  appliquee  au  ro-  ^ 

tor  (Fig.  1)  : 

(1)  F  +  W  =  0 

v  '  o  o 

Supposons  maintenant  que,  pour  une  raison  quelconque,  le  centre  du  rotor  se  trouve  deplace  de  sa 
position  d'equilibre  statiqueO;iq  en  0  .  Dans  ce  cas,  la  resultante  hydrodynamique  n'est  plus  egale  et 
opposee  A  la  charge  extdrieure  wq.  La  force  hydrodynamique  additionnelle  ?  =  F^  -  due  au  displacement  0gg0a 

,  va  engendrer  un  mouvement  du  centre  de  l'arbre  A  l'interieur  du  coussinet  qui  sera  contre  par  l'amor-  0 

tissement  de  type  visqueux  du  A  l'existence  du  film  lubrifiant.  Selon  les  conditions  experimentales  trois 
types  de  trajectoires  peuvent  itre  observdes  • 

(a)  L'arbre  regagne  sa  position  d'equilibre  statique  ;  la  position  d'equilibre  statique  est  dite  stable, 
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(b)  Le  centre  ce  l'arbre  d£crit  une  orbite  fermSe  autour  de  la  position  d’equilibre  statique  :  la  position 
d'equilibre  statique  est  dite  marginale  ou  orbitalement  stable, 

(c)  Le  centre  de  l'arbre  s'eloigne  de  la  position  d'equilibre  en  decrivant  une  orbite  divergente  i  la  po¬ 
sition  d'equilibre  statique  est  dite  instable.  Dans  la  pratique,  1 'amplitude  de  l'orbite  est  limitee 
par  1'enveloppe  intdrieure  du  coussinet  et  nous  observons  une  orbite  fermde  telle  que  l'epaisseur 
minimale  du  film  lubrifiant  est  tr3s  petite  ;  ceci  provoque  de  trfes  grandes  forces  hydrodynamiques 
et  done  des  vibrations  tres  severes. 

Les  deux  derniers  cas  correspondent  5  une  vibration  auto-excitee  due  3  l'existence  du  film 
lubrifiant  La  frequence  v  de  eetto  vibration  est  fonction  de  la  vitesse  3  laquelle  l'arbre  pout  pomper 
le  ftuide  et  maintenir  la  distribution  de  pression  qui  produit  la  force  F^. 

En  1946  Haag  | 1 2 |  a  montre  3  partir  de  la  continuite  du  debit  que,  dans  un  palier  infiniment  long 
non  ci arge,  l'arbre  decrivait  une  orbite  circulaire  3  une  frequence  egale  4  la  moitie  de  la  frequence  de 
rotation,  d'ofl  le  terme  de  demi  frequence  de  fouettement. 

Ce  phdnomSne  de  fouettement  dficrit  precldemment  de  faqon  qualitative  pour  le  cas  d'un  rotor  ri- 
gide  exist'  dgalement  avec  des  arbres  flexibles.  Les  premieres  observations  experimentales  de  ce  phenome- 
ne  ont  6te  cffectu6es  par  Newkirk  et  Taylor  j  2 1  qui  ont  remarqu£  qu'un  arbre  flexible  supporte  par  des  pa- 
liers  hydrodynamiques  entrait  en  vibration  severe  pour  une  vitesse  de  rotation  proche  du  double  de  la  vi¬ 
tesse  critique  de  l'arbre  sur  appuis  rigides.  Dans  ce  cas,  la  frequence  de  fouettement  est  en  effet  egale 
3  la  frequence  critique  de  l'arbre.  Ce  fouettement  3  la  resonance  entraine  generalement  la  destruction  du 
m£canisme. 

La  figure  2  met  en  evidence  les  differents  types  de  fouettement  qui  peuvent  exister  dans  un  sys- 
tene  rotor-palier  hydrodynamique.  Comme  la  raideur  des  paliers  est  fonction  de  la  vitesse  de  rotation  de 
l'arbre  la  vitesse  critique  n'est  pas  constante.  Elle  ddcroit  lorsque  la  vitesse  de  rotation  augmente.  Cn 
peut  rencor.trer  : 

(a)  Le  fouettement  synchrone  qui  se  produit  avec  un  arbre  non  equilibrd,  rigide  ou  flexible  3  n'iraporte 
quelle  vitesse  de  rotation  et  avec  une  frequence  egale  3  la  frequence  de  rotation  de  l'arbre.  Ce  type 
de  vibration  synchrone  est  present  dans  toutes  les  machines  tournantes  3  cause  des  balourds  rdsiduels. 
lei,  le  palier  joue  un  role  bdndfique  car,  gr3ce  3  1 'amortissement  qu'il  fournit  au  systeme,  il  faci- 
lite  le  passage  des  viteases  critiques. 

(b)  La  demi-frdquence  de  fouettement  qui  apparait  lorsque  les  conditions  de  fonctionnement  sont  telles  que 
le  palier  est  gdndrateur  d ' instabi li te,  Cette  instability  vibratoire  peut  se  produire  pour  n'importe 
quelle  vitesse  de  rotation  et  possede  en  general  une  frequence  proche  de  la  moitie  de  celle  de  la  rota¬ 
tion.  Ici,  le  palier  joue  ur.  role  ndfaste  car  il  est  initiateur  du  fouettement.  Ce  type  de  fouette¬ 
ment  existe  tant  que  sa  frequence  est  differente  de  la  frequence  critique  de  l'arbre. 

(c)  Le  fouettement  3  la  resonance  qui  se  produit  lorsque  le  mouvement  de  demi-f rdquence  de  fouettement  en- 
gendrd  par  le  palier  entre  en  resonance  avec  la  frequence  propre  de  l'arbre.  A  ce  moment,  la  frequence 
de  fouettement  est  egale  3  la  frequence  critique  de  l'arbre.  Ce  phdnoinSne  se  produit  pour  une  vitesse 
egale  3  environ  deux  fois  la  vitesse  critique  du  systSme.  Ce  type  de  fouettement  est  le  plus  dangereux 
car  lorsqu'il  se  produit  il  corre- pond  3  une  veritable  vibration. 

Cette  description  qualitative  des  phdnomdnes  de  fouettement  met  en  evidence  la  necessite  d'une 
modelisation  dynamique  du  palier  afin  que  le  spdcialiste  en  vibration  puisse  predire  le  ccmportement  dyna- 
mique  des  rotors. 


3.  MODELISATION  LINEAIRK  D'UN  PALIER  EN  REGIME  VIBRATOIRE 


Dan :  l'analyse  dynamique  d'une  ligne  d'arbre  de  machine  tournante  le  role  du  palier  est  caracte- 
risd  par  les  forces  hydrodynamiques  engendrees  dans  le  film  lubrifiant,  qui  s'opposont  au  mouvement  de 
l'arbre.  Dans  le  cas  general  celles-ci  sont  obtenues  par  integration  du  champ  de  pression  calculi?  3  partir 
de  l'equation  de  Reynolds  dcrite  en  regime  dynamique.  Ces  forces  dtant  des  fonctior.snon  lindairmde  la  po¬ 
sition  et  de  la  vitesse  du  centre  de  l'arbre,  l'analyse  exacte  d'un  systSme  rotor-pal iers  est  done  tree 
complexe  puisqu'elle  necessite  la  resolution  simultanee  des  equations  relatives  au  mouvement  du  rotor  et  de 
l'equation  relative  au  comportement  hydrodynamique  des  paliers.  Cette  etude  peut  neanmoins  etre  1  argument 
simplifiee  si  on  suppose  te  rotor  parfaitement  rigide  et  si  on  se  limite  aux  petits  deplacements  au  voisi- 
nage  d'une  position  d'equilibre  statique.  La  premidre  hypothese  permet  de  comparer  entre  elles  differentes 
configurations  de  paliers,  tandis  que  la  seconde  hypothSse  permet  une  approche  de  la  limite  de  stabilite 
du  palier. 

Sous  l'hypothdse  deB  petits  deplacements,  on  peut  effectuer  un  developpement  limite  des  compo- 
santes  de  la  force  hydrodynamique  F  et  ecrire  : 


(2) 
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oQ  Fxq  et  F  sont  les  composantes  de  la  force  hydrodynamique  F  3  l'equilibre  ,  x  ec  y  representent  des 
ddplacement^°elementaire8  au  voisinage  de  la  position  d'equilibre  statique  et  x,  y  les  vitesses  de  deplace¬ 
ment  . 

On  definit  ainsi  par  derivation  des  composantes  de  la  force  hydrodynamique,  les  coefficients  de 
raideur  :  a..  ■  -  3'  x.  et  d ' amortissement  :  b.  .  =  -  3F./3x.  du  palier.  L'existence  de  termes  croises 
traduit  le  fait  que  ua„  'un  palier,  en  general,  tl  force  fiydrldynamique  n'est  pas  colineaire  au  deplacement. 
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Le  calcul  des  coefficients  dynamiques  est  effectufi  3  partir  de  l'fiquation  de  Reynolds  |l3|  que 
l'on  rdsoud  d'une  part  pour  les  conditions  de  fonctionnement  statique,  ce  qui  perniet  de  calculer  F  et 
F  ,  et  d'autre  part  en  iraposant  successivement  des  petits  deplacements  et  de.s  vitesses  de  deplacement 
dans  les  directions  x  et  y.  Les  coefficients  dynamiques  sent  alors  obtenus  par  des  relation.-,  approchees 
dgduites  des  developpements  limitgs  de  Taylor.  Ainsi  dans  le  eas  d'un  petit  deplaccment  x,  il  vient  : 


F  -  F 

X0  XX 


F  -  F 
yo  yx 


Les  autres  coefficients  dynamiques  sont  donnes  par  des  relations  semblables  ecrites  pour  un  pelit  deplace- 
ment  y  et  pour  des  vitesses  de  d£placement  x  et  y,  ce  qui  n£cessitc  de  resoudre  5  fois  1 'equation  de 
Reynolds . 

Remargins 

(a)  Une  diminution  importante  du  volume  des  calculs  peut  etre  obtenue  en  effectuant  la  determination  des 
coefficients  dynamiques  dans  le  systSrae  d'axes  en  coordonnfes  cylindriques  et 

(b)  Une  meilleure  precision  sur  la  valeur  des  coefficients  dynamiques  peut  etre  obtenue  en  remplaqant  la 
formule  de  Taylor  qui  a  permis  d'Gcrire  les  relations  (3)  par  des  relations  aux  differences  finies 
centrfies  ,mais  cela  conduit  3  doubler  le  volume  des  calculs 

(c)  Une  £tude  precise  | 1 3 |  de  la  valeur  des  coefficients  d'amortissement  permet  de  montrer  que  quel  que 

soit  le  type  de  palier  hydrodynamique  les  coefficients  croises  d'amortissement  sont  toujours  egaux  : 

b  »  b 
xy  yx 

4.  STABIl.ITE  D'UNE  POSITION  D'EQUILIBRE 
4,  1  CritSre  de  Routh^Hurwitz 

Pour  comparer  le  comportement  dynamique  de  difffirents  types  de  paliers,  1 'etude  de  la  stabilite 
d'une  position  d'fiquilibre  est  effectu^e  dans  le  cas  d'un  rotor  rigide  symdtrique  (Fig.  3)  de  masse  2m, 
supporte  par  2  paliers  identiques  dont  la  charge  statique  est  W^.  Le  syst&me  lineaire  assoeie  s'ecrit  : 


hj  -y  - 


L- 


oD  x  et  y  sont  les  composantes,  dans  le  repere  fixe,  du  deplacement  du  centre  de  l'arbre  3  partir  de  la 
position  d'Squilibre  statique 

Pour  g€n£raliser  les  calculs  on  emploie  les  variables  sans  dimension  suivantes  : 


bij  C  w 

w 

o 


*  x  *  c  *  Y 


v  »  -X-  ;  x  -  ;  y  . 


par  ailleurs  la  recherche  d'une  solution  de  la  forme 


avoc  A  —  )/  +  17 


conduit  au  systeme  homogene 


rM  >2  ♦  B  A  +  A  B  A  +  A  T  (  X  1 

!  xx  xx  xf  xy  J  >  «  0 

|b  a  +  a  m  a?  +  b  a  +  a  1  v  j 

*-  vx  vx  vv  vvJ  v  ' 


Ce  syst3me  admet  une  solution  si  le  polynome  caractfiristique 


f  (A)  -  Ao  A1'  +  At  A3  +  A2  A?-  +  A3  A  +  Ai, 


est  nul.  Avec 


224 


M2 


(8) 


A,  -  M  (B  +  B  )  -  M  tr.  (B.  .) 

1  xx  yy  ij 

A2  «  M  (A  „  +  A  )  +  B„  B  -  8  B  -  M  Cr.  (A..)  +  Det.  (B..) 

xx  yy  xx  yy  xy  yx  ij  ij 

A,  *  B  A  +  B  A  -B  A  -B  A 

1  xx  yy  yy  xx  xy  yx  yx  xy 


A4 


A  A  -  A  A 
xx  yy  xy  yx 


Det.  (A  j  j ) 


l.e  critAre  de  Routh-'.lurwitz  indique  que  toutes  les  racines  da  polynome 


(7)  ont  des  parties 


reelles  negatives  si  et  seulement 

si  1 

es  inegalitSs 

suivantes  sont  rtspectees  : 
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avec  ici  *  0  pour  k  >  k 
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A2  A4 
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Dans  le  cas  consid^re  ici  A  ■ 

0 

M2 

>  0. 

ce  qui  conduit  aux  inAgalitf-s  suivantes  : 

A.  >  0 

i  -  0  A  A 

on 

1 

Aj  Aj>  A3  •  Af  Ai*  -  Aq  Ajj  >  0 

• 

ces  conditions  correspondent  au  cas  d'un  comportement  stable  da  systeme  rotor  rigide-paliers. 

La  stability  d'une  position  d'dquilibre  est  done  fonction  des  coefficients  dynamiques  ralatifs  A 

cette  position  et  de  la  masse  de  rotor  M  attribute  au  palier  et  qui  joue  ici  le  r6le  d'un  paramAtre. 

Dans  le  cas  oQ  1'inAgalite  (11b)  se  rdduit  A  une  egalitA,  c'est-A-dire  A  la  limite  de  stabilite, 
les  determinants  d'Hurwitz  d'ordre  3  et  A  sont  nuls.  La  formule  d'Orlando  | 1 4 [  precise  alors  que  le  poly- 
nome  caractdristique  a  au  moins  une  pairc  de  racines  upposees  imaginaires  pures.  Compte  tenu  des  relations 
entre  les  coefficients  A^  et  les  racines  de  I'Aquation  (7)  les  deux  autres  racines  peuvent  etre,  aoit  des 
complexes  conjuguds  A  partic  reelle  negative,  soit  des  rdels  ndp.atifs.  Cette  solution  represente  le  cas 
marginal  de  stability  pour  lequel  le  centre  de  l'arbre  decrit  une  orbite  fcrmde  :  il  y  a  fouettement  et  la 
valeur  de  la  masse  pour  laquelle  ce  mouvement  prend  naissance  est  appelee  masse  critique. 

Ainsi  lorsque  : 

(a)  La  masse  de  l'arbre  est  inferieur  A  la  masse  critique  :  le  point  de  fonct ionnemenl  est  stable 

(b)  La  masse  de  l'arbre  esc  egale  A  la  masse  critique  :  l'dquilibre  est  marginal,  le  centre  de  l'arbre  de¬ 

crit  une  orbite  fermee,  il  y  a  fouettement.  La  frequence  de  fouettement  peut  etre  determince  A  partir 
des  relations  entre  les  coefficients  des  racines  de  I'equation  (7),  il  vient 


(12) 


Y2 


A3/A1 


(cj  La  masse  de  l'arbre  est  superieure  A  la  masse  critique  :  l'equilibre  est  instable,  le  centre  de  l'ar¬ 
bre  s'eloigne  de  la  position  d'equilibre  statique.  Dans  ce  cas,seule  la  resolution  du  probleme  non  li- 
ndaire  permet  d'etudier  le  mouvement  ultorieur. 


A . 2  Recherche  directe  de  la  frontier e  de  stabilite 

En  196  3  Lund  |l5|  a  propose  une  anproebe  plus  directe  mais  moins  generate  du  probleme  ;  celle-ci 
suppose  l'existence  d'un  seuil  de  stabilite  pour  lequel  le  mouvement  est  un  mouvement  orbital  de  la  forme  : 


(13) 


v  a  lycot 
X  *  X  o 

-  i^t 
Y  -  Y  e 


oil  y  est  un  nombre  rdel.  Cette  approe.ie  conduit  A  un  polynome  caractSristique  dont  on  peut  separer  directe- 
ment  partie  reelle  et  partie  imaginaire  et  ecrire  : 


0  4) 


A[  -  A3  y  “  0 

A  Y*1  -  A2  yZ  +  A4 


0 


la  premiAre  equation  admet  y  "  0  et  y‘  "  A 3 /Aj  comme  solutions.  La  solution  y  -  0  est  incompatible  avec  la 
seconde  equation  puisque  A4  est  different  de  zero.  Le  report  de  Y2  "  A3/A1  dans  la  seconde  Aquation  conduit 
A  la  relation  : 


(15) 


AQ  A§  -  A2  A3  Ai  +  Ai.  Af 


qui  correspond  au  cas  limite  de  l'inegalite  (11b).  On  retrouve  ainsi  les  relations  etablies  en  utiiisant  le 
critAre  de  Routh-Hurwitz.  Il  faut  remarquet  que  par  cette  methode  on  ne  possede  pus  de  renseignements  sur 
les  deux  autres  racines  et  en  particulier  sur le  signe  des  parties  reelles,  seule  l'etude  du  signe  des  coef- 


ficients  A.  permet  de  rApondre  A  cette  question.  Cette  Atude  est  omise  par  la  nlupart  des  auteurs  ce  qui 
peut  partiellement  se  justifier  car  dans  toutes  les  configurations  de  paliers  que  nous  avons  Atudiees 
jusqu ' ici , les  coefficients  A.  sont  toujours  positifs  de  par  la  valeur  des  coefficients  de  raideur  et 
d 1  amor t i s  sement . 

Les  relations  (8),  (12)  et  (15)  permettent  d'exprimer  la  frequence  de  fouettement  y  et  la  mas¬ 
se  critique  Mc  en  function  des  coefficients  dynamiques  du  palier.  II  vient  : 


<Axx  -  V  <\y 

B  B 
xx  yy 


V  Axy  Ayx 
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xy  yx 
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**  yy _ i 


B  -  A 
xx  xy 

B  +  B 
xx  yy 


l'  -  A 
yx _ y 


Ainsi  pour  un 
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mination  d'une  masse  cri 

Remarquons  que 
stability  ;  si  celui-ci 
calcul  par  un  coefficien 
ficient  y2  positif  cela 


palier  de  gAomAtrie  donnAe  la  masse  crit;que  adimensionnAe  est  uniqvoment  function 
puisque  les  coefficients  dynamiques  sans  dimension  ne  dependent  que  de  ce  nomfcre. 
la  vitesse  de  rotation  intervient  dans  la  dimensionncment  de  la  masse  :  la  deter- 
tique  est  ainsi  Aquivalente  A  la  dAterraitnft ion  d'une  vitesse  critique  de  rotation. 

pour  Atablir  les  relations  (16)  nous  avotiu  supposA  l'existence  d'un  seuil  de 
n'existe  pas,  c'est-A-dire  si  le  palier  est  stable,  cela  se  traduit  au  niveau  du 
S  y2  nAgatif.  A  l'opposc,  si  la  masse  adimensionnAe  M  est  negative,  pour  un  coef- 
signifie  une  instability  du  palier  pour  touts  valeur  de  la  masse  du  rotor. 


5.  CARTES  DE  STABILITE 


La  courbe  de  variation  de  la  masse  critique  adimensionnAe  M  en  fonction  du  nombre  de  Sommer¬ 
feld  S  forme  ce  que  l'on  appelle  la  carte  de  stability.  Cette  courbe  Si.vise  le  plan  en  deux  regions  :  une 
rAgion  stable  et  une  region  inttable.  Sur  la  figure  A  nous  avons  reprAstntA  la  carte  de  stability  et 
l'evoiution  de  la  fryquence  de  fouettement  relative  A  difffrents  types  de  paliers. 

La  carte  de  stability  caractArise  exclusivement  le  palier  ;  elle  permet  d'une  part  de  dAtermi- 
ner  si  un  point  de  f onctionnement  est  stable  ou  non  et  d'autre  part  de  caiculer  au-delA  de  quelle  masse 
de  rotor  ou  de  quelle  vitesse  de  rotation  le  fouettement  apparatt. 

On  constate  que  dans  le  css  d'un  palier  chargy,  il  n’existe  pas  de  conditions  de  f onctionnement 
totalement  instables.  Par  contre  aux  grandes  excentricity.s  c'est-A-dire  aux  trfcs  fortes  charges  la  stabi¬ 
lity  est  indApendante  de  la  masse.  De  uieme  la  fryquence  de  fouettement  adimensionnye  y  ,  qui  est  voisine 
de  0,5  aux  charges  faibles  et  modArees,  tend  rapidement  vers  zAro  lorsqu'on  approche  de  la  zone  oil  le  pa¬ 
lier  est  infiniment  stable. 


se  critique 
tion  de  fou 


Dans  le  cas  d'un  rotor  flexible,  la  frAquence  de  fouettement  es*-  plus  significative  que  la  mas- 
ique  car  1 '  instability  apparatt  lorsque  la  pulsation  naturelle  du  systAme  uin  est  ygale  A  la  pulsa- 
fouettement  c'est-A-dire  lorsque  la  pulsation  ryelle  est  Agale  A  wn/yg* 


6.  ROLE  DES  COEFFICIENTS  DYNAMIQUES  VIS  A  VIS  DE  LA  STABILITE 

Les  relations  (8)  et  (11)  qui  permettent  de  dyfinir  les  conditions  de  stability  du  palier  ne 
font  pas  toutes  intervenir  la  masse  du  rotor.  Ainsi  selon  les  valeurs  respectives  des  coefficients  dyna¬ 
miques  il  est  possible  de  rencontrer  des  cas  oO  le  systAme  est  instable  ou  stable  quelouo  suit  la  valeur 
de  la  masse  M  du  rotor  et  des  cas  of!  le  systeme  est  stable  pour  certaines  valeurs  de  M.  On  peut  done  Atu- 
dier  la  contribution  des  diffArents  coefficients  dynamiques  sur  la  stability. 

6. 1  Coefficients  de  raideur  et  testability  statique 

Dans  le  cas  od  les  termes  d '  amortissement  B.  .  sont  mas,  le  systAme  linAaire  (A)  se  reduit  A  : 

-IK: 


(V)  LAyx  V)<YJ 

Si  les  termes  de  couplage  A  et  A  sont  nuls  le  point  de  fonctionnement  n'est  stable  que  si 

les  termes  directs  A  et  A  sont  touU  positifs  et  cela  quelque  solt  la  masse, 
xx  yy  v 

L'existence  d'un  couplage  en  raideur  est  gAnAralement  source  d' instability.  Dans  ce  cas  le  sys- 
tAme  est  stable  quelque  soit  la  valeur  de  la  masse  si  les  3  conditions  suivantes  deduites  de  1 'Atude  des 
racines  de  l'equation  caractyrist ique  associAe  au  systAme  (17)  sont  vArifiAes 

A  +  A  >0 
xx  yy 

(18)  A  A  -  A  A  >0 

'  xx  yy  xy  vx 

(A  -A  )2  +  4  A  A  >0 

xx  yy  xy  yx 

Remarquons  que  l'un  des  termes  de  raideur  directe  peut  etre  nAgatif  A  condition  qu'il  soit  infe- 
rieur,  en  valeur  absolue,  A  l'autre  j  dans  ce  cas  un  et  et  un  seul  des  termes  de  raideur  croisAe  doit  etre 
nAgatif.  Ceci  est  en  contradiction  avec  1'hypothAse  avancAe  par  Smith  ]lb|  selon  laquelle  la  stability  sta¬ 
tique  impose  que  Axx  et  A  soient  positifs.  Ce  point  sera  confirmA  dans  le  paragraphe  7.  Far  ailleurs 
lorsque  les  deux  coefficients  directs  sont  positifs  un  terme  de  raideur  croisA  nAgatif  facilite  l'insta- 
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biiite. 


ryduisent  3  : 


Dans  le  cas  oO  le  syst6me  est  conservatif  c ' est-3-dire  si  A  *  A  les  conditions  (18)  se 


xy  yx 


A  >0 

xx 

(19)  Ayy  >  0 

A  A  -  A  A  >0 
xx  yy  xy  yx 

L1 instability  statique  aura  lieu  3  partir  de  certaines  valeurs  des  termes  de  couplage  et  cela 
quelquc  soit  la  valeur  de  la  masse. 

6 . 2  Coefficients  de  raideur  et  d ’amortissement 

Si  lea  termes  de  couplage  en  raideur  et  en  amortissement  sont  nuls  les  conditions  de  stability 
ddduites  des  inequations  (11)  seront  c-n  particulier  satisfaites  si  tous  les  coefficients  directs  sont  po- 
sitifs.  Ainsi  la  condition  suffisante,  qui  s'dcrit  A^  >  0,  >  0  et  A..  ■  B.  .  *  0  si  i  i  j  conduit  3 

une  stability  qui  n'est  pas  influencee  par  la  masse.  1  ^ 

Dans  le  cas  oil  il  existe  un  couplage  en  raideur  mais  non  en  amortissement,  les  conditions  de 
stability  (II)  imposent  : 


A.  >  0 

l 


Mf  B  B  (A 
L  xx  yy  xx 

Soit  encore 


A  )2  ♦  A  A  (B  ♦  B  )21<  (B  B  )  (B  A  +  B  A  )  (B  B  ) 
w'  xy  yx  v  xx  vv/J<  v  xx  vv7  v  xx  vv  vv  xx7  xx  vv 


yy  xx  yy  yy  xx  xx  yy 


(21)  -  M  (a  B  B  ♦  8  A  A  )  <  !  !  B 

'  w  xx  yy  xy  yx'  xx  yy 

oil  a  B  et  6  sont  des  coefficients  positifs.  Dans  le  cas  usuel  oQ  les  amortissements  directs  sont  tous 
deux  positifs,  la  relation  (21)  montre  que  la  stability  est  assurde  quelque  soit  la  valeur  de  la  masse  si 

(22)  (a  B  B  ♦  8  A  A  )  >  0 

'  xx  yy  p  xy  yx7 


soit  encore 


"  A*y  Ay*  <  TT7TnFl7(Axx  *  \y> 


XX  yy 

le  rapport  B  B  /(Bxx  +  B  )2  dtant  toujours  inferieur  ou  Agal  3  0,25  cette  condition  est  plus  restric¬ 
tive  que  celle  relative  au  ?as  statique  et  donnye  par  la  relation  (18),  Ainsi  la  prysence  de  l'amortissc- 
ment  direct  facilite  1' instability.  Cependant  si  celle-ci  se  produit  elle  peut  etre  supprimde  en  rddui- 
sant  la  masse. 

Dans  le  cas  oO  un  seul  terme  d ' amort issement  direct  devient  nygatif,  le  mouvement  n'est  pas  obli- 
gatoirement  instable,  mais  les  contraintes  sur  les  valeurs  respectives  des  coefficients  sont  plus  resttic- 
tivea  que  celles  ytablies  prycydemment . 

Dans  le  cas  gynyral  les  conditions  de  stability  sont  donnyes  par  les  relations  (11)  et  il  est 
quasi  impossible  d'examiner  sypar5ment  I'effet  des  8  coefficients  dynamiques.  Cependant  il  convient  de  si¬ 
gnaler  que  les  coefficients  directs  d'amortissement  facilitent  la  destabilisation  du  systome, 

6. 3  Conclusion 

Les  rysultats  prysentys  ici,  qui  peuve.it  parattre  evident  pour  un  specialiste  en  vibrations, 
raontrent  que  1 ' instability  de  fouettement  trouve  son  origine  dans  les  termes  croises  de  raideur  et  que 
cont rairement  3  certaines  affirmations  trouve's  dans  la  littyrature  j 

(a)  L'yquilibre  stable  n' impose  pas  que  les  termes  directs  de  raideur  soier.t  tous  deux  positifs,  ceci  est 
illustry  pour  un  cas  particulier  dans  le  paragrapbe  suivant, 

(b)  Les  termes  directs  d'amortissement  ne  permettent  pas  de  repousser  le  seuil  de  stability  mais  au  con- 
traire  ils  facilitent  l'apparition  de  1 ' instabi l ity . 

Par  ailleurs  un  palier,  dont  les  coefficienB  directs  de  raideur  et  d'amortissement  sont  tous 
positifs  et  dont  les  termes  de  couplage  sont  nuls  est  toujours  stable.  Ce  cas  est  reprysentatif  de  cer¬ 
tains  pallers  3  patina  oscillants  bien  connus  pour  lour  tr8s  grande  stability. 


7.  ETUDE  NON  LINEAIRE  D’UN  PALIER 

Lorsque  le  point  de  fonctionnement  appartient  3  la  region  instable  ou  lorsque  la  charge  appli- 
qude  au  palier  est  fonction  du  temps,  le  comportement  du  palier  ne  peut  etre  etudie,  en  toute  rigueur, 
qu'3  l'aide  de  la  thyorie  non  lineaire.  Les  Equations  du  mouvement  s'ecrivent  : 

m  x  -  W  (t)  +  F  (x,y,x,y,t) 

(23)  X  * 

m  y  Wy(t)  +  Fy  (x,y  ,x,y ,  t) 

oil  W  et  W  sont  les  composantes  de  la  charge  appliquye  3  l'arbre,  et  oil  F  et  F  sont  obtenus  par  la  re¬ 
solution  d?  l'yquation  de  Reynolds.  L' intygration  de  ce  systSme  differential  nXn  linyaire  est  effectuee 
en  utilisant  une  raythode  directe  de  type  Euler  dont  la  validity  a  6te  prouvee  par  ailleurs  | 1 3 ,  1 7 | . 
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A  titre  d'exemple  nous  prAsentons  les  rdsultats  obtonus  dans  le  cas  d'un  palier  A  deux  lobes 
precharges  (palier  citron),  sounds  A  une  charge  statique,  pour  deux  valeurs  diffArentes  de  la  masse  du 
rotor,  l'une  correspondant  au  domaine  stable,  l'autre  au  domaine  instable.  Les  caracter istiques  adimen- 
sionnees  du  palier  sont  les  suivantes  : 

-  Rapport  de  la  longueur  au  diamStre  du  palier  L/D  ■  I 

-  Prdcharge  gdomdtrique  m  -  0,5 

-  Excentricitd  de  fonctionnement  statique  e  »  e/C  *  0,1 

B 

Pour  ce  point  de  fonctionnement  les  coefficients  adimensionnAs  de  raideur  et  d 'amortis 3ement  sont  : 


A  -  38,74  A  -  22,65  A 
xx  ’  xy  ’  yx 


-  22,38 


yy 


-  1,22 


Bxx  -  78,92 


Q  -  B  -  -  28,21  B  -  18,79 
xy  yx  yy 


ce  qui  conduit  A  une  masse  critique  et  A  une  frequence  de  fouettement  adimensionnAes  de  : 


Mc  »  17,38  y s  -  0,61 

Les  figures  6  et  7  reprAsentent  en  trait  plein  le  lieu  des  positions  d'Aquilibre  statique  du 
centre  de  l'arbre  A  1'intArieur  du  coUBsinet  et  en  trails  discontims  la  trajectoire  dAcrite  par  le  centre 
de  l'arbre  A  partir  d'une  position  choisie  de  faqon  arbitraire  (point  B) ,  pour  deux  valeurs  de  la.  masse 
du  rotor  M|  «  4,33  et  M2  “  39,  On  remarque,  Fig.  6,  que  lorsque  le  point  de  fonctionnement  appartient  au 
domaine  stable  de  la  figure  4,  le  centre  de  l'arbre  rejoint  de.  maniAre  asymptotique  la  position  d'equili- 
bre  statique  A.  Ceci  confirme  les  resultats  obtenus  par  1 'analyse  linAaire  et  infirme  I'hypothAse  avancAe 
par  Smith  puisque  l'un  des  coefficients  de  raideur  direrte  est  nAgatif  (A  <  0)  .  Par  centre  dans  le  cas 
oQ  le  point  de  fonctionnement  appartient  au  domaine  inutabie  ae  la  fig.  4yle  centre  de  l'arbre  dAcrit  une 
orbite  fermAe  de  grande  amplitude  (Fig.  7)  dont  les  caractAristiques  ne  peuvent  pas  etre  obtenues  A  partir 
de  la  thAorie  linAaire.  La  frequence  moyenne  de  fouettement  adimensionnAe  est  voisine  de  0,44  ,valeur  diffS- 
rente  de  celle  prAvue  par  la  thAorie  linAaire.  Par  ailleurs  ce  mouvement  orbital  entraine  des  forces  hy- 
drodynamiques  importantes  ce  qui  conduit  parfois  A  la  rupture  du  palier. 


8.  CONCLUSION 

La  thAorie  linAaire  permet  de  prAdirc  les  limites  de  stability  d'un  palier  c'est-A-dire  la  masse 
critique  et  la  frequence  de  fouettement.  Son  application  A  diffArents  types  de  paliers  montre  que  le  palier 
circulaire  classique  est  le  moins  stable.  Les  modifications  du  profil  du  coussinet  qui  assurent  une  prA- 
charge  gAomAtrique  ont  gAnAralement  un  effet  stabilisant.  Par  ailleurs,  la  realisation  de  paliers  pour 
lesquels  les  termes  de  raideur  croisAes  sont  nuls  conduit  A  des  mAcanismes  trAs  stables  (par  exemple  les 
paliers  A  patins  oscillants). 

La  validitA  de  la  thAorie  linAaire  a  AtA  eonfirmAe  par  l'Atude  du  comportement  dynamique  d'un 
palier  A  2  lobes  pour  deux  conditions  de  fonctionnement  correspondant  respectivement  A  un  point  de  fonc¬ 
tionnement  stable  et  instable.  Dans  le  domaine  instable  le  centre  de  l'arbre  dAcrit  une  orbite  fermAe  de 
grande  amplitude  ce  qui  engendre  de  trAs  grandes  forces  hydrodynamiques  nuisiblesau  bon  fonctionnemeiit 
du  mAcanisme. 
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Fig.  I  •.  Schematisation  du  palier 
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Fig  3  :  Schematisation  du  rotor 
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DISCUSSION 


M.AkkOk,  Middle  Hast  Technical  University,  Tu 

It  is  well  known  that,  in  non-circular  bearings  the  groove  angle  between  the  arcs  and  the  positions  and  the  preload 
of  arc  centres  with  respect  to  the  hearing  centre  have  strong  effect  on  the  stability  and  whirl  frequency.  Therefore 
could  you  define  the  non-circular  geometries  m  figures  A,  5  anil  6  more  specifically  in  terms  of  groove  angles, 
positions  and  preloads  on  the  bearing  arcs? 

Reponse  d'Auteur 

Les  caractdristiques  gdomdtrques  des  differents  types  de  paliers  dont  les  cartes  dc  stability  sont  presentees  figure  4 
donnfes  dans  Ic  tableau  ci-dcssous 


Type  dc 
Palier 

angle 

d  'amplitude 
dll  lobe  Pi 

angle 

d  'amplitude  de 
la  tabuin'  qq 

angle 

d'origine  du 

I1’  lobe  a, 

Coefficient 
d  'any  me  trie 
a 

Coefficient 
dc  precharge 
m 

2  lobes 

160° 

20° 

O 

O 

o 

0,5 

0,5 

2  lobes 
ddcollds 

C\ 

o 

o 

20° 

100° 

1 

0,5 

3  lobes 

110° 

10° 

co 

0,5 

0,5 

3  lobes 
ddcollds 

110° 

10° 

5° 

1 

0,5 

4  lobes 

1 

o 

o 

00 

10° 

| 

o 

o 

L_ 

0,5 

0,5 

Pour  chacun  des  paliers  les  diffSrcnts  lobes  sont  identiques. 


l.F.Chevalier,  SNECMA,  Fr 

Quand  vous  calculez  les  coefficients  dynamiques  du  pallor,  etes  vous  oblige  de  faire  des  hypotheses  simplificatrices, 
en  particulier  sur  la  correlation? 

Reponse  d’Auteur 

La  valcur  des  coefficients  dynamiques  d’un  palier  ddpet'd  dvidemment  des  conditions  aux  limites  utilisdes  pour 
intdgrer  1’dquaiion  de  Reynolds.  Dans  l’dtude  prdsentde  ici,  nous  avons  employd  les  conditions  aux  limites  de 
Reynolds.  Une  comparaison  des  rdsultats  o'otenus  pour  diffdrents  paliers  dans  Jc  cas  ou  il  n’cxiste  pas  de  rupture  du 
film  a  dtd  effectude  par  ailleurs  (ref.  13),  Les  rdsultats  obtenus  montrent  quo  les  paliers  cyhndriques  et  d  lobes 
symdtriques  sont  gdndralcment  moins  stables  lorsque  Ic  film  d’huilc  est  complet.  Ceci  peut  exister  dans  le  cas  de 
paliers  fortement  pressurises. 


J.Fabri,  ONHRA,  Fr 

Vous  avez  montrd  qu’il  existe  deux  frequences  de  foucttcincnt :  Func  a  la  frequence  de  1’arbre,  l’autre  a  frequence 
moitid.  Pourquoi  seule  la  second  est-elle  dangereuse. 

Reponse  d’Auteur 

La  premidre  frequence  de  fouettement  qui  correspond  a  la  frequence  de  rotation  de  l’arbre  est  due  aux  balours 
rdsiducls;  dans  ce  cas  la  force  hydrodynamique  dans  le  film  du  palier  joue  un  role  bdndfique  et  limite  I'amplitude 
du  mouvement  de  l’arbrc.  Par  contre,  la  demi-frdquence  dc  fouettement  est  line  instability  vibratoire  propre  au 
palier  hydrodynamique  et  qui  se  developpe  quand  le  palier  fonctionne  dans  la  zone  instable  de  la  figure  4.  Dans 
ce  cas  le  palier  est  gendrateur  do  vibrations.  Quand  la  frequence  de  cette  vibration  entre  en  resonnance  avee  la 
frequence  critique  du  rotor,  le  palier  agit  comme  un  excitateur.  Les  forces  hydrodynamiques  dans  le  film  tic 
s’opposent  plus  au  mouvement  de  l’arbre  mais  au  contraire  out  tendance  a  1’amplifier,  ce  qui  peut  entrainer  la 
destruction  du  palier. 


M.Vermeulen,  University  of  Gent.  Be 

Vous  avez  presents  des  rdsultats  pour  des  gdomdtrics  fixes.  Ave/.-vous  aussi  dtudid  les  paliers  a  patins  oscillants? 
Kst-ce  quo  ces  rdsultats  sont  disponibles? 

Reponse  d'Auteur 

Qui,  nous  avons  aussi  calculd  les  caractdristiques  statiques  et  dynamiques  de  differents  types  de  paliers  a  patins 
oscillants.  Dans  ce  eas  les  calculs  sont  plus  complexes  car  les  caractdristiques  dynamiques  ne  dependent  pas  seule- 
tnent  de  la  geometric  du  palier  et  du  nombre  de  sommerfeld  mais  aussi  de  la  frdqucnce  d’excitation  des  patins. 
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Par  ailleurs,  le  frottement  au  pivot,  dont  il  est  tr6s  difficile  de  tenir  compte  de  fa?on  r6aliste,  modifie  ces 
caract^ristiques.  Les  rdsultats  de  ces  Etudes  sont  en  partie  publics  et  font  par  ailleurs  l’objet  d’une  partie  de  la  thdse 
de  N. Abdul  Wahed  (ref.  13). 


R.Holmes,  University  of  Sussex,  UK 

Even  though  a  journal  may  be  initially  unstable,  it  is  conceivable  that  this  instability  may  be  curved  into  a  limit  cycle 
well  within  the  clearance  limit.  Have  any  of  your  computations  shown  this  and  have  you  been  able  to  assess  the 
effects  of  mass  unbalance  in  this  respect? 

Reponse  d’Auteur 

L’<5tude  effective  ici  conceme  le  comportement  dynamique  d’un  palier  supportant  un  rotor  rigide  parfaitement 
<5quilibr<5.  Ainsi  dans  Equation  (2),  Wx(t)  =  W0  et  Wy(t)  =  0.  Dans  ce  cas en  regime  instable, le  centre  de  l’arbre 
dtScrit  une  orbite  fermde  d’amplitude  voisine  a  celle  du  cercle  de  jeu,  d  une  frequence  nettement  inf6rieure  d  celle 
de  la  rotation  de  1  crbre  (fig. 7).  La  force  additionelle  due  &  un  balourd  a  Svidemment  une  frequence  6gale  4  celle 
de  la  rotation;  elle  peut  ainsi  dans  certains  cas  jouer  un  role  stabilisant.  Le  mouvement  orbital  de  l’arbre  est  tou- 
jours  different  de  celui  pr6sent<S  figure  7  et  l’amplitude  de  cette  orbite  varie  selon  la  valeur  du  balourd. 
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SUMMARY 

This  paper  outlines  the  Jiain  features  of  a  newly  developed 
software  suite  dealing  with  the  steady-state  performance  of  solid 
and  porous  journal  bearings.  Variable  bearing  geometry,  groove 
configuration,  oil-supply  pressure,  matrix  permeability  (for  the 
porous  case)  and  journal  misalignment  are  all  within  the  capabil¬ 
ities  of  the  suite. 

The  suite  developed  is  design-orientated  and  circumvents  many 
of  the  existing  bearing  design  problems.  It  is  particularly 
suitable  for: 

1.  Analysis  and  performance  prediction  of  the  journal  bearings' 
behaviour  under  conventional  and  newly  established  boundary 
conditions . 

2.  Optimisation  of  bearing  performance  by  progressive  modifi¬ 
cation  through  direct  computer /us er  interaction  whilst 
observing, in  real-time, the  effect  both  numerically  and 
graphically  on  a  direct  visual  display. 

Good  agreement  has  been  found  between  the  results  from  the 
use  of  'C.A.D.E.' and  the  experimental  findings  from  various  sources, 

NOTATIONS 


C  Radial  clearance 

r<j  Diametral  clearance 

Cm  Couple  variable 

Cn  Capacity  number,  yN  '  (D/C<j )  2  (L/D)  2  /  P 

D  Journal  diameter 

Dm  Degree  of  misalignment,  e'/e'max 

J  Mechanical  equivalent  of  heat 

L  Bearing  length 

Lr  Load  ratio,  S/Se 

M  Resultant  couple  from  the  oil  film 

Mx  Component  of  M  about  the  x-axis 

My  Component  of  M  about  the  y-axis 

N  Journal  speed,  rpm 

N'  Journal  speed,  rps 

P  Non-dimensional  pressure  P/wh (R/C) 2 

Pmax  Maximum  value  of  P 

P  Specific  bearing  pressure,  W/LD 

Qx  Circumferential  flow 

Qz  Axial  leakage  flow 

R  Journal  radius  (Rj) 

Rj,  Bearing  radius 

S  Sommerfeld  number,  r)  N  '  (R/C)  2  /  P 

Se  Equivalent  Sommerfeld  number  due  to 

misalignment  as  defined  by  the 
authors  of  P.ef.  31,  nN  '  (R/C)  2  /PLr 

Bearing  wall  thickness 
Average  temperature  (defined  in  Ref. 
Journal  surface  velocity  (Ui) 


UQ  Slip  velocity  at  the  film/ 

matrix  interface  in  the 
x-direction 

Vi  Radial  velocity  component  at 

the  iournal/film  interface 

V0  Radial  velocity  component  at 

the  film/raatrix  interface 

W  Applied  load 

W0  Slip  velocity  at  the  film/matrix 

interface  in  the  z-direction 

c  Specific  heat 

e  Bearing  eccentricity 

e0  Central  eccentricity 

e'  Projected  length  of  the  mis¬ 

aligned  journal  onto  the 
bearing  mid-plane 

e'__„  Maximum  value  of  e' 
max 

h  Local  film  thickness 

h*  Film  thickness  at  the  film 

breakdown  boundary 

hmin  Minimum  value  of  h 

1  Axial  length  of  oil  groove 

P  Local  film  pressure 

P0  Oil  supply  pressure 

r{  Inner  porou3  bearing  radius 

r0  Outer  porous  bearing  radius 

t£  Oil-inlet  temperature 

tc  Oil-outlet  temperature 

x  Circumferential  co-ordinate 

Radial  co-ordinate 


T 

Tav 

U 


y 
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z 

Axial  co-ordinate 

3 

Small  change 

t 

Non-dimensional  axial  co-ordinate,  z/L 

£ 

Eccentricity  ratio,  e/C 

A 

Duty  parameter,  W/uriRL(R/C) 4 

eo 

Central  eccentricity  ratio,  e 

o/C 

At 

Temperature  rise,  t0-t£ 

r> 

•utricant  viscosity 

Ax 

Mesh  interval  in  the  x-direction 

K 

Angle  in  degrees  subtended  by 

the 

Az 

Mesh  interval  in  the  z-direction 

breadth  of  the  groove  to  the 
centre 

bearing 

* 

Matrix  permeability 

X 

Some  angle  before  the  position  of 

<P 

Permeability  factor,  <J>r£/C3 

maximum  clearance  where  film 

a 

Some  small  angle  after  7r  where  film 

pressure  starts 

pressure  terminates 

u 

Coefficient  of  friction 

8 

Angle  between  the  central  eccentricity 

e 

Circumferential  co-ordinate, 

21TX 

vector  and  the  projected  journal  axis 

®pmax 

Position  of  the  peak  pressure 

Y 

Weight/unit  volume  of  lubricant 

Bearing  attitude  angle 

7 

Angle  between  the  resultant  couple 
vector  and  the  y-axis 

$0 

Angle  of  the  line  of  centres 

w 

Angular  velocity,  2itN' 

1  INTRODUCTION 

The  advent  of  the  digital  computer  has  given  the  modern  bearing  designer  a 
reliable  and  exceedingly  powerful  tool  for  establishing  optimum  designs  or  evaluating 
the  existing  bearing  potential. 

Although  conventional  "desk  top"  design  methods  have  their  rightful  place  where 
bearing  problems  are  of  a  relatively  straightforward  nature,  there  are  design  situations 
where  such  an  approach  is  not  possible,  a  typical  example  being  one  which  requires  an 
iterative  procedure  in  order  to  reach  a  satisfactory  solution. 

Today,  computers  are  playing  an  increasingly  important  role  both  in  the  generation 
of  view  design  data  and  in  the  optimisation  of  bearing  designs.  This  trend  is  likely  to 
continue  unabated  within  the  foreseeable  future. 

2  LITERATURE  SURVEY 

A  survey  of  the  literature  concerning  the  application  of  digital  computers  to 
journal  bearing  design  reveals  one  of  the  earliest  outstanding  publications  to  be  that  of 
Christopherson  (1),  dated  1941,  in  which  the  author  presented  the  first  elegant  numerical 
solution  of  the  Reynolds  equation  based  upon  the  "Relaxation  Technique"  devised  by 
Southwell  (2).  By  using  a  finite  difference  representation,  this  author  demonstrated 
that  the  fluid-film  governing  equation  for  the  finite  journal  bearing  could  be  solved 
with  relative  ease;  he  further  showed  the  new  solution  technique  to  be  feasible  even  if 
oil  viscosity  was  treated  as  a  variable  in  terms  of  temperature  and  pressure.  Examples 
of  other  notable  contributions  which  may  be  cited  in  the  published  literature  concerning 
the  application  of  this  method  of  solution  to  the  journal  bearing  problem  include  the 
work  of  Cameron  and  Wood  (3),  Walther  and  Sassenfeld  (4),  Raimondi  and  Boyd  (5)  and 
Pinkus  (6)  . 

Whilst  valuable  bearing  design  data  were  being  produced  with  the  help  of  digital 
computers  which  could  subsequently  be  incorporated  into  the  "desk  top"  design  methods, 
suitable  computer  programs  were  also  developed  to  facilitate  the  analysis  and  design  of 
journal  bearings.  Furthermore,  computers  were  being  increasingly  employed  not  only  to 
perform  the  tedious  and  time-consuming  design  calculations,  but  as  design  tools  in 
ascertaining  the  effect  of  changing  the  various  design  parameters  in  order  to  achieve 
the  desirable  design  objectives  or  to  establish  a  compromise  among  a  set  of  conflicting 
requirements.  Hence,  the  term  "COMPUTER  AIDED  BEARING  DESIGN"  was  introduced,,  a 
'■•’pical  example  being  the  computer  program  developed  by  Lloyd  and  McCallion  (7)  for 
r, ciprocating  engine  bearings. 

Woolacott  and  Singh  (8,9)  illustrated  the  computer-aided  design  technique  they 
developed  at  the  National  Physical  Laboratory;  this  was  later  adopted  by  the  Engineering 
Sciences  Data  Unit  as  Item  No.  69002  (10)  to  provide  a  computer  service  to  industry. 

The  need  for  computer-aided  bearing  design  was  discussed  by  Rippel  (11)  whilst  Parker 
and  Vickery  demonstrated  the  use  of  a  small  computer  in  engine  bearing  analysis.  A 
useful  survey  of  computerized  bearing  design  programs  was  conducted  by  Taylor  (12)  in 
1971;  this  survey  indicated  clearly  the  availability  of  computer  service  to  industry  and 
also  the  gaps  that  need  to  be  filled. 

With  the  progress  made  in  computer  technology,  the  modern  design  trend  appears 
to  be  in  programming  the  computer  in  such  a  way  that  it  can  make 'value  judgements’  and 
'decisions'  automatically  in  order  to  achieve  the  best  possible  design  so  that  time  and 
effort  are  both  at  a  minimum.  Among  those  who  have  explored  thi3  novel  approach  are 
Seirez  and  Ezzat  (13)  ,  uovson  and  Ashton  (14)  and  Dowson  et  al.1977  (15). 
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3  OUTLINE  OF  THE  APPROACH 

This  paper  outlines  the  main  features  of  a  newly  developed  software  suite  dealing 
with  the  steady-state  performance  of  solid  and  porous  journal  bearings.  The  study, 
besides  aiming  at  obtaining  accurate  basic  design  data  on  a  broad  basis  ,  essential  for  a 
sound  bearing  analysis  or  design,  is  also  orientated  towards  achieving  the  following 
objectives : 

a)  To  assist  the  bearing  designer  in  the  prediction  of  bearing  performance 
characteristics  or  in  ascertaining  the  effect  on  performance  of  an 
existing  bearing  through  a  change  of  operating  parameters. 

b)  T  simplify  the  bearing  design  process, particular ly  in  the  optimisation 
of  bearing  performance  based  upon  the  constraints  imposed. 

There  are  a  number  of  good  reasons  for  adopting  the  present  "broad-brush"  approach 
towards  the  journal  bearing  problem.  Firstly,  the  available  design  data  for  the  steady- 
state  performance  of  journal  bearing  is  generally  scattered  throughout  the  literature  and 
very  few  contributions  appear  to  ba  aimed  at  providing  design  guidance  on  a  broad  basis 
to  the  industrial  designer.  Secondly,  the  information  presented  is  often  incomplete, 
whereas  the  design  data  from  different  sources  is  usually  so  incompatible  as  to  be  of  no  direct 
use  owing  to  the  different  basic  assumptions  used,  solution  techniques  employed  and  the 
way  in  which  the  final  results  are  presented.  In  order  to  achieve  consistency  in  data 
presentation,  a  consistent  method  of  design  chart  arrangement  was  employed  by  the  present 
authors, as  illustrated  in  reference  16.  Thirdly,  the  study  of  the  various  aspects  such 
as  boundary  conditions,  journal  misalignment  or  oil-inlet  conditions  not  only  helps  to 
establish  the  validity  of  the  basic  assumptions  made  and  reject  the  over-simplified  ones, 
but  also  enables  some  of  the  "neglected  variables"  to  be  incorporated  in  th-  solution  thus 
enabling  more  realistic  bearing  data  to  be  produced.  This  is,  perhaps,  best  illustrated 
by  the  comparisons  between  the  computed  data  from  the  use  of  'C.A.S.E.'  and  the  experi¬ 
mental  findings  from  various  sources  shown  later  in  the  paper. 

4  THE  SOFTWARE  SUITE 

The  developed  software  suite  consists  of  a  number  of  computer  programs,  each 
capable  of  performing  a  specific  task  or  in  providing  certain  inf ormation, as  outlined  in 
the  following  sections. 

4 . 1  Computer  Programs  for  Examining  the  Boundary  Conditions  of  Fluid  Film 

The  use  of  correct  boundary  conditions  governing  the  extent  and  shape  of  the 
generated  pressure  film  is  of  importance  in  the  solution  of  the  Reynolds  equation.  Under 
the 'Full  Sommerf eld  Condition',  a  full  fluid  film  is  assumed  to  exist  continuously  around 
the  bearing.  The  resulting  pressure  distribution  is, therefore, positive  in  the  converging 
bearing  space  for  0<6<jt  and  asymmetrically  negative  in  the  diverging  clearance  sector  for 
Although  oil  may  sustain  some  tensile  stresses, as  shown  by  Dyer  and  Reason  (17) 
if  the  journal  eccentricity  is  smaller  than  some  critical  value,  it  usually  breaks  down 
once  the  gas  expulsion  pressure  is  reached.  For  a  full  journal  bearing  this  normally 
occurs  beyond  the  position  of  minimum  film  thickness  where  the  clearance  gap  diverges. 

As  a  result  of  this  departure  in  the  boundary  conditions  the  experimental  bearing  results 
are  at  considerable  variance  with  theory.  A  typical  example  being  the  locus  of  the  shaft 
centre  which, observed  from  experiments,  is  nearly  a  semi -circle  whereas  the  theoretical 
locus, obtained  under  this  boundary  condition, is  always  at  right  angle  to  the  load  line. 

It  was  not  until  1957  that  Tloberg  (18)  demonstrated  experimentally  that  a  full  Sommerfeld 
pressure  curve  could  be  maintained  if  an  oil-groove  is  located  at  the  position  of  minimum 
film  pressure  and  that  the  bearing  is  operating  under  high  ambient  pressures.  Thus,  this 
particular  boundary  condition  is  only  applicable  to  bearings  operating  under  special 
circumstances,  as  employed  by  Raimondi  and  Boyd  (5)  io  evaluating  the  performance  charac¬ 
teristics  of  bearings  used  in  atomic  power  installations  and  pumps  where  the  ambient 
pressure  is  considerably  higher  than  the  atmospheric. 

By  assuming  film  pressure  exists  only  for  0 <8 and  neglecting  the  negative  or 
sub-atmospheric  pressure,  Gumbel  and  Everling  (19)  circumvented  the  main  problem  of  the 
’Full  Sommerfeld  Condition'.  The  new  boundary  condition  is  commonly  referred  to  in  the 
literature  as  the  'Gumbel  Boundary  Condition'  or  simply  as  the  'Half  Sommerfeld  Condition'. 
The  main  drawback  of  'Gumbel  Boundary  Condition'  is  that  it  involves  an  abrupt  change 
of  pressure  gradient  at  which  is  unrealistic  for  obvious  reasons.  Nevertheless ,  . 

this  boundary  condition  is  frequently  employed  by  researchers  because  of  its  simplicity 
^...d  the  fact  that  the  predicted  load  capacity  under  this  boundary  condition  is  sufficiently 
accurate  for  most  of  the  operating  eccentricities. 

A  widely  accepted  film  terminating  condition  which  overcomes  the  difficulty  of 
pressure  discontinuity  is  the  'Reynolds  Boundary  Condition'  (20).  With  this  boundary 
condition,  film  pressure  is  assumed  to  continue  until  both  the  value  of  P  and  3P/3x  have 
fallen  to  zero;  whilst  the  commencement  of  the  film  pressure  is  taken  to  be  at  the 
position  of  maximum  clearance.  Swift  (21),  on  the  basis  of  the  stability  of  the  lubri¬ 
cating  film  in  journal  bearings, and  Stieber  (22),  from  a  consideration  of  the  continuity 
of  flow, provide  justifications  for  the  condition  P  “  3  P/3  x  •  0  at  the  film  breakdown 
boundary.  The  'Swif t-Steiber  Condition',  as  it  is  sometimes  called,  has  been  shown 
analytically  by  Cameron  and  Wood  (3)  to  be  the  one  which  corresponds  to  the  condition 
of  minimum  potential  energy  and  maximum  load.  Christopherson  (23)  further  showed  that 
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this  film  terminating  condition  coincides  with  the  minimum  friction  condition. 

The  assumption  that  film  pressure  starts  at  the  position  of  maximum  clearance 
implies  that  a  full-width  film  begins  at  6-0.  In  an  actual  bearing,  however,  the  commence¬ 
ment  of  the  film  pressure  depends  very  much  upon  the  supply  pressure  and  oil-inlet  con¬ 
figuration.  Thus,  it  does  not  appear  unreasonable  to  use  the  same  boundary  condition 
(P*9P/3x-0)  as  that  at  breakdown.  Such  a  condition  provides  a  'free'  boundary  and 
eliminates  the  restriction  that  film  pressure  begins  specifically  at  the  position  of  maxi¬ 
mum  clearance.  This  is,  clearly  very  useful  when  dealing  with  journal  misalignment  as  the 
film  thickness  now  varies  not  only  circumferentially,  but  also  axially  along  the  bearing 
length.  Some  experimental  justifications  for  this  boundary  condition  have  been  provided 
by  Dyer  (24)  who  found  that  film  pressure  may  begin  in  the  diverging  clearance  region 
before  the  position  of  maximum  film  thickness,  particularly  for  smaller  clearance  bearings 
or  when  bearings  operate  at  high  eccentricities. 

The  behaviour  of  film  rupture  in  the  cavitated  region  has  been  studied  by 
Jakobsson  and  Floberg  (25).  From  a  consideration  of  the  continuity  of  flow  a  new 
boundary  condition  governing  the  reformation  of  film  pressure  was  postulated.  This  film 
build-up  boundary  condition  is  probably  the  best  currently  available, but, unfortunately, it 
is  difficult  to  implement  in  the  solution. 

From  experimental  observations  of  film  rupture  and  separation  of  fluid  on  trans¬ 
parent  bearings,  a  'separation'  boundary  condition  at  the  trailing  edge  of  the  lubricant 
film  has  been  suggested  by  Mori  et  al  (26).  The  criterion  employed  is  that  the  separ¬ 
ation  of  the  film  from  the  bearing  surface  takes  place  when  the  pressure  and  the  velocity 
gradients  perpendicular  to  the  surface  both  become  zero.  The  theoretical  solution  based 
on  this  approach  shows  some  agreements  with  the  experimental  results , but,  as  this  boundary 
condition  leads  to  negative  pressure  after  the  position  of  minimum  film  thickness,  it  is 
only  recommended  by  the  authors  for  lightly-loaded  bear ings,  o therwi se  the  negative  pressure 
in  the  cavitated  region  may  become  excessive. 

An  analysis  showing  the  conditions  for  the  rupture  of  a  lubricating  film  and 
taking  into  account  the  effects  of  gravity,  inertia  and  surface-tension  was  given  by 
Coyne  and  Elrod  (27).  These  authors  derived  the  boundary  conditions  based  on  a 
theoretical  model  which  assumes  that, at  film  rupture,  a  partial  film  spreads  across  the 
clearance  space  adhering  only  to  the  moving  surface  with  a  quadratic  tangential  velocity 
distribution . 

It  is  not  within  the  scope  of  the  present  study  to  give  detailed  comparisons  and 
show  the  effect  upon  the  various  bearing  operating  parameters  arising  from  the  use  of 
each  of  the  aforementioned  boundary  conditions  but,  nevertheless,  some  of  the  more 
popular  ones  have  been  examined  and  are  enumerated  below: 

Boundary  Conditions  1  {See  Fig.  1(a)} 

Film  pressure  begins  at  the  position  of  maximum  clearance  and  continues  for  the 
converging  portion  of  the  bearing.  (Giimbel  Boundary  Condition) 

P-0  at  9-0,  it  and  tt^0.$27T 
Boundary  Conditions  2  {See  Fig.  1(b)} 

Film  pressure  and  pressure  gradients  are  both  equal  to  zero  at  the  commencement 
and  termination  of  the  pressure  curve. 

P  -  0  at  0  «  TT+a,  2tt-X  and  n+a  ^9 ^2tt-X 

3P/3x  -  0  at  0  ■  TT+ct,  2  tt  —  X  and  iT+a  ^0  ^2ir-X 

where 

a  -  an  angle  after  if  where  film  pressure  terminates 

X  -  an  angle  before  the  position  of  maximum  clearance  where  film  pressure  starts 
Boundary  Conditions  3  {See  Fig.  1(c)} 

Film  pressure  begins  at  the  position  of  maximum  clearance  and  continues  until 
both  the  pressure  and  pressure  gradients  have  fallen  to  zero.  (Reynolds  Boundary 
Condition) 

P  -  0  at  0  -  0,iT+a  and  tt+ci  .$0  .$2Tr 

3  P/3  x  -  0  at  0  -  C,TT  +  a  and  tr +a  40 -$2 it 


Boundary  Condition  4 

The  film  build-up  boundary  is  established  from  a  consideration  of  the  flow-balance 
as  suggested  by  Jakolirou  and  Floberg  (25)  whilst  allowing  for  the  oil-inlet  conditions. 
The  film  breakdown  boundary  is  assumed  to  be  at  the  position  where  both  the  pressure  and 
pressure  gradients  are  zero. 

h*U  hU  h3  3  P  h3  3  P 

/ _  _  (  —  -  —  —  ]Az  +( -  —  )Ax  (Film  build-up  boundary  condition) 

'  2  '  2  12n  3  X  '  12n  3  Z 


P-3P/3x-0  at  0- 


n+a 


(Film  breakdown  boundary  condition) 


Sine*  the  numerical  solution  employing  Boundary  Conditions  4  takes  into  account 
the  presence  of  supply  pressure  and  oil-inlet  grooving,  it  will  be  treated  separately  , 
as  shown  later  in  Section  4.3. 

p.iP/in.O 


PtO  PtiP/dXmO  P*iP/tK*9 

I  a )  (  b)  ( c  ) 

Fig.  1  Boundary  conditions  of  fluid  film 


The  computer  programs  developed ,emplcying  the  above  boundary  conditions , are 
capable  of  giving  the  following  information: 

a)  Bearing  Load  Parameter  (A) 

b)  Sommerfeld  Number  (S) 

c)  Attitude  Angle  (<j>) 

d)  Journal  Friction  parameter  (pR/C) 

e)  Minimum  Film  Thickness  Parameter  (hm£n/C) 

f)  Entrainment  Flow  (QX/RCN'L) 

g)  Axial  Leakage  Flow  (Qc/RCN'L) 

h)  Flow  Ratio  (Qs/Qx) 

i)  Temperature  Rise  Parameter  (JycAt/P  ) 

j)  Peak  Pressure  (Pffiax) 

k)  Position  of  Peak  Pressure  (flpmax) 


Fig. 2  shows  a  comparison  of  the  central  pressure  profiles  obtained  under  the 
aforementioned  boundary  conditions  together  with  the  experimental  curve  of  McKee  et  *1,(28) 
The  theoretical  bearing  eccentricity  ratios  were  deduced  from  the  operating  Sommerfeld 
numbers  employing  the  representative  oil  viscosity  values, as  given  in  the  reference. 


Fig.  2  A  comparison  of  the  central  pressure 
profiles 


Fig.  3  A  comparison  of  f  versus  Cp  at  L/D«2.0 


As  shown  in  Fig,  3  -  Fig.  S,  the  predicted  results  of  eccentricity  ratio  versus 
capacity  number,  bearing  frictional  variable  versus  capacity  number  and  eccentricity 
ratio  against  attitude  angle  agreed  with  the  experimental  findings  of  Dubois  et  al,(29). 
It  is  apparent  from  these  direct  comparisons  that  the  theoretical  results  obtained  with 
Boundary  Conditions  2  and  Boundary  Conditons  3  are  indistinguishable.  These  computed 
results  correlated  better  with  the  experimental  data  than  those  obtained  with  Boundary 
Conditions  1. 
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Fig.4  A  comparison  of  fhe  bearing  friction  variable 
against  capacity  number  at  L/D»1.0 


Fig.  5  A  comparison  of  £  versus  0  at  L/D»0.25 


A*  axial  leakage  flow  ia  expected  to  be  influenced  considerably  by  the  oil-aupply 
pressure  and  the  type  of  groove  configuration  present  in  the  bearing  which  were  neglected 
in  the  numerical  solution  employing  Boundary  Conditions  1,  2  or  3,  the  computed  oil  flow 
and, consequently,  the  tern:  erature  rise  parameter  can  only  be  considered  approximate  in 
nature.  Further  treatment  of  this  problem  is  given  in  ‘action  4,3. 

4 . 2  A  Computer  Program  for  the  Misaligned  Journal  Bearin 


A  consideration  of  the  problem  of  journal  mi 
various  performance  characteristics  ia  important  in 
that  elastic  deflection,  thermal  distortion,  aeymmet 
component  production  and  assembly  frequently  occur  i 
received  attention  since  the  early  thirties,  there  i 
mation  in  the  available  literature.  Undoubtedly,  on 
obtaining  an  analytical  solution  for  the  misaligned 
intractability  of  the  problem,  this  being  highlights 
that  have  been  resorted  to. 
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Fig.  6  Co-ordinate  system  for  the  misaligned  journal  bearing 


The  numerical  solution,  outlined  herein,  overcomes  this  difficulty  and  allows  for 
bi-planar  misalignment  to  any  degree  including  the  case  when  contact  between  the  journal 
and  bearing  occurs.  Fig.  6  shows  the  co-ordinate  system  used  for  the  misaligned  journal 
bearing.  The  computer  program,  developed  as  a  result  of  this  study,  is  stable  and  is 
capable  of  accepting  any  practical  bearing  L/D  and  eccentricity  ratio.  Extensive  design 
data  have  already  been  obtained  upon  which  a  variety  of  design  charts  were  constructed 
enabling  the  effect  of  misalignment  on  the  various  performance  parameters  to  be  better 
appreciated.  Additionally,  interactive  computer  graphical  techniques  were  also  implemented. 
This  allows  a  designer  to  readily  cognise  the  overall  effect  of  misalignment  in  practical 
situations.  As  an  example,  Fig.  7(a)  shows  the  pressure  distribution  of  a  perfectly 
aligned  journal  bearing  (L/D-0.25)  operating  at  eQ-0.7.  Fig.  7(b)  shows  the  pressure 
distribution  when  the  journal  is  tilted  to  Dn-0 . 4  and  finally  Fig.  7(c)  illustrates  the 
extreme  misaligned  condition  when  contact  between  the  journal  and  bearing  just  occurs. 


(a)  A  perfectly  aligned  case  (Dn)=0.0) 


lb)  A  typical  misaligned  case  (Dm=0.i>) 


(c)  A  maximum  misaligned  case  (Dh,=UO) 

Fig.7  The  effect  of  misalignment  upon  the  film  pressure 
distribution  ( L/D=0.25 s  Ej= 0.7 f3=0.0 ) 


A*  reported  previously  (16),  good  correletion  hes  been  found  between  the  present 
computed  results  end  the  experimental  findings  of  Duboit.  et  si,  (30  end  31).  Figs.  8  (e)- 
(b)  ere  eemples  of  the  comperison  showing  the  velidity  of  the  computed  dete.  A  further 
noteworthy  feeture  of  the  present  computer  progrem  is  thet  it  hes  predicted  twin  peeks  in 
the  film  pressure  distribution  under  some  conditions  of  'twisting'  miselignment  (i.e. 
miselignment  in  e  horisontel  plene  ebout  the  y-sxis),  this  is  in  egreemcnt  with  the 
observetions  mede  by  Dubois  et  el. (30).  It  is  believed  thet  this  is  the  first  theoretical 
verificetion  of  this  phenomenon  reported  in  the  litereture. 
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Computer  Program!  for  Forced-Feed  Journal  Bearing* 

Forced-feed  journal  bearing*  are  widely  uaed  In  high  speed  machinery  where 
effective  cooling  is  essential.  The  main  and  connecting  rod  bearing*  of  internal  com¬ 
bustion  engines  are  almost  universally  fed  with  oil  under  pressure.  These  bearings  are 
also  commonly  employed  in  heavy  machinery  such  a.*  turbines,  Industrial  gears  and  com¬ 
pressor*  . 


Hitherto,  most  of  the  avrilable  bearing  design  studies  have  been  obtained  by 
neglecting  the  presence  of  a  supply  pressure  and  inlet  configuration  of  some  kind.  The 
assumptions, frequontly  employed  in  the  solution  of  the  Reynolds  equation,  arei 

a)  Film  rupture  does  not  occur  , 

b)  Oil  is  supplied  to  the  bearing  at  ambient  pressure  through  an  imaginary 
axial  groove  at  the  line  of  maximum  film  thickness  , 

c)  Pressure  and  pressure  gradients  are  both  aero  at  the  film  breakdown 
boundary  and  film  reformation  takes  place  only  along  the  line  of  maximum 
film  thickness  , 

In  practice,  however,  none  of  theta  assumptions  may  be  considered  completely 
satisfactory.  As  a  result  of  the  inaccuracy  of  these  assumptions,  predicted  bearing 
parameters  such  as  oil  flow  can  be  at  variance  with  the  experimentally  measured  values, 
this  being  highlighted  earlier  in  Section  4.1. 

To  tackle  this  problem,  a  vigorous  analysis  of  forced-feed  journal  bearings  was 
carried  out.  This  study  led,  eventually,  to  th*  development  of  a  number  of  computer 
programs  which  are  capable  of  giving  the  following  information! 

a)  The  effect  of  supply  pressure  on  bearing  performance  characteristics 

b)  The  effect  of  varying  the  groove  sise  on  various  bearing  performance 
parameters  , 

c)  The  comparison  of  performance  characteristics  computed  for  bearings 
with  either  an  oil  hole,  an  axial  groove,  twin  axial  grooves  or  a  full 
circumferential  oil  groove  , 

In  conjunction  with  this  study,  two  types  of  boundary  conditions  were  examinod. 
These  were  Boundary  Conditions  2  and  Boundary  Conditions  4, elucidated  earlier.  The 
former, and  more  conventional  one,  essumes  that  film  rupture  does  not  occur  (but  discards 
any  negative  pressure) , whereas  the  latter  allows  for  film  rupture, to  take  into  account 
the  presence  of  cavitation  in  the  diverging  clearance  region. 

Fig.  9  shows  a  typical  film  pressure  distribution  computed  with  Boundary  Con¬ 
ditions  4  for  a  bearing  with  twin  axial  grooves  subjected  to  a  feed  pressure  of  P0  -  0.1P, 
The  grooves,  extending  over  3/4  of  the  bearing  length,  are  diametrically  opposite  to  each 
other  and  at  1  90°  to  the  load  line.  As  can  be  observed  from  this  plot,  the  film  build-up 
boundary  begins  almost  at  the  groove, which  is  appreciably  later  than  the  position  of 
maximum  clearance  as  commonly  assumed.  Since  bearing  leakage  flow  is  dictated  by  the 
axial  pressure  gradient  '3  P/3  s',  this  plot  provides  a  convincing  explanation  for  the  pro¬ 
found  lack  of  agreement  in  oil  flow  between  the  conventional  theory  (which  employs  either 
Boundary  Conditions  1,  2  or  3)  and  the  experimental  results. 

Fig.  10  is  another  example  of  the  film  pressure  distribution,  computed  for  a 
bearing  which  has  a  full  central  circumferential  oil  groove.  It  is  noteworthy  that, for 
beerings  with  this  particular  type  of  groove  configuration,  the  film  pressure  distri¬ 
bution  is  divided  into  two  halves.  The  magnitude  of  the  film  pressure  distribution  is 
markedly  reduced  and  therefore  the  associated  load-carrying  capacity  would  be  considerably 
lower  than  th*  ungrooved  type.  Hence,  the  operating  eccentricity  of  thir  particular  type 


of  bearing  w"uld  he  high.*-  tor  a  given  load. 
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Fig.  9  Film  pressure  distribution  computed  for  a  bearing 
with  twin  axial  oil  grooves 


Fig.  10  Film  pressure  distribution  computed  for  a  bearing 
with  a  full  circumferential  oil  groove 


It  ie  apparent  from  Fig.  10  that  tha  film  build-up  boundary,  established  by 
using  tha  flow-balance  conditions,  curves  forward  considerably  at  both  sides  of  tha 
central  groove  before  a  full-width  film  is  attained,  this  is  in  agreement  with  the 
experimental  observations  of  Cole  et  al  (32)  carried  out  on  transparent  bearings.  Hence, 
the  calculated  axial  leakage  flow, based  on  the  newly  implemented  Boundary  Conditions  4,is 
expected  to  be  more  realistic.  This  is,  perhaps,  best  illustrated  by  the  correlations 
found  (Fig.  11  and  Fig.  12)  between  the  present  computed  results  and  the  experimental 
findings  of  McKee  (33)  and  Woolacott  (34).  In  the  former  case,  the  numerical  results 
were  computed  on  the  basis  of  a'same  load* parameter  employing  the  effective  viscosity  of 
the  oil  recommended  by  the  author  whereas, in  the  latter,  they  were  based  directly  on  the 
operating  eccentricity  ratios  reported  experimentally. 

Further  analysis  of  the  results  has  shown  that  the  use  of  Boundary  Conditions  4 
not  only  enables  better  correlated  oil  flow  and  friction  values  to  be  predicted ,but  also 
provides  an  explanation  for  the  inadequacy  of  the  conventional  film  boundary  coiditiona 
(via.  Boundary  Conditions  1,  2  and  3). 

It  ia  not  intended  to  deal  with  the  analysis  here, nor  to  show  the  extent  of  the 
design  data  obtained  as  this  will  be  presented  in  a  separate  paper  in  the  near  future. 
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Fig.  11  Comparisons  of  oil  flow  for  bearings  with  an  oil  hole  between  the 

present  computed  results  and  the  experimental  findings  of  Mckee  (33) 
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Fig*  12  A  comparison  of  oil  flow  rate  and  bush  power  loss  for  a  bearing  with 
twin  axial  grooves  befweenthe  present  computed  results  and  the 
experimental  findings  of  Woolacott  (34) 

A  Computer  Program  for  ths  Porous  Journal  Bssrin 


Porous  journsl  bssring*  art  usually  mass  produced  and  art  extensively  ueed  in  a 
variety  of  devices, such  as, electric  motors,  fan  heaters  and  hair  dryers.  These 

bearings  are  made  of  sintafed  metal  and  are  impregnated  with  lubricating  oil  before  being 
put  into  ttrvict .  • 

Basically,  the  solution  to  the  fluid  flow  problem  in  a, porous  journal  bearing 
3imult»no°u*  solution  of  two  distinct  equations.  The  first  being  the 
modified  Reynolds  equation  itself .describes  the  hydrodynamic  behaviour  of  the  fluid  film 
between  the  Journal  and  bearing,  whilst  the  second,  the  Poisson/Laplace  equation,  governs 
the  flow  of  the  fluid  within  the  porous  matrix. 

Although  a  solution  to  this  pair  of  simultaneous  equations  can  be  obtained  by 
closed  analytical  methods,  this  approach  is, so  far, not  satisfactory  owing  to  the  drastic 
approximations  that  have  to  be  resorted  to  in  order  to  achieve  a  solution. 

The  newly  developed  computer  program,  outlined  herein,  circumvents  this  problem. 
The  solution  wss  based  on  a  finite  difference  technique  and  employed  the  boundary  con¬ 
ditions  P"3P/3x»0.  Additionally,  the  interfacial  slip  across  the  pore  mouth  was 
accounted  for  by  the  Darcy  expression.  Fig.  13  shows  the  porous  bearing  configuration 
used  in  the  analysis  and  Fig.  14  illustrates  the  velocity  components  in  the  oil  film. 

The  full  analysis  has  been  reported  (35)  and  need  not  be  repeated  here. 
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Fig. 14  Velocity  components  in  the 
oil  film 


Fig. 13  Porous  bearing  configuration 
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The  predlcttd  bearing  raiulti) basad  upon  the  praaant  oooputar  program, hava  baan 
shown  to  be  accurate.  A  further  attractive  feature  of  tha  praaant  numerical  aolutibn  ia 
tha  adoption  of  cylindrical  co-ordinataa  Thie  makae  it  poaaibla  for  the  accuracy  of  tha 
computed  bearing  raaulta  to  be  maintained  for  incraaaing  T/D  ratioa, thua  allowing  for  an 
unreetricted  T/D  ratio  in  bearing  daaign.  Tha  computer  program  developed  ia  general  in 
atructure  permitting  the  performance  characteriatica  of  any  combination  of  L/D,  T/D  and  tfi 
encountered  in  practice  to  be  computed.  Useful  daaign  information  haa  already  been 
obtained  upon  which  deaign  charta  have  been  conatructad  to  provide  the  induatrial  deaignar 
with  a  compact  format  from  which  a  bearing  daaign  may  be  quickly  optimieed  for  a  oat  of 
operating  conditions. 

3  SOME  COMPUTER-AIDED  BEARING  DESIGN  TECHNIQUES 

During  the  development  of  the  aoftwara  suite,  a  number  of  uaeful  computer-aided 
daaign  techniquaa  were  developed  and  implemented  in  order  to  make  the  teak  of  bearing 
performance  analyais  or  deaign  aa  atraightf orward  ae  poaaibla.  Some  of  thaae  techniquaa 
are  briefly  diacuaaed  belowt 

a)  Input  Data  Checking 

Each  input  datum  ia  automatically  checked  by  tha  computer  to  enaure  that  ite 
magnitude  ia  within  the  practical  range  of  the  production  bearingei 

c.g.  0. 20  <L/D^2 .00 
O.OS^C  $0.93 

All  incorrect  input  data  or  typing  erroa  at  the  computer  terminal  keyboard  are  immediately 
rejected  by  the  computer.  Should  thia  occur,  the  ueer  ia  then  warned  through  the  preeen- 
tation  of  an  error  maaaage  and  aubaequently  requeatad  to  re-eupply  tha  correct  data. 

Thia  simple  computational  technique  prevente  apurioue  output  data  being  produced, 
anaurea  the  reliability  of  the  final  reaulta  and  moat  importantly  avoida  unnecessary 
computational  work  being  executed. 

b)  Interactive  Graphical  Display  Technique 

Tha  implementation  of  thie  graphical  display  technique  into  the  various  computer 
programs  haa  proved  to  be  fruitful  becauae  it  gives, «•  an  immedite  visual  display  on  the 
console  screen, the  effect  of  changing  certain  deaign  parameters, pictorially, in  a  readily 
understandable  form.  Such  a  technique  ia  particularly  uaeful  in  predicting  the  per¬ 
formance  of  a  bearing.  Sample  reaulta  portraying  the  utility  of  this  technique  can  be 
seen  in  Fig.  7  for  the  mal-distribution  of  fluid  film  pressure  under  varying  degrees  of 
journal  misalignment, whilst  Fig.  9  and  Fig.  10  illustrate  clearly  the  effect  on  film 
pressure  distribution  through  the  employment  of  two  distinctly  different  typea  of  oil- 
iulet  groovings. 

c)  Computer /User  Interaction 

Since  the  software  suite  developed  is  intended  to  be  used  for  both  bearing  per¬ 
formance  analysis  and  design,  it  becomes  apparent  that  it  would  be  beneficial  to  keep 
the  structure  of  each  individual  program  as  flexible  as  possible.  For  this  reason, 
parameters,  such  as  the  bearing  geometry,  groove  configuration,  oil-supply  pressure,  per¬ 
meability  factor  and  the  operating  eccentricity  ratio  are  all  deliberately  ia*1  open  to 
be  choson  by  the  user  in  order  that  the  effect  of  changing  any  of  these  design  para¬ 
meters  upon  the  various  performance  characteristics  cun  readily  be  made  apparent.  Thus, 
by  progressively  altering  the  bearing  configuration  i.  f  any  design  parameter  at  one  s 
disctetion  and  observing  in  real-time  the  result  of  such  a  change,  a  satisfactory  design 
can  be  produced.  To  facilitate  the  interaction  mode  between  the  user  and  the  computer, 
optional  choices, such  as  a  scan  over  a  range  of  operating  eccentricity  ratios  or  a  view 
at  the  graphical  output^were  built  into  the  computer  programs.  What  the  user  is 
required  to  do  is  merely  to  indicate  his  own  subjective  response  with  a  single  letter  Y 
for  1  yes ' and  letter  'N'  for  'no'.  By  abbreviating  the  optional  reply  in  this  manner, 
both  the  typing  and  possible  typing  errors  are  reduced  to  a  minimum. 

6  CONCLUDING  REMARKS 

The  broad  approach  adopted  in  the  present  study  has  undoubtedly  made  the  task 
much  more  challenging  but,  nevertheless,  rewording.  During  the  development  of  this 
software  suite,  each  individual  computer  program  was  carefully  tested  and  the  accuracy 
of  the  computed  results  checked.  In  addition,  some  effort  was  also  devoted  to  correlating 
the  numerical  results  from  the  use  of  'C.A.D.E'  with  established  experimental  findings 
from  various  sources.  This  measure  was  taken  in  order  to  justify  the  bearing  design  data 
obtained  and  for  the  results  to  be  of  use  to  the  industrial  designer. 

By  opting  for  a  numerical  approach,  no  drastic  approximation  needed  to  be  made 
which  could  otherwise  lead  to  serious  error.  This  factor,  together  with  the  refinements 
made  in  the  film  boundary  conditions,  has  made  it  possible  for  more  accurate  and  realistic 
design  data  to  be  obtained. 

Finally,  the  work  reported  herein,  has  clearly  demonstrated  both  the  capability 
and  suitability  of  the  digital  computer  as  a  powerful  design  tool.  This  trend  towards 
computer-aided  bearing  design  is  expected  to  accelerate  owing  to  a  greater  awareness  of 
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its  potential  and  also  the  general  availability  of  computer  systems  and  software 
packages.  It  is,  however,  to  be  emphasised  that  the  computer  solution  to  bearing  design 
problems  should  always  be  considered  in  relation  to  the  complexity  of  the  information 
required  and  total  integrated  effort.  By  such  an  approach  'sledge  hammers  will  not  be 
applied  to  the  problem  of  cracking  nuts!' 
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DISCUSSION 


r .G.Astridge,  Westland  Helicopters,  Yeovil,  UK 

The  suite  of  design  programs  described  would  be  welcomed  by  transmission  designers  in  general.  As  the  author 
mentioned  that  the  package  represents  a  first  stags,  and  that  extensions  are  envisaged,  I  would  make  a  plea  for 
further  programs  to  aid  the  aero-engine  designer.  Plain  journal  bearings  used  in  reduction  gearing,  whether  for 
propeller  drives,  or  for  helicopter  gearbox  drives,  tend  to  operate  at  very  high  eccentricity  ratios,  local  pressures, 
and  surface  tractions.  Local  plastic  flow  of  the  whitemetal,  and  elastic  deformation  of  steel  substrates  appear 
inevitable.  It  would  be  useful  if  (a)  the  analysis  could  be  extended  to  cover  this,  and  (b)  that  the  various  design 
criteria  be  addressed,  one  of  which  is  the  shear  stress/strength  ratio  in  the  whitemetal. 
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SUMMARY 

It  is  now  widely  agreed  that  journal  bearing  characteristics  can  be  represented  by  the  linearized 
stiffness  and  damping  coefficients  for  the  purpose  of  rotor  dynamic  calculations.  The  concept  of  linearized 
coefficients  can  only  be  verified  by  successful  comparison  with  experimental  data.  Feasible  methods  of 
experimental  determination  of  the  coefficients  from  the  dynamic  response  are  discussed.  The  paper  attempts 
to  present  an  experimental  method  which  makes  use  of  the  dependence  of  the  oil  film  impedances  on  the 
excitation  frequency. 

The  linearized  bearing  coefficients  are  determined  with  small  numerical  perturbations  about  the  bearing 
equilibrium  position.  The  responses  to  external  excitations  at  synchronous  and  half-synchronous  speeds  are 
calculated.  The  advantage  of  low  damping  at  half-synchronous  speed  makes  it  possible  to  get  completely 
different  response  characteristics.  The  inverse  problem  of  ca’culating  the  bearing  coefficients  from  these 
responses  is  solved  by  assuming  practical  values  of  measurement  errors  in  viu, -■•'ion  amplitudes.  The  direct 
comparison  of  calculated  coefficients  and  theoretical  coefficients  over  a  range  of  eccentricity  ratios  shows 
that  this  method  is  adequately  accurate  for  the  experimental  determination  of  the  coefficients. 

NOMENCLATURE 
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major  semi-axis  of  elliptical  orbit 
minor  semi-axis  of  elliptical  orbit 
radial  arc  clearance 
oil  film  damping  coefficients 

non-dimensional  oil  film  damping  coefficients,  c^wc/W 

radial  preload  of  bearing  arc 
diameter  of  bearing 

eccentricity  of  the  journal  with  respect  to  the  bearing  centre 
constant  rotating  load 

oil  film  stiffness  coefficients 

non-dimensional  oil  film  stiffness  coeffi  ents,  k.jC/W 
bearing  length 

effective  mass  of  the  journal  at  the  bearing 
non-dimensional  excitation  frequency,  n/u 
rotational  speed  of  the  shaft,  RPS 
mean  bearing  pressure 

shaft  run-out  radius,  (rQ/c) 

shaft  radius  ? 

Sommerfeld  Number,  pb  (c/R)V{nN) 

stability  parameter,  W/M  c 
time 

non-dimensional  time,  wt 
static  bearing  load 


x!y!z  :  fixed  co°rdinates,  (X=x/c,  Y=y/c,  Z=z/c) 

[Z]n  :  oil  film  impedance  matrix 


Greek  Symbols 


a 

B 

6 

E 

n 

*l> 

w 

fl 


bearing  axial  groove  angle 

inclination  of  elliptical  orbit  from  horizontal  axis 

non-dimensional  preload,  d/c 

eccentricity  ratio,  e/c 

absolute  viscosity  of  lubricating  oil 

phase  angle  between  the  exciting  force  and  displacement 

angular  speed  of  the  shaft  (rad/s) 

excitation  frequency 


INTRODUCTION 


The  dynamics  of  a  rotor  supported  in  bearings  is  strongly  influenced  by  the  properties  of  the  bearings. 

In  the  case  of  a  stiff  rotor,  the  response  to  excitation  and  the  stability  characteristics  are  almost  entirely 
determined  by  th*>  stiffness  and  damping  of  the  bearing.  Many  authors  have  assumed  that  variations  in  the  oil 
film  force  acting  on  the  journal  can  be  linearly  related  to  the  variations  in  the  journal  displacement  and 
velocity  relative  to  its  steady  running  position  [1,2,3].  The  stiffness  coefficients  arise  from  the  change  in 


the  oil  film  shape  and  the  damping  coefficients  arise  from  the  squeeze  film  considerations. 

The  linearized  model  has  proved  extremely  useful  in  rotor  bearing  system  analysis.  It  is  possible  to 
carry  out  the  most  sophisticated  analysis  of  rotor  beh  /ior  by  using  the  eight  linearized  coefficients  of 
bearing.  It  has  been  analytically  found  that  the  dampec  natural  frequency  is  not  greatly  affected  by  the 
bearing  coefficients  but  the  damping  characteristics  of  the  system  which  are  very  important  for  instability 
and  unbalance  response  are  sensitively  affected  [4],  Therefore,  it  is  necessary  to  have  an  accurate  knowledge 
of  the  fluid  film  bearing  coefficients  for  dynamic  conditions. 

The  theoretical  derivations  of  these  coefficients  are  now  well  known,  many  being  based  on  the  finite 
difference  solutions  of  the  Reynolds  equation  with  constant  viscosity.  Although  linearization  is  valid  only 
for  small  amplitudes,  Lund  and  Thomsen  [5]  state  that,  in  practice,  it  had  been  found  to  hold  for  amplitudes 
of  up  to  one  half  of  the  clearance.  However,  considering  the  highly  non-linear  oil  film  forces  with  respect 
to  the  eccentricity  ratio,  it  is  mur  more  appropriate  to  mention  the  limitation  in  terms  of  the  minimum 
film  thickness  as  proposed  by  Lund  and  Orcutt  [6]  .  They  state  that  the  linearization  represents  the  actual 
oil  film  force  also  for  large  amplitudes  with  surprisingly  good  accuracy  as  long  as  the  minimum  film  thickness 
during  the  vibration  does  not  become  less  than  approximately  25%  of  the  radial  clearance. 

Using  various  analytical  approximations  for  the  relationships  between  the  oil  film  force  and  the  position 
and  velocity  of  the  journal  for  circular  bearings,  many  authors  have  predicted  shaft  behaviour  under  dynamic 
conditions  [7,8,9].  Although  tnese  approximate  analytical  solutions  may  be  helpful  in  explaining  the  behaviour 
of  systems  with  circular  bearings,  for  bearings  with  non-circular  profile  which  have  been  found  to  have 
greater  stability  they  are  not  applicable. 

METHODS  OF  DETERMINATION  OF  BEARING  COEFFICIENTS 

Although  the  analysis  of  rotor  bearing  systems  is  considerably  simplified  by  the  eight  linearized 
bearing  coefficients,  unless  the  coefficients  can  be  measured  experimentally  such  an  analysis  is  of  limited 
value.  There  are  two  basic  methods  available  for  the  determination  of  the  coefficients  experimentally.  These 
are  classified  according  to  the  use  of  the  static  and  dynamic  response  characteristics  of  the  bearing. 

The  stiffness  coefficients  can  be  derived  from  the  static  testing  of  the  journal  locus  curve.  The  definite 
relationship  between  the  load  and  the  eccentricity  and  the  attitude  angle  is  given  by  Morrison  [3],  The  other 
method  given  by  Mitchell  et  al  [10]  is  termed  the  incremental  loading  method,  which  is  based  on  the  measure¬ 
ments  of  the  quasi-static  equilibrium  positions  under  the  small  changes  of  the  imposed  component  of  the  load. 

The  eight  coefficients  can  also  be  determined  from  the  dynamic  response  of  bearings.  The  technique  of 
exciting  the  bearing  sinusoidally  in  two  mutually  perpendicular  directions,  and  in  each  case  measuring  the 
amplitude  and  phase  angle  of  the  resulting  motions  was  adapted  by  Glienicke  [11]  for  a  series  of  tests  on 
120  mm  diameter  bearings. Full-scale  bearing  tests  with  this  method  were  presented  by  Morton  [12]. 

With  the  known  values  of  the  stiffness  coefficients,  the  damping  coefficients  were  calculated  by 
Woodcock  et  al  [13]  from  the  measurements  of  the  vibration  amplitudes  and  phase  angles  relative  to  the 
unbalance  force.  Morton  [14]  has  developed  a  transient  technique  which  involves  a  step  change  in  the  force 
applied  to  a  rotating  shaft  and  presented  the  test  results  for  a  full-scale  bearing. 

It  is  to  be  recalled  that  the  oil  film  coefficients  are  used  in  the  dynamic  situation.  Therefore,  it 
has  great  importance  to  calculate  these  coefficients  from  the  dynamic  response  of  the  bearing  and  not  from 
the  quasi-static  conditions. 

The  first  attempt  to  determine  the  eight  linearized  coefficients  directly  from  the  response  was  adopted 
by  Glienicke  [11].  His  technique  involved  the  synchronous  excitation  of  the  bearing  sinusoidally  in  two 
mutually  perpendicular  directions.  In  each  case,  the  measurements  of  the  vibration  amplitudes  and  phase 
angles  of  the  resulting  motion  in  the  two  directions  gave  the  necessary  eight  equations  for  the  solution  of 
the  coefficients.  However,  he  stated  that  "due  to  the  accumulation  of  error  in  the  calculations,  an  accuracy 
of  measurement  of  about  1%  in  amplitude  and  of  1°  phase  angle  resulted  in  about  5%  error  in  the  experimental 
coefficients,  even  if  the  measuring  methods  are  optimised".  However,  the  mean  error  of  his  results  was  about 
20%  to  30%,  and  in  some  coefficients  it  was  about  50%.  Morton  [12]  measured  the  coefficients  with  the  same 
method  but  excited  the  bearing  at  a  frequency  non-synchronous  with  the  running  frequency.  The  error  in  his 
calculations  was  much  higher  than  Glienicke's  results. 

In  all  these  methods,  it  is  generally  accepted  that  the  coefficients  derived  from  static  testing  data 
are  extremely  sensitive  to  measurement  errors.  The  sensitivity  of  dynamically  derived  coefficients  is  more 
difficult  to  assess  due  to  the  ill-conditioning  of  the  matrix  formed  in  the  evaluation  of  the  coefficients. 

In  particular,  the  cross-coupling  stiffness  coefficients,  one  of  which  always  changes  sign  over  the  loading 
range,  affect  strongly  the  accuracy  of  the  calculations. 

THE  DYNAMIC  ANALYSIS  OF  A  RIGID  ROTOR  BEARING  SYSTEM 

The  linearized  analysis  is  used,  assuming  a  stiff  symmetric  rotor  of  mass  2M  running  in  two  identical 
journal  bearings.  The  journal  is  supported  eccentrically  by  the  oil  f'lm  at  a  stable  equilibrium  position 
under  the  application  of  a  static  load  W.  The  equations  of  motion  are  derived  considering  the  translational 
motion  of  the  shaft  about  the  equilibrium  position  in  the  bearing. 

In  practice,  excitation  at  synchronous  speed,  u>,  is  always  present  due  to  run-out  or  unbalance. 

Excitation  at  some  other  frequency,  mu,  is  often  present,  for  example,  due  to  shaft  ovality  in  flexible 
systems,  where  n=2.  In  test  apparatuses  it  is  quite  difficult  to  eliminate  synchronous  excitations  due  to 
run-ouu  Therefore,  in  order  to  keep  the  generality  of  the  equations  it  is  necessary  to  develop  the  equations 
for  excitations  at  two  frequencies. 

If  the  geometric  centre  of  the  journal  is  not  concentric  with  the  rotation  centre  due  to  the  run-out, 
r0,  the  journal  will  be  excited  at  the  synchronous  speed.  At  the  same  time  if  the  journal  is  excited  by  a 


\i)  The  amplitude  of  major  semi-axis 
Figure  1.  The  response  of  circular  bearing  to  synchronous  excitation. 


constant  rotating  force,  F  ,  at  a  speed  of  fl,  then  there  will  be  a  phase  difference,  6.  between  these  forces 
at  time  t«0.  Then  by  expressing  the  oil  film  forces  in  relative  quantities  the  equations  of  motion  of  the 
journal  about  the  equilibrium  position  can  be  expressed  as  follows: 
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Thus,  for  a  bearing  operating  at  a  certain  equilibrium  eccentricity,  the  response  will  be  determined  by  the 
excitation  force  >  frequency  and  the  stability  parameter. 
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(b)  The  amplitude  of  minor  semi-axis 
Figure  1.  The  response  of  circular  bearing  to  synchronous  excitation. 

Due  to  the  cross-coupling  damping  terms,  it  Is  much  easier  to  express  all  the  state  variables  as 
complex  quantities.  Since  there  are  two  excitations  at  frequencies  a  and  no>,  the  solutions  can  be  assumed 
as  superposition  of  the  harmonic  functions  at  these  frequencies: 


X  -  XR  +  Xp  =  X1  e 


m-*xl) 


Y  -  YR  +  YF  "  Y1  e 


i(nT-*Xn) 

T  An  e 

i(T~*Vl>+y  ei(nWyn) 

n 


The  real  part  of  these  equations  are  the  solutions  and  X.,  Y, ,  X  and  Y  are  real  quantities.  The 
derivatives  are: 

X  =  i  XR  +  i  n  Xp  ,  Y  =  i  YR  +  i  n  Yp 


X  =  -  XR  -  nc  Xp  ,  Y 
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Substituting  into  equation  (1)  and  expressing  the  external  and  run-out  excitations  as  parts  of  complex 
numbers,  the  equations  can  be  separated  into  the  two  frequencies  as: 
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where  [ZJn  is  the  complex  dynamic  stiffness  matrix  or  the  impedance  of  the  oil  film  and  elements  are: 
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(c)  The  phase  angle  and  angle  of  inclanatlon 
Figure  l.  The  response  of  circular  bearing  to  synchronous  excitation. 


It  Is  to  be  noted 
synchronous  Impedance. 

The  amplitudes  of 


that  the  oil  film  impedance  is  frequency  dependent  and  subscript  1  refers  to  the 
the  response  and  the  phase  angles  can  be  solved  by  Inverting  equations  (2)  and  (3): 
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As  it  may  be  seen,  the  response  variables  are  expressed  as  complex  variables  at  the  two  excitation 
frequencies,  and  the  amplitudes  and  the  phase  angles  are  given  in  equations  (4).  Since  the  responses  are 
harmonic  functions,  a  stationary  orbit  can  be  obtained  If  the  excitation  frequency  ratio  is  an  integer 
number.  If  the  external  excitation  frequency  is  half  of  the  shaft  speed,  a  double-loop  orbit  can  be 
obtained.  This  orbit  converges  to  a  single-loop  elliptical  orbit  if  there  is  no  run-out  (or  Its  response 
is  negligibly  small  compared  to  the  external  excitation  response);  or  if  there  is  no  synchronous  external 
excitation.  Since  the  vibration  amplitudes  are  linearly  dependent  on  the  unbalance  force  to  static  load 
ratio,  the  response  amplitudes  can  be  presented  as  the  product  of  the  non-dimensional  major  or  minor  axis 
and  the  static  to  unbalance  force  ratio.  For  an  elliptical  orbit  the  major  and  minor  semi-axes,  their 
direction  of  Inclination  and  the  phase  angle  between  the  excitation  force  and  the  major  semi-axes  are  of 
interest  for  comparison  with  experiment  and  are  derived  in  Appendix  A. 


The  theoretical  response  curves  are  plotted  in  Figures  1  and  2  for  two  different  bearing  bore 
geometries  against  their  load  capacities.  They  showed  fairly  common  characteristics.  At  low  loads,  the 
major  axis  amplitude  Increases  with  increase  in  the  load  capacity.  At  higher  loads,  for  circular  bearings. 
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Figure  2.  The  response  of  elliptical  bearing  to  synchronous  excitation  (s  ■*  0.4). 

the  amplitudes  may  decrease  or  stay  at  the  same  level,  but  for  elliptical  bearings,  It  increases  with  the 
load.  The  minor  axis  amplitude  increases  at  low  loads  and  decreases  at  higher  loads.  But,  again,  for 
elliptical  bearings  it  keeps  Increasing  at  a  low  rate.  The  stability  parameter  which  can  be  considered  as 
a  measure  of  damping  in  the  bearing  has  a  strong  effect  on  the  vibration  amplitudes.  It  is  to  be  noted 
that  as  the  stability  parameter  approaches  to  the  corresponding  threshold  value  (l.e.  as  the  load  decreases 
or  the  shaft  speed  Increases),  the  F0/W  ratio  increases;  therefore,  the  real  vibration  amplitudes  a/c  or 
b/c  increase. 

CALCULATION  OF  THE  COEFFICIENTS  FROM  THE  RESPONSE 

Experimental  methods  can  be  devised  for  the  determination  of  the  coefficients  by  means  of  the  equations 
of  motion.  From  a  practical  point  of  view,  unbalance  excitation  is  the  simplest  way  of  applying  synchronous 
sinusoidal  excitation.  If  the  equations  of  motion  given  in  equation  (3)  are  considered  with  the  unbalance 
excitation,  then  from  measurements  of  the  amplitudes  and  phase  angles  of  the  resulting  motion  in  the  two 
directions  give  four  equations.  In  order  to  obtain  the  missing  four  equations,  experiments  must  be  carried 
out  under  varied  conditions.  The  value  of  unbalance  force,  F0,  cannot  be  changed  because  it  will  not  produce 
linearly  independent  equations,  and  the  experiments  cannot  be  carried  out  with  different  values  of  w,  c  or 
W,  because  they  all  determine  the  operating  condition  of  the  bearing  at  which  the  coefficients  are  sought. 
The  only  parameter  that  can  be  changed  is  the  vibrating  mass,  M,  in  the  stability  parameter.  The  experiments 
can  be  carried  out  at  substantially  different  values  of  the  mass  in  order  to  obtain  reliable  results. 
However,  as  it  Is  seen  in  figures  l.a  and  2  for  different  bearing  geometries,  thero  is  a  range  of 
eccentricity  and  stability  parameter  for  which  the  amplitudes  of  response  converge  to  the  same  value. 
Therefore,  substantially  different  values  of  response  for  different  values  of  M  (i.e.  for  different  values 
of  Sp),  for  practical  reasons,  are  limited  to  high  eccentricities  and  low  stability  parameters  (which,  of 
course,  should  be  well  above  the  threshold  value). 

At  a  certain  operating  condition,  response  to  excitation  at  a  non-synchronous  frequency  gives  a  set  of 
four  equations.  For  the  determination  of  the  second  set  of  equations,  the  oil  film  is  to  be  excited  at  a 
different  frequency  in  order  to  obtain  a  substantially  different  response.  For  practical  purposes,  it  is 
advantageous  to  have  stationary  response  orbits.  This  can  be  achieved  at  half  of  the  shaft  speed.  Response 
to  external  excitation  at  half  of  the  shaft  speed  Is  given  in  Figure  3  for  comparison  with  the  synchronous 
response  in  Figures  l.a  and  l.b.  They  show  different  characteristics.  In  practice,  these  two  excitations 
may  be  applied  simultaneously.  Synchronous  excitation  occurs  due  to  run-out  and  half-synchronous  excitation 
from  an  external  exciter.  In  this  case,  it  is  necessary  to  separate  out  the  response  to  non-synchronous 
forcing  from  the  synchronous  vibration.  In  order  to  reduce  the  effect  of  measurement  error,  it  is  desirable 
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Figure  3.  The  response  of  circular  bearing  to  half-synchronous  excitation. 

to  have  deliberate  run-out  to  obtain  a  large  response  orbit  and  In  half-synchronous  excitation  the  force 
amplitude  should  be  kept  small  enough  due  to  low  damping  of  the  fluid  film  bearing  at  this  frequency  ratio. 

The  overall  response  amplitude  should  be  small  enough  in  order  not  to  violate  the  assumption  of  the 
linearization  of  the  oil  film  forces.  Further,  the  monitoring  equipment  for  vibration  orbit  must  be  accurate 
In  order  to  avoid  misleading  results.  If  there  Is  no  run-out,  then  by  exciting  at  synchronous  and  half- 
synchronous  frequencies  the  necessary  eight  equations  can  be  obtained.  In  test  apparatus,  in  order  to  avoid 
the  effect  of  gravity  on  bearing  loading,  the  stationary  shaft  axis  Is  to  be  mounted  vertically  so  that 
the  bearing  and  Its  housing  can  be  excited  In  the  horizontal  plane.  In  this  case,  the  bearing  housing  Is 
to  be  supported  In  the  horizontal  plane  by  hydrostatic  air  bearing  which  gives  negligible  resistance  to 
vibration.  If  the  amplitudes  and  phase  angles  of  the  resulting  motions  in  the  two  directions  are  measured, 
then  the  vibrations  can  be  expressed  as  complex  equations.  By  substituting  these  equations  Into  (2)  and 
(3),  respectively,  and  writtlng  the  Impedances  as  unknowns  gives  two  sets  of  four  equations,  then  the 
coefficients  can  be  solved  (see  Appendix  B). 

The  bearing  coefficients  are  found  from  the  linearization  of  the  oil  film  forces  about  the  equilibrium 
running  position.  This  can  be  expressed  mathematically  as  a  first  order  Taylor  expansion.  The  Reynolds 
equation  Is  solved  by  means  of  the  finite  difference  method  using  the  Reynolds  boundary  condition.  The  oil 
film  forces  are  calculated  from  Integration  of  the  pressure  distribution  obtained  for  small  displacements 
about  the  equilibrium  position  of  the  journal  center.  The  gradients  of  these  forces  with  respect  to  the 
perturbations  give  the  bearing  coefficients,  the  first  index  being  the  force  direction  and  the  second  index 
the  perturbation  direction. 

The  effect  of  measurement  errors  on  the  calculations  of  the  coefficients  with  this  method  is  also 
investigated.  For  circular  and  elliptical  bearings,  the  errors  In  the  coefficients  are  calculated  for  +101 
errors  In  amplitude  of  all  measurements  (i.e.  in  the  elements  of  [AZ]  and  on  the  right  hand  sides  of 
equations(B. 1 )  and  the  results  are  shown  in  Figures  4  and  5  as  dashed  lines.  In  equations(B.l ) ,  the  parameters 
are  taken  as  F0/W  »  0.2,  Sp  »  1.0,  R0  «  0.4,  a  -  30°  and  B  =  60°.  Although  the  errors  are  small  at  high 
values  of  the  coefficients,  for  low  values  of  the  coefficients  (less  than  about  2.0)  the  errors  can  reach 
higher  percentages. 
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(a)  Stiffness  coefficients  (b)  Damping  coefficients 

Figure  4.  Variation  of  the  errors  in  the  coefficients  of  a  circular  bearing. 


CONCLUSIONS 

Although  several  methods  exsit  for  the  determination  of  the  eight  bearing  coefficients,  from  the 
foregoing  considerations,  it  has  been  shown  that  the  coefficients  obtained  from  the  dynamic  response  of 
the  journal  is  extremely  sensitive  to  the  method  of  calculation.  The  oil  film  impedances  which  depend  on 
the  excitation  frequency  make  it  possible  to  get  completely  different  response  when  it  is  excited  at 
two  frequencies.  Therefore,  the  test  apparatus  is  to  be  designed  such  that  the  bearing  and  its  housing 
are  to  be  allowed  to  vibrate  in  the  horizontal  plane  while  the  shaft  is  to  rotate  about  its  stationary 
vertical  axis.  With  this  arrangment  the  excitation  foices  can  be  applied  easily  to  the  bearing  housing. 
The  coefficients  obtained  from  the  forced  response  can  be  predicted  with  high  accuracy.  Although  the 
percentage  errors  are  quite  small  for  higher  values  of  coefficient  the  errors  can  go  higher  values  for 
the  coefficients  which  change  sing  over  the  eccentricity  range. 


(a)  Stiffness  coefficients  (b)  Damping  coefficients 


Figure  5.  Variation  of  the  errors  in  the  coefficients  of  an  elliptical  bearing. 
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APPENDIX  A 


An  elliptical  whirl  orbit,  In  general,  can  be  expressed  In  terms  of  complex  variables  as: 
1(T-i}>y)  )t 

X  »  Re  e  *  1  -  Re  f(X  -1X1  e11} 

C  5 

1  (T-<(>v  )  jT 

Y  «  Re  (Y  e  Y  }  »  Re  {(Yc-iY,.)  e11} 


or  In  terms  of  real  variables  as: 

X  -  Y  cos  (T  -  $x)  "  X$  sin  T  +  Xc  cos  T 

Y  ■  Y  cos  (T  -  ((Ty)  ■  Ys  sin  T  +  Yc  cos  T 

where:  Y  -  (X*  +  X$2)1/2  ,  Y  -  (Yc2  +  Y,.2)1''2 


(A.l) 


*X 


tan"1 


If  the  X-Y  coordinate  is  rotated  such  that  It  coincides  with  the  major  and  minor  semi  >xe$  of  the 
ellipse,  as  in  Figure  A.l,  then  the  motion  can  be  expressed  as: 

X'  -  A  cos  (T  +  <p),  Y*  =  B  sin  (T  +  \|>)  (A. 2) 

where  A  and  B  are  non-dimensional  major  and  minor  semi-axes,  respectively,  and  i|i  is  the  phase  angle  between 
the  exciting  force  and  the  major  semi-axis. 

If  6  is  the  angle  between  the  major  semi-axis  and  the  X  axis,  then  using  the  following  transformation 
equations: 


X'  cos  B  sin  6  X 

s 

Y'  -sin  B  cos  B  Y 


and  equating  the  coefficients  of  sin  T  and  cos  T  terms  by  the  osc  of  equations  (A.l)  and  (A. 2)  gives: 


A  cos  iii  =  Xc  cos  B  +  Yc  sin  p  (A. 3a) 

-A  sin  ip  =  X$  cos  B+Yg  sin  B  (A. 3b) 

B  sin  ip=-Xc  sin  8  +  Yc  cos  B  (A. 3c) 

B  cos  ip  =  -  Xs  sin  8  +  Y$  cos  B  (A. 3d) 

Eliminating  t|i  and  8  between  the  equations  in  two  ways  gives: 

A2  +  B2  =  Xc2  +  Yc2  +  X$2  +  Y$2  (A. 4) 
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*nd:  (A  +  B)2  -  (Xc  +  Y$)2  +  (Yc  -  X$)Z 

From  equations  (A. 4)  and  (A. 5),  one  can  deduce  that: 


A 

Substituting  equation  (A. 6)  Into  equation  (A. 4)  gives: 

A4  .  (xc2  +  Xs2  +  Yc2  f  Y$2)  A2  +  (Xc  Y$  -  Yc  X$)2  -  0 

then: 

A  -  {l/2(Xc2  +  Xs2  +  Yc2  +  vs2)  +^1/4(XC2  +  X$2  +  YCZ  +  Y$Z)*  -  (XCY#  -  YCX$)*}1/2 

The  attitude  angle  of  the  elliptical  orbit,  0,  can  be  obtained  by  eliminating  A  and  B  and 
the  equations  (A. 3)  and  gives: 

2(XcYc  +  W _ ' 

:7  +  <V  +  Yc2) 

Then,  the  phase  angle  between  the  excitation  force  and  the  major  semi-axis  can  be  solved 
one  of  equations  (A. 3). 


B-l/2  tan 


APPENDIX  B 

The  vibration  in  the  two  directions  can  be  expressed  as: 
For  synchronous  response: 


X  -X  e1(T'ixl)-X  eiT 

XR  -  X,  e  -  XR1  e 

v  v  1  (T*<t*Yl  ^  v 

VV  "  yri  e 


For  half-synchronous  response: 


y  J(nT"'t,Xn^  y  inT 
XF  =  Xn  e  =  XFn  e 

1(nT-4>yn)  ^nj 

YF“Yn«  =YFne1nT 


where  n  =  1/2. 

If  these  equations  are  substituted  into  equations  (2)  and  (3),  respectively,  and  keeping 
Including  the  Impedances  on  the  left  hand  side  gives: 


(A.5) 


(A-6) 


i|i  between 


by  using  any 


the  terms 
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These  equations  are  to  be  written  as  real  variables  for  the  solutions  of  the  eight  coefficients;  then  the 
two  sets  of  four  equations  are: 


Re(XR|) 
Im(XR1) 
n2  Re(Xj-n) 
n2  Im(XFn) 


Re(YRi) 

I"(VR1) 

n2  Re(Ypn) 
n2  Im(Ypn) 


(B.l) 


where  n  =  1/2,  and: 


Re(XRTRoe'ie) 

-Im(XR1-Roe-iB) 

Re(YR1+iR0e-ie) 

-Im(YRl+iR0e’i3: 

[AZ]  = 

Tm(XRi-R0e"if3) 

Re(XRrR0e‘iS) 

I(n(YR1+iR0e"if5) 

Re(YRi-=iR0e"ie 

Re(XFn) 

-n*Jm(Xpn) 

Re(YFn) 

-n*Im(YFn) 

Im(XFn) 

n*Re(Xpn) 

Im<YFn> 

n*Re(YFn) 

Then  the  coefficients  can  be  solveu  by  inverting  equation  (B.l)  for  given  values  of  operating  parameters 

r/W  and  S  . 
o  p 
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DISCUSSION 


K.J. Brown,  Ontario  Hydro,  Toronto,  Ca 

Could  you  please  comment  on  the  comparison  of  your  experimental  results  with  calculated  values  in  the  literature 
and  whether  you  have  done  or  know  of  any  work  that  has  been  done  on  calculating  the  coefficient  when  air  is 
entrained  in  the  oil. 

Author’s  Reply 

In  thir  paper,  I  have  presented  a  method  for  the  determination  of  the  coefficients  experimentally.  From  the  error 
analysis,  it  has  been  shown  that  by  using  this  method,  the  effect  of  measurement  errors  on  the  coefficients  can  be 
considerably  reduced.  The  effect  of  air  entrainment  in  the  oil  has  not  been  considered.  Since  the  vibration 
amplitudes  are  small  the  effect  of  air  in  the  oil  has  been  neglected  in  all  the  previous  works  like  in  the  computation 
of  static  bearing  performance. 


J.Frene,  University  de  Poitiers,  Fr 

Les  coefficients  dyna.miques  sor.i  obtenus  dans  le  cadre  de  la  throne  lm^aire  qui  suppose  des  d^placements  et  des 
vitesses  dSplacement  infiniment  petits.  Dans  lc  mouvement  orbital  que  vous  imposez,  pour  r6aliser  la  mesure, 
les  deriucunents  sont  finis.  Pouvez  vous  commentcr  cet  aspect? 

Author’s  Reply 

Every  non-linear  problem  can  be  linearized  about  the  point  under  consideration.  Depending  on  the  system  charac¬ 
teristics  the  linearization  region  can  be  small  or  large.  Actually,  in  References  (5)  and  (6),  it  has  been  shown  that  the 
linearization  region  for  journal  bearings  can  go  up  to  about  half  of  the  clearance  of  the  bearing.  Therefore,  if  the 
amplitudes  of  responses  to  excitation  are  within  the  linearization  range,  the  linearized  coefficients  can  be  determined 
from  the  finite  amplit  'e  responses  as  described  in  the  paper. 
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SUMMARY 

The  thermo-hydrodynamic  lubrication  problem  for  a  journal  bearing  is  studied.  Special 
emphasis  is  given  to  the  heat  balance  for  the  bearing.  The  flow  is  assumed  to  be  laminar, 
the  lubricant  is  Newtonian  and  incompressible.  Allowance  is  made  for  the  viscosity- 
temperature  dependence.  The  shaft  surface  temperature  is  taken  to  be  constant,  and  at  the 
outer  surface  of  the  bearing  bush  the  temperature  is  determined  from  heat  flux  continuity. 

NOMENCLATURE 

c  =  viscosity-temperature  coefficient 

c  =  heat  capacity,  J/kgC 

Cp  =  radial  clearance,  m 

D  =  diameter  of  journal,  m 
e  =  eccentricity,  m 

E  =  powerless,  W 

E  =  E/(2p  RV/C) 

£(£>£)=  inlet°temperature  distribution 
fr,ft=  hydrodynamic  fluid-film  forces 
h  =  film  thickness,  m 

fi  s  h/C 

k0  =  thermal  conductivity  of  lubricant, 

W/mC 

ks  =  thermal  conductivity  of  bush,  W/mC 
K  =  hot  oil  carry-over  coefficient 

L  =  bearing  length,  m 

m  =  viscosity-temperature  coefficient 

N  =  rotational  speed,  rpm 

g  =  pressure,  N/m2 

p  =  p/(6p0w(R/C)2) 

P  =  specified  boundary  pressure 

Pe  =  kQ/ ( pcpwC2 ) 

a  =  flow 

qc  _  =  Couette  flow 

q0,q^=  flow  in  circumferential  and  axial 
direction,  respectively 
r  =  radial  coordinate,  m 

r  =  r/R 

R  =  inner  bush  radius,  m 

R^  -  outer  bush  radius,  m 

r-L  =  Rj/R 

S  =  Sommerfeld  number 

T  =  temperature ,  C 

T  =  T/Tf 

Ta  =  ambient  temperature 

Tf  =  (6p0w(R/C)2)/  (PCp)  ,  T_1 


INTRODUCTION 

During  the  last  decades,  and  especially  within  the  last  few  years,  a  number  of  articles, 
describing  the  thermohydrodynamic  lubrication  problem,  has  appeared.  These  articles  have, 
however,  rarely  considered  the  energy-balance,  or  heet-balanoe ,  related  to  the  stationary 
operating  conditions  for  the  bearings.  It  is,  therefore,  the  intention  of  this  paper  to 
illustrate  the  dependence  of  the  temperature  and  heat  balance  on  the  most  significant  bear¬ 
ing  parameters. 

The  evaluation  of  the  lubricant  temperature  in  a  hydrodynamic  bearing  is  based  on 
the  solution  of  the  energy  equation  which,  in  this  case,  forms  a  parabolic  differential 
equation.  The  initial  conditions  for  this  equation  is  the  temperature  at  the  inlet  to 
a  bearing  sector  from  a  groove.  Additionally,  the  temperature  of  the  bearing  surfaces 
form  the  boundary  conditions  to  the  equation. 


T,  =  journal  temperature 
=  groove  temperature 

T^  =  mean  temperature  across  film  thickness 
-mi  =  mean  inlet  temperature 
T™  =  inner  bush  surface  temperature 
u,v,w=  velocity  components  in  circumferential-, 
radial-  and  axial  directions, 
respectively,  m/s 
u  =  u/(R  u>) 

v  *  v/(R  w) ( C/R) 

«  =  W/(R  ;  ) 

x  =  circumferential  coordinate  in  the 
direction  of  rotation,  m 
y  =  radial  coordinate  through  the  film- 

thickness  measured  from  bush  surface,  m 
z  =  axial  coordinate  measured  from  bearing 
centerline,  m 

e  =  e/C,  eccentricity  ratio 

C  =  z/R,  axial  coordinate 

6  =  x/R,  circumferential  coordinate,  measured 

from  maximum  film  thickness 
6'  =  circumferential  coordinate,  measured 

from  loadline,  see  fig.  1. 

Kr,K;-=  heat  transfer  coefficients,  W/m2C 

p  =  viscosity,  Pas 

pQ  =  reference  viscosity.  Pas 

S  =  ^o  . 

p  =  mean  viscosity  across  film  thickness 

vra  =  viscosity,  cSt 

5  =  y/C,  radial  coordinate  through  the 

film  thickness 

l  --  e/fi  3 

p  =  density  of  lubricant,  kg/rrr 

4>  -  attitude  angle,  see  fig.  1 

u  =  angular  velocity,  rad/sec. 

q^,  =  side  leakage 
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Both  the  radial  temperature  distribution  at  the  inlet  and  the  temperature  of  the 
bearing  surfaces  have  a  decisive  influence  on  the  solution  of  the  energy  equation  and 
Reynolds  equation,  and  thereby  on  the  operating  conditions  for  the  bearing. 

The  general  energy  equation  is  very  complicated  and  difficult  to  solve.  Approxi¬ 
mations  to  this  equation  is  thus  of  great  interest.  In  this  work  several  approximations 
have  been  investigated,  and  comparisons  between  them  have  been  made  to  clarify  the  influence 
of  the  temperature  on  the  stationary  operating  conditions. 

GOVERNING  EQUATIONS 


Using  the  procedure  published  by  Dowson  /!/,  with  the  conventional  assumptions  of 
thin  film  lubrication,  and  introducing  dimensionless  variables,  the  fluid  velocities 
can  be  expressed  as 


(1) 


and  Reynolds  equation  becomes 


3_ 

36 


(P2  If5 


1  3 
5  75 


where  P^, 


P^  and  PQ  are  given  by 


|  (5 


r1)  d£ 
F 


F 


o 


,  o  y 


(2) 


(3) 

m 

(3) 


The  boundary  conditions  connected  with  Reynolds  equation  are 


Fig.  1.  Geometry  and  coordinate  system  of 
a  radial  bearing. 


P  -  P0  (6) 

or 

p  =  If  =  If  =  0  (7) 

The  functions  F  ,  F-;  and  F2  in  Reynolds  equation 
depends  on  the  viscosity  and.  thereby,  on  the 
temperature  distribution  in  the  lubricant.  In 
dimensionless  variables,  the  appropriate  energy 
equation  becomes 


^(vT) 


H 


(wT)  = 


t-  32T  .  u  \3u.2  .  ,  3w.  2" 

Pe  ^2  +  t  [.^  (8C}  J 


(8) 


The  boundary  condition?  for  (8)  are 


£  =  0, 

T  = 

f0(e,t) 

(9a) 

£  =  h. 

T  = 

fh 

(9b) 

9=6, 
o  ’ 

T  = 

f(£,0 

(9c) 

C  =  o. 

3  V 
3C 

=  0 

(9d) 

Description  of  the  temperature  distribution,  eq.  (9c),  at  the  inlet  to  a  bearing  pad 
is  a  complex  problem.  Several  authors  have  studied  this  problem  /3,1I,5/,  and  provided  a 
rather  good  knowledge  about  the  mean  inlet  temperature,  but  detailed  information  about  the 
temperature  profile  at  the  inlet  is  lacking. 
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It  is  therefore  usually  suggested  that  the  inlet  temperature  is  uniform  / 7 »  11/. 
However,  when  studying  the  heat  balance,  this  can  give  severe  problems  by  causing  dis¬ 
continuities  in  the  temperature  distribution  of  the  bearing  surfaces  and  the  lubricant. 

In  the  examples  shown  in  this  work,  the  temperature  is  assumed  to  be  distriouted 
according  to  a  function  f(9,c)  which  gives  a  continuous  temperature  distribution  in  the 
transition  zones  between  the  bearing  solids  and  the  fluid.  The  mean  value  of  f(9,c)  equals 
the  mean  inlet  temperature  calculated  from  a  hot  oil  carry-over  coefficient 


Equation  (9b)  expresses  the  temperature  at  the  surface  of  the  rotating  shaft.  At  the 


•  surface 

of  the 

stationary 

bearing  sleeve,  convection  takes  place,  and  at 

the  inter 

between 

the  lubricant  and 

the  solid,  continuity  of  temperature  exists. 

The  heat 

conduction  equation  is 

5-  (r  3? 

>  .  is! 

T  +  -  3T 

-  - 

(10) 

3r  a? 

r  30 

?  =  ?1# 

O<0  <2ir , 

°<^<  5  : 

(T-f  ) 

Dr  ks 

(11a) 

lvr^rj , 

O<0<2tt  , 

K  =  0  : 

O 

<1 

IE-.IkJ' 
<ro  \co 

(lib) 

l<.r<r1, 

O<0<2it , 

5  =  fi  : 

H  =  -  kj 1 

(11c) 

r  =  1,  0<  0<  2n  , 

°<<f<S  : 

3T  .  ko  3T 

»-  "  IT"  C 

Dr  s  3£ 

(lid) 

Equation  (11a)  and  (11c)  expresses  the  convection  boundary  condition  at  the  outer 
surface.  Since  the  bearing  is  assumed  to  be  symmetric,  (lib)  expresses  the  symmetry  condi¬ 
tions.  (lid)  expresses  the  heat  flux  continuity  condition  at  the  fluid-solid  interface. 

To  express  the  viscosity-temperature  dependency  the  standard  Walther-ASTM  equation 
is  used, 


v  -  —0.6+  l0l0(c+mloSi«T) 


(12) 


where  the  temporatuies  in  this  equation  are  absolute, 
APPROXIMATIONS 


The  equations  given  above  provide  a  basis  for  a  complete  description  of  the  stationary 
thermohydrodynamic  behaviour  of  a  journal  bearing.  To  solve  these  equations  is  a  cumber¬ 
some  and  expensive  job.  It  is  necessary  to  use  numerical  methods  involving  a  large  number 
of  variables.  A  reduction  of  the  number  and  complexity  of  the  equations  to  be  solved  and 
thereby  the  cost  involved,  is  therefore  highly  desirable. 

Only  approximations  to  the  energy  equation  will  be  considered  since  the  approximations 
to  the  Reynolds  -  and  the  heat  conduction  equation  will  follow  as  a  natural  consequence 
of  the  approximations  given  for  the  energy  equation. 

Energy  equation  independent  of  the  fi  1m  height 

Here  it  is  assumed,  that  the  viscosity  is  constant  across  the  film  thickness  and 
evaluated  at  the  local  mean  temperature. 


Integrating  the  left-hand  side  (LHS)  of  cq .  (8)  across  the  thickness  and  using  the 

above  given  assumptions  together  with  the  continuity  equation,  gives, 


3T 


3T 


LHS  :  qQ 

m  -  m 

30  qC  3b 

(13) 

vQ  l 

03 

11 

h 

udf; 

(1'0 

o 

(h 

= 

wdC 

(lb) 

Using  equation  (1)  with  constant  viscosity  u  and  integrating  the  right-hand  side  (RHS) 


of  eq ,  ( 8 ) ,  yields , 

fi  y 


"  Pe  H 


,  ml  1  ,  3iv 

+  (T  r  +  pi 
n  Mn 


<!!)2  * 


RHS 


(16) 
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To  evaluate  the  heat  conduction  at  the  fluid-solid  interface, 
flow  is  pure  Couette  flow  and  that 

3T  _  3T  3T  n 

36  '  35  '  3f, 


it  is  assumed  that  the 


(17) 


Used 


on 

Pe 


eq.  (8)  this  gives 
32T  .  ym,3Uv2 

7?  ' '  ^  ^ 


(18) 


Integrating  this  twice  with  respect  to  f,  gives 

T(P)  =  V  (Th  -  To)|  ♦  ^  y  (fir.  -  ^) 

n 


Obtaining  the  mean  temperature  Tm  from 


u(?)T(e)dC 


where  both  qc  and  u  are  evaluated  from  Couette  flow  only,  gives 

?  u_,  1 

T  =  i  T  +  £  T  +  — I E  _ 

Am  3  o  3  h  75  Pe 

Using  (21)  to  eliminate  p  from  (1U)  gives 


T(0  =  T0  *  3(25^  -  f0  -  Th)  |  -  2(35 


'■  -  To  * 

n 


(19) 


(20) 


(21) 


(22) 


For  usual  running  conditions  the  energy  dissipation  in  eq.(l6),  caused  by  the  Couette 
term,  is  much  greater  than  that  caused  by  the  Poiseuille  term.  When  (22)  is  introduced  in 
(1(S)  the  energy  equation  becomes, 


*6  36 


3T  3Tm  Pm 

tn  +  q  v— 2  =  4Pe(T  +  2T.  -  IT  )  +  -2 

3C  o  n  m  (-pj 


(23) 


As  is  seen  from  eq.  (22),  the  temperature  distribution  across  the  thickness  is  para¬ 
bolic.  By  solving  eq.  (23),  Reynolds-  and  the  heat  conduct  ion  equation  together ,  the  temp¬ 
erature  distribution  in  the  lubricant  can  be  found.  Reynolds  equation  will  in  this  case  be 
simplified  compared  to  eq.  (2)  •  (fi)>  since  the  viscosity  is  expressed  at  the  mean 
temperature . 

Assuming  that  the  convective  as  well  as  the  dissipative  terms  can  be  expressed  by 
Couette  flow  only,  and  that  the  bearing  is  infinitely  long,  the  energy  equation  takes  the 
following  form 


9T 

30-  8  <T0  +  2*h  -  5*m>  + 

h 


3h‘ 


(24) 


Since  eq.  (24)  is  independent  of  the  pressure  distribution  in  the  film,  only  iteration 
between  eq .  (24)  and  the  heat  conduction  equation  needs  to  be  considered. 

A  still  more  simplified  version  of  the  energy  equation  can  be  obtained  if  it  is  assumed 
that  the  shaft  and  bush  are  adiabatic.  Then, 


(29) 


For  the  energy  equations  given  by  eq.  (2^)  -  (29),  the  inlet  tempei’ature  must  be 
specified  as  a  mean  temperature  across  the  thickness. 

Energy  equation  independent  of  the  film  length 

Next  it  is  assumed  that  the  temperature  in  the  lubricant  is  constant  in  the  axial  dir¬ 
ection,  and  allowed  to  vary  across  the  thickness.  / 1 4 /  has  considered  this  situation 

for  a  bearing  with  pure  Couette  flow.  The  appropriate  energy  equation  is  then  as  eq.  (8), 
except  for  the  third  term  which  is  left  out.  Tn  order  to  make  the  numerical  treatment  of 
the  energy  equation  more  convenient,  the  bearing,  gab  is  transformed  into  a  rectangular  domain 
by  the  substitution  / 1 4 / . 
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5  -  § 
h 

Eq.  (8)  then  takes  the  form 


u 


3T 

If 


+ 


u£  c 


sin8 

h 


ST 


+  i 

h  35 


Pe  aff  _y 
h2  352  6h 


(®H)2  +  (iH  )2 


L  H 


35 


(26) 


(27) 


An  expression  for  v  in  the  rectangular  solution  domain  can  be  obtained  from  the  contin¬ 
uity  equation  and  the  well  known  expressions  for  the  lubricant  velocity  under  isothermal 
conditions. 

v  =  yg  (5u  +  52)(1-C))  (28) 

Insertion  of  eq.  (28)  into  (27)  yields 


3T  *  *2,-  *xl  ih  3T  . 


36 


♦  ra-o±  $ 

h  30  35 


Pe 


32T 


35 


6h 


'(ii)2  +  (ii)2' 

.  35  35 


(29) 


Since  v  in  eq.  (28)  is  expressed  in  terras  of  isothermal  parameters,  oq.  (29)  will  not  be 
valid  in  the  general  case  of  temperature  dependent  velocities.  The  error  is  however,  small 
and  the  advantages  are  obvious. 


THE  ENERGY  BALANCE 


The  heat  generated  by  the  dissipation  in  the  lubricant  is  removed  in  several  ways. 

Some  of  it  goes  to  the  bush  and  the  shaft,  the  rest  to  the  axial  boundaries  or  to  the  inlet 
groove.  Prom  a  design  point  of  view,  the  relative  magnitude  of  these  contributions  to  the 
energy  balance  are  of  interest.  A  similar  experimental  analysis  has  been  carried  out  in  /2/. 
The  reduced  film  length  in  the  diverging  zone  is  taken  into  account  when  the  energy  balance 
is  set  up. 


Most  of  the  heat,  generated  by  dissipation  in  the  bearing,  will  be  removed  by  convection. 
Some  of  the  lubricant  will,  mainly  depending  on  the  eccentricity  ratio,  be  recirculated  to 
the  inlet  groove.  In  the  groove,  a  mixing  of  the  incoming  fresh  lubricant  and  the  recircul¬ 
ating  one  takes  place.  Hence,  at  the  inlet  to  a  bearing  segment,  the  temperature  will  be 
dependent  on  the  mixing  and  temperature  conditions  in  the  groove.  Attempts  to  describe 
these  phenomena  analytically  as  well  as  experimentally  ai<?  mainly  done  in  /3,*l,5/.  The 
results  obtained  are  expressed  by  a  hot  oil  carry-over  coefficient,  which  relates  the  mean 
inlet  temperature  at  the  bearing  segment  to  the  temperature  of  the  incoming  fresh  lubricant 
and  the  temperature  of  the  shaf L . 


mi 


=  T 


(30) 


SOLUTION  METHODS 


Several  different  numerical  techniques  have  been  employed  to  solve  the  equations 
involved. 


The  Reynolds  equation  is  solved  by  the  Finite  Element  Method  /10/.  Since  Reynolds 
equation  with  it's  boundary  conditions  expresses  a  well-posed  elliptic  boundary  value 
problem,  it  can  be  cast  into  an  equivalent  variational  form,  suitable  for  the  usual  FEM. 
Six  node  isoparametric  triangular  elements  are  used. 

The  energy  equations  (8)  and  (29)  are  solved  by  Implicit  Finite  Difference  Methods, 
/9,15/. 


Eq.  (23),  where  the  mean  temperature  across  the  thickness  is  introduced,  is  solved  by 
the  Galerkin  Method,  which  is  one  of  the  V/eighted  Residual  Methods,  WRM.  The  mesh  used  for 
the  solution  of  Reynolds  equation  by  FEM,  can  be  employed  again  for  the  solution  of  eq.  (2?) 
by  the  WRM,  /10/. 

To  solve  eq.  (21!)  and  (25)  which  are  ordinary  differential  equations,  a  Predictor- 
Corrector  Method  is  used,  /8/, 

The  heat  conduction  equation  (10)  is  solved  by  a  usual  Finite  Difference  Method. 

To  evaluate  the  governing  equations  at  the  same  points,  regardless  of  solution  method, 
the  same  grid,  in  axial  and  circumferential  direction,  has  been  used  for  all  three  types  of 
equations  in  one  calculation. 

RESULTS 

The  results  are  all  obtained  for  the  same  bearing  to  make  comparisons  easier*  The 
numerical  data  for  the  bearing  are  given  i  :  the  following  list. 


R  =  50-10"?  m  R1  *  100*10-3  m 

C  *  71*10  m  0  k=  =  50  W/mC 

X  -K >  =  50  W/nTC  Th  =  77  C 
Tr  =  20  C  Ns  4800  rpm 

and  for  the  lubricant 

p  =  850  kg/m3  Cn  s  2000  J/kgC 

T  =  50  C  k^  s  0.150  W/mC 

The  coefficients  in  the  viscosity-temperature  relation  are  found  from  the  following  values f 
v  =  20  cSt  at  50C  and  v  =  6.55  cSt  at  90  C.  v  =  20  cSt  is  taken  to  be  the  reference  viscosity. 
The  simplest  version  of  the  energy  equation  is  given  in  eq.  ''>1 .  From  the  solution  to  this 
equation,  the  temperature  distribution  is  shown  in  figure  2.  ,.ince  eq.  (25)  is  independent 
of  the  pressure  distribution,  the  results  are  presented  for  constant  attitude  angle  +  =  0. 


o  i  i  3  4  s  «  0 


Fig.  2.  w  temperature  distribution  in  the 
lubrican  ttitude  angle  fixed  at  <f>  =  0.  L/D-<*>. 
Inlet  term  .ture  constant.  Adiabatic  bearing 
surfaces . 
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The  curves  show  that  the  temperature  rises 
sharply  in  a  narrow  band  around  minimum  film- 
thickness  and  it  is  seen  that  the  eccentricity 
ratio  has  a  strong  influence  on  the  tempera¬ 
ture  rise.  Em.  (25)  is  also  solved,  assuming 
that  the  viscosity  is  constant.  With  this 
assumption,  the  temperature  rise  is  three 
times  as  high,  for e =  0.9,  as  it  is  with 
variable  viscosity. 

If  heat  conduction  to  the  shaft  and  the 
bush  is  allowed,  the  energy  equation  is  given 
by  eq.  (24).  Again  the  attitude  angle  has  been 
fixed  at  $=  0.  Figure  3  shows  the  results. 

The  highest  value  of  the  mean  temperature  is 
now  lowered  considerably  compared  to  the 
results  obtained  in  figure  2.  The  temperature 
at  the  lubricant-bush  interface,  and  the  shaft 
temperature  are  shown  on  the  figure  too. 

Along  most  of  the  circumference,  the  bush 
surface  temperature  is  higher  than  the  mean 
temperature.  As  the  eccentricity  ratio  is 
increased,  the  hottest  spot  is  moved  closer  to 
the  point  of  minimum  film  thickness.  Figure  4 
shows  the  radial  temperature  distribution 
corresponding  to  the  results  obtained  in 
figure  3.  The  radial  temperature  distribution 
is  described  by  parabolas  at  each  circumferen¬ 
tial  position,  as  given  by  eq.  (22).  If  a 
lower  value  of  the  hot  oil  carry  over  coeffi¬ 
cient  is  taken,  the  temperature  will  be  almost 
the  same  in  the  diverging  zone,  whereas  both 
the  mean  temperature  and  the  bush  surface 
temperature  will  be  lower  in  the  converging 
film  zone.  This  effect  also  influences  the 
heat  balance  for  the  bearing. 


Fig.  3.  Mean  temperature  in  the  lubricant  and  Fig.  4.  Parabolic  temperature  distribution 
bearing  surface  temperatures.  Attitude  angle  across  film  thickness  for  e  =  0.7. 
fixed  at  <J>  =  0.  L/D==>.  Radial  temperature 
distribution  on  fig.  4  for  e=  0.7. 

For  the  two-dimensional  energy  equation,  eq .  (23),  a  solution  was  obtained  including 
also  an  evaluation  of  the  pressure  distribution.  This  means  that  besides  the  iterations 
to  obtain  a  correct  temperature  distribution,  an  additional  iteration  procedure  is  employed 
to  find  the  correct  attitude  angle.  With  the  boundary  conditions  given  above,  the  temperature 
var'ati^n  in  the  axial  direction,  in  the  lubricant,  was  about  0,2  C  for  e  =  0.7.  Figure  5 
anc.  >.;■>  ■.  shows  the  results.  It  is  seen  that  the  hottest  spot  at  the  bush  surface  is 
local  .  close  >  the  point  of  minimum  film  thickness  for  all  eccentricity  ratios. 

The  parameters  in  table  1  are  evaluated  from: 


where 


$  y  ■ 


L/D  r?Tt 


"  r- cob(9'-*)] 
pt  -since  '-<)>)/  detiC  ( 32 ) 


5=  *  -12P,  T 


If 


Fig,  5.  Distribution  of  mean  temperature 
in  the  lubricant  and  bearing  surface 
temperature.  L/D  =  0.3. 

Table  1.  Steady  state  running  parameters 
as  a  function  of  the  eccentricity  ratio. 


L/D  /2n 

w{?  - 

o  Jo  ;=h 


S  is  the  Sommerfeld  number,  q  the  side  leakage 
and  E  the  powerloss. 

In  the  cases  demonstrated  below,  the  energy 
equation  will  be  given  as  eq.  (29),  i.e.  the 
temperature  is  now  allowed  to  vary  freely  in 
the  radial  direction. 


S  e  q  E  To  compare  the  results  in  figure  3  and  4  with 

*  the  corresponding  results  for  the  case  of  temp- 

0.95  0.7  41.51  0.39  0.99  erature  variation  across  the  thickness  it  is 

0  A  c  rc  n  A  Qn  assumed  that  the  flow  is  pure  Couette  flow,  and 

2.71  0.5  56.25  0.28  0.89  that  *  =  0.  The  results  are  given  in  figure 

6.68  0.3  69.76  0.17  0.85  6,  7,  8  and  9.  When  figure  3  and  6  are  compared, 

24.36  0.1  83.42  0.06  O.87  ^,is.see?  thffc  ^he  mean  temperature  in  the  oil 

film  is  almost  the  same,  but  that  the  bush  sur¬ 
face  temperature  distribution  is  different  as 
expected.  This  difference  influences  the  heat 

balance  for  the  two  models,  since  the  bush  temperature  in  the  latter  case  is  generally  higher 
While  about  10it  of  the  dissipated  energy  goes  into  the  bush  in  the  latter  case,  it  is  only 
about  5?  for  the  case  given  in  figure  3.  An  interesting  fact  which  is  valid  for  both  cases, 
is  that  the  relative  amount  of  heat  to  the  bush  is  almost  independent  of  the  eccentricity 
ratio.  The  isotherms  in  the  bush  and  the  lubricant  are  shown  on  figure  8  for  e  =  0.7. 

Figure  9  indicates  the  radial  temperature  distribution  curves.  Although  the  temperature 
may  vary  freely,  the  curves  on  figure  4  and  9  are  very  similar. 

When  the  energy  equation  (29),  Reynolds  equation  and  the  heat  conduction  equation  are 
solved  simultaneously  by  an  iterative  procedure,  the  results  are  as  shown  by  the  following 
figures  and  tables.  The  distribution  of  the  mean  temperature  in  the  lubricant  on  figure  10 
is  very  similar  to  that  obtained  in  figure  5,  while  the  bush  surface  temperature  is  remark¬ 
ably  higher  in  the  inlet  zone  for  the  results  in  figure  10.  The  heat  balance,  figure  11,  is 


BEARING 
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Fig.  6.  Mean  temperature  in  the  lubricant  and  Fig.  7.  Heat  balance  for  the  bearinf 
bearing  surface  temperatures.  Attitude  an>  le  Couette  flow, 
fixed  at  $  =  0.  L/D  =  «,  The  same  result:-, 
are  presented  in  figures  7,  8  and  9. 


25-8 


Pig.  9.  Isotherms  in  the  lubricant  and  in  Fig.  9.  Radial  temperature  distribution 
the  bush,  e  =  0.7.  in  the  lubricant,  e  =  0.7. 

.  inn  *  - _ _ _ 


Fig.  10.  Mean  temperature  in  the  lubricant  Fig.  11.  Heat  balance  for  the  bearing, 
and  bearing  surface  temperatures. 


Table  2.  Steady  state  running  parameters 

as  a  function  of  the  eccentricity 

ratio.  ... 


s 

e 

$ 

*s 

E 

0.51 

0.8 

30.15 

0.03 

1.06 

0.97 

0.7 

00.80 

0.39 

0.90 

2,91 

0.5 

56.31 

0.28 

0.83 

'*■ 

7.^5 

0.3 

70.26 

0 . 16 

0.80 

31.70 

0.1 

82.51 

0.05 

0.80 

*■  i  _ 

■  i 


almost  the  same  as  for  the  case  of  pure  Couette  flow  given  in  figure  7,  but  generally  .the  ; 
amount  of  heat  to  the  bush  is  greater  in  the  latter  case.  Table  2  lists  the  main  steady  ■  \ 
state  running  parameters  as  a  function  of  the  eccentricity  ratio.  '  '  1 


A  fully  three-dimensional  thermohydrodynamic  solution  was  obtained  by  solving  eq.  (8), 
Reynolds  equation  and  the  heat  conduction  equation.  The  maximum  axial  temperature  variation 
was  less  than  1  C  for  e  =  0.7,  and  the  temperature  distribution  on  the  bush  surface  was 
essentially  the  same  as  for  figure  10. 

It  should  be  emphasized,  that  the  results  presented  in  this  paper  are  related  to  a 
particular  lubricant  and  bearing  geometry.  It  is  not  possible,  to  make  the  results  indepen¬ 
dent  of  the  bearing  dimensions  and  lubricant  properties  by  means  of  a  single  dimensionless 
parameter  as  can  be  done  in  the  isothermal  case  through  the  use  of  the  Sommerfeld  number. 
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For  a  particular  bearing,  with  thermal  boundary  conditions  specified,  it  is  possible 
to  set  up  an  overall  heat  transfer  coefficient  as  a  function  of,  for  example,  the  eccentri¬ 
city  ratio  or  the  rotational  speed.  As  this  coefficient,  however,  still  depends  on  the 
geometry  and  boundary  conditions,  there  seems  to  be  no  advantage  in  introducing  such  a 
concept . 

CONCLUSION 

-  The  viscosity-temperature  dependence  has  a  pronounced  influence  on  the  temperature  level 

-  Heat  conduction  to  the  bearing  sleeve  and  the  shaft  must  be  taken  into  account 

-  The  temperature  variation  across  the  fluid  film  thickness  is  significant 

-  The  mean  temperature  in  the  lubricant  is  well  represented  by  the  parabolic  approximation 

-  Under  normal  operating  conditions  the  axial  temperature  variation  is  negligible. 
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DISCUSSION 


J.B.Medley,  University  of  Waterloo,  Co 

Can  you  comment  on  difficulties  encountered  in  the  application  of  the  sophisticated  numerical  technique*  you  used 
in  your  solution  procedures? 

Author's  Reply 

Two  main  numerical  problems  emerged  in  the  solution  of  the  energy  equations  described. 

For  the  general  energy  equation  1  Eq.  (8),  and  for  Eq.  (29)  numerical  problems  arise  for  high  eccentricity  ratios. 
The  system  of  finite  difference  equations  will  no  longer  be  positive  definite.  The  physical  explanation  for  this  is, 
that  backflow  appears  in  the  high  pressure  region  To  evaluate  the  temperature  at  an  arbitrary  circumferential 
position  in  the  lubricant  film  the  results  ulready  obtained  upstream  arc  used.  The  appearance  of  backflow  means 
that  downstream  temperatures  must  be  taken  into  account.  This  cannot  be  done  in  a  usual  finite  difference 
discretization  of  a  parabolic  equation. 

When  solving  the  energy  equation  given  by  Eq,  (23)  the  above  mentioned  problems  caused  by  backflow  will  not 
uppear.  Instead,  at  leust  when  the  WRM  is  used,  »he  system  of  equations  obtained  will  be  nonsymmetric  and 
indefinite. 


J.Frene,  University  de  Poitiers,  Fr 

Pouvez-vous  donner  des  details  sur  la  fa<;on  dont  vous  prenez  en  compte  les  transferts  ihermiques  dans  la  zone  de 
cavitation? 

Author's  Reply 

For  the  energy  Equations  (8)  and  (22)  where  axial  temperature  variation  in  the  lubricant  is  taken  into  account  the 
Peclet  number  in  the  diverging  film  zone  is  adjusted  according  to  the  reduced  film  length 

(7)  Pe*  =  Pe-1-  . 

In  this  work  it  is  assumed  that  the  lubricant  will  be  supplied  to  the  bearing  at  the  groove  only.  From  continuity 
considerations  it  is  seen  that 

I  = 

L  !r(0) 

I  is  the  reduced  film  length  in  the  diverging  film  zone. 

h^  is  the  film  height  at  the  circumferential  position  where  cavitation  first  appears. 

For  the  energy  Equations  (24)  and  (29),  the  Peclet  number  is  assumed  to  be  the  same  in  the  converging  film  zones. 
But,  when  the  heat  balance  is  set  up,  the  reduced  film  length  in  the  diverging  film  zone  is  taken  into  account. 


J.F.Chevalier,  SNECMA,  Fr 

Avez-vous  fait  les  monies  calculs  pour  un  squeeze  film,  et  avez-vous  fait  les  monies  calculs  pour  un  contact  roulant? 
Author’s  Reply 

Unfortunately  we  have  not  made  the  same  analysis  for  squeeze  film  bearings  and  roiling  element  bearings. 

Probably  the  assumption  of  parabolic  temperature  distribution  across  the  film  height  could  be  used  in  the  analysis 
of  squeeze  film  bearings. 

For  the  case  of  EHL  it  should  be  emphasized  that  the  temperature  gradients  can  be  several  orders  of  magnitude 
higher  than  in  the  usual  hydrodynamic  lubrication  situation.  It  may  therefore  be  difficult  to  express  the  tempera¬ 
ture  gradients  sufficiently  accurate  in  the  EHL  situation. 


C.H.T.Pan,  Columbia  University,  US 

In  a  related  study,  ‘'Finite-Element  Method  for  Heat  Transfer  Problems  in  Hydrodyanmic  Lubrication”  by 
Dr  Kwang  June  Bai,  which  is  being  released  as  US  DOD  Report  No.  DTNSRDC/SPD- 1043-01,  the  numerical 
procedure  required  to  compute  the  temperature  field  in  the  lubricant  film  was  considered.  In  view  of  the  recent 
trend  of  increased  use  of  computers  in  engineering  work  (CAD,  CAM  etc.),  an  accurate  and  trouble-free  numerical 
procedure  to  determine  the  lubricant  temperature  field  is  needed  because  lubricant  viscosity  is  sensitive  ■  n  tempera¬ 
ture,  because  thermo-elastic  distortion  of  bearing  surface  is  important  for  certain  bearing  types,  and  because  intense 
local  heating  is  expected  in  mixed  lubrication.  A  three-domain  problem  was  formulated.  A  parabolic  domain 
(combined  convection-conduction  with  internal  heating)  is  sandwiched  between  two  elliptic  domains  (conducting 
solids,.  It  is  known  that  numerical  instability  would  develop  if  Galerkin  type  finite  element  method  is  applied  to 
calculate  a  single  domain  parabolic  field.  However,  no  numerical  instability  was  encountered  when  the  inree-domain 
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problem  was  so  treated.  Two  model  problems  were  solved.  In  the  first  model  problem,  an  analytically  known  finkl 
was  computed  by  the  FEM.  Residual  errors,  measured  by  the  deviations  of  the  numerical  result  from  the  analytical 
field  were  correlated  with  mesh  size.  Converging  type  power  law  dependence  of  residual  errors  on  the  mesh  size 
was  established  for  a  wide  range  of  the  Peclet  number.  A  second  problem  considered  dealt  with  a  situation  which 
closely  approximates  the  realistic  physical  conditions  of  an  actual  bearing.  The  tesults  indicate  a  strong  dominance 
of  wall  effects,  Temperature  gradients  in  the  conducting  solids  are  of  moderate  magnitudes.  The  lubricant 
temperature  rises  quickly  to  correspond  to  the  wall  temperatures.  Although  the  transverse  temperature  gradient 
in  the  lubricant  film  is  quite  high,  the  actual  transverse  temperature  variation  is  relatively  modest.  Heat  capacity 
associated  with  “hot  oil  carryover”  is  deemed  to  be  of  secondary  importance  in  comparison  with  the  amount  of 
viscous  heating.  A  large  fraction  of  the  temperature  rise  can  be  attributed  to  the  thermal  resistance  between  the 
solid  bodies  and  the  ambient. 
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BEHAVIOR  OP  AIRCRAFT  ENGINE  OILS  AT  HIGH  TEMPERATURE 
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SUMMARY 


Higher  temperatures  in  current  and  future  aircraft  engines  lead 
to  a  stronger  thermal  and  oxydatlve  attack  of  the  engine  oils. 

In  this  paper  the  reversible  and  irreversible  change  of  the  en¬ 
gine  oil  will  be  reported  and  the  reasons  discussed.  Furthermore 
the  influence  of  hot  surfaces  on  aircraft  engine  oils  as  deter¬ 
mined  by  different  laboratory  simulation  equipment  used  in  Germany 
will  be  shown.  Moreover,  different  types  of  deposits,  their  pro¬ 
perties,  and  the  current  knowledge  about  the  influencing  parame¬ 
ters  will  be  reported.  Finally,  possibilities  to  avoid  deposit 
formation  will  be  shown. 


2.3-2 

1 .  Introduction 


This  topic  will  discuss  a  problem  as  old  as  aviation  with  motor  aircraft.  During  the 
first  world  war  people  concerned  with  aircraft  engine  operation  had  to  contend  with  the 
so-called  "piston  ring  sticking"  problem.  The  reason  was  the  formation  of  resin-type 
deposits  around  the  piston  rings  due  to  the  high  temperature  in  the  engine  and  the  low 
stability  of  the  engine  oil.  The  problem  still  exists  at  hot  walls  of  our  current  air¬ 
craft  engines.  The  reason  for  the  existence  of  this  problem  over  a  long  period  of  time 
is  the  continuous  increase  of  engine  temperatures ,  despite  che  much  better  engine  oils 
available  today.  The  further  rise  of  engine  temperature  in  the  near  future  is  a  rather 
certain  situauxon:  Higher  turbine  inlet  temperature  can  be  used  to  reduce  the  fuel  con¬ 
sumption  or  can  raise  the  thrust  of  an  engine.  The  consequence  is  that  aircraft  engine 
oils  will  also  be  under  strong  thermal  attacks  in  the  future. 

2 .  Behavior  of  the  Oil  at  High  Temperature 


If  we  speak  about  'behavior'  of  an  engine  oil  at  high  temperature,  we  have  to  re¬ 
member  that  reversible  and  irreversible  changes  are  possible.  Reversible  change  means 
no  chemical  reaction  but  variation  of  physical  behavior,  e.g. 

°  viscosity 
0  specific  gravity 
0  vapour  pressure 
0  conductivity 
8  surface  tension 
0  foaming 

°  elastomer  change 

Irreversible  change  is  the  consequence  of  chemical  reactions,  e.g. 

°  splitting  of  the  molecules 
8  oxydation  of  the  molecules 
8  combination  of  the  molecule  parts  or 
reaction  compounds. 

By  molecules  we  refer  to  the  base  oil  and  the  additives,  which  react  in  different  ways. 

The  above  mentioned  chemical  reactions  can  have  strong  consequences  on  the  character 
and  behavior  of  the  original  engine  oil.  The  extent  of  this  oil  change  is  dependent  on 
the  factors: 


8  temperature 
8  reaction  time 
8  oxygen  amount 

8  type  of  catalysts  (a.g.  metals,  water,  acids) 

3 .  Influencing  Factors  on  Aircraft  Engine  Oils 

Lubrication  means  mechanical  stress  of  the  engine  oils.  Aircraft  engine  oils  overcome 
this  stress  rather  well.  Stronger  influencing  factors  are  high  temperatures  in  the  pres¬ 
ence  of  air  and  metals.  Hot  air  is  widely  used  in  aircraft  engines  as  sealing  air  and 
thus  comes  into  intensive  contact  with  the  engine  oil.  Furthermore,  it  is  taken  into  ac¬ 
count  that  an  extended  oil  surface  leads  to  a  stronger  attack  and  change  of  the  oil. 
Such  extended  surfaces  are  quite  common  when  generating  thin  films  in  the  bearings  and 
several  other  oil  wetted  parts,  or  as  small  droplets  or  foam.  Another  essential  factor 
fc  •  the  reaction  is  the  time  which  an  oil  molecule  has  to  stay  at  a  certain  high  temper¬ 
ature.  In  chemistry  we  speak  about  the  reaction  time.  Finally,  the  oil  change  in  an  en¬ 
gine  is  influenced  very  often  by  certain  materials,  which  can  promote  as  catalysts  the 
reaction  in  very  small  amounts.  These  catalysts  can  be  especially  metals  (e.g.  wear  par¬ 
ticles),  but  also  water,  acids,  and  some  other  compounds. 

4 .  Reversible  Change  at  High  Temperature 

As  mentioned,  certain  reversible  changes  are  of  great  importance  to  people  developing 
and  using  engines. One  of  them  is  the  viscosity.  In  this  connection  may  I  mention  that  in 
certain  aircraft  engines  the  oil  viscosity  can  be  as  low  as  the  viscosity  of  water  at 
room  temperature,  e.g.: 


MIL  7808  oil 

at  200  °C  1  cS* 

at  250  °C  0,76  cS 

★ 

1  cS  =  1  mmJ /sec 


DEng  RD  2497  oil 

1,3  cS 
0,96  cS 
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These  temperatures  are  possible  in  bearings  and  gears  of  several  types  of  modern 
aircraft  engines.  The  negative  influence  of  such  low  viscosities  on  wear  and  life  time 
of  a  machine  element  is  well  known. 

The  increase  of  vapour  pressure  can  also  be  of  some  importance,  e.g.  under  the  aspect 
of  high  evaporation  loss.  In  a  mixture  of  base  stocks  under  high  temperature,  a  specific 
loss  of  the  lower  boiling  components  can  occur,  with  the  consequence  of  viscosity  and 
pour  point  increase.  It  is  also  possible  that  a  high  evaporation  rate  leads  to  a  loss  of 
certain  additives,  reducing  the  service  time  of  an  oil.  In  most  aircraft  engines  revers¬ 
ible  and  irreversible  situations  overlap. 

5.  Irreversible  Change  at  High  Temperature 

At  this  time  it  is  rather  difficult  to  explain  all  steps  in  detail  which  can  occur 
during  splitting,  oxydation ,  and  combination  of  molecules.  As  a  consequence  of  these  re¬ 
actions  a  change  of  properties  is  possible,  e.g.  viscosity,  color,  vapour  pressure,  den¬ 
sity,  acidity,  pour  point,  lubrication,  rubber  swelling.  Furthermore,  a  splitting  and 
evaporation  of  certain  additives  is  also  possible.  Figure  1  shows  that  this  change  can 
be  rather  small.  The  data  is  from  a  commercial,  rather  low  operating  temperature,  air¬ 
craft  engine.  The  situation  can  look  quite  different  with  engines  which  operate  under 
high  speed  and  high  thrust,  or  with  rather  high  temperatures  in  the  back  section  of  the 
engines.  Furthermore  plays  the  amount  of  oil  which  has  to  be  added  at  certain  interval 
an  important  role  under  this  aspect.  A  rather  high  oil  loss  and,  as  consequence,  a  high 
amount  of  added  oil  can  hold  the  total  circulating  oil  in  relatively  good  condition.  If 
temperature  or  air  amount  exceed  certain  limits,  strong  changes  of  the  oil  are  inevitable 
(Fig.  2) .  A  strong  polymerisation  reaction  of  molecules  leads  to  a  higher  viscosity.  A 
higher  density  has  the  same  basis.  The  darkening  of  color  is  caused  by  the  splitting  and 
oxydation  reactions  of  the  molecules,  resulting  in  so-called  chromophor  groups  (very 
well  known  in  the  organic  dye  industry) .  The  increase  of  vapour  pressure  and  acidity  is 
due  to  a  reaction  of  splitting  and  oxydation  products.  In  some  engines  types  these  pro¬ 
ducts  will  not  be  found  despite  high  temperatures,  because  of  the  high  amount  of  vent  air 
which  carries  out  most  of  the  low  molecular  weight  reaction  products.  Lubrication  can  be 
positively  influenced  by  certain  acids  and  also  by  higher  molecular  weight  reaction  com¬ 
pounds.  This  is  investigated  by  wear  tests  and  by  gear  tests. 

6 .  High  Temperature  Behavior  and  Chemical  Structure 

The  discussed  behavior  of  aircraft  engine  oils  has  its  foundation  in  the  chemical  nature 
of  the  baseoil  and  the  antioxydation  additives.  At  the  beginning  of  a  high  temperature 
attack  on  an  engine  oil,  the  high  temperature  additives  shield  the  base  stock  against 
oxydation.  So  the  first  step  under  the  aspect  is  destruction  of  the  additives.  This  is 
easily  controlled  by  modern  analytical  methods,  e.g.  HPLC,  DTA  and  FT-IR  (1,2).  At  the 
same  time  the  color  if  the  oil  change  to  brown  and  dark,  is  explained  by  chemical  re¬ 
actions  of  the  additives  with  oxygen  under  creation  of  colorintensive  chromophor  groups. 

After  destroying  the  antioxydation  additives ,  the  oxydation  of  the  ester  molecule 
starts.  This  reaction  is  similar  for  hydrocarbons  and  esters  and  proceeds  by  a  free  ra¬ 
dical  mechanism  (3,4,5. •  6,7) .  In  an  initial  reaction  hydroperoxide  is  formed.  This  hydro¬ 
peroxide  molecule  reacts  further  to  form  aldehydes  and  ketons.  The  aldehydes,  as  rather 
instable  compounds,  react  easily  with  oxygen  to  form  acids,  investigations  in  our  labo¬ 
ratory  with  trimethylolpropan-  and  pentaerythritheptonoate  at  high  temperature  verify 
this  reaction  mechanism.  Further  gaschromatograph/masspektrograph  investigations  of  the 
final  splitting  products  show  us  a  homologous  row  of  acids  from  propion-  to  heptanoic- 
acid,  these  compounds  being  about  70  %  of  the  splitting  products.  Another  homologous  row 
are  ketons.  A  major  question  was  the  selectivity  of  the  oxygen  attack  on  an  ester  mole¬ 
cule  under  the  aspect  of  improving  the  stability.  Several  workers  have  reported  that  the 
carbon-hydrogen  bond  closest  to  the  ester  group  in  the  alcohol-  and  acyl-portion  of  the 
molecule  undergoes  an  oxydative  attack  at  a  much  slower  rate  than  the  other  secondary 
carbon-hydrogen  bonds  (7,8,9,10).  The  secondary  hydrogen  atoms  are  oxydized  about  15  times 
faster  than  the  primary  hydrogen  atoms.  These  findings  are  in  good  agreement  with  that 
from  aliphatic  hydrocarbon  oxydations  (11). 

7 .  Behavior  of  Thin  Oil  Films  at  High  Temperature 

Oil  in  form  of  a  thin  film  reacts  especially  strongly  in  an  air  atmosphere  at  higher 
temperatures.  Due  to  the  reaction  conditions  in  an  engine,  a  broad  range  of  deposits  are 
possible.  The  first  step  -  at  the  beginning  of  deposit  formation  -  is  a  light  brown 
sticky  resin.  The  next  step  is  a  less  sticky  dark  brown  resin.  Then  follows  a  black  non- 
sticky  but  elastic  resin  as  a  deposit.  At  higher  temperatures  and  longer  reaction  times 
the  resin  becomes  more  brittle  and  of  high  hardness  and  deep  black  color.  Figure  3  shows 
a  hard,  laquer-like  deposit  in  an  gasturbine  engine  developed  under  static  conditions. 
Under  the  situation  of  oil  droplets  and  vapours  a  more  faint  coal  or  coke  like  deposit 
occurs.  This  type  of  deposit  generated  in  the  diffusor  case  of  an  aircraft  engine  is 
shown  in  figure  4 . 

The  temperature  is  between  280  and  400  °C  in  the  region  between  burning  chamber  and 
turbine  of  an  aircraft  turbine  engine.  Thicker  films  and  coke-like  deposits  are  the  con¬ 
sequence  of  longer  service  times.  These  thicker  films  are  dangerous  by  reducing  heat 
transfer  (less  cooling  of  engine  parts),  blocking  of  air  and  oil  tubes  and  filters,  with 
all  the  consequences. 


8.  Laboratory  Investigations  of  Deposits 

Over  the  years,  a  lot  of  laboratory  investigations  were  done  to  solve  this  problem 
(12,13,14,15).  A  high  number  of  test  devices  for  static  or  dynamic  simulation  of  similar 
situations  as  in  aircraft  engines,  were  developed.  Our  laboratory  in  Germany  was  espe¬ 
cially  involved  in  work  with  a  modification  of  the  ao-called  "panel  coker",  which  was 
originally  developed  by  the  US-Air  Force.  This  device  simulates  a  dynamic  situation, 
e.g.  the  permanent  incidence  of  oil  droplets  on  a  hot  surface.  The  nature  of  the  depos¬ 
its  are  very  much  dependent  on  the  test  parameters  (oil  amount,  wall  temperature  and  air 
amount).  During  this  investigation  we  obtained  all  types  of  deposits,  ranging  from  a 
brilliant  surface  like  a  hard  laquer  film  to  others  which  look  faintly  like  carbon  black 
(Figs.  5a, b) .  Furthermore,  with  the  different  modification  of  the  "panel  coker"  we 
achieved  a  good  reproducibility  of  the  results. 

As  a  second  device  we  built  up  the  so-called  static  deposition  tester  with  assistance 
of  the  US-Air  Forde  Propulsion  Laboratory.  With  this  device  we  study  mainly  the  develop¬ 
ment  of  thin  laquertype  films  (Figs.  6a, b) .  A  third  test  which  we  use  is  the  Rolls  Royce 
cup  deposit  formation  test.  This  test  was  also  developed  to  study  the  laquer  type  de¬ 
posits  under  static  conditions.  The  cup  has  an  outer  diameter  of  60  mm  and  an  inner  dia¬ 
meter  of  50  mm.  The  inner  height  is  5  mm.  The  test  temperatures  for  all  these  tests 
range  from  260  to  390  °C.  Test  time  varies  normally  between  3  and  24  hours. 

9.  Results  of  Deposit  Formation  Tests 

The  results,  e.g.  the  amount  of  deposit  or  layer  thickness  depends  to  a  large  extent 
on  the  test  parameters.  First,  some  results  about  the  influence  of  the  oil  amount  on  the 
amount  of  deposits.  The  results  under  dynamic  condition  show  that  the  amount  of  deposits 
decrease  with  the  amount  of  oil  (thrown  as  droplets  against  the  hot  wall)  (Figs.  7a, b) . 
Under  static  conditions  the  opposite  was  found:  The  amount  of  deposits  increases  with 
the  oil  amount  at  the  hot  surface.  The  reason  for  this  is  the  retention  time.  In  the  dy¬ 
namic  situation,  the  retention  time  of  the  oil  molecules  becomes  shorter  with  higher  oil 
amount:  In  an  extreme  case  it  can  be  a  part  of  one  second.  In  the  static  case,  the  re¬ 
tention  time  is  as  long  as  the  overall  test  time,  e.g.  as  long  as  a  long  distance  flight. 

The  next  interesting  parameter  is  the  temperature  of  the  metal  surface.  Under  dynamic 
conditions  the  deposit  amount  increases  with  the  temperature  (Fig.  6).  Under  static  con¬ 
ditions  we  again  found  a  quite  different  situation:  The  amount  of  deposits  decreases 
with  the  wall  temperature.  The  explanation  for  these  opposite  results  again  is  the  re¬ 
tention  time  on  the  surface.  Under  dynamic  conditions,  permanent  new  oil  comes  on  the 
surfaces  and  generates,  at  high  temperature,  more  deposits.  Under  static  conditions  with 
higher  temperature,  a  higher  degree  of  oil  evaporation  and  cracking  reaction  leads  to  a 
smaller  amount  of  deposits.  The  deposit  film  becomes  thinner  but  harder  with  higher 
temperatute . 

The  third  important  parameter  is  the  air  amount  which  flows  over  the  oil  film.  Under 
dynamic  conditions  the  ameunt  of  deposits  increases  with  higher  air  amounts  (Fig.  9) .  In 
the  static  situation,  deposits  decrease  with  the  amount  of  air.  An  explanation  for  these 
opposite  results  is  again  that  under  dynamic  condition  a  permanent  "delivery"  of  new  oil 
to  the  surface  occurs.  This  oil  can  generate  with  higher  air  amount  more  deposits.  Under 
constant  conditions  a  higher  air  amount  leads  to  a  higher  oil  loss  due  to  higher  evapora¬ 
tion  rates  with  the  consequence  of  a  lower  deposit  amount.  Figure  10  shows  some  results 
from  the  aspect  of  layer  amount  and  its  hardness  in  relation  to  the  flight-  ( =  test)- 
tlme  under  static  conditions.  The  amount  of  the  deposit  decreases  over  the  time  but  the 
hardness  increases  to  values  as  high  as  glass. 

During  investigations  in  this  area,  we  made  a  high  number  of  scanning  electron  micro¬ 
scope  photographs  of  whicn  four  examples  are  shown  here.  Figure  11  is  a  deposition  con¬ 
ducted  in  a  static  deposition  tester.  It  shows  eleven  deposit  layers,  each  produced  by 
a  new  oil  film  in  a  three  hour  period  at  high  temperature.  Figure  12  shows  a  scanning 
electron-microscope  photograph  resulting  under  dynamic  test  conditions.  The  small  balls 
have  a  size  of  about  1  to  2  microns.  Figure  13  shows  a  microphotograph  of  an  elastic 
resin  deposit.  The  surface  is  scratched  with  a  needle.  Figure  14  shows  a  microphotograph 
of  a  brittle  deposit.  The  conditions  for  both  tests  were  the  same:  3  hours  at  290  °C, 
but  the  engine  oil  were  from  different  sources. 

1 0 .  Possibilities  to  influence  deposit  formation 

If  somebody  desires  to  influence  deposit  formation,  he  has  to  clear  the  question  as 
about  dynamic  or  static  oil  situation  first.  For  example,  in  a  dynamic  situation  (oil 
droplets)  ,  a  higher  oil  amount  leads  to  a  shorter  retention  time  at  the  hot  surface  and 
so  to  less  or  no  deposit.  Tn  a  static  situation,  the  oil  amount  should  be  as  small  as 
possible.  Here,  a  higher  air  amount  and  a  somewhat  lower  temperature  of  the  hot  surface 
are  the  answers.  In  the  dynamic  oil  situation  a  lower  air  amount  can  lead  to  a  lower  de¬ 
posit  formation.  A  metal  surface  temperature  as  low  as  possible  is  a  good  method  to  re¬ 
duce  deposit  formation.  From  our  knowledge  of  MIL  7808  and  MIL  23699  aircraft  engine 
oils,  a  temperature  lower  than  250  °C  is  noncritical.  With  the  DEngRD  2497  engine  oils 
a  higher  surface  temperature,  about  50  °C,  is  possible. 


Conclusions 


Aircraft  engine  oils  change  reversible  and  irreversible  under  higher  temperatures. 
Deposit  formation  depends  on  several  parameters:  Surface  temperature,  oil  and  air  amount, 
and  retention  time  on  the  surface  (static  or  dynamic  conditions) .  Also  the  type  of  en¬ 
gine  oil  can  be  of  influence.  Investigations  under  variation  of  the  different  parameters 
shows  that  a  decrease  of  deposit  formation  can  be  achieved.  Worldwide  investigations 
concerning  the  reasons  for  this  "aging"  process  show  that  an  oxydation  and  reaction  pro¬ 
cess  of  the  shielding  additives  and  the  base-oil  itself  take  place.  The  main  influencing 
parameters  are  metal  catalysts,  air  amount,  temperature  and  reaction  time  in  the  high 
temperature  zone.  The  reaction  is  frighly  influenced  by  the  extension  of  the  oil  surface, 
e.g.  small  droplets,  oil/air  foam  or  a  thin  oil  layer. 
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Varnish-type  deposits  in  a  gas  turbine  engine ,  generated 
by  liquid  oil  -  static  situation. 


Fig.  11: 


Varnish-type  deposit,  after  11  tempera¬ 
ture/oil  cycles  -  static  test  conditions, 
Surface  temperature  290  °C,  3  hour  test 
cycles.  SEM,  200  x  magnification 


Fig.  12: 


Coal-type  deposit  on  a  metal  surface  after 
24  hours  test  cime  at  360  °C. 

SEM,  6000  x  magnification. 


Elastic,  varnish-type  deposit  with 
needle  scratch  -  static  condition 
Surface  temperature  270  #C 
test  time  3  hours 
SEM,  50  x  magnification. 


Brittle  varnish  type  deposit  after  metal 

plate  bending  -  static  conditions  - 

Surface  temperature  290  °C 

test  time  3  hours 

SEM  1000  x  magnification. 
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DISCUSSION 


E.Saibel,  USARO,  RTP,  US 

Among  other  factors,  Internal  and  external  stress  can  affect  the  rate  of  chemical  reaction  at  the  surface.  Also  there 
is  the  possibility  of  electrochemical  action  developing  in  the  lubricunt.  bath  cun  augment  or  impede  the  rate  of 
reaction. 

Author's  Reply 

We  agree  that  mechanical  stress  can  have  an  influence  on  the  oil.  Two  things  are  possible:  splitting  of  high 
molecular  weight  component  by  shearing  (well  known  in  oils  with  v.  i.  -  improvers,  which  are  not  allowed  in  aircraft 
turbine  engine  oils),  the  other  major  possibility  in  that  by  mechanical  shearing  more  energy  is  brought  into  the  oil 
which  leads  to  un  easier  thermal  or  thermal-oxidation  reaction.  In  this  connection  the  influence  of  metullies  through 
cataly tical  effects,  on  chemical  reactions  is  important. 


M.A.H.Sequelrn,  Portuguese  Oil  Company,  Po 

(1)  The  increase  of  acidity  is  always  a  very  dangerous  situation  that  means  sooner  or  later  the  replacement  of  the 
used  oil.  However,  in  pages  3  and  S  of  your  presentation  you  say,  ‘lubrication  can  be  positively  influenced  by 
certain  acids  .  .  .  This  seems  to  be  at  least  a  very  controversial  opinion  tnat  I  would  like  to  sec  clai:  ied. 

(2)  Among  several  parameters  you  mentioned,  such  as  viscosity,  specific  gravity,  acidity,  etc.,  I  didn't  see  reference 
for  the  Insolubles  Content  (Pentane  and  Toluene).  That  gives  us  an  idea  about  degradation  of  the  oil  (carbon 
residues  as  well  as  acid  products). 

Do  you  think  that  this  characteristic  is  not  important  to  your  study? 

Author's  Reply 

(1 )  Acids  in  oils  are  a  very  complicated  matter,  due  to  the  diffeient  types  of  acids  (weak,  medium,  strong  acids). 
Certain  acids  support  lubrication,  such  as  by  reactions  involving  fatty  acid  esters  as  additives  in  different 
engine  oils. 

(2)  Thank  you  very  much  for  mentioning  the  “Insolubles  Content’’,  We  did  two  characterizations  over  a  long 
period  of  time  and  it  is  indeed  us*  ful  if  an  oil  has  developed  high  molecular  weight  compounds.  In  many  cases 
it  seems  that  the  aircraft  engine  oil  is  highly  stressed,  For  control  of  changes  from  the  very  beginning  we  use 
today  more  and  more  GC  and  the  different  possibilities  of  HPLC. 


D.G.Astridge,  Westland  Helicopters,  Yeovil,  UK 

Noting  your  reference  to  type  classifications  of  oils  could  you  please  quote  the  reference  to  your  classifications,  or 
explain  their  basis.  Some  workers  in  this  field  classify  oils  by  performance  characteristics  (e.g.,  A.Squires,  Rolls- 
Royce,  proposal  to  SAE  197?-)  whilst  others  appear  to  classify  them  on  the  basis  of  basestock  ester  type. 

Author’s  Reply 

Indeed  it  is  possible  to  use  several  possibilities  to  classify  engine  oil  under  the  aspect  of  high  temperature  behavior. 
Tlie  type  of  basestock  plays  ar.  important  role,  but  today  most  engine  oils  for  aircraft  turbine  engines  are  made  by 
so  called  steric  hindered  esters.  Above  this  the  additive  package  is  important.  As  you  can  see,  current  MIL  7808 
and  MIL  23699  oils  are  very  similar  in  their  high  temperature  behavior.  The  D.  Kng.  R.  D.  2497  oil  has  a  higher  c/o 
stability.  Under  the  aspect  of  deposit  formation  rather  large  differences  are  possible.  This  has  to  be  tested  under 
different  methods  which  should  be  as  near  to  practical  as  possible. 
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EXPERIMENTAL  AND  ANALYTICAL  DETERMINATION  OF  HEAR  TOOTH 
TEMPERATURES  WITH  OIL  JET  LUBRICATION* 

Dennis  P.  Townsend 
NASA  Lewis  Research  Center 
Cleveland,  Ohio 
Member  ASME 

and 

Lee  S.  Akin* 

Western  Gear  Corporation 
Industry,  California 
Fellow  ASME 


SUMMARY 


Experimental  measurements  of  gear  tooth  average  and  instantaneous  surface  tempera¬ 
tures  were  made  with  a  fast  response  Infrared  radiometric  microscope,  while  operating  at 
various  speeds,  loads  and  oil  let  pressures.  Increased  oil  jet  pressure  had  a  signifi¬ 
cant  effect  on  both  average  anti  peak  surface  temperatures  at  all  test  Conditions 
Increasing  the  speed  at  constant  load  «nd  Increasing  the  load  at  constant  speed  causes  a 
significant  rise  in  average  and  peak  surface  temperatures  of  gear  teeth.  A  gear  tooth 
temperature  analysis  was  conducted  using  a  finite  element  method  combined  with  a  cal¬ 
culated  heat  Input  and  oil  jet  impingment  depth  with  estimated  heat  transfer  coeffi¬ 
cients  based  on  the  experimental  data.  Oil  jet  pressures  required  for  adequate  cooling 
at  high  load  and  speed  conditions  must  he  high  enough  get  full  penetration  depth  of  the 
teeth.  Calculated  and  experimental  results  were  in  good  agreement. 


SYMBOLS 

a  dlffuslvity,  -  k/P  Cp,  Ib/ln  °F  sec^/2 

b  Hertzian  contact  width,  m  (in.) 

cp  specific  heat,  J/kg  K  (Btu/l'n  °F) 

dj  oil-jet  impingement  depth,  m  (in.) 

Fe  effective  face  width,  m  (In.) 

f  friction  coefficient 

b ^  heat-transfer  coefficient  for  lubricated  flank  of  gear,  W/hr  m2  K  (Btu/hr  ft2  °F) 

hp  heat-transfer  coefficient  sides  of  gear,  W/hr  m2  k  (Btu/hr  ft2  °F) 

ht  heat-transfer  coefficient  for  unlubricated  flank  of  gear,  W/hr  m2  K  (Btu/hr  ft2  °F) 

J  heat  conversion  factor 

k  infrared  radiometric  microscope  constant 

L^  line  of  action  length,  m  (in.) 

Lt  length  of  tooth,  m  (in) 

m  module 

N  number  of  teeth 

AN  radiance 

Pd  diametral  pitch  module  (in-*) 

q  heat  flux,  W/hr  (Btu/hr) 

qt  total  heat  generated,  W/hr  (Btu/hr) 

V  rolling  velocity,  m/sec  (ft/sec) 

AV  infrared  radiometric  microscope  measured,  V 

VR  gear  pitch  line  velocity,  m/sec  (ft/sec) 

V,  oil-jet  velocity,  m/sec  (ft/ser) 

Vg  sliding  velocity,  m/sec  (ft/sec) 

W  normal  tooth  load,  N  (lb) 

Wf  tangential  tooth  load,  N  (lb) 

a  oil- jet  angle  from  radial,  deg 

B  temperature  coefficient  of  viscosity 

Sj  dimensionless  impingement  depth,  d^Pj,  m2  (in.) 

e  emissivity 

n  rotation  angle,  revolutions/sec 

0 g  temperature,  K  (°F) 

0W  gear  rotation  angle  from  tip  of  tooth  to  impingement  point,  rad 

tc  thermal  conductivity,  W/m  K  (Btu/ft  °F) 

A  partition  constant 

v,v0  kinematic  viscosity 

vi  d imencionless  oil- jet  veloci tv 

p~  density,  kg/m^  (lb/in^) 

0^2  involute  radius  of  curvature,  m  (in.) 

*  ’  pressure  angle,  rad 

(i)  angular  velocity,  rad/sec 


^Material  contained  in  this  report  is  similar  to  material  presented  at  the  ASME 
Third  International  Power  Transmission  and  Gearing  Conference,  San  Francisco,  California, 
August  18-22,  1980  (NASA  TM-81419). 

*Also,  California  State  University,  Long  Beach,  California. 


27-2 


INTRODUCTION 


there  are  several  methods  of  lubricating  and  cooling  gear  teeth;  splash  lubrica¬ 
tion*  drip  feed,  air/oil  mist,  and  pressurized  oil-jet  flow.  The  method  of  successful 
lubrication  usually  depends  on  the  operating  conditions.  For  gears  operating  at  mod- 
erate  to  high  speed  (above  5000  rpm) ,  the  pressurized  oil  jet  becomes  necessary  to  pro¬ 
vide  adequate  lubrication  and  cooling  and  to  prevent  scoring  of  the  gear-tooth  sur- 
£!!?e8:1.JSc2.,^n§  J8  *  result  of  having  a  too  thin  elastohydrodynamic  (EHD)  oil  film. 

This  thin  EHD  film  is  usually  caused  by  inadequate  cooling  rather  than  insufficient 
lubricant  * 


Of  the  three  primary  modes  of  gear  tooth  failure,  scoring  is  the  most  common  and 
the  most  difficult  to  analyze.  A  considerable  amount  of  work  has  been  done  over  the 
past  four  decades  to  produce  quantitative  analysis  procedures  to  evaluate  the  risk  of 
scoring  in  lubricated  gear  drives  [1,2].  For  the  first  30  years  of  this  time  period, 
most  of  the  concentrated  effort  had  to  do  with  developing  a  procedure  to  evaluate  the 
incipient  onset  of  the  scoring  phenomenon.  It  has  only  been  in  the  last  decade  or  so 
that  a  concentrated  effort  hcs  been  provided  to  evaluate  the  contribution  of  the  gear 
tooth  bulk  temperature  on  the  scoring  phenomenon  and  to  determine  its  contribution  in 
bringing  about  the  onset  of  this  mode  failure  of  [3,4], 


A  computer  program  was  developed  using  a  finite  element  analysis  to  predict  gear 
tooth  temperatures  [5,6].  However,  this  program  did  not  include  the  effects  of  oil- jet 
cooling  and  oil-jet  impingement  depth.  It  used  an  average  surface  heattransfer  coeffi- 

c*ent  ior  8Urtec«  temperature  calculation  based  on  the  best  information  available  at 
chat  time. 


In  order  to  have  a  better  method  for  predicting  gear-tooth  temperature,  it  is 
necessary  to  have  an  analysis  that  allows  for  the  use  of  a  heat-transfer  coefficient  for 
oil-jet  cooling  coupled  with  a  coefficient  for  air/oil  mist  cooling  for  that  part  of  the 
time  that  each  condition  exists.  Once  the  analysis  can  make  use  of  these  different  co¬ 
efficients,  it  can  be  combined  with  a  method  that  determines  the  oil-jet  impingement 
deuth  to  give  a  more  complete  gear  temperature  analysis  program.  However,  both  the  oil- 
jet  and  air/oil  mist  heat-transfer  coefficients  are  unknowns  and  must  be  determined 
experimentally. 

The  objectives  of  the  work  reported  herein  were  to  (a)  further  develop  the  gear 
temperature  anaiysis  computer  program  [5,6]  incorporating  different  heat-transfer  co¬ 
efficients  for  air/oil  and  oil-jet  cooling,  (b)  combine  tr.at  program  with  a  program 
developed  to  determine  the  impingement  depths,  and  (c)  experimentally  measure  gear-tooth 
temperatures  to  compare  them  with  those  predicted  using  the  improved  analysis. 


APPARATUS  AND  PROCEDURE 
Gear  Test  Apparatus 

Gear-tooth  temperature  measurements  were  made  using  the  NASA  gear  test  shown  in 
Fig.  1  and  described  in  [7],  This  test  rig  uses  the  four  square  principle  of  applying 
the  test  gear  load  so  that  the  input  drive  needs  only  to  overcome  the  frictional  losses 
in  the  system. 

The  gear  surface  temperatures  were  measured  with  a  fast-response  infrared  radio¬ 
metric  (IR)  microscope  that  uses  a  liquid-nitrogen-cooled  detector.  The  IR  microscope 
can  measure  transient  temperatures  up  to  20  000  Hz.  All  rad.ance  measurements  were  maue 
WJth  ac  n  nfns  ^  has  a  focal  length  of  approximately  23  cm  (9  in.)  and  a  viewing  spot 
size  of  0.05  cm  (0.020  in.)  diameter.  The  test  gear  cover,  viewing  port,  ano  lubrica¬ 
tion  jet  as  shown  in  Fig.  2  were  used  with  the  IR  microscope. 

Test  Gears 

The  test  gears  were  8  DP,  28  teeth,  8.89-cm  (3.5-in.)  pitch  diameter  with  a 
0.635-cm  (0.250-in.)  face  width.  All  gears  had  a  nominal  surface  finish  on  the  tooth 
flank  of  0.406  ?m  (16  pin.),  rms,  and  a  standard  20°  involute  profile  without  tip 
relief.  The  test  gears  were  manufactured  from  consumable  electrode  vacuum  melted  (GVM) 
AISI  9310  steel.  The  gears  were  case  carburized  and  hardened  to  a  Rockwell  C  hardness 
of  60  before  final  grinding  of  the  finished  gear. 

Test  Lubricant 

The  test  gears  were  lubricated  with  a  single  batch  of  synthetic  paraffinic  oil. 

The  physical  properties  of  the  oil  are  summarized  in  Table  I.  Five  percent  of  an 
extreme  pressure  additive,  designated  Lubrizol  5002  was  added  to  the  lubricant. 

Test  Procedure 

After  the  test  gears  were  cleaned  to  remove  the  preservative,  they  were  assembled 
the  test  rig.  The  test  gears  were  run  in  a  full  face  load  condition  on  the  0.b35-cm 
(0.250-in.)  face  width.  The  tests  were  run  at  four  speeds,  2500,  5000,  7500  and  10  000 
rpm;  three  tangential  loads,  1895,  3736,  and, 5903  N/cm  (1083,  2135,  ano  3373  lb/in.); 
five  oil-let  pressures  96xl04,  69xl04,  41xl04,  27xl04,  and  14x10^  Pa  (140, 

100,  60,  40  and  20  psi);  and  two  oil- jet  diameters,  0.04  and  0.08  cm  (0.016  and  0.032 
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in.).  Inlet  oil  temperature  was  constant  at  3U8  K  (95°  F) .  At  each  speed  tno  lowest 
load  was  first  applied  with  the  maximum  oil-jot  pressure.  At  this  load  the  oil-jet 
pressure  was  reduced  in  steps  to  the  lowest  pressure  before  the  next  load  was  applied. 

The  oil  jet  was  pointing  in  a  radial  direction  and  hitting  the  unloaded  side  of  the  gear 
tooth  as  it  came  out  of  the  mesh  cone.  The  0.08-cm  (0.032-in.)  diameter  jet  is  the  size 
typically  used  in  many  applications  for  the  maximum  power  conditions  used  herein.  The 
0,Q4~cm  (0.016-in.)  diameter  jet  was  used  to  determine  what  cooling  conditions  could  be 
obtained  with  considerably  less  oil  flow  and  good  oil-jet  impingement  depth.  The  tem¬ 
perature  was  measured  by  the  1R  scope  at  a  location  approximately  160°  away  from  the 
mesh  zone. 

The  IR  scope  operates  in  two  modes.  In  the  DC  mode  the  average  surface  temperature 
of  the  gear  tooth  was  read  out  on  the  meter  supplied  with  the  IR  scope.  The  scope  was 
calibrated  before  running  the  tests  to  determine  the  emlsslvlty  of  the  gear-tooth 
surface. 

In  the  AC  mode  a  voltage  that  varies  with  surface  radiance  according  to  the  equation 

AV  -  k  c  AN  (1) 

was  measured  from  two  signals  on  a  dual  trace  cathode-ray  oscilloscope  (CRO) .  The 
upper  signal  in  Fig.  A  was  from  the  IR  scope  directly;  the  lower  signal  was  filtered 
through  a  variable-band-pass  filter  to  remove  the  20-mV  high-frequency  noise.  At 
the  lower  loads  and  at  the  high  oil-jet  pressure,  the  signal-to-noise  ratio  was 
approximately  one.  In  the  ac  mode,  only  temperature  variations  on  the  surface  are 
measured. 

A  IX  lens  which  had  a  focal  length  of  23  cm  (9  in.)  was  used  with  the  IR 
microscope  and  looked  at  a  0.05  cm  (0.02  in.)  diameter  spot.  The  gear  tooth  surface 
was  viewed  by  the  IR  scope  as  it  passed  in  front  of  the  lens.  The  tip  of  the  tooth 
is  seen  first,  the  view  then  goes  down  the  tooth  surface  until  it  is  interrupted  by 
the  next  tooth. 


GEAR  TEMPERATURE  ANALYSIS 

A  gear-tooth  temperature  analysis  was  developed  in  [5,6]  to  calculate  the  gear- 
tooth  temperature  profile  using  a  finite-element  analysis.  This  analysis  uses  a 
finite-element  mesh  and  calculates  isotherms  on  the  gear  tooth.  However,  the 
following  conditions  are  required  to  be  determined  or  calculated  before  the  program 
can  calculate  effective  temperatures:  (a)  the  frictional  heat  input  at  the  gear- 
tooth  working  surface,  (b)  the  different  heat- transfer  coefficients  for  the  various 
gear-tooth  surfaces  and  cooling  methods,  and  (c)  the  oil-jet  penetration  onto  the 
gear-tooth  flank. 

The  frictional  heat  input  to  the  gear-tooth  working  surface  con  be  calculated 
using  the  following  analysis;  The  instantaneous  heat  generated  per  unit  area  per 
unit  time  due  to  the  sliding  of  the  two  gear  teeth  is  given  by 

fW|V8|  fW|«lPl  -  u>2P2| 

A  "  53  "  - 53 -  (2 


where 


W  =  Wt/Fe  cos  $ 


Since  W,  Vs,  and  f  are  functions  of  the  mesh-point  location,  the  q  will  vary 
through  the'meshing  cycle.  The  f  varied  from  approximately  0,02  to  0.07  for  the 
cases  evaluated.  The  heat  generated  will  be  divided  between  the  gear  and  pinion  and 
may  not  be  equally  withdrawn  by  each,  so  that  a  partitioning  function  A  is 
used.  The  heat  withdrawn  by  the  gear  and  pinion  will  then  be 

qx  =  Aq  q2  -  (1  -  A)q  (3) 


For  the  test  gears  used  in  this  paper  A  is  assumed  to  be  0.5,  so  that 

qj  m  q2 

once  the  instantaneous  heat  flux  to  the  gear  surface  is  determined.  The  total  time 
average  heat  flow  per  revolution  can  be  calculated  by  the  following  equation  from  [6] 

bw.A  bu)o(l  ■  A)q 

“  rpr  “  — —  (5) 


where  Vj.  and  V2  are  the  gear  and  pinion  rolling  velocities.  Substituting  Eq. 
(2)  into  Eq.  (5)  gives 
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substituting 


A 


0.5,  Tij_ 


W-,  0)7 

Ttt' 


and  **  w^p-^ 


gives 


qi  =  q2 


^ 1  £2 
N2  P1 


(7) 


for  the  time-average  heat  flux.  Using  this  expression,  the  instantaneous  heat  flux 
may  be  calculated  at  any  position  along  the  line  of  action  by  substituting  the  in¬ 
stantaneous  profile  radius,  giving  the  heat  input  to  the  gear  tooth  surface  at  that 
location.  Substituting  -  pi  for  go,  where  *  PI  +  P2> 

and  using  instantaneous  notation,  Eq.  (7 )  becomes 


The  heat-transfer  coefficients  (Fig.  3)  for  the  sides,  top  land,  and  flanks  of 
the  gear  teeth  are  different  because  of  the  different  cooling  regions.  Also,  the 
coefficient  for  the  two  flanks  will  be  different,  depending  on  whether  they  are 
cooled  by  the  oil-jet  hitting  the  surface  or  by  air  (no  jet  cooling).  The  heat- 
transfer  coefficient  for  the  sides  of  the  gear  teeth  h  can  be  estimated  by  the 
method  of  [9]  for  a  rotating  disk  by 


hs  “  Nu  K 


(9) 


for  air  Nu  ■  0.5.  However,  the  amount  of  oil  mist  present  will  have  a  considerable 
effect  on  this  coefficient.  The  gear-tooth  flanks  not  cooled  by  the  oil  jet  will 
have  a  heat- transfer  coefficient  ht  for  air  or  air/oil  mist.  Since  there  are  no 
data  available  to  determine  this  coefficient,  an  estimate  somewhere  between  an  air¬ 
cooled  disk  and  jet  cooling  will  be  used  until  something  better  is  developed 
experimentally. 

The  heat-transfer  coefficient  hj  for  the  jet-cooled  tooth  face  and  the 
tooth  tip  may  be  calculated  [4,8]  using  the  following 


.11 Ssifi 

’j  \m/  \aN/  2  IT 


‘tot 


(10) 


where  qtot  is  a  dimensionless  factor  [4.8].  Curve  fitting  the  data  [8]  gives 


‘tot 


=  0.98  -  0.32  y  +  0.06  Y  -  0.004  y 
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where 


Y  =  69s 


(12) 


Using  the  above  method  for  calculating  the  oil-_,et  heat- transfer  coefficient  gives 
temperatures  that  are  much  too  high.  For  the  results  presented  in  this  paper,  an 
oil-jet  heat- transfer  coefficient  was  assumed  that  would  give  more  realistic  re¬ 
sults.  For  future  work  a  more  realistic  oil-jet  hea t- transfer  coefficient  wili  be 
determined  based  on  experimental  results  reported  in  this  paper  and  from  future 
testing. 

The  oil-jet  penetration  onto  the  gear-tooth  flank  can  be  determined  by  the 
method  of  [10,11].  A  more  accurate  analysis  is  being  developed  by  the  authors  using 
a  new  kinematic  radial  model  instead  of  the  vectorial  model  used  in  [10].  The  new 
model  gives  the  oil-jet  impingement  depth  for  radially  directed  jet  as 

v.9u(N  +  2)cos  a 

6  .  —  -4 - 1 - 

i  4 


(13) 
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Using  the  above  equation  with  a  known  jet  velocity,  the  angle  of  rotation  is  assumed 
and  must  be  iterated  until  the  angle  of  rotation  and  inpingement  point  coincide, 
since  0m  is  a  function  of  and  a.  A  more  usual  case  is  when  a 

specified  design  depth  ana  0U  are  given,  then  Eq.  (13)  is  rearranged  as 

Vj  “  e(0(N  +  2) cos”  (14 

Once  the  heat  generation  and  the  oil-jet  impingement  depth  have  been  cal¬ 
culated,  the  heat- transfer  coefficients  are  either  calculated  or  estimated.  Then, 
the  finite-element  analysis  is  used  to  calculate  the  temperature  profile  of  the  gear 
teeth.  The  finite-element  model  has  108  nodes  with  triangle  elements.  The  computer 
program  calculates  a  steady-state  temperature  at  all  108  nodes  and  prints  these  tem¬ 
peratures.  The  program  also  plots  temperature  isobars  on  the  gear  tooth  profile  ana 
lists  the  temperatures  of  the  isobars. 


RESULTS  AND  DISCUSSION 
Experimental  Results 

Transient  and  average  gear-tooth  surface  temperatures  were  measured  using  a 
fast-response  infrared  (IR)  radiometric  microscope.  The  gear-tooth  temperatures 
were  measured  at  four  speeds,  three  loads,  five  oil- jet  pressures,  and  two  oil- jet 
diameters.  The  test  gears  were  3.2  module  (8  pitch),  8.89-cm  (3.5-in.)  pitch  diame¬ 
ter  with  a  0.64-cm  (0.25-in.)  face  width. 

Figure  4(a)  is  a  typical  transient  measurement  of  a  gear  tooth  surface  at  7500 
rpm,  5903-N/cm  (33, 3-lb/ in)  tangential  load,  and  14xl0^-Pa  (20-psi)  oil- jet  pres¬ 
sure  with  a  0.041-cm  (0.016-in.)  diameter  orifice.  The  change  in  surface  tempera¬ 
ture  from  the  gear  tooth  tip  to  a  point  just  below  the  pitch  line  was  32  K  (58  F°). 
The  pitch  line  where  pure  rolling  occurs  can  be  seen  by  the  slight  dip  in  tempera¬ 
ture.  The  highest  temperature  is  below  the  pitch  line  where  the  combination  of  high 
load  with  some  sliding  occurs. 

Figure  4(b)  is  for  the  same  load,  speed,  and  oil-jet  size  condition  but  with  an 
oil-jet  pressure  of  97x10^  Pa  (140  psi) ,  which  reduces  the  maximum  temperature 
difference  to  12  K  (22  F°) ,  with  the  peak  temperature  still  occurring  below  the 
pitch  line.  The  average  surface  temperature  for  these  conditions  was  423  and  391  K 
(302°and  244°  F)  for  che  14x10^  and  97x10^  Pa  (20  and  140  psi)  oil  pressure, 
respectively.  Figure  5  is  typical  of  what  happens  when  scoring  occurs.  Here,  the 
peak  temperature  is  at  the  tip  of  the  gear  tooth  and  has  reached  a  maximum  tempera¬ 
ture  of  508  K  (455°  F)  or  75  K  (135  F°)  above  the  average  surface  temperature  of 
433  K  (320°  F) .  Scoring  temperatures  as  high  as  603  K  (626°  F)  were  measurea  during 
the  high-l^ad,  high-speed  tests  with  reduced  oil-jet  pressure  or  orifice  size. 

These  temperatures  would  be  somewhat  lower  than  those  at  the  contact  point  since 
they  were  measured  160°  away  from  the  contact  and  after  oil-jet  cooling.  The 
scoring  conditions  occurred  only  at  the  10  C00-rpr,t  test  condition  with  intermediate 
loads  and  full  or  less  oil-jet  impingement  depths. 

Figure  6(a)  is  a  plot  of  gear-tooth  average  surface  temperature  (solid  line) 
with  the  high  and  low  temperatures  included  (dashed  lines)  -ersus  oil-jet  pressure 
for  three  speeds,  an  oil-jet  diameter  of  0.04  cm  (0.016  in.),  and  a  load  of  5903 
N/cm  (3373  lb/ in.). 

The  high  load  and  high  speed  with  the  small  jet  size  could  not  be  rur.  except  at 
the  highest  pressure  because  of  scoring.  From  these  plots  the  effect  of  different 
speed  at  constant  load  and  the  effect  of  oil-jet  pressure  on  both  average  surface 
temperature  and  temperature  variations  can  be  seen.  The  increased  speed  causes  a 
higher  surface  temperature  and  higher  temperature  variations.  The  oil-jet  pressure 
also  has  a  greater  effect  at  the  higher  speed.  The  maximum  oil  pressure  needed  for 
a  speed  is  also  seen  by  the  leveling  of  the  curve  at  the  lower  speeds  where  in¬ 
creased  oil  pressure  causes  very  little  improvement  in  cooling. 

Figure  6(b)  is  the  same  type  of  plot  as  Fig.  6(a)  except  the  load  is  3736  N/cm 
(2135  lb/in).  The  curves  for  5000  ana  2500  rpm  are  nearly  identical.  The  effect  of 
oil-jet  pressure  is  considerably  reduced  because  of  the  lower  load.  Here,  the  maxi¬ 
mum  change  in  average  surface  temperature  is  35  K,  and  the  maximum  surface  tempera¬ 
ture  difference  is  45  K  at  the  13.8x10^  Pa  (20  psi)  oil-jet  pressure. 

Figure  6(c)  is  a  plot  of  gear-tooth  average  surface  temperature  versus  oil-jet 
pressure  with  different  loads  at  a  speed  of  7500  rpm.  This  figure  shows  the  effect 
of  load  and  oil-jet  pressure  on  gear-tooth  temperature  at  constant  speed. 

Figure  7  is  a  plot  of  load  versus  gear-tooth  average  surface  temperature  for 
the  7500  rpm  condition  and  three  oil-jet  pressures.  The  effect  of  load  and  oil-jet 
pressure  on  gear-tooth  surface  temperature  is  clearly  seen.  Increasing  the  pressure 
from  14x10^  to  97x10^  Pa  (20  to  140  psi)  has  about  the  same  effect  as  reducing 
the  load  from  6000  to  2000  N/cm. 
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Figures  8(a)  and  (b)  are  plots  of  average  surface  temperatures  with  temperature 
variations  and  bulk  gear  temperature,  respectively,  versus  oil  jet  pressure  for 
three  loads  at  10  000  rpm  and  an  oil  jet  size  of  0.08  cm  (0.032  in.).  With  the 
larger  oil  jet  size  the  temperatures  are  reduced  considerably  from  those  for  the 
smaller  jet  size.  The  bulk  temperature  of  the  gear  does  not  increase  as  much  as  the 
average  surface  temperature.  At  the  lower  load  and  high  jet  pressure  the  surface 
and  bulk  temperatures  are  nearly  identical. 

Analytic  il  Pesults 


Calculations  were  made  using  the  computer  program  to  examine  the  effects  of 
calculated  heat  inputs  from  the  experimental  test  cases  and  estimated  heat- transfer 
coefficients.  The  gear  tooth  differential  temperature  profiles  are  shown  in  Figs.  9 
and  10.  The  differential  profiles  in  these  figure  are  the  temperatures  difference 
between  the  inlet  cooling  oil  at  308  K  (95°  F)  and  the  actual  gear  tooth 
temperatures. 

The  experimental  tests  were  conducted  with  oil  jet  cooling  on  the  unloaded  side 
of  the  gear  tooth.  This  was  done  to  allow  measurement  of  the  surface  temperature  of 
the  loaded  side  of  the  tooth  by  having  the  oil  splash  going  away  from  the  infrared 
observation  window#  Any  oil  splash  on  the  window  alters  the  gear  surface  tempera¬ 
ture  measurements.  r 


The  analytical  program  can  allow  for  cooling  on  either  side  of  the  tooth.  In 
many  applications  the  oil  jet  cools  the  loaded  s^de  of  one  gear  and  the  unloaded 

n,ati"?  8ear  •  Figures  9(a)  and  (b)  are  the  analytical  results  for  gears 
with  oil  jet  cooling  on  the  unloaded  side  of  the  gear  tooth.  Both  cases,  Figs?  9(a) 
and  (b)  were  for  a  speed  of  10  000  rpm  a  load  of  5903  N/cm  (3373  lb/ in.)  and  shows 
the  high  and  low  experimentally  measured  temperatures  near  where  they  were 
measured.  Figur.'  9(a)  is  for  33.5  percent  or  jet  impingement  depth  and  show  a  cal- 
culated  differential  temperatures  at  the  high  and  low  point  of  tne  working  surface 
of  127  K  (229°  F)  and  92  K  (166°  F)  respectively.  The  corresponding  measured  tem¬ 
peratures  were  123  K  (221°  F)  and  96  K  (173°  F)  which  show  very  good  agreement  wit 
the  analytical  results.  Figure  9(b)  is  for  an  oil  jet  impingement  depth  of  75  per 
cent  of  the  tooth  depth.  The  temperatures  here  are  considerably  reduced  from  the 
33.5  percent  impingement  depth  and  shows  the  advantage  of  increased  oil  jet  pres¬ 
sure.  The  computed  differential  temperatures  at  the  high  and  low  point  on  the  work 
ing  surface  was  70  K  (126°  F)  and  48  K  (86°  F)  respectively.  The  corresponding 
measured  temperatures  were  63  K  (113°  F)  and  49  K  (88°  F)  which  also  show  very  good 
agreement  with  the  analytical  results. 


th 


Figures  10(a)  and  (b)  are  the  analytical  results  for  a  gear  speed  of  10  000  rpm 
a  load  of  5903  N/cm  (3373  lb/ in  with  the  oil  let  cooling  on  the  loaded  side  of  the 
gear  teeth.  Comparing  this  case  to  Figs.  9(a)  and  (b)  it  can  be  seen  that  the  over¬ 
all  temperature  of  the  gear  teeth  has  been  reduced  only  2  or  3  K  while  the  minimum 
and  maximum  surface  temperature  have  been  reduced  by  10  K  *  4  K  indicating  that 
the  loaded  side  cooling  is  better,  especially  for  surface  maximum  temperatures. 
However  the  unloaded  side  cooling  is  still  very  effective  in  removing  the  heat  from 
the  gear  tooth  when  good  penetration  depth  is  obtained. 

Table  II  shows  the  differential  temperatures  that  were  calculated  ana  measured 
for  the  different  impingement  depths  and  different  cooling  sides  of  the  gear  teeth. 

With  the  analytical  results  using  backside  cooling  and  the  experimentally  ad¬ 
justed  film  coefficients,  the  calculated  and  experimental  results  are  in  very  close 
agreement.  With  loaded  side  cooling  the  analytical  results  predict  lower  maximum 
surface  temperatures  than  those  obtained  with  unloaded  side  cooling. 


SUMMARY  OF  RESULTS 

A  gear-tooth  temperature  analysis  was  performed  using  a  finite-element  method 
combined  with  a  calculated  heat  input,  a  calculated  oil-jet  impingement  depth,  and 
estimated  heat- tr ans f er  coefficients  for  the  different  parts  of  the  gear  tooth  that 
are  oil  cooled  and  air  cooled.  Experimental  measurements  of  gear-tooth  average  sur¬ 
face  temperature  and  gear-tooth  instantaneous  surface  temperature  were  made  with  a 
fast-response,  infrared,  radiometric  microscope.  The  following  results  were 
obtained. 


1.  Increasing  oil  pressure  has  a  significant  effect  on  both  average  surface 
temperature  and  peak  surface  temperature  at  loads  above  1895  N/cm  (1083  lb/ in)  and 
speeds  of  10  000  and  7500  rpm. 

2.  Both  increasing  speed  (from  5000  to  10  000  rpm)  at  constant  load  ana  in¬ 
creasing  load  at  constant  speed  cause  a  significant  rise  in  the  average  surface  teni- 
perature  and  in  the  instantaneous  peak  surface  temperatures  on  the  gear  teeth. 

3.  The  oil-jet  pressure  required  to  provide  the  best  cooling  for  gears  is  the 
pressure  required  to  obtain  full  gear-tooth  impingement. 

4.  Calculated  results  for  gear  tooth  temperatures  were  close  to  experimental 
results  for  various  oil-jet  impingement  depths  for  identical  operating  conditions. 
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TABLE  I.  -  LUBRICANT  PROPERTIES 


Property 

Synthetic 
paraffinic  oil 
plus  additives8 

Kinematic  viscosity,  cm^/sec  (cs)  at: 

244  K  (-20°  F) 

311  K  (100°  F) 

372  K  (210°  F) 

4/7  K  (400°  F) 

Flash  point,  K  (°F) 

Fire  point,  K  (°F) 

Pour  point,  K  (°F) 

Specific  gravity 

Vapor  pressure  at  311  K  (100°  F) ,  mm  Hg  (or  torr) 

Specific  heat  at  311  K  (100°  F) ,  J/ ( kg) (K) (Bt u/ ( lb) ( °F) 

2500x10-2  (25001 
31.6x10-2  (31.6) 
5.7x10-2  (5.7) 
2.0x10-2  (2.0) 
508  (455) 
533  (500) 
219  (-65) 
0.8285 
0.1 

676  (0.523) 

aAdditive,  Lubrizol  5002  (5  percent  volume):  phosphorous  0.03  percent 
volume;  sulfur,  0.93  percent  volume. 


TABLE  II.  -  EXPERIMENTAL  VERIFICATION 


Cooled  on 

loaded  side 

Cooled 

on  backside 

Depth  6 

Hot  spot 

Cool  spot 

Hot  spot 
calc/exper . 

Cool  spot 
calc/exper . 

0.3346 

121  K 

Front  71  K 
Back  61  K 

127  K/  1123  Kl 

Front  90  K/  (95  K| 
Back  58  K 

0.7528 

58  K 

Front  34  K 
Back  21  K 

70  K/  |6Tk] 

Front  42  K/  (49  Kl 
Back  22  K 

''-GEAR  COVER 


Figure  2.  -  Test  setup  for  measuring  dynamic  gear  tooth 
surface  temperature. 


14X104  N/m2  (20  psi),  a  05  VfDIV  69X104  N/mZ  (100  psi),  0.02  V/DIV 

CS-80-3147 

Figure  4.  -  I.R.  microscope  measurements  of  gear  tooth  surface  tem¬ 
perature,  speed;  7500  rprn  load  5903  N/cm  (3373  Ib/in. )  inlet  oil  tem¬ 
perature  308  K  (95°  F)  oil  jet  diameter  0. 04  cm  (0. 016  in, ). 


CS-80-3148 


Figure  5.  -  I.R.  microscope  measurements  of 
gear  teeth  scoring  temperature  a  5  V/div 
speed  10  000  rpm  load  5903  N/cm  (3373  !b/in. ) 
inlet  oil  temperature  308  ,v  (95°  F>  oil  jet 
diameter  0.04cm  <0.016 in.). 
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360j — 
320  — 
280  — 
240 — 
200  — 
160  — 
120  — 


7500  rpm 
5000  rpm 
2500  rpm 

PITCH  LINE  OIL  JET  IMPINGEMENT 


(a)  LOAD,  mi  N>:m  1 3373  Ib/in. >. 


A  10  000  rpm 


320 

260 

240 

200 

160 

120 


A  LOAD,  5903  Nfcm  (3373  Ib/in.  > 


;•;! 


20  40  60  80  100  120  140 

OIL  JET  PRESSURE,  Ib/in.2 


(c)  SPEED,  7500  rpm. 

Figure  6.  -  I.R.  microscope  measurements  of  gear  surface  tem¬ 
perature  versus  oil  jet  pressure,  inlet  oil  temperature  308  K 
(95°  FI,  oil  jet  diameter  a 04 cm  (a 016  in.). 


(a)  33.  5  PERCENT  IMPINGEMENT  DEPTH. 


Figure  10.  -  Calculated  gear  tooth  temperature 
cooled  on  loaded  side  (speed  10  000  RPM,  load 
5903  Nlcm  (3373  Ib/in)). 
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DISCUSSION 


D.G.Astridge,  Westland  Helicopters,  Yeovil,  UK 

The  beneficial  influence  of  oil  pressure  is  attractive,  but  care  is  required  in  reducing  jet  size  to  achieve  this  at 
constant  flow,  With  high  standard  of  build  cleanliness  plus  fine  filtration  there  should  be  no  problem,  but  with 
typical  filtration  levels  and  build  standards  currently  used,  blockage  of  jets  less  than  1  min  diameter  can  be  expected. 
Another  possibility  is  the  use  of  fine  thread  filters,  well  deburred,  immediately  upstream  of  the  jets. 

Author’s  Reply 

For  high  speed  and  high  loads  the  standard  method  of  lubrication  using  low  oil  pressure  and  large  jet  orifice 
diameters  needs  to  be  re-evaluated.  With  increased  oil  pressure  to  get  full  depth  impingement  depth  the  oil  jet 
diameter  will  generally  have  to  be  less  than  1  mm.  While  a  filter  at  the  oil  jet  might  be  satisfactory  it  would  be 
better  to  use  a  system  filter  that  can  be  changed  or  cleaned  at  certain  intervals.  There  are  some  gear  and  bearing 
users  who  are  using  oil  pressures  as  high  as  500  psi  with  oil  jet  diameters  less  than  .025  cm  (.010  in)  with  good 
results, 


F.Snyder,  University  of  Waterloo,  Ca 

One  of  your  reasons  for  choosing  two  jet  diameters  was  to  examine  the  effect  of  “jet  impingement  depth”  on  the 
final  tooth  surface  temperature.  This  variable  is  not  explicitly  isolated  from  the  different  jet  flow  rates  as  shown 
in  Figures  6  to  8.  Could  you  elaborate  on  this . . . 

Author’s  Reply 

The  reason  for  choosing  two  oil  jet  diameters  was  to  determine  the  effect  of  oil  flow  on  the  gear  tooth  temperatures. 
The  oil  jet  diameter  has  no  effect  on  penetration  depth.  The  oil  jet  diameters  and  their  different  oil  flow  rates  are 
accounted  for  by  changing  the  heat  transfer  coefficient  hj  in  the  computer  program.  Since  this  is  an  experimentally 
determined  coefficient  a  test  series  would  be  needed  to  cover  different  oil  jet  sizes.  The  analytical  coefficient 
proposed  in  Ref.  (4,  8)  by  Blok  does  not  have  a  variable  for  oil  jet  size,  The  analytical  coefficient  does  not  give 
results  that  match  the  test  data. 


J.B.Medley,  University  of  Waterlool,  Ca 

(1 )  Why  didn’t  you  locate  the  temperature  measuring  device  (infra-red  microscope)  closer  to  the  contact? 

(2)  How  did  you  determine  the  friction  coefficient? 

Author’s  Reply 

(1 )  It  was  necessary  to  keep  the  oil  spray  away  from  the  area  and  window  to  prevent  an  error  in  I  R  temperature 
measurements.  The  best  location  was,  therefore,  the  position  where  the  gear  teeth  were  moving  away  from  the 
viewing  window  and  was  accessible  to  the  placement  of  the  I  R  microscope  which  had  to  be  mounted  in  the 
vertical  direction  because  of  the  liquid  nitrogen  dewar, 

(2)  The  question  was  also  asked  about  the  analytical  method  used  to  determine  the  influence  of  jet  size  on  the 
cooling  or  temperature.  Answer.  The  present  analysis  does  not  account  for  differences  in  oil  flow  except  to 
change  the  hj  for  different  oil  flows. 

(3)  The  friction  coefficient  was  calculated  by  the  method  of  Benedict  and  Kelley,  Reference  1 2. 

Reference  12:  Benedict,  G.H.  and  Kelley,  B.W:  Instantaneous  Coefficients  of  Gear  Tooth  Friction.  ASLE 
Trans,  Vol.4,  No.  1.  April  1961,  pp.59-70. 
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ABSTRACT 

An  advanced  computerised  technique  has  been  developed  to  predict  performance  for  hydrodynamic,  hydro¬ 
static  and  hybrid  bearings  operating  with  an  incompressible  lubricant. 

The  numerical  technique  utilizes  the  finite  difference  cell  approach  coupled  with  Gaussian  elimination 
to  solve  the  lubrication  equation  (Reynolds  equation).  The  recess  pressures,  although  unknown,  are  treated 
as  boundary  conditions  and  the  lubrication  equation  is  then  solved  in  terms  of  the  recess  pressures.  The 
recess  pressure  is  then  determined  by  coupling  the  recess  flow  conditions  with  the  external  lubrication 
supply  system. 

The  numerical  technique  is  very  economical  because  the  lubrication  equations  are  only  solved  once.  Also, 
the  equations  for  the  boundary  pressures  Including  the  recess  pressures  are  eliminated  thus  reducing  the  size 
of  the  matrix  that  must  be  solved. 

An  analysis  performed  on  a  ball  mill  is  described. 
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NOMENCLATURE 


Radial  clearance,  m 
Orifice  discharge  coefficient 

Capillary  diameter,  m 

Orifice  diameter,  m 


Eccentricity,  m 
Force  in  x-direction, 

Non-dimensional  force 


Force  in  y-direction,  N 


Non-dimensional  force 


Restrictor  coefficient 


Local  film  thickness,  m 
Non-dimensional  clearance  “  h/c 
Capillary  length,  m 
Bearing  length,  m 

Number  of  grid  points  in  axial  direction 
Moment  in  x-dlrection,  N-m 

M 

Non-dimensional  moment  «  — x — 

Ip  - 
ref 

Moment  in  y-direction,  N-m 


Non-dimensional  moment  in  y-direction 


Number  of  grid  points  in  circumferential 
direction 

Local  pressure,  Pa 
Non-dimensional  pressure  P/Pfef 

Recess  pressure,  Pa 


Pref 

PS 

Qr 

Q* 

QS 

r 

R 

SK 

t 

T 

V 

V 

ve 

v 

z 

X 

y 

Az 

A- 

z 

Z 

A9 

9 

e 

A 

U 

P 

u> 


Reference  pressure,  Pa 

Supply  pressure,  Pa 
3 

Recess  flow,  m  /s 

3 

Flow  rate  of  restrictor,  m  /s 

3 

Supply  flow,  m  /a 
Shaft  radius,  m 
Non-dimensional  radius  »  r/L 
Restrictor  constant 

Time,  s 

Non-dimensional  time  -  t  ■ 

2AL 

3 

Volume,  m 

Velocity  vector,  m/s 

Velocity  component  in  9-direction,  m/s 

Velocity  component  in  z-direction,  m/s 

Horizontal  direction,  m 

Vertical  direction,  m 

Length  increment  in  axial  direction,  m 

Cell  length  in  axial  direction,  m 

Axial  direction,  m 

Nondimensional  axial  direction  ■»  z/L 

Cell  width  in  circumferential  direction, 
radians 

Angular  direction,  radians 
Eccentricity  ratio  =  e/c 
Speed  parameter  - 

c  p  , 
ref 

v 

Absolute  viscosity  »  N-s/rT 
Fluid  density,  Kg/m^ 

Shaft  speed,  rad/s 
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1.  INTRODUCTION 

Hybrid  bearing  systems  ate  finding  wide  acceptance  in  a  variety  of  applications.  These  include  the 
support  of  massive  moving . antenna  structures,  frictionle3S  space-vehicle  simulators,  tumbling  (ball)  mills 
and  for  many  types  of  machine  tools  and  measuring  equipment.  Typically,  the  hydrostatic  part  of  the  system 
consists  of  multiple  bearings  positioned  at  supporting  areas  whose  locations  are  governed  by  geometric  and 
loading  conditions. 

The  determination  of  performance  parameters  for  multiple  bearing  arrangements  can  be  a  formidable  task. 
It  requires  solution  of  a  set  of  a  simultaneous  equations  equal  to  the  number  of  separate  bearing  pads; 
further  complication  is  introduced  by  the  fact  the  equations  are  not  always  linear.  If  a  number  of  bearing 
configurations,  supply  circuits,  type  of  compensation,  and  loading  conditions  are  to  be  investigated,  hand 
computations  become  impractical  and  digital  computer  techniques  are  necessary  [1-2], 

The  present  paper  describes  an  advanced  computerized  technique  that  has  been  developed  to  predict  per¬ 
formance  of  hydrodynamic,  hydrostatic  and  hybrid  bearings.  To  demonstrate  the  developed  technique,  a  stjdv 
performed  on  a  ball  mill  is  described. 


2.  THEORETICAL  FORMULATION 


2.1  HYDRODYNAMIC 


The  bearing  area  is  divided  into  a  grid  network  that  may  have  variable  spacing  between  grid  points. 
Figure  1  shows  a  typical  section  of  the  grid  necessary  to  compute  the  pressure  at  the  grid  point  L.  The 
grid  is  laid  out  so  that  the  circumferential  intervals  are  distances  between  columns  (j  “  1+N)  and  the 
axial  intervals  are  distances  between  rows  (i  -  1+M).  The  points  are  labeled  sequentially  by  progressing 
down  a  column.  The  upper  left  hand  comer  grid  point  (i  »  1,  j  -  1)  is  the  first  grid  point  while  the  lower 
right  hand  grid  point  (i  «  M,  j  ■  N)  is  the  last  grid  point. 

An  imaginary  cell  surrounds  the  grid  point  and  the  distance  to  each  leg  of  the  cell  perimeter  from  the 
grid  point  L  is  half  the  distance  between  the  LtH  grid  point  and  its  corresponding  neighbor.  The  circum¬ 
ferential  length  of  the  cell  Is  rA0  and  the  axial  length  is  Az  (see  Figure  1  and  2). 


The  integral  form  of  the  continuity  equation  for  the  typical  cell  shown  in  Figure  1  is: 


3t 


pdV  + 
V 


n  dS  »  0 


(1) 


From  lubrication  theory,  the  fluid  velocity  in  each  direction  is: 

2 


*0 


.  _  Jel  Jl 


rto 

r30  12p  +  2 


(2) 


&  Jl. 

3z  12p 


(3) 


Equation  (1)  states  that  the  mass  flux  leaving  a  cell  must  equal  the  mass  flux  entering  the  cell, 
flow  balance  equation  for  a  typical  cell  can  be  written 


The 


Y  +  Y  +  Y  +  Y  +Y.."0 

'V  'n  's  'e  'W 

where  Yy  *  Mass  flow  due  to  change  in  volume  with  time 

Y„,Yg>YE*Yu  “  Mans  flow  due  to  pressure  gradient  and  rotational 
velocity  out  of  the  north,  south,  east  and  west 
sides  of  the  control  volume. 

The  mass  flow  j  PdV  applied 


to  the  elemental  volume  can  be  written: 


3h  . 

YV  '  3F  Aa 


(4) 


(5) 


where  Aa  “  area  of  the  surface  «  rA9  Az 


28-4 


Film  Thickness 


The  film  thickness  for  any  grid  point  can  be  expressed  as 
h  «  c  +  e  cos0 


c  »  Machined  in  radial  clearance  ,  m 
e  "  eccentricity,  m 

Non-dimensioning  the  clearance  with  c  results  in 

H  =  1  +  e  cosfl  (10) 

Structural  deformation  of  the  bearing  members  may  be  added  to  equation  (10)  to  adjust  the  fluid  film  thick¬ 
ness  . 

Force  and  Moments 

Forces  (or  loads)  in  x  and  y  directions  are  obtained  by  integrating  the  pressure  distribution  over  the 

area 

f  »  ff  -p  (cos  8)rd0dz 


f  »  -p  (sin0)rd@dz 


where:  f  “  Force  in  x-direction 

x 


fy  »  Force  in  y-direction 


Non-dimenslunallzing: 


(P  p  ,)  (cos0)  (RL)  (d0)  (LdZ) 
ref 


(p  pref)(sin0)(RI.)(d0)(LdZ) 


X  y  2 

15  ref 


Y  pref 


Moments 

Moments  about  x  and  y  coordinates,  located  at  the  axial  mid-point  of  bearing  system  are  computed. 
These  are: 


M  - 

x 


p  (cos0)rd8dz 


M  -  -p  (sin0)rd8dz 

y  II  z 


Non-dimen8ionalizing: 


K  =  If  (Pp  ,) (ZL) (cos8) (RL) (d0) (LdZ) 
x  J  j  ref 


M  =  (P  p  ,) (ZL) (sin8) (RL) (d0) (LdZ) 
y  j  j  ret 


x  ,3 

P  -  L 
ref 


n  ”  r\ 

y  p  fL 
ref 


(14) 
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2.2  HYDROSTATIC  &  HYBRID 

For  the  hydrostatic  and  hybrid  mode  of  lubrication,  information  on  the  external  lubrication  supply  system 
is  required.  This  information  can  be  ir,  terms  of  lube  oil  supply  pressure  or  flow  or  both.  Figure  3  shows 
some  typical  external  lubrication  supply  arrangements.  Briefly  they  can  be  stated  as  follows: 

a.  Figure  3(a)  shows  an  arrangement  where  recess  pressures 
are  specified.  This  arrangement  is  used  for  preliminary 
calculations  of  bearing  load  capacity,  flow,  etc. 

b.  Figure  3(b)  shows  an  arrangement  where  recess  flows  are 
specified. 

c.  Figure  3(c)  shows  an  arrangement  where  two  recesses  are 
connected  to  a  common  lubrication  supply  pump.  Each 
recess  has  its  own  restrictor,  i.e.,  orifice  or  capillary. 

d.  Figure  3(d)  shows  a  multirecess  arrangement.  This  arrange¬ 
ment  combines  the  concept  described  in  (c). 

Several  other  lubrication  supply  arrangements  are  possible.  These  can  be  analyzed  with  the  help  of  arrange¬ 
ments  shown  in  Figure  3.  The  main  purpose  is  to  establish  conditions  on  recess  pressures.  Therefore,  the 
number  of  conditions  required  are  the  same  as  the  number  of  recesses  in  the  system.  If  the  pressure  values 
in  the  recesses  are  specified,  then  the  problem  is  simple  and  solution  can  be  readily  obtained.  For  the 
other  cases,  conditions  on  recess  pressures  are  specified  indirectly  either  through  conditions  on  flow  or 
conditions  on  supply  pressure.  Generally,  the  flow  conditions  are  less  than  the  conditions  required  to 
solve  the  problem.  Therefore,  remaining  conditions  are  obtained  from  the  conditions  on  supply  pressure. 

For  a  restrictor  type  feeding  arrangement,  flow  through  a  restrictor  is  dependent  on  supply  pressure,  recess 
pressure  and  characteristic  of  the  restrictor  Itself.  This  establishes  a  relationship  between  recess  pre¬ 
ssure  and  supply  pressure.  Using  this  relationship,  additional  conditions  on  recess  pressures  are  established. 
This  will  complete  the  total  number  of  conditions  required  to  solve  the  problem. 


3.  SOLUTION  APPROACH 


The  pressure  equation  (Equ.  8)  is  written  for  all  grid  points  excluding  boundary  and  recess  points. 
Therefore,  Equation  8  vjuld  be  written  for  the  nodes  labeled  grid  points  in  Figure  A.  For  the  hydrodynamic 
case  once  the  boundary  pressures  are  specified  the  resulting  matrix  equation  can  be  readily  solved  using 
Gaussian  elimination  method. 

For  the  hydrostatic  mode  of  lubrication  further  manipulation  of  Equation  (8)  is  carried  out  to  incor¬ 
porate  an  external  lubrication  oil  supply  system  into  the  formulated  problem.  This  is  achieved  by  modifying 
Equation  (8)  for  the  grid  points  next  to  the  recess.  Since  the  recess  pressure  is  not  known  it  is  treated 
as  an  unknown  boundary  condition  whose  value  has  to  be  found  later.  The  approach  adopted  here  Is  to  express 
the  pressure  distribution  in  the  bearing  in  terms  of  recess  pressure.  Therefore,  the  terms  associated  with 
the  recess  pressure  are  moved  to  the  right  hand  side  of  Equation  (8).  The  right  hand  side  will  have  a  con¬ 
stant  term  plus  a  term  associated  with  Pri  for  a  single  recess  system,  A  system  with  two  recesses  will  have 
three  terms,  a  constant  term,  a  term  for  Pr^  and  a  term  for  Pr2-  Since  recess  pressure  is  considered  con¬ 
stant  in  the  recess  area,  the  pressure  equations  for  the  grid  points  in  the  recess  area  are  eliminated.  This 
reduces  the  number  of  equations  to  be  solved. 


Equation  (8)  in  terms  of  matrix  becomes 

(A  ]  (p }  =  (b) 

where 

(B)  =  {o°  +  G1Pr1  +  G2Pr2 


[0] 


1.0 

Pr 


The  pressure  distribution  in  the  bearing  is  given  by 


(15) 


or 


{!>}  =  (A]_1{B}  =  [A  I  1  [Cl 


Let  [C] 


[A]  1  [  G  ] 


(16) 


1.0 


(P)  =  I G I 


Pr 


(17) 


Flow  Out  of  Each  Recess 


Flow  out  of  each  recess  Is  given  by 


where 


Qr  "  QrE4W  +  QrNiS 


(18) 
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Expressing  the  pressure  derivates  in  terms  of  recess  pressure  and  the  pressure  value  next  to  the  recess  edRe, 
the  flow  out  of  each  recess  (with  the  use  of  Equation  (18))  may  be  expressed  as 


Qr,  -  d^  +  d^  Prx  +  dj1  Pr2  +  -  -  -  Prm 

Qr-,  -  d  2  +  d  2  Pr,  +  d  2  Pr,  + - d  2  Pr 

20  1122  mm 


Qr  -  d  "  +  d  m  Pr  +  d  m  Pr  +  -  d“  Pr  (19) 

mu  1  1  z  /  mm 


External  Lubrication  Supply  System 

The  external  lubrication  supply  system  is  coupled  mathematically  with  the  bearing  through  conditions 
on  flow.  The  flow  through  recesses  as  given  by  Equation  (19)  must  be  equal  to  the  flow  supplied  by  the  ex¬ 
ternal  supply  system.  The  K*-^  recess  flow  from  an  external  system  may  be  written  as: 


'  fK(PS  -  PrK> 


For  constant  recess  flow  (flow  control  valve) 


For  orifice  compensated  restrictor 


fR  “  Qfj,  and  SR  -  0.0 

2 


nd 


fK  =  Cd  4 


0 


where 


For  capillary  compensated  restrictor 


and  »  0.5 


dQ  =  orifice  diameter,  m 

c.  =  discharge  coefficient  =  .61 
d 


P  =  lubricant  density,  Kg/m 


where 


nd 

fK  =  l28lTl~  and  SK  =  1,0 
c 


dc  =  capillary  diameter,  m 
1  “  capillary  length,  m 

2 

=  lubricant  viscosity,  N-s/m 


(20) 


Equating  the  two  flows  given  by  Equations  (19)  and  (20)  we  get 


«rK  -  QfK 


or 


where 


Vs  -  PV 


s 


K 


0 


(21) 


K  ■  recess  number 
m  ■  total  number  of  recesses 


In  matrix  form  Equation  (21)  may  be  written  as 


(D) (Pr }  *  {C > 


where 


n 

dl 


[D1  - 


(22) 


.  d. 


J  1 


{C}-  {vps  -  PrK>SK  -  d0  } 


If  the  value  of  SK  »  0  or  1  Pr  terms  in  {C}  are  transfered  to  the  left  hand  side,  then  the  solution  to 
the  equation  (22)  is  written  as 


Pr  -  [D]-1{C) 


(23) 


Once  Pr  is  known,  the  pressure  distribution  in  the  bearing  is  obtained  with  Equation  (l7). 

If  the  value  of  *  1/2,  the  terms  of  Pr  can  not  be  transfered  to  ;he  left  hand  side  easily.  There¬ 
fore  an  iterative  scheme  based  on  Newton-  Raphson  method  is  used  to  obtain  the  solution. 


4.  SAMPLE  PROBLEM 

Figure  5  shows  a  typical  large  size  9.4m  (31  ft.)  diameter  ball  mill  used  for  bulk  processing.  The 
large  drum  is  supported  by  two  fluid  film  journal  bearings,  one  on  ead.  side  of  the  drum.  The  cylindrical 
journals  at  each  end  of  the  drum  (called  "trunnions")  are  hollow  and  can  be  thoughc  of  as  shells  because  of 
the  thin  walls  used  to  allow  maximum  area  for  the  material  being  processeu  to  p; is  through  the  trunnions 
into  and  out  of  the  drum. 

The  Journal  bearings  are  hydrostatically  lubricated.  The  design  specifications  for  the  bearings  are: 


Bearing  diameter 

» 

1. 44m 

Bearing  length 

- 

0.48m 

Load 

- 

1.5  x  106N 

Lubricant 

- 

0.132  N-s/m 

Lubricant  inlet 

temperature 

* 

38'C 

Mill  Operational 

speed 

10  rpm 

Figure  b  shows  the  bearing  design  and  dimensions  in  detail.  The  ,  xtemal  lubrication  supply  system  is  de¬ 
signed  to  maintain  a  fixed  flow  through  the  bearing.  Figure  7  shows  the  external  lubrication  supply  system. 


4,1  RESULTS 


Bearing  load  capacity  analyses  were  conducted  with  the  above  described  approach.  Two  trunnion  config¬ 
urations,  rigid  and  deformed,  were  analyzed.  The  results  for  the  rigid  trunnion  configuration  were  obtained 
first.  Using  these  results  structural  deformations  of  the  trunnion  were  computed.  For  computations  a 
separate  structural  finite  element  conputer  program  was  used.  The  computed  deformations  were  then  read  to 
the  bearing  computer  program  for  performing  the  bearing  performance  analysis.  The  results  are  summarized  in 
Figure  8  to  10. 

Figure  8  shows  the  pressure  distribution  in  the  bearing  for  the  rigid  and  distorted  trunnion.  In  both 
cases  the  load  capacity  is  the  same.  Significant  changes  occur  in  the  press  distribution  in  the  axial 
direction  due  to  uneven  deformation  of  the  trunnion.  The  hydrodynamic  effects  on  the  pressure  distribution 
were  found  to  be  negligible  due  to  low  rotational  speed. 

The  deformation  of  the  trunnion  at  the  design  point  load  condition  is  shown  in  Figure  9.  The  deformation 
curve  in  rotational  direction  is  symmetrical  about  the  bearing  mid-axis.  The  deformation  in  the  axial  dir¬ 
ection  is  higher  at  the  outboard  side  of  the  bearing.  The  deformation  valves  are  about  25  percent  of  the 
running  clearance. 

Figure  10  shows  bearing  load  capacity  as  a  function  of  the  minimim  clearance.  The  results  are  for  the 
rigid  and  the  deformed  trunnion.  As  the  minimum  clearance  is  reduced,  the  load  capacity  increases.  This  is 
due  to  the  fact  that  external  lubrication  supply  system  is  maintaining  a  constant  flow  through  the  bearing. 

For  a  given  load  condition  the  minimum  clearance  for  the  deformed  case  is  considerably  less  than  the  rigid 
case.  Therefore  structural  deformation  are  extremely  important  when  designing  this  type  of  equipment. 


5.  SUMMARY 

1.  An  advanced  computerized  technique  for  analyzing  hybrid  type  of  bearings  is  described. 

2.  The  technique  is  highly  efficient  which  results  in  reducing  computational  time  considerably.  The 
following  are  key  elements  ir.  the  proposed  technique. 

o  The  pressure  equations  for  the  grid 
points  over  the  bearing  recess  areas 
and  boundary  points  are  assumed  known 
and  are  eliminated  from  the  pressure 
matrix  solution. 

o  The  matrix  solution  for  the  fluid  film 
equation  at  each  grid  point  is  performed 
onlv  once  in  terms  of  the  recess  pre¬ 
ssures.  This  solution  is  then  saved 
and  can  be  used  for  a  variety  of  exter¬ 
nal  feeding  systems. 

o  Most  types  of  external  lubrication  supply 
system  can  be  analyzed. 

3.  The  following  conclusions  are  drawn  from  the  analysis  performed  on  a  bail  mill. 

.>  The  structural  deformation  of  trunnion 
significantly  reduces  the  minimum 
clearance  between  the  journal  and  the 
bearing. 
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Figure  1  -  Typical  Flow  Balance  Cell 
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Figure  2  -  Sign  Convention  for  Bearing  Forces 
and  Moments 


Condition*:  Pr,  4  Pfj  wociflod 
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Condition*:  Or,  »  Ori  tpMltlod 
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Figure  3  -  Typical  External  Lubrication  Supply  System 
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DISCUSSION 


H.S.Y00,  University  of  Gent,  Be 

You  showed  an  upplieation  of  these  bearings  in  mainly  hydrostatic  conditions.  If  you  have  some  more  hydro¬ 
dynamic  action,  for  instance  as  in  machine  tool  spindles,  the  speed  can  be  higher.  On  some  lands  between  the 
pockets  you  may  huve  some  cavitation.  How  can  you  deal  with  that  situation? 

Author's  Reply 

The  example  I  showed  was  for  a  10  rpm  application.  We  have  not  tried  to  apply  the  method  where  the  hydro- 
dynamic  situation  is  predominant,  only  where  hydrostatic  effects  predominate. 


W.B.Rowe,  Liverpool  Polytechnic,  UK 

I’m  interested  in  your  remarks  on  cavitation.  We  do  find  that  cavitation  does  occur  at  moderate  eccentricity  ratios 
(about  0.6)  with  bearings  that  are  optimized  for  minimum  power  dissipation,  which  means  that  there  are  not 
excessive  amounts  of  hydrodynamic  action.  I  imagine  that  this  method  would  be  similar  to  the  superposition 
techniques  described  in  the  literature,  with  respect  for  cavitation.  I  was  wondering  whether  the  method  you 
describe  here  is  faster  than  the  superposition  technique  or  whether  you  think  it  would  be  similar  in  computation 
time. 

Author's  Reply 

One  of  the  objectives  of  our  method  was  to  obtain  answers  as  quickly  as  possible.  We  were  looking  at  problems 
from  the  design  point  of  view.  I’m  not  certain  which  method  would  be  faster.  We  have  to  explore  various  condi¬ 
tions  of  cavitation  and  turbulence. 


P.Kim,  NRC,  Ca 

It  looks  like  your  bearing  is  of  larger  size.  Is  your  computer  program  capable  of  dealing  with  elastic  deformation 
of  a  pud  bearing,  i.e.,  a  paitial  arc  bearing? 

Author's  Reply 

Y«'s,  we  have  a  finite  element  structural  analysis  program  which  is  used  for  establishing  deformation.  It  is  not 
coupled,  however,  so  we  use  an  iterative  procedure.  The  program  forms  the  clearance  distribution  based  on  the 
structural  deformation  data.  The  programs  could  be  coupled,  but  they  arc  not  at  this  time. 
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RESUME  •  Aprfis  un  bref  rappel  hlstorlque  des  travaux  concernant  les  pallers  magnytlques  actlfs  (PMA),  on 
dficrlt  le  systeme  de  sustentatlon  axiale,  pouvant  servlr  de  butSe  tant  vertlcale  qu'horizontale.  Le  paller 
magnetique  actlf  du  type  axial  fonctlonne  selon  le  prlncIpe  de  ferro-attractlon.  La  force  d’orlglne  elec¬ 
tromagnet!  que ,  qul  s'exerce  entre  la  partie  statorlque  boblnfie  (cousslnet  -  inducteur)  et  la  partle  roto- 
rlque  en  fer  doux,  est  Inversement  proportlonnelle  au  carrfi  de  la  distance  (entrefer),  qul  sfipare  ces  deux 
parties  ;  ainsl,  A  force  eiectromagnetlque  constante  (courant  contlnu  dans  les  bobines  statorlques  par 
exemple),  le  fonctionnement  dynamique  du  paller  est  Instable.  Pour  stabiliser  le  paller,  11  convient  d'as- 
servlr  son  courant  inducteur  8  une  conslgne  d'equlllbre  (valeur  d'entrefer  par  exeirple).  Dans  ce  travail,, 
on  modeiise  le  palier  8  l'alde  de  la  mfethode  des  elements  finis,  qul  permet,  d'une  part,  de  caiculer  les 
forces  de  sustentatlon  et,  d'autre  part,  d'ldentifler  une  chalne  d'asservlssement  optimale.  La  realisation 
pratique  de  1 'asservlssement  est  basSe  sur  un  flltre  numSrlque,  constitufe  8  partlr  d'un  mlcroprocesseur 
Z80A  de  ZILOG.  Les  resultats  experlmentaux  sur  un  PMA  de  200  dN  8  20  000  tours/mln  sont  confronts  avec 
le  calcul  num6rique. 


I.  INTRODUCTION 


La  suspension  des  pieces  mobiles  s'effectue  classlquement  par  les  paliers  mScaniques,  qui  pr6sen- 
tent  un  certain  nonfcre  d'inconvenients ,  parml  lesqusls  on  peut  clter  :  frottement,  usure,  complexity  du 
systyme  de  lubrlfl cation.  Pour  toutes  ces  raisons,  l'eniplcl  des  pallers  mycanlques  est  llmlte  au  point 
de  vue  technologlque,  aussl  blen  en  temperature  qu'en  charge  et  en  vltesse.  Pour  remplacer  le  paller 
mycanlque,  dans  certaines  applications  spyclflques,  on  propose  actuellenent  plusleurs  dlsposltlfs  :  hydrau- 
llques,  ayrodynamlques,  magnytohydrodynamiques,  ou  purement  magnytlques.  Dans  ce  dernier  domaine,  on  !1s- 
tlngue  deux  catygories  de  pallers  :  paliers  magnytlques  oassifs  (PMP)  et  paliers  magnytlques  actlfs  (PMA). 
Les  pallers  magnytlques  passifs  sont  bases  sur  le  prlncIpe  de  repulsion  entre  les  deux  circuits  e’ectrl- 
ques  vehlculant  gyneralement  un  courant  prlmalre  (inducteur)  et  un  courant  secondalre  (Indult)  ;  ces  pa¬ 
llers,  qul  s'autoyqulllbrent  8  l'alde  d'energie  yiectrique  fournle  aux  enroulements  par  rn  reseau  ex.t.y- 
rleur,  ont  l'avantage  de  ne  necesslter  aucun  r6glage  mecanique  ou/et  yiectronique  ;  leur  inconvenient  re¬ 
side  dans  une  consommatlon  ylev6e  de  l'ynergie,  qui,  de  plus,  doit  etre  dlsslpye  en  chaleur  dans  des  volu¬ 
mes  redults.  Les  paliers  magnytlques  actlfs,  qui  ne  mettent  en  jeu, aux  pertes  Joule  pres,  aucune  Cnergie 
yiectrique  ou  mecanique,  ont,  8  notra  avis,  les  mellleures  chances  de  trouver  unt  application  Industrlelle 
de  plus  en  plus  large.  Le  prlncIpe  de  ces  pallers  d6coule  directement  de  1 'experience  classlque  de  Faraday 
sur  la  "suspension"  d'une  sphere  en  fer  doux  dans  le  champ  d'un  eiectro-almant.  Le  palier  magnetique  axial 
(ou  la  butee  magnetique)  de  la  Figure  1  reproduit  presque  sans  modification  l'expArlence  de  Faraday. 


Figure  1  :  Configuration  generale  d'un  palier  magnetique  axial 

Le  courant,  de  density  J,  circulant  dans  les  enroulements  d'un  eiectro-aimant  cylindrique  immobile  (stator), 
engendre  un  flux  magnetique,  qui  se  ferme  8  travers  une  armature  ferromagnetique  mobile  (rotor),  formee 
par  un  autre  cylindre,  coaxial  avec  le  precedent.  Le  rotor  est  attire  par  le  stator,  de  manure  8  minimi¬ 
ser  l'ynergie  electromagnetique  emmagasinee  dans  le  systeme  ou,  ce  qui  revient  pratiquement  au  mAme,  8 
diminuer  l'entrefer  5  entre  la  partie  mobile  et  immobile.  L ' 6qui  1  i bre ,  qui  correspond  a  l'egalite  entre  la 
force  de  ferro-attractlon  et  la  charge  s'exergant  sur  le  rotor,  est  conti nuellement  instable.  En  effet, 
toute  diminution  de  la  charge  provoque  une  diminution  de  l'entrefer  et  done  une  augmentation  de  la  force 
portante  ;  et  inversement,  toute  augmentation  de  la  charge  conduit  8  une  augmentation  de  l'entrefer  et, 
par  consequent,  8  une  diminution  de  la  force  d'attraction  ;  dans  le  premier  cas,  le  rotor  va  "coller"  au 
stator  ;  dans  le  deuxieme,  il  va  "decrocher" .  Pour  qu'  un  palier  de  ce  type  puisse  fonctionner  d'une  fa- 
?on  stable,  sa  force  portante,  et  done  son  courant,  doivent  Stre  asservis  8  une  conslgne  d'equilibre,  ba- 
s8e  par  exemple  sur  une  valeur  precise  de  la  variation  de  l'entrefer. 

Les  difficultes  de  mise  en  oeuvre  des  PMA  sont  done  liees  essentiellement  aux  probiemes  d'alimen- 
tation  et  de  commande  .  La  premiere  tentative  de  concevoir  une  commande  adaptee  aux  PMA  date,  8  notre  con- 
naissance,  de  1934  et  est  dQe  8  E  .F  il .  ALEXAfCERSON  1 ,  dont  le  dispositif,  hase  sur  les  tubes  eiectroniques 
et  les  contacteurs  m6caniques,  n'a  probablement  jamais  franchi  le  stade  de  la  recherche  universitaire  . 
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Figure  2  :  Les  dimensions  du  PHA  :  200  dN  4  20  000  tours/mln,  qul  ont  6tS 
prises  en  compte  dans  les  calculs  numfiriques 

L'avfinercent  de  l'Glectronique  de  puissance  moderne  et  des  circuits  loglques  miniaturises  est  4 
l'orlglne  du  regain  de  l'intfirfit  pour  les  pallers  magnfitiques  actlfs,  qul  ont  franchl ,  entre  1965  et  1970, 
1  'fitape  du  dftveloppement  scientlflque,  pour  passer  au  stade  de  1 'application  Industrlelle,  comme  en  ttmoi- 
gne  notamment  la  publication  2  .  Ce  regain  d'intfirfit  s'expllque  blen  4  l'alde  des  figures  3  et  4,  donnant 
respectlvement  les  courbes  de  consommatlon  d'finergie  et  des  vitesses  limltes  pour  les  dlfffirents  types  de 
pallers  . 


Figure  3  :  C on s omnia t ion  SnergStique  des  different?  Figure  4  :  vitesses  1  i ml tes  des  differents  types 
types  de  pallers  "  de  paliers 

Une  des  raisons  pour  laquelle  le  PMA  ne  trouve  pas  encore  duplications  plus  gSn&rales  reside, 
d'cne  part,  dans  sa  theorie  tr6s  sommaire,  qui  llmite  les  possi hi  1  i t6s  de  conception  des  systSires  corres¬ 
pondents  .  O'autre  part,  les  orgaries  de  commande  proposes  ne  rfipondent  pas  toujours  aux  exigences  des  asser 
visscments  actuelles  .  La  difficult^  et  I'intGrlt  des  etudes  sur  le  PMA  resident  dans  la  complexite  des 
phenomSnes  mis  en  jeu,  qui  se  situent  au  carrefour  de  relecttomScanique,  1 'automatique  et  l'Slectronique 
de  puissance,  pour  ne  nommor  que  les  domaines  les  plus  importants  . 

Dans  notre  travail,  nous  essayerons  de  montrer  comment  on  peut  etablir  une  thSorie  plus  precise  des  PMA, 

4  l'aide  de  la  mfethode  des  fitments  finis,  et  de  proposer  1  'amelioration  de  son  asservissement  4  1  'aide 
d'un  processeur  digital  . 
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Pour  terminer  ce  chapltre  introductlf,  rappelons  les  avantages  des  PMA  : 

-  absence  de  contacts  mecaniques,  done  d'usure  ; 

-  possibility  de  fonctlonner  3  tr6$  grande  vltesse  ; 

-  couple  de  frottement  limits  (dlx  a  vlngt  fois  plus  petit  que  celui  du  palier  hydrodynamlque)  ; 

-  consommatlon  d'Snergle  active  tr6s  faible  ; 

-  absence  de  lubrificatlon  permettant  le  fonctlonnement  sous  vide  ou/et  a  temperature  SlevSe  ; 

-  posslbillte  d'asservissement  en  position  ou/et  en  charge  ; 

-  dSmarrage  en  charge  . 


II  •  A1ALYSE  ELECT ROMAGjgT IQUE  DE  LA  BLfTEE 

Afln  de  pouvoir  determiner  les  caractSristlques  mecaniques  de  la  butee,  nous  determinons,  a  che¬ 
que  point  de  sa  gSometrle  (cf  Fig  .1),  la  valeur  du  champ  magnetique  B  (B  ,B  ,0),  en  resolvent  l'Squatlon 
de  diffusion  en  potentlel  vecteur  A  (0,0, A,,,)  de  la  forme  :  r  z 

v^pJtot  <l> 

oQ  la  density  du  courant  total  se  decompose  en  : 

Jtot  *  Jex  +  J  =  Jex  ~  Y  [  ll  +  *  x  S  ]  < 


Compte  tenu  de  la  geomCtrie  circulaire  de  la  hutee  et  des  hypotheses  et  dCveloppements  de  ’a  reference  3, 
(1)  et  (2)  se  reduisent,  dans  les  coordonnSes  cylindriques  de  la  Figure  1,  a  : 
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u,  y  :  respectlvement  permeability  et  conductivity  eiectrique  des  materi au< 

?  (V  ,V  ,V  )  :  vitesse  mecanique  du  rotor 
r  z  ip 


(.'expression  (3)  a  ete  rSsolue  par  la  mSthode  des  elements  finis  (resolution  pas  a  pas  ;  discretisation 
temporelle  +  schema  d'Euler),  mettant  en  jeu  des  elements  quadratiques  selon  les  etudes  resumees  dans  •'  . 
Compte  tenu  de  la  symCtrie  axiale,  l'etude  a  ete  conduite  pour  la  moitie  de  la  Figure  1,  presentee  sur  la 
Figure  2,  oQ  l'on  a  porte  de  plus  les  conditions  aux  limites  correspondantes  .  Le  systeme  presente  quatre 
zones  geometriquement  et  magnetiquement  differentes  :  l'entrefer,  l'armature  du  rotor,  1 'encoche  oQ  est 
loge  1 'enroulement  conducteur,  l'armature  magnetique  du  stator  .  L'armature  du  rotor  et  du  stator  sont  en 
materi  aux  ferromagnetiques  . 


La  connaissance  du  potentiel  vecteur  permet  le  calcul  simple  du  champ  magnetique  B  (B  ,B  .0) 


R  _  j>A 
r  '  3z 


B  =  -  — 
z  3r 


et  partant,  de  la  force  portante  3  parti r  du  tenseur  de  Maxwell  : 

F_  =  ff  {  uH  (il  .  n)  -  u/z  H2  n  }  d  n  (4) 

°1 

■*  -V 

Le  champ  magnetique  H,  etant  relie  3  B  par  la  loi  du  milici  B  =  B  (H) 


Pour  assurer  le  fonctionnement  du  palier,  on  divise  generalement  1 'enroulement  du  stator  en  deux  parties, 
dont  1'une  alimentee  en  courant  d'amplitude  constante  Jex  j  ser.  3  suspendre  le  mobile  et  Tautre  parcou- 
rue  par  le  courant  variable  a  J  (t)  assure  la  stabilisation  ; 


ainsi 


+  a  5exW 


(5) 


Dans  certaines  realisations,  les  deux  courants  sont  injectes  dans  un  seul  enroulement. 

Des  figures  5,  6,  7  repr6sentant,  pour  le  palier  aecrit  dans  TAnnexe,  respectivement  :  la  dis¬ 
tribution  de  la  composante  B  du  champ  dans  l'entrefer,  la  courbe  de  la  force  portante  en  fonction  de 
1 'entrefer  et  la  courbe  de  cette  meme  force  en  fonction  du  courant  d'excitation,  on  peut  degager  les  con¬ 
clusions  suivantes  : 

-  les  calculs  correspondent  assez  bien  avec  les  mesures  ; 

-  la  force  portante  est  reliee  3  l'entrefer  et  au  courant  par  une  relation  simple  de  type  :  cte  .  I2/s2 . 

Pour  le  palier  magnetique  ddveloppant  une  force  moyenne  de  180  dN  a  300  dN,  le  courant  doit  etre  compris 
entre  16  A  et  23  A  et  l'entrefer  entre  0,23  mm  et  0,32  mm,  tandis  que  la  raideur  est  de  1,4  dti  /  n  m  : 

-  la  saturation  joue  un  r61e  non  negligeable  dans  le  fonctionnement  du  palier. 

Remarquons  que  la  methode  des  elements  finis  permet  de  tenir  compte  des  courants  induits  dans  la  butee 
par  le  champ  eiectrique  V  Ih  ;  ce  courant  provoque  une  force  de  repulsion  et  contribue  3  la  diminution 

1  3Z 

des  performances  du  palier.  L'utilisation  de  materiaux  les  plus  permeables  possible  et  de  faible  conduc¬ 
tivity  transversale  (t61es  feuilletCes)  permet  d'annuler,  en  grande  partie,  1 'effet  parasitaire  du  courant 
induit  . 
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Figure  5  :  Champ  magnGtique  dans  l'entrefer  en  fcnc-  Figure  6  :  Force  portante  du  palier  en  fonctior,  de 
tion  du  rayon  a  z  =  0  pour  le  cuurant  de  la  variation  de  l'entrefer  pour  le  cou- 

5A  rant  de  5A  (x  :  points  de  mesure) 


FORCF  C”  ATTRACT  I  (j  (\i  Ul  I'A. .  I  x 
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Figure  7  :  Force  portante  du  palier  en  fonction  de 

la  variation  du  courant  (x  :  points  de  mesure) 


III  .  ETUDE  D 1 ASSERVISSEME  ITT 

La  forme  de  la  force  portante  du  palier  en  fonction  de  l'entrefer  (Fig  .6)  montre  le  caractSre 
■stable  du  PMA  ;  pour  rendre  le  systSme  stable,  il  est  n&cessaire  de  modifier  l'allure  de  la  force  por¬ 
ts  J  1'aide  d'un  asservissement  approprie  .  La  modification  de  la  force  portante  passe  par  une  connais- 
sance  parfaite  de  la  fonction  de  transfert  reliant  la  bobine  et  le  P^A  .  Cette  fonction  de  transfert  peut 
5tre  obtenue  : 

-  par  des  methodes  d'identification  appliquees  aux  processus  en  temps  reel  ;  ; 

-  par  une  mod&lisation  math&matique  du  processus  4  asservir.  ; 

Dans  le  cas  du  PMA,  6tant  donne  1 ‘impossibilite  d'assurer  une  stabilisation  pratique  en  boucle  ouverte, 
seule  la  deuxiSme  methode  peut  etre  prise  en  compte  . 

La  determination  d'un  rSgulateur  pour  PMA  peut  s'operer  selon  le  sch§ma  ci-aprSs,  ou  1 'on  envisage  le 
choix  d'un  filtre,  soit  analogique,  soit  numGrique  .  Dans  nos  realisations,  nous  avons  choisi  cette  dernie- 
r°  solution,  qui ,  4  notre  avis,  est  la  mieux  adaptSe  aux  paliers  rapides  ou/et  4  charge  variable  . 


Figure  8  :  Schema  de  principe  de  commande  et  d  'alimentation  d'un  PMA 


La  boucle  d' all  mentation  et  d'asservlssement,  schematise  sur  la  Figure  8,  assure  le  contr61e  du  courant 
d'excitation ,  done  de  la  force  eiectromagnetique  (4)  :  ce  qui  permet  de  stabiliser  le  palier  .  En  effet, 
1'etat  d'equilibre  correspond  a  la  loi  de  fewton  : 

[M]  v  =  Fz(t)  -  M9 

avec  :  v  :  vitesse  -  [M]  :  matrice  masse  -  t  :  temps  -  g  :  gravitation 


Quelle  que  soit  la  m&thode  de  contrfile  choisie  pour  Jgx,  done  Fz(t),  la  boucle  de  retour  de  l'asservisse- 

comportera  les  parametres  suivants  :  courant  (siex).  deolacement  (z),  vitesse  (v)  .  La  prise  en  compte  de 
F(t)  en  fonction  de  ces  parametres  peut  s'effectuet  par  la  m§thode  de  discretisation  classique,  correspon¬ 
dent  notamment  aux  publications  5,6 ,  ou  par  la  methode  continue  de  la  resolution  directe  des  equations  (3) 
Cette  dernifere  methode  a  l'avantage  de  tenir  compte  de  I'ensemble  des  pheromenes  lies  a  la  geometrie  reel- 
le  du  palier  (saturation,  courant  induit...)  ;  son  inconvenient  reside  dans  la  complexite  des  calculs  par 
les  elements  finis  . 

S'il  parait  derisoire  de  chercher  actuellement  des  asservi ssements  digitaux,  bases  sur  la  resolution  a 
temps  reel  des  equations  (3)  et  (4),  on  peut  neanmoins  concevoir  des  fonctions  approchees  accessibles  aux 
mi croprocesseurs  existants  :  ce  qui  permet  de  remplacer  la  commande  analogique  par  une  commande  numerique 
plus  performante  et  plus  souple  .  Ainsi,  nous  avons  realise  un  palier  axial,  dont  la  commande  a  ete  struc¬ 
ture  aut.nur  d'une  carte-mi  croprocesseur  BLC  80/316  de  rational  Semiconductor. 


Figure  9  :  Bloc  digital  d ' asservi ssement  d'un  PMA 
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ConformAment  au  schema  de  la  Figure  9,  1 'architecture  de  1 'asservissement  digital  comporte  : 

-  une  carte  BLC  80/316  articulAe  autour  d'un  microprocesseur  Z80A  de  ZIL06  ; 

-  une  carte  de  calcul  AMD  9511  de  Advanced  Microdevice  ; 

-  une  carte  de  conversion  analogique/digital  BLC  73  2  ; 

-  un  moniteur  video  et  un  moniteur  de  dAveloppement  BLC  80-Z80  . 
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Figure  10  :  Relation  de  la  recurrence  entre  les  coefficients  calcuies  a  parti r  de 
1‘equation  de  Riccati  (Model  0)  et  les  coefficients  du  dispositif 
reel  lenient  realise  (Model  I) 

La  Figure  10  montre  1 'approximation  de  1 'asservissement  (Model  I)  par  rapport  3  1 'equation  de  Riccati, 
qui  represente  le  guidage  parfait  du  palier  .  Dans  la  realisation  pratique,  la  stabilisation  du  systAme  a 
ete  obtenue  avec  un  entrefer  de  0,3  mm, pour  une  gamme  de  vitesse  allant  jusqu'3  20  000  tours/min  et  une 
charge  nominate  avoisinant  200  dK. 


Iv  •  COLCLUSint' 

Par  rapport  aux  etudes  des  PMA  prealablement  effectuees ,  nous  pensons  avoir  introduit  les  ele¬ 
ments  suivants  : 

-  1 'application  de  la  methode  des  elements  finis,  pour  calculer  et  optimiser  la  geometric  des  PMA  ; 

-  la  conception  et  la  realisation  des  asservissements ,  bases  sur  l'emploi  des  processeurs  digitaux  . 

A  la  lumiere  des  travaux  effectues  a  ce  jour,  nous  pouvons  envisager  l'emploi  des  paliers  magnetiques  ac- 
tifs  a  des  charges  superieures  a  quelques  dizaines  de  tonnes,  ayant  des  vitesses  de  rotation  de  plusieurs 
milliers  de  tours/min  .  Un  palier  de  butee  de  8  Tonnes  a  40  000  trs/min,  que  nous  avons  etudie,  peut,  en 
tout  point,  rivaliser  avec  les  dispositifs  mecaniques  ou  hydrauliques  . 

Afin  d'eiargir  l'application  industrielle  des  PMA,  il  convient  d'sxer  les  recherches  a  venir  sur  : 

-  le  perfectionnament  de  la  commande  numerique  (en  particulier,  en  ce  qui  concerne  l'eiaboration  du  r6gu- 
lateur  d'etat  optimal)  ; 

-  1 'optimi sation  des  caracteri stiques  geometriques  et  eiectromagn6tiques  par  couplage  des  Aquations  elec¬ 
tromagnet!'  ques  et  mecaniques  . 
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Les  applications  numSrlques  du  present  mSmoIre  concernent  un  palier  axial  de  200  dr:  nominal  J 
'  20  000  tours/min.  Ce  palier,  dont  les  dimensions  sont  repr&sentSes  sur  la  Figure  2,  possSde  les  carac 
tSrlstiques  suivantes  : 

‘  1§-B§r5i§_§£§£2ri9y§  se  compose  de  deux  cylindres  coaxiaux  en  t61es  feuilletSes  ;  autour  du  cylindre 
intSrTeur"est’pTacii  une  bobine  de  3  x  100  spires  ;  chaque  enroulement  de  100  spires  est  indSpendant 
et  peut  Stre  aliments  sSparfement. 

■  la.&SrtiB-rotoriSy®  Circulaire  est  en  fer  massif  encoche  dans  le  sens  radial,  de  maniSre  a  augmenter 
la~surface"d'rentre?er  et  diminuer  les  effets  parasitaires  des  courants  induits. 


LE  PALIER  MAGNETIQUE  ACTIF  "  ACTIDYNE  " 

Helmut  HABERMANN ,  Directeur  Scientifique  de  la  S  2  M 
Chemin  Depar temental  l8l-For6t  de  Vernon-BP  431-F  27204  VERNON  Codex 

Le  palier  magnetique  actif  est  base  sur  1 'util isation  des  forces  developpees  par  un  champ 
magnetique  pour  soutenir  un  rotor  en  levitation  magnetique,  sans  contact  mecanique  entre  la 
partie  fixe  et  la  partie  mobile. 

Des  detecteurs  de  position  reperent  la  position  du  rotor  et  delivrent  un  signal  d'erreur  vers 
une  boucle  de  controle  electronique  qui  agit  pour  corriger  le  deplacement  du  rotor  par  rapport 
A  sa  position  de  reference. 

Le  palier  magnetique  actif,  comme  tout 
palier,  se  compose  cssentielleraent  de 
deux  parties  !  le  rotor  et  le  ,-tator. 

Le  rotor  qui  peut  etre  interieur  ou 
exterieur  est  constitue  par  un  empilage 
de  toles  f erromagnet iques ,  sans  encoche, 
ni  bobinage. 

Le  stator,  lui  aussi  fait  de  tfiles 
empilees,  encochees  et  bobitiees,  se 
compose  de  la  partie  electro-aimant 
du  palier  proprement  dit  et  de  la  partie 
detecteur  de  position. 

Les  electro-aimants  du  stator  maintien- 
nent  le  rotor  en  levitation  magnetique, 
leur  champ  magnetique  etant  module  en 
fonction  de  la  position  du  rotor,  elle- 
m6me  surveillee  par  les  detecteurs  de 
position  et  compares  a  la  reference 
desiree. 


Pour  contrfiler  un  degre  de  liberte,  deux  electro-aimants  sont  necessaires,  ceux-ci  travaillant 
uniquement  en  attraction.  Pour  un  rotor  complet  oti  cinq  degree  de  liberte  doivent  6tre  asservis, 
dix  electro-aimants  sont  necessaires. 


II  est  important  de  noter  quo  ce  palier  fonctionne  en  attraction  a  1 ' inverse  de  tous  les  autres 
types  de  paliers.  De  plus,  le  contr&le  est  obtenu  des  la  mise  bous  tension  et  ne  necessite  pas 
de  "decollage  par  ).a  vitesse". 
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Principe  boucle  d 'aasorvisscmcnt 


Le  detecteur  de  position  qui  utilise 
une  porteuse  haute  frequence  elabore 
un  signal  dependant  de  la  position  du 
rotor . 

Ce  signal  est  compare  a  la  consigne  de 
l 'asservissement  (en  general  nulie  si 
l*on  veut  un  rotor  centre)* 

La  difference  des  signaux,  appelee 
signal  d'erreur,  est  traitoe  par  I'asscr- 
vissement  en  gain  et  en  phase  de  maniere 
a  commander  les  amp l i f icateurs  do  courant 
des  electro-aimants  pour  assurer  nu  pa¬ 
llor  sa  rigidite  et  son  bon  amort issement 
Le  controle  complet  d 1 un  rotor  necessite 
nature  1 1 emont  cinq  asservissements ,  le 
sixieme  degre  etant  la  rotation  utile. 


La  techno  login  du  palier  magnetique  actif 
est  troH  prochc  de  celle  des  moteurs  a 
induction,  type  asynchrone. 

Le  rotor  qui  peut  etre  interieur  ou  ex- 
terieur  est  compose  de  toles  lerro- 
magnet iques,  sans  encoches*  L'epaisseur 
des  t6los  varie  de  0,05  mm  a  0,35  mm, 
suivant  l ' app l i cat  ion  et  sont  en  general 
en  Fe-Si,  ce  qui  permet  des  vitesses  li- 
neaires  dc  rotation  jusqu'a  200  m/s. 

Le  stator  utilise  aussi  des  toles  ferro- 
magnetiques  de  0,35  mm  d'epaisseur*  Le 
materinu  utilise  est  en  general  du  Fe-Si 
a  3%,  non  oriente*  Avec  ce  materiau  la 
capacity  de  charge  specifiquo  du  palier 
magnetique  actif  varie  de  5  daN/cm2  a 
8  daN/cm2. 


Disposition  standard  de3  paliers  radiaux 


Li?s  Aliments  pallors  radiaux  (Pun  pallor 
magnet  iqu«*  so  composont  done  du  rotor  qui 
porto  los  t8los  pallors  ot  dotoctours 
(par  example  un  rotor  oxtoriour)  et  du 
stator. 

Pour  lo  stator  pallor  on  romarqiio  sur 
l  1  image  le  bobinugc  dos  A 1  oc  t  ro-a  ini  an  t  s 
part i cu l foremen t  simple. 

Los  dAtec tours  do  position  sont  du  typo 
induct  if.  II s  travail  lent  avec  une  por- 
teuso  haute  f rAquenco  ( 50  kHz).  Los 
stator  ot  rotor  util  incut  dos  tolos  do 
0  ,  1  mm  d ' Ap« i ssour . 

I.o  bobinago  du  stator  ost  tres  pnrticu- 
lior  ot  pormot  d’obtonir  une  grande 
precision  do  mosure  (0,1  m )  ot  un  rap¬ 
port  signal  sur  bruit  A  love,  grace  on 
particuiior  a  la  suppression  automatiquo 
dos  harmoniques  do  rotation  ot  a  la 
grando  surface  sensible  dos  dAtecteurs. 

Los  valours  d' on t refer  util i sees  sont 
les  memos  quo  pour  le  palier  proprei.ien  t 
dit. 


Cette  mnquotte  portable  permet  do  montrer 
los  performances  du  palier  magnAtiquo 
actif  ACT TDYNE. 

On  pout  reconnaitre  les  deux  stators 
dos  paliers  radiaux,  los  deux  stators 
dos  detecteurs  radiaux  ot  au  milieu 
un  stator  do  motour  asynchrono. 

A  1 ‘flvant  on  pout  voir  le  rotor  ex- 
t Ariour . 


■UTKK  AXIAL! 

A  DOUBLE  IFPBT 


Mgquette  de  dAmonstrat ion 


Le  controls  axial  dos  machines  so  fait 
gAneraiomont  grace  a  une  butAe  a  double 


c  f  f  e  t « 


Pans  lo  cas  dos  paliers  mngnAt iques ,  le 
stator  de  la  butAe  ost  (hi  typo  annulairo 
(parties  rouges)  ainsi  quo  le  bobinago. 
Lo  feui  11  otago  (Jo  la  butAe  est  fait  par 
sciage  ot  romp  1  is sago  dos  lentes  par 
dos  tolos  f orro -magn At iques . 


Les  valours  d' out  re  for  sont  similairos 
«  c('ll(vs  de  pallors  radiaux. 


Lo  rotor  so  compose  on  gAnoral  d'un  vo¬ 
lant  realise  dans  un  mater inn  massif  tres 
resistant  co  qui  pormot  des  vitossos  1 i- 
itiMiroH  jusqu’a  \00  m/s.  Lo  volant  n‘« 
pas  be so  in  d'etre  feui  lie  to  car  la  butAe 
n'est  pas  lo  siege,  on  rot  at  ion, do  chan- 
gement  do  magnetisation,  done  dn  portes 
par  courants  do  Foucault. 


La  charge  specif ique  est  la  memo  que  pour 
les  paliers  rxuinux  avec,  en  plus,  le 
fait  que  toute  la  surface  ost  utilises  en 
projection  (a  1 ' inverse  du  palier  radial 
qui  est  affecte  par  sa  cambrure). 


Pour  quelques  applications  ou  la  compacitA  de  la  machine  doit  Atre  part icul  iArement  aoigtipe,  on 
utilise  des  tfiles  en  Fe-Co  (51$  Fe,  49%  Co)  qui  permettent  d'avoir  dcs  charges  specifiques  de 
8  daN/cm^  A  14  doN/cm^  ( 1 1  inconvenient  majeur  de  ces  toles  est  leur  prix)< 


Les  entrefers  des  paliers  magnetiques  actifs  variant  de  0,3  mm  A  1  mm  ou  plus,  suivant  le  dia- 
mAtre  du  palier  (50  mm  jusqu'A  1  000  mm).  Ces  valeurs,  grandes  par  rapport  A  celles  rencontrees 
dans  d'autres  paliers,  ne  necessitent  pas  des  usinages  precis  (une  finition  de  tour  est  en  gene¬ 
ral  suffisante). 

Les  bobinages  des  elect.ro-aimants ,  plus  simples  que  coux  des  moteurs  electriqucs,  utilisent 
neanmoins  la  m&me  technologie  et  les  mAmes  classes  d'isolation.  Per  contre,  la  simplicite  de 
bobinage  permet  aussi  d'utiliser  des  fils  A  isolation  ceramique  pour  las  applications  haute 
temperature  (  450°C). 

Sur  cette  image  on  peut  reconnoitre 
1 'ensemble  technologique  des  paliers  ma- 
gnetiques  actifs. 

Le  rotor  du  palier  radial  nvec  les  t61es 
palier  ct  detecteurs,  et  le  volant  de 
butee. 

Le  stator  du  palier  radial  est  realise 
avec  plan  de  joint  pour  des  questions  de 
montage  alnsi  que  la  couronne  de  detec¬ 
tion  . 

On  distingue  dans  le  fond  la  butee  axiale 
et  son  feuilletage  et  sur  la  droite  une 
butee  axiale  en  deux  parties  avec  plan 
de  joint  et  bobinage  "haricot". 


Palier  radial  et  axial  type 

La  plupart  des  machines  utilisent  des  pa¬ 
liers  radiaux  cylindriques  et  une  butee 
axiale  a  double  effetj  neanmoins,  dans 
certains  cas  ou  la  compacite  de  la  ma¬ 
chine  doit  etro  poussee  et  ou  la  charge 
axiale  n'est  pas  tres  elevee  (broches 
de  machines-out i Is )  on  utilise  des 
paliers  coniques. 

Dans  ce  Ces  on  utilise  les  deux  compo- 
santes  de  la  force  magnetique  pour  reo- 
liser  simu 1  tenement  le  contrfilo  radial 
et  axial.  Par  contre,  la  detection  reste 
decoup 1 ee. 


Pa l ier  coniauo 


Pour  proteger  les  parties  electromaqnet iques 
pendant  1’arrSt  des  machines  en  cas  de 
panne  de  1  * electronique ,  ou  en  cas  de  sur¬ 
charge  du  palier,  on  utilise  on  general  des 
paliers  auxiliaires  de  secours. 


Roulements  auxiliaires-Galets 


304 


Ceux-ci  sont  le  plus  souvent  des  roulements  A  billes  A  cage  massive  at  lubrifios  A  sec.  Naturel- 
lemeiit,  en  f onct ionnement  nominal,  ils  sont  immobiles,  un  jeu  egal  A  la  moitiA  de  l'entrefer  du 
palier  magnet Ique  les  sAparant  du  rotor. 

A  noter  que  ces  dispositifs  auxiliaires  ne  sont  pas  sollicites  en  cas  de  panne  de  secteur,  le 
relais  Atant  assure  par  une  batterie  de  secoura. 

Dans  le  cas  de  paliers  avec  plan  de  joint,  les  roulements  sont  alors  remplacAs  par  des  galets 

L'armoire  electronique  associAe  a  la  sus¬ 
pension  magnetique  presentee  ici  est  du 
type  ElOO,  c'est-a-dire  que  lea  amplifi- 
cateura  de  puissance  alimentant  les  bo- 
bines  ont  pour  caracteristiques  tension 
courant  do  V,  125  A,  soit  10  kVA.  Ces 
ampl if i cateurs  peuvent  Atre  assoc  les  A 
des  paliers  de  charge  jusqu'A  10  tonnes. 

Dans  le  haut  de  l'armoire  est  aituee  la 
partie  traiteaent  du  signal.  A  gauche 
1 'oscil lateur  alimentant  lea  ditecteurs 
puis  les  cartes  asservissement  et  opti¬ 
misation  de  la  chalne.  En  haut,  A  droite, 
le  systAae  d '  Aquil ibrage  autoaacique  et 
las  surveillances. 

Les  ampl  if  icateurs  de  puissance,  au  nombte 
de  5  doubles,  car  5  degree  de  liberty 
sont  des  ampl if icateurs  travail lant  en 
commutation  A  17  kH»;  le  courant  eat  ob- 
tenu  par  modulation  en  largeur  du  decou- 
page  de  la  tension  d 'al imentat ion. 

Dans  la  partie  inferieure  on  trouve  lea  al isientations  ainsi  qua  les  batteries  qui  sont  logees 
dans  le  tiroir  tout  en  bas. 

On  distingue  deux  types  d'avantages  pour  lea  paliers  aagnetiques  actifs. 

Dans  un  premier  teaps  examinona  lea  avantages  dua  au  fait  que  le  palier  est  un  palier  sans  con¬ 
tact  et  sans  fluids.  Qui  dit  sans  contact,  dit  natural lament  absence  d'uaure  et  d'entretien 
d'ou  une  grande  durAe  de  vie.  Rappelons  que  le  palier  permet  de  grendes  vitesses  de  rotation 
(200  m/s)  et  que  les  progrA*  dans  les  watAriaUx  magnetiques  laissent  espArer  un  accroisseaent 
de  ces  vitesses. 

L'  Achauff ement  provenant  du  palier  est  tris  faible  (pertes  Joule  dans  les  bobinages  inferieurs 
A  50  Watts)  ainsi  que  la  puissance  consoaaAe  par  frottement  magnAtique 

Dans  le  cas  de  machines  verticales,  le  frotteaent  magnAtique  du  palier  eat  quasi  nul ,  la  butee 
rcprenant  la  charge  ne  creant  pas  de  pertes  par  frotteaent  aagnAtique. 

Du  fait  de  l'absence  de  fluide,  le  palier  peut  fonctionner  dans  le  vide  ou  dans  une  atmosphere 
corrosive  sans  etanchAitAs,  ni  lubrif ication;  la  seule  precaution  A  prendre  est  de  protAger  les 
bobinages  contre  1 'agressivite  du  milieu  nmbiant. 

La  gamme  de  tenpAratures  couverte  par  le  palier  est  trAs  grande;  nous  avons  m(me  rAnlisA  des 
essais  de  la  technologie  jusqu'A  quelques  degree  Kelvin. 

Les  pertes  par  frotteaent  asgnAtique  des  paliers  radiaux  qui  sont  1  lees  aux  pertes  par  hysteresis  et 
courantB  de  Foucault  sont  tres  faibles  (environ  10  a  100  fois  inferleures  A  celles  de  paliers 
hydrauliques  ou  roulements  A  billes). 

Enfin,  du  fait  des  entrefers  confortables  des  paliers  aagnAtiques  et  de  la  conception  originate 
des  dAtecteurs  de  position,  la  precision  de  fabrication  des  parties  AlectromagnAtiquec  ne  ne- 
cesaite  pas  d'usinage  dclicat  et  onAreur.  En  effet  des  tolAranccs  infArieures  au  centiAae  de 
millimetre  ne  sont  jamais  requises. 


eux-mAmes  montAB  sur  de  petits  roulements. 


Armoire  electronique 


Palier  haute  temperature 


Le  palier  prosonto  ici  utilise  des  fils  tie  bobinnyo  a 
isolation  coramique,  lc»  tout  surmoule  dans  un  ciment  ro- 
fractaire.  Cf?  palier  peut  fonctionner  en  permanence  a 
450°C. 

La  deuxieme  sorie  d'avantages  que  presente  le  palier  ma- 
gnetiquo  est  tlue  au  fait  qu'il  s'agit  d'un  asservissement 
et  que  1 'on  petit  done  lui  fnire  faire  un  certain  nombre 
de  choses  intoressnntes. 

L ' oqu i 1 ibrage  automatique  est  la  faculto  qu'a  le  systeme 
de  pouvoir  fonctionner  autour  de  son  axe  d'inertie  plutot 
qu'autour  de  son  axe  geom^trique.  En  effet,  la  notion  de 
balourd  n'est  rien  d'autre  qu’un  mosal ignemen t  entro  1 1 
goometrique  tie  la  machine,  done  ties  paliers,  et  son  axe 
d ' inert ie  * 

L1  elect ronitjue  <lo  calcul  detecto  les  perturbations  pro- 
voquoes  par  It?  balcurd  car  el les  sont  synchrones  avec  la 
vitesse  de  rotation  du  mobile*  l.'axe  de  rotation  est  au¬ 
tomat  iquement  drplace  afin  d'annulor  ces  forces  pertur- 
batrices.  Le  mobile  tourne  ainsi  autour  de  son  axe  d' iner¬ 
tia,  aticuno  vibration  n'est  transmise  au  stator.  Co  pro- 
code  porticulier  a  un  tres  grand  intoret  :  il  permot  de 
maintetiir  on  permanence  la  machine  autour  de  son  axe  d'i¬ 
nertie  niotr.o  si  le  balourd  ovolue  en  function  tie  la  vitesse 
de  la  temperature,  du  temps* 


De  plus  1  *  inf ormat ion  du  detecteur  de  position  pour  la  frequence  concernee  correspond  exacteinent 
a  la  distance  ontre  I'axe  goometrique  ties  paliers  ot  I'axo  d'ineitie,  d'ou  surveillance  perma- 
nente  du  balourd  et  de  son  evolution. 

Le  palier  magnet  ique  act  if  permet  un  f ranch issomont  aise  dos  vitessos  critiques,  cn  particulier 
des  vitessos  critiques  d'arbre.  En  effet,  lors  de  ces  f ranch i ssements ,  il  est  necessaire  d'ap- 
portor  a  la  machine  un  amort issomont  exterieur  tres  Important*  Cot  amort issomont  obtonu  par 
avance  de  phase  ne  doit  concernor  que  la  vitesse  de  rotation;  pour  cette  raison,  on  utilise  le 
memo  dispositif  synchronc  pilote  par  la  vitesse  de  rotation  que  precodemment  mais  cette  fois 
on  agit  sur  la  phase  et  non  sur  le  gain  de  1  '  asserv  issemmt  • 

La  rigidite  du  palier  magnetique  est  essen t ie 1 1 oment  liee  au  gain  eloctrique  de  1 ’ asserv issoment , 
element  reglablo*  Kn  particulier  la  rigidite  statique  du  palier  magnetique  est  tres  grande;  en 
effet,  grace  a  un  controle  integral  de  1 1 asserv issement ,  les  rigidites  statiques  couramment 
attcintes  sont  de  .50  daN/micron  pour  el ect robroches  de  machines-ou t i L s  jusqu'a  plusieurs  tonnes/ 
micron  pour  des  rotors  lourds  (poids  superieur  a  100  kg). 

L ' asservissement  olcctronique  du  palier  magnetique  permet  de  surveiller  on  permanence  la  machine* 
Ley  informations  des  detoctcurs  de  position  informent  des  mouvoments  du  mobile  dans  une  tres 
largo  bande  passante  (du  continu  jusqu'a  Li  000  II/,).  Ces  informations  contiennent  a  la  fois  ia 
position  statique  ou  moyenne  du  rotor,  son  niveau  de  balourd  et  d ' even t ue 1 1  os  autres  frequences 
dues  soit  a  des  pertu rba t ions  aorodynamiques ,  soit  a  des  perturbations  exterieures  (usinage 
dans  le  cas  des  electrobroches  de  mach ines-out i 1 s ) • 

Les  informations  courant  dans  le  palier  sont  na ture 1 1 emen t  une  image  parfaite  des  efforts  appli¬ 
ques  au  palier,  poids  ou  perturbations  exterieures.  Par  example  la  charge  d'une  butee  oxiale 
peut  6tro  surveillee  et  mesureo  en  permanence;  les  efforts  appliques  aux  paliers  dans  le  cas  de 
la  machine-out i 1  peuvont  etre  utilises  pour  la  commande  adaptative. 

Le  signal  do  reference  de  1 1 asserv i ssement  definit  la  position  du  rotor.  La  modification  oloc- 
tronique  de  cette  reference  permet  done  le  deplacement  du  rotor  dans  son  entrefer.  Dans  de  nom- 
breux  cas  d 'usinage  precis  cette  possibility  est  tres  precieuse. 
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Dans  le  cas  d  '  e lec tv'obroches  do  machines- 
out i Is  on  cherche  a  avoir  la  raideur  la 
plus  eleveo  possible  que  1 'on  atteint  on 
augmentant  au  maximum  la  frequence  de 
resonance  tie  l  '  asserv i  r  semen t  . 

Dans  le  cas  de  grosses  machines,  memo  si 
la  frequence  de  resonance  n'est  pas  tres 
elevee,  la  rigidite  import  ante  est  ob to¬ 
nne  grace  a  la  masse. 


Exemnles  de  raideur 


Applications  do  pallors  magnetiques  roalisoos  A  ce  jour 


Volant  d  *  inert  1 o 


lei  il  s' a git  d'un  systoroe  do  restitution 
d*  images  typo  VI/,  IK. 

Sur  le  tambour  ost  fixe  un  film  photo¬ 
graph  iquo.  Co  film  ost  impress  ionno  par 
un  rayon  laser  modulo  par  ios  informations 
numoriquos  on  provenance  dos  satellites 
on  do  bandos  magnet iquos  enrog is trees . 

La  quaiito  do  l1 image,  15  000  l  ignos  ot 
15  000  points  par  ligno  pour  un  format 
;*0  cm  x  ^iO  cm,  tU'Cessito  une  precision 
do  rotation  do  10“6  a  1  1200  tr/mn.  Los 
paliors  magnet iquos  ont  oto  choisis  pour 
lour  faiblo  frottomont  ot  surtout  pour 
la  Constance  do  co  frottomont.  L'assor- 
vissemont  do  vitesso  qui  module  la  ten¬ 
sion  du  mo  tour  permot  d'att«indre  la 
precision  demandeo. 

One  vingtaine  do  materiels  de  ce  type  sont 
act ue l l omont  utilises  dans  le  monde 
(Europe,  Hresil,  Inde,  etc***)  pour  la 
me t eoro l og i e  et  l os  applications  de  de¬ 
tection  dos  rossources  terrestres. 


Pomne  turbomoleculairo 


Cette  image  presento  un  volant  d' inert ie 
realise  pour  une  entrepriso  amoricaine* 
Pour  pilotor  do  gros  satellites  on  a 
besoin  dr  disposer  de  volant  d* inert io  a 
fort  moment  cinetique  (100  Nms  )  .  Ce  mo¬ 
ment  cinetique  (produit  Ioj)  a  inter  et  a 
e t  re  obtenu  aver,  cu  el  eve  et  1  faible, 
chaquo  kg  embarque  coOtant  tres  cher. 

Pour  cel  a  on  a  (level  oppe  une  roue  de 
M  kg  (Ui  beryllium  tournant  a  12  000  t  r/(nn 

Le  palior  magnetiqiie  presento  aussi 
I ' avantaqe  de  fonetionner  dans  le  vide 
et  d'y  avoir  une  grande  fiabillte.  Enfiti 
la  puissance  consommee  a  pie i no  vitesso 
*  st  de  1  *j  Watts,  valour  tout  a  fait  in- 
t  or  os  san  t  o • 


V  I  A _ I  II 


Pompo  a  vide  a  effot  turbomo 1  ecu l a i ro « 
Kotor  vortical  on  alliago  leger  (8  kg) 
tournant  a  30  0(H)  tr/mn  dans  lo  vido* 
Konc t  ionnomont  A  ?.20°C*  Kntratnomonl  par 
convert issour  stat iquo  520  Hz,  l  KVA. 

Interot  du  pa' ior  magnet iquo  :  absence 
total*1  d 1  hydrocarburos  pour  les  applica¬ 
tions  do  spec  t  rograph  i  o  do  mass*'.  Ab¬ 
sence  total o  de  vibrations  (deplacement 
du  carter  inf eriour  a  200  X)  pour  los 
applications  microscopio  e  1  ot  t  roll  i  quo  . 
Augmentation  du  nombro  d'etugos  do  com¬ 
pression,  tie  la  vitesso  do  rotation  cl  1  ou 
plus  grande  vitesso  do  pompugo  ot  plus 
grand  taux  do  compression. 

Co  materiel  est  fabrique  en  serie.  2  50 
equipements  de  ce  type  ont  oto  actuolle- 
ment  vondus. 


Domains  do  la  machine-outil 


Ce  materiel  eat  une  e 1 ectrobroche 
75  000  tr/mn,  5  kW  pour  fraisage  nid 
d'abeilles  ou  roc t if icat ion • 


E 1 ectrobroche  B 
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Electrobroche  B10/1000 


Plan  electrobroche  B10/1000 


Pour  le  fra isage  do  1 'aluminium  a  haute  vitesse  on  a  developpe  une  electrobroche  60  000  tr/mn, 

15  kV,  que  I'on  aperqoit  ici  devant  son  armcire  de  controle.  La  capacity  de  charge  au  nei  de 
broche  est  de  35  daN  dans  toutes  les  directions,  la  raideur  statique  atteint  40  daN/mtcron, 

Sur  le  plan  en  coupe  on  distingue  les  palters  coniques  de  la  machine.  Le  detecteur  axial  est 
situe  pres  de  I'outil  pour  laisser  l'arbro  »e  dilater  1 ibrement  vers  1'arriAre. 

L'outil  est  fixe  par  un  cone  faible  pente  et  une  barre  d(  rappel  Alastlque. 

Le  notour  est  refroidi  par  un  circuit  d'esu  au  stator  et  par  un  balayage  d'air  au  rotor.  Celui- 
ci  pressurise  la  machine  a  0,3  bar  co  qui  assure  aussi  la  protection  contre  les  entrees  do  copeaux 
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Electrobroche  B20/500 


Plan  electrobroche  B20/500 


La  troisieme  electrobroche  standard  appelee  U20/500  a  une  vitesse  nominate  de  30  000  tr/mn  et 
permet  de  monter  des  outils  de  0  30  jusqu'a  100  mm.  La  puissance  disponible  sur  l'arbre  est  de 
20  kV. 

La  coupe  de  la  machine  montre  que  cette  version  utilise  des  pnliers  cyl indriques  et  une  double 
butee.  (.a  charge  maximale  admissible  au  nez  de  broche  est  de  100  daN  dans  toutes  les  directions 
avec  une  rigidite  statique  voisine  de  6odaN/micron  en  radial  et  de  200  daN/micron  en  axial. 


L’attache  de  I'outil  est  une  cdne  SA45- 


Tour  de  precision 


IntArAts  du  palier  magnAtlque  i  grande  liabi¬ 
lity  des  palters,  grande  precision  de  rotation 
Aquilibrage  automatique  du  porte-meule,  dApla- 
ceieni  Alectrique  de  l'axe  pour  uatnage  do 
bombAs.  Machine  en  coura  d'essai  de  qualifi¬ 
cation. 

Maaae  du  rotor  300  kg  plus  la  meule  en 
porte-A-faux. 


\ 


Soufflante  haute  teapArature 


II  a'aglt  ici  d'une  realisation  de  com- 
preaaeur  centrifuge. 

Le  rotor  de  300  kg  tourne  A  1  300  tr/mn 
au-delA  de  sa  troisiAme  Vitesse  critique 
(10  000  tr/mn). 

La  puissance  du  compresseur  utilisant 
8roues  de  compression  est  de  5  000  KW. 


Cette  image  reprAsente  un  tour  de  preci¬ 
sion  pour  l'usinage  de  cylindres  d'im- 
primerie  de  600  A  3  000  kg.  Les  dAtecteura 
des  palters  magnAtiques  qui  sont  cl  amp As 
sur  les  extrAmitAs  du  cylindre  utiliaent 
comma  rAfArence  les  bagues  des  roulements 
des  palters  de  rotatives.  Quelle  que  soit 
la  qualitA  du  montage  des  palters  la  pre¬ 
cision  de  rotation  du  cylindre  eat  voi- 
sine  de  0,5  ,u.  Do  plus,  1 'absence  d'e- 
chauffement  <lu  palier  Avite  la  mise  en 
conicitA  du  cylindre  (vitesse  de  rotation 
200  a  1  500  tr/mn). 

La  simplicitA  de  montage  et  1'efficacitA 
de  la  suspension  magnAtlque  associAes  A 
uii  usinagn  A  l'outil  diamant  ont  permis 
de  rAduire  de  7  heures  A  45  minutes  le 
temps  d'usinage  d'un  cylindre. 


f 


Porte-meule  de  rectification 


cylindre  de  laminoir 


Cette  vue  montre  la  pivoterie  a  palters 
magnAtiques  d'une  soufflante  d'hAlium 
chaiid  real  isAe  avec  des  palters  fonc- 
tionnant  a  4500C. 

Cette  soufflante  eat  montAe  sur  une 
bnucle  d'essais  de  matAriels  fonctionnant 
dans  de  1'hAlium  A  900°C  destinAs  au 
rAaCteur  nuclAaire  allemand  HTR. 

Le  mobile  paae  environ  260  kg  et  tourne 
A  faible  vitesse  1  800  tr/mn. 

L'intArlt  Avidemment  du  palier  magnAtlque 
est  sa  possibilitA  de  fonctionnement  a 
haute  teapArature  par  utilisation  de  bo- 
biuage  A  isolation  thermique. 
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Compresseur  centrifuge  5  MVf-13  OOOtr/mn 
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Le  palier  magnetique  est  pnrticul ierement 
interessant  dans  le  caa  d ' appl icat ions 
machines  tournnntes  moyemies  type  com- 
prosseur . 

L' image  represente  la  coupe  de  ce  quo 
pourrait  6tre  un  compre'iseur  centrifuge. 

C6te  gauche,  c8te  haute  pression,  le  pa¬ 
lter  radial  et  la  butee  sont  directement 
dans  le  gaz  de  process,  dans  les  condi¬ 
tions  de  temperature  et  de  pression. 

Entre  le  palier  et  les  etages  de  compres¬ 
sion  pas  besoin  d ' etanchei t es . 

Cote  basse  pression,  seule  subsiste  l'e- 
tancheite  de  la  sortie  d'arbre. 


Plan  type  de  compresseur 


Los  interots  du  palier  magnetique  dans  ce  typo  d ' appl ica t ion  sont  les  suivants  : 

-  suppression  de  l'huile  et  des  probldmes  qui  s'y  rattachent 

-  suppression  de  certains  etancheites 

-  grar.de  vitesse  de  rotation  pour  des  arbres  trAs  rigides 

-  f ranch issement  also  des  vitesses  critiques 

-  equilibrage  automat ique  done  suppression  des  vibrations  et  des  fatigues  de  structure 

-  surveillance  permanente  de  la  machine,  charge  de  In  butee,  balourd,  etc... 


Table  stabiliser  dans  1’espnce. 

Cette  table  sert  de  support  a  un  cyl  indie 
realisant  le  depAt  de  gelatine  sur  les 
films  photographiques. 

11  etait  done  imperatif  de  disposer  d'un 
materiel  tr£s  bien  decouple  du  sol  et 
pouvant  rcsister  aux  efforts  de  traction 
du  film. 


Table  stabiliser  dans  I'espnce 


L ' asservissement  de  ce 
6  tonnes  utilise  d'une 
sement  do  position  con 
faible  bande  passante 
permet  d'etre  decouple 
sur  le  50  Hz  venant  de 
machines  electriquos  a 
d'autre  part  d'un  a  ise 
l'esprce  par  ntilisnti 
nccel  erometr  iques  si.mt 


tte  table  de 
part  un  nsservis- 
tre  le  sol  a  tres 
(ii  «  3  Hi),  ce  qui 
environ  100  fois 
s  vibrations  des 
proximite  et 
rvissement  contre 
on  de  capteurs 
es  sur  la  table. 
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DISCUSSION 


W.B.Rowe,  Liverpool  Polytechnic,  UK 

Would  you  please  comment  on  the  requirement  for  safety  in  the  case  of  overloading  beyond  the  maximum  design 
load.  This  is  particularly  important  for  a  high  speed  spindle  to  prevent  disastrous  failure. 

Author’s  Reply 

As  safety  device  there  are  first  batteries  (for  5  minutes  or  more)  ant!  against  overload  of  the  maximum  design  load 
there  are  conventional  roller  bearings  specially  designed  to  bear  very  high  loads  with  high  acceleration  for  a  short 
time. 


M.A.H.Sequeira,  Portuguese  Oil  ■  ompar.y,  Po 

The  magnetic  bearing  it  seems  to  be  the  ideal  solution  for  almost  all  problems.  They  don’t  need  lubrication  and  we 
don’t  have  wear  problems,  friction  losses,  etc. 

However,  there  should  be  a  problem  The  Cost.  Do  you  have  any  comparisons  of  costs  of  hydrodynamic  and 

magnetic  bearings? 

Author’s  Reply 

It  is  necessary  to  consider  the  cost  on  an  economical  point  of  view  and  also  not  only  the  product  but  the  whole 
devices  it  is  necessary  to  associate  in  order  to  let  it  run  well  (we  think  of  oil  installations,  safety  devices,  cubicles, 
pipes. . .  for  oil  bearings). 

About  the  cost  itself,  the  price  is  twice  as  much  for  small  machines  (<  1  ton)  and  in  the  same  range  for  bigger 
shafts  (the  biggest  is  the  best  up  to  10  tons  today). 

BUT  as  far  as  working  expenses  are  concerned,  the  energy  we  need  to  let  the  bearings  run  and  to  overcome  the 
“wear"  and  “friction”  is  negligible.  For  example  the  need  for  a  1  ton  rotor  running  10  000  rpm  is  2  kW  (1  kW 
for  friction  at  1  kW  for  the  electronics}  (about  80-100  kW  for  the  same  hydrodynamics  bearings).  Thus  it  is 
possible  even  to  save  up  to  a  few  percents  in  the  efficiency  of  the  machine. 


J.B.Medley.  University  of  Waterloo,  Ca 

Are  you  aware  of  any  work  on  combining  magnetic  effects  with  liquid  lubricant  bearings? 

Author’s  Reply 

Combining  magnetic  effects  with  liquid  lubricated  bearings  at  the  end  of  a  long  shaft  improves  damping  when  passing 
through  critical  speeds. 

Application  is  a  "S2M"  5  ton  bearing  designed  for  a  long  turbogenerator  shaft. 


K.J. Brown,  Ontario  Hydro,  Toronto,  Ca 

Could  you  please  comment  on  the  use  of  those  bearings  in  steam  and  water  and  also  how  the  dynamic 

characteristics  compare  with  cylindrical  and  tilting-pad  journal  bearings. 

Author’s  Reply 

(1 )  Active  magnetic  bearings  “ACTIDYNE”  can  work  in  steam  and  water  only  taking  care  of  oxidation  of  magnetic 
metal  sheets.  In  order  to  avoid  it,  it  is  possible  to  use  stainless  steel  sheets  or  to  protect  stator  polar  surfaces  or 
put  in  a  jacket  containing  the  rotor  and  fluid. 

(2)  Dynamic  characteristics  are  very  good  due  to  the  fact  that  it  is  a  controlled  (electronically )  and  active  (and  no 
reactive)  bearing.  Both  a^es  are  decoupled  and  completely  independently  controlled.  Thanks  to  the  P  1  D 
regulation  there  is  a  very  good  stiffness  and  very  high  damping  coefficient  (enabling  to  pass  through  critical 
speeds).  Furthermore  this  stiffness  is  independent  of  rotation  speed  and  direction. 
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AN  INVESTIGATION  OF  SQUEEZE-FILM  DAMPERS 
IN  FLEXIBLE  SUPPORT  STRUCTURES 

Holmes, R.  and  Dogan,  M. 
University  of  Sussex 
Brighton, U.K.BN1  9QT 


SUMMARY 


Squeeze-film  dampers  are  a  means  of  reducing  vibration  amplitudes  in  rotating-shaft 
assemblies.  Their  efficiency  depends  very  much  on  the  condition  of  the  oil,  which  in 
turn  depends  on  inlet  and  outlet  arrangements,  on  damper  geometry  and  on  the  flexibility 
of  the  rotor  and  surrounding  structure.  The  work  discussed  in  this  paper  concerns  rig 
investigations  in  which  structural  flexibility  is  included  experimentally  and  comparisons 
are  made  between  measured  and  predicted  vibration  results. 

INTRODUCTION 


In  two  previous  papers  (refs.l  and  2) ,  the  performance  of  a  squeeze-film  damper  un¬ 
assisted  by  any  retainer  spring  was  examined  when  interposed  between  a  rigid  rotor  and 
its  rigid  bearing  pedestals.  In  many  gas  turbine  applications,  however,  both  rotor  and 
pedestals  are  flexible,  the  latter  to  the  extent  that  the  first  two  rotor-pedestal  crit¬ 
ical  speeds  are  essentially  bounce  modes,  in  which  the  rotor  does  not  bend  to  any  signifi¬ 
cant  degree.  Instead,  on  increase  in  speed  the  rotor  often  vibrates  first  in  a  symmetric 
and  then  in  an  anti-symmetric  mode,  while  the  pedestals  are  the  only  elements  to  show  any 
appreciable  degree  of  dynamic  deflection.  For  such  systems  a  squeeze-film  damper  inter¬ 
posed  between  one  or  more  of  the  rolling-element  bearings  of  the  rotor  and  the  pedestals 
can  contribute  a  degree  of  damping  which  may  enable  the  passage  of  the  system  tnrough 
such  critical  speeds  without  vibration  becoming  excessive,  and  inhibit  possible  rotational 
instability. 


It  is  not  uncommon  in  gas  turbines  for  the  antisymmetric  mode  of  vibration  to  exhibit 
a  node  near  one  of  the  rolling-element  bearings.  With  such  an  application  in  mind,  a 
test  rig  (fig.l)  was  designed  and  built,  which  afforded  the  investigation  of  the  squeeze- 
film  damper  1  at  one  of  its  two  rolling-element  bearings  2  ,  the  other  bearing  3 

being  of  the  self-aligning  variety.  This  constituted  a  pivot  about  which  an  antisymmetric 
(i.e.  conical)  mode  of  vibration  would  occur,  when  the  rotor  4  was  acted  upon  by  a 
force  arising  from  rotation  of  the  unbalance  mass  5  .  The  test  rig  was  provided  with 
flexible  bars  6  ,  which  simulated  the  pedestal  flexibility  of  an  actual  engine. 
Alternatively,  the  housing  '/  could  be  clamped  by  the  special  clamps  8  to  afford  in¬ 
vestigation  of  the  squeeze-film  damper  alone.  A  heavy  foundation  block  9  was  provided 
which  represented  ground  and  into  which  the  flexible  bars  were  screwed.  Oil  of  21  cp 
viscosity  was  supplied  to  the  damper  via  three  supply  holes  10  and  a  central  circumfer¬ 
ential  groove  (fig. 2) .  End  plates  were  attached  at  the  ends  of  the  outer  element  of  the 
damper  to  afford  some  sealing,  the  extent  of  which  could  be  varied  by  the  insertion  of 
spacing  shims.  The  squeeze-film  dimensions  were  set  by  the  outer  diameter  of  the  rolling 
bearing  (136  mm),  the  damper  land  length  (9  mm)  and  its  radial  clearance  (.216  mm). 


Proximity  vibration  pickups  were  used  to  measure  the  vibration  of  the  shaft  relative 
to  the  pedestal  and  relative  to  ground.  A  pressure  transducer  was  placed  at  a  mid-land 
position  at  the  base  of  the  squeeze  film  to  measure  dynamic  pressure  in  the  oil  under 
operating  conditions  and  a  thermocouple  was  also  provided  there  to  record  oil-film  temper¬ 
ature.  The  presence  of  the  flexible  bars  allowed  convenient  recording  of  transmitted 
force  by  the  provision  of  strain  gauges. 


This  paper  describes  investigations  into  the  performance  of  the  damper  and  a  compar¬ 
ison  of  experimental  findings  with  numerical  predictions.  For  the  latter,  the  numerical 
method  developed  in  reference  (2)  was  used.  This  was  based  on  the  short-bearing  approxi¬ 
mation  applied  to  the  Reynolds  equation  to  describe  the  pressure  field  in  the  squeeze 
film  and  required  the  clearance  between  the  end  plates  and  the  inner  member  of  the  damper 
to  be  wide  enough  to  enable  the  assumption  of  atmospheric  pressure  at  the  ends  of  the 
damper  to  be  used. 


In  reference  (2)  it  was  shown  that  the  independent  parameters  of  the  squeeze-film 
damper  could  be  presented  in  terms  of  three  non-dimensional  groups,  namely 

2 

Q  =  P/mcu 
Qc=  Pc/mcu>2 


and 


6  = 


r 


in  which  P  is  the  static  load,  usually  provided  by  gravity,  which  for  one  land  of  the 
damper  was  147  N,  m  is  the  effective  mass  of  the  rotor  at  each  land  (12.25  kg),  c  is 
the  radial  clearance  in  the  damper  (0.216  mm) ,  R  is  the  radius  of  the  inner  member  of 
the  damper  (68  mm) ,  l  the  damper  land  length  (9  mm)  and  n  the  oil  viscosity  (21  cp) . 
u  is  the  rotational  speed  of  the  shaft  Carrying  the  unbalance  mass,  which  provides  the 
required  dynamic  force,  P  ,  causing  vibration.  An  essential  requirement  in  the  numerical 
computations  is  the  specification  of  a  cavitation  pressure  below  which  the  pressure  field 
is  curtailed.  This  pressure  was  found  experimentally. 
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TESTS  WITH  CLAMPED  HOUSING 

Firstly  a  series  of  tests  was  carried  out  with  the  housing  clamped  and  details  of 
these  are  given  in  Table  1. 

TABLE  1 

Tests  with  housing  clamped 

Qc  Rotor  speed  rev/min 

0.229  4000  4500  5000 

0.642  3000  3400  3750 

As  the  value  of  Qc  was  increased  the  top  speed  of  the  rig  was  successively  reduced  in 
order  to  avoid  excessive  vibration  of  the  rolling -element  bearing  in  the  damper  clearance 
space.  The  value  of  speed  dictated  the  corresponding  values  of  the  non-dimensional  groups 
Q  and  6  and  these  are  given  with  the  appropriate  experimental  recordings  and  numerical 
predictions  shown  later.  An  oil  supply  pressure  of  34.48  KN/m2  (5  lbf/in2)  was  used 
throughout  these  tests  to  avoid  excessive  outflow  from  the  ends  of  the  damper  through  the 
rather  wide  end-plate  clearances  of  1.25  mm.  • 

A  set  of  experimental  vibration  orbits  and  pressure  recordings  is  given  in  figure  3a 
for  Qc  =  0.229.  Fig.  3b  shows  the  corresponding  numerical  predictions.  Each  numerical 
hydro-dynamic  pressure  distribution  was  curtailed  at  its  experimentally-observed  negative 
pressure  limit  before  integration  to  obtain  the  squeeze-film  forces  which  acted  on  the 
rotor  to  produce  the  orbit  of  vibration.  Figures  4a  and  b  show  similar  comparisons  for  a 
higher  value  of  Qc  of  0.642,  and  are  typical  of  many  others. 

Some  significant  general  observations  can  be  made  from  these  comparisons.  In  figure 
3a,  the  general  sizes  and  dispositions  of  the  vibration  orbits  are  well  predicted,  while 
both  the  experimental  and  numerical  recordings  show  a  -eversal  in  position  of  the  sharp 
'tail*  between  4500  and  5000  rev/min.  The  pressure  waveforms  also  show  good  agreement  in 
respect  of  general  shape  and  height.  The  orbits  of  figure  4a  are  quite  well  predicted  in 
general  shape,  size  and  disposition  (even  to  the  extent  of  showing  a  sudden  increase  in 
size  between  3700  and  3750  rev/min) .  Whilst  the  experimental  pressure  waveform  at  3000. 
rev/min  is  fairly  well  predicted,  the  waveform  at  3400  rev/min  does  not  show  such  good 
agreement  in  that  numerical  computations  indicate  a  sharp  positive  pressure  spike,  which 
is  hot  reproduced  experimentally.  It  seems  probable  that  the  slightly  shallower  slopes 
of  the  experimental  vibration  orbits  do  not  give  rise  to  such  pressures,  which  are  very 
sensitive  to  orbit  shape.  An  inspection  of  the  second  experimental  pressure  peak  in  a  \ 
given  cycle  will,  however,  indicate  a  good  comparison  with  the  numerical  prediction, 

TESTS  WITH  FLEXIBLY-MOUNTED  HOUSING 

The  housing  was  now  unclamped,  giving  an  undamped  natural  frequency  of  the  system  of 
about  4500  c/m.  A  series  of  tests  was  carried  out  using  a  Qc  value  of  0.229  at  speeds 
of  3500,  3800,  4200  and  4500  rev/min.  In  addition  to  obtaining  vibration  orbits  of  the 
rotor  relative  to  the  housing,  orbits  of  the  rotor  relative  to  ground  and  polar  diagrams 
of  transmitted  force  were  obtained.  For  such  a  configuration  the  mathematical  model  for 
the  structure  included  the  same  damper  model  as  previously,  together  with  the  stiffness 
of  the  bearing  pedestal,  but  for  speed  of  computation,  neglected  the  relatively  small 
housing  mass  which  was  only  14%  of  the  effective  rotor  mass. 

Comparisons  of  experimental  and  numerically  predicted  orbits  are  shown  xn  figures 
5  a,b  and  indicate  good  agreement.  For  the  case  of  3500  rev/min,  a  distorted  figure 
of  eight  pattern  is  observed  in  both  experimental  and  numerical  recordings.  The  double 
loops  visible  in  the  other  experimental  recordings  persisted  over  the  entire  periods 
of  experimentation  and  those  in  the  numerical  predictions  persisted  up  to  a  non-dimension¬ 
al  time  wt  of  96,  that  is  about  15  revolutions,  when  the  length  of  computing  time  became 
prohibitive.  The  general  sizes,  shapes  and  dispositions  show  good  agreement,  and  the 
size  at  4200  rev/min  is  observed  to  be  larger  than  at  the  undamped  natural  frequency  of 
4500  rev/min.  The  pressure  recordings  of  figure  5b  also  show  fair  agreement  in  shape  and 
size.  Negative  'spikes'  are  evident  in  figure  5a,  indicating  that  the  oil  can  temporarily 
support  tensile  forces.  Such  tensile  forces  have  been  discussed  in  reference  2. 

Turning  now  to  the  vibration  orbits  of  the  rotor  relative  to  ground  (figs.  6a, b) ,  very 
good  agreement  prevails  both  in  size,  shape  and  disposition  and  a  peak  vibration  between 
4200  and  4500  rev/min  is  again  observed.  This  suggests  that  the  squeeze-film  damper  has 
had  some  effect  in  reducing  the  critical  speed  of  the  system.  The  polar  diagrams  of 
total  dynamic  load  transmitted  from  both  lands  snow  striking  agreement  in  many  respects, 
such  as  size,  shape  and  disposition.  In  particular  the  kink  in  each  experimental  polar 
diagram  for  3800,  4200  and  4500  rev/min  is  predicted  by  numerical  computation.  These 
latter  results  give  extra  confidence  in  accepting  the  short  bearing  model  of  reference  2 
for  the  squeeze  film,  albeit  with  a  negative  pressure  curtailed  at  an  experimentally- 
recorded  limit. 

Also  shown  in  figure  6b  are  circles  representing  total  displacements  and  transmitted 
forces  when  no  damper  is  present.  It  can  be  seen  that,  at  the  lower  speeds  the  damper  is 
not  really  beneficial.  However,  at  speeds  approaching  the  critical  speed,  its  benefits 
become  apparent,  especially  at  the  undamped  critical  speed  ox  4500  rev/min  where,  without 
the  damper  the  amplitudes  of  vibration  and  transmitted  force  v ould  theoretically  be 
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Fig  3b  Numerical  orbits  and  pressures,  Qc  =  0  229 
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Fig  4a:  Experimental  orbits  and  pressure  recordings  ( 1  cm  -  177psi  =  IZZOkN/'n2 )  Qc  -  0- 642 
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Fig  5b  Numericul  nrhits  and  pressures  ,  Qr  -  0  229 
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Fill  6ii  Lxpetiinpnlul  orbits  relative  to  y round  and  polar  load  diagrams  Qc  =  0  229 
(1  cm  =  0 . 65mm  and  1  cm  -  1290  N) 
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Fig.  6b  Numerical  orbits  and  loads  ,  Qc  =  0229 
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CONCLUSIONS 

Continuing  on  from  experience  gained  on  test  rigs  involving  open-ended  squeeze- 
film  dampers  interposed  between  rigid  rotors  and  rigid  bearing  pedestals  (refs. 1,2), 
this  paper  has  described  experimental  and  numerical  work  on  weakly-sealed  dampers 
with  flexible  pedestals.  Good  agreement  has  been  observed  between  experimental  ob¬ 
servations  and  numerical  predictions  over  a  wide  range  of  operating  parameters.  These 
observations-  Included  vibration  of  rotor  relative  to  bearing  housing  and  relative  to 
ground,  dynamic  pressure  in  the  squeeze-film  damper  and  transmitted  force  to  ground.  The 
work  shows  that,  given  the  correct  interpretation  of  boundary  conditions  in  the  damper, 
reliance  can  be  placed  on  a  mathematical  model  incorporating  the  short-bearing  approxi¬ 
mation.  The  benefits  of  such  a  damper  can  also  be  readily  seen. 

This  work  will  shortly  be  extended  to  include  the  effect  on  the  damper  of  tighter 
sealing  and  the  use  of  higher  supply  pressures  and  very  low  oil  viscosities,  in  keeping 
with  present-day  operational  practice  with  gas  turbines. 
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DISCUSSION 


M.Vermeulen,  State  University  of  Gent,  Be 

Is  the  orbit  influenced  by  the  “short-time”  absences  of  the  negative  pressures? 

Would  it  be  interesting  to  use  some  restrictors  in  the  feed  lines  to  the  oil  film? 

(The  use  of  restrictors  would  transfer  to  a  kind  of  hydrostatic  bearing  so  that  the  orbit  will  always  be  around  the 
centre  (even  in  tilted  and  vertical  position),) 

Author’s  Reply 

The  non  periodic  nature  of  the  pressure  waveform  did  not  appear  to  cause  a  change  in  the  orbit  size  or  shape. 

I  agree  that  restrictors  may  prove  to  be  beneficial  if  the  extra  hardware  could  be  accommodated, 


V.Bruno,  Pratt  &  Whitney,  Ca 

(1)  Would  the  dynamic  behaviour  of  a  vertical  shaft  be  different  from  the  horizontal? 

(2)  If  so  do  you  envisage  the  need  for  adjustable  conditions  of  the  oil  supply  on  rotors  subject  to  tilting  maneuvers 
or  “G"  loads  of  various  amplitude  and  direction? 

Author’s  Reply 

(1 )  The  damping  behaviour  would  be  drastically  altered  by  virtue  of  the  change  in  the  static-load  parameter 
P/mccoJ,  mentioned  on  page  3 1-1 , 

(2)  While  adjustable  conditions  may  be  beneficial  in  reducing  vibration  the  extra  complexity  of  hardware  may  be 
difficult  to  justify. 


Paul  Y.Kim,  NRC,  C« 

(1)  You  mentioned  that  the  bar  was  locked  so  that  only  the  squeeze  film  was  activated.  Could  you  please  describe 
how  you  locked  your  bar? 

(2)  What  was  the  critical  speed  of  the  rotor?  and  what  was  natural  frequency  of  your  support  system? 

(3)  Your  orbit  seemed  to  be  very  clear.  Did  you  use  any  filter?  If  so,  what  kind  of  filters  or  probes  did  you  use? 

Author’s  Reply 

I  would  like  to  thank  all  the  contributors  for  their  interest  in  our  work. 

In  answer  to  the  questions  of  Mr  Kim: 

(1)  The  housing  and  bars  were  locked  by  the  special  clamps  (8)  in  Figure  1,  which  were  slid  up  around  the  housing 
(7). 

(2)  The  undamped  critical  speed  of  the  rotor  and  support  system  was  4500  rev/min,  with  some  evidence  of  a  slight 
reduction  for  certain  operating  conditions. 

(3)  No  filters  were  needed  to  ensure  the  very  clear  orbits.  The  probes  used  were  capacitive  and  manufactured  by 
Wayne-Kerr  in  the  UK. 


B.Courage,  Rolls  Royce,  Bristol,  UK 

Your  tests  with  the  bearing  housing  fixed  in  the  rigid  mode  indicate  a  large  orbit  and  presumably  large  transmitted 
locus  at  3750  RPM.  This  implies  that  such  a  squeeze  film  can  introduce  an  instability  or  resonance  at  a  condition 
that  would  be  stable  without  the  film.  Can  a  simple  parameter  be  suggested  to  predict  this  particular  phenomena 
and  thereby  avoid  it? 

Author’s  Reply 

It  should  be  emphasized  that  since  this  apparent  resonance  is  recorded  when  the  housing  is  damped,  we  do  not  have 
a  realistic  engine  configuration.  However,  it  is  an  important  observation  and  it  should  be  possible  to  predict  when 
this  will  occur.  We  are  at  present  conducting  such  an  investigation,  and  it  may  be  that  some  form  of  jump-up 
phenomena  is  manifesting  itself. 


W.B.Rowe,  Liverpool  Polytechnic,  UK 

A.  Are  restrictors  used  for  the  purposes  of  either: 

( 1 )  Feed  of  cooling  oil  from  the  squeeze  film  recesses  to  the  rolling  bearing. 

(2)  Supply  of  oil  from  the  supply  to  the  squeeze  film  recesses. 

B.  And  would  such  restrictors  be  taken  into  account  in  the  calculation  of  damping  in  the  bearing  system? 


C.  Hus  there  been  any  investigation  of  the  employment  of  oil-fed  and/or  unposted  recesses  to  promote  lift-off 
in  the  uncentralizcd  squeeze  film  configuration? 

Author’s  Reply 

A.  At  tile  present  time  restrictors  or  recesses  are  not  used  to  the  author’s  knowledge  for  feeding  rolling-element 
or  squeeze-film  bearings  in  aircraft  gas-turbine  engines.  This  is  probably  because  the  first  priorities  tend  to  be 
simplicity  and  reliability.  However,  a  feasibility  study  would  be  of  considerable  interest. 

B.  If  such  a  bearing  design  were  used  then  its  dumping  would  certainly  be  affected  and  would  have  to  be  taken 
into  account  in  predicting  engine  vibration. 

C.  To  the  author's  knowledge  no  such  investigation  has  been  carried  out. 


SQUEEZE-FILM  BEARING  SUPPORT  ANALYSIS 
by 

Prof.  F.A.P.  Da  Silva 
CEMUL 

Avenidt  Rovlsco  Pals 
Lisbon  1096,  Portugal 

SUMMARY 

Squeeze  film  bearings  operata  on  high  frequancy  vibration  of  one  the  bearing  surfaces. Tha 
1 1 me-ave raged  p rassu r I ta 1 1  on  affect  Is  mainly  due  to  the  compressibility  of  the  gas  film 
and  this  degree  of  p ressu r  I  sa 1 1  on  depends  on  tha  amplitude  and  frequency  of  oscillation 
of  the  moving  surface.  If  this  supporting  surface  la  sufficiently  flexible,  the  amplitude 
of  vibration  Is  not  uniform,  An  Investigation  on  the  affect  of  this  non-unlformlty  on  the 
performance  of  the  squeeze  film  Is  presented.  The  characteristics  of  the  supporting  member 
are  demonstrated  to  be  critical  as  they  dictated  the  frequency  of  operation  at  low  Input 
power.  Cases  considered  respect  discs  and  conical  shapes.  For  discs  a  particular  parameter 
the  ratio  between  tfie  Inner  and  the  outer  edges,  is  analysed. 

1  INTRODUCTION 

Squeeze  film  bearings  cannot  be  considered  as  well  estebllshed,  even  though  work  on  the 
last  fifteen  years.  The  first  reference  to  gas  squeeze  films  Is  due  to  Tlpel  In  1954  (1). 
Later  contributions  referlng  to  theoretical  work  and  practical  applications  have  been 
produced  by  Langlois  (2)  Salbu  (3)  and  Pan  (4,5,6).  Another  research  team,  Beck  and 
Strodman  (7,8)  also  studied  and  provided  theoretical  conclusions  on  the  Influence  of  some 
parameters.  Finally  Cooke  (9)  presented  a  full  discussion  on  the  Inclusion  of  grooves. 
However  apart  from  a  work  from  Huxley  (10)  no  effort  has  been  shown  to  relate  the  actual 
behaviour  of  the  supporting  member  with  the  efficiency  of  this  type  of  bearing. 

2  SQUEEZE  FILM  BEARING  COMPONENTS 

A  simple  model  for  the  parameters  Involved  can  be  Idealised  as  shown  In  Fig,  1  where  the 
dotted  lines  mean  an  Ideal  boundary  from  which  the  supported  member  and  the  electric 
power  supply  are  both  excluded.  In  Fig  .  2  It  Is  shown  an  actual  arrangement  for  a  conical 
squeeze  film  bearing,  which  has  been  used  In  experiments  described  later.  The  most 
Important  elements  are  basically  three: 

-  The  electromechanical  transducer, 

-  The  supporting  member  that  Includes  the  bearing  shape  and  any  existing  attachments  to 
the  electromechanical  transducer 

-  The  fluid 

2.1  The  P I ezoo 1 ec t r I c  Transducer 

The  squeeze  film  bearing  pressure  effect  relies  on  the  high  frequency  oscllla.lon  of  the 
supporting  member.  For  this  purpose  a  magnetic  device  was  used  in  first  applications  but 
It  was  soon  realised  that  piezoelectric  ceramics  were  most  suitable,  because  of  the  small 
weight  and  size,  small  power  consumption,  good  temperature  stability,  low  Internal  power 
losses  and  availability  In  several  sizes  and  shapes.  The  only  major  inconvenience  of 
piezoelectric  ceramics  Is  their  mechanical  Instability,  wlch  causes  small  changes  of  the 
ceramic  shape  and  partial  loss  cf  some  of  their  properties  with  time. 

The  two  major  parameters  ••  jsoclated  with  the  ceramics  are  the  type  of  ceramic 
(composition)  and  Its  shape.  Materials  that  are  currently  In  use  are  compositions  of  lead 
zl rconl te-barlum  tltanate,  commercially  produced  by  the  Clevlte  Company,  Mullard  and 
Philips. 

The  usual  shapes  for  the  piezoelectric  ceramics  are  the  simple  disc  for  thrust  bearings 
and  the  cylinder  for  the  Journal  bearings.  Cylindrical  shapes  require  accurate  tolerances 
and  surface  finish  as  they  act  directly  as  the  supporting  member.  This  means  that  :he  film 
thickness  Is  directly  dictated  by  the  vibrational  modes  of  the  ceramic. 

2.2  The  Supporting  Member 

The  mechanical  expansion  produced  by  the  ceramic  must  usually  be  applied  to  a  metallic 
shell  acting  as  a  moving  member  with  the  exception  already  mentioned. 

Popular  shapes  have  been  simple  discs,  conical  and  spherical  shapes,  these  prorldlng 
radial  as  axial  support.  Conical  shapes  are  eastear  to  produce  than  the  spherical  oves 
and  ave  a  promising  design  In  practical  applications. 

2.3  The  Fluid 

The  lubricant  fluid,  In  this  case  air,  exist  between  the  two  bearing  surfaces.  Its 
behaviour  Is  Influenced  by  the  clearance  and  the  load  of  the  supported  member,  and  the 
motion  of  the  supporting  member  that  undergoes  vibrational  motion. 

It  dictates  the  main  result  of  Interest:  the  load  capacity  of  the  bearing. 

3  EXPERIMENTAL  DATA 

Most  authors  assumed  a  rigid  motion  for  the  supporting  member  originating  equal 
displacements  along  the  bearing  axis.  Huxley  (lO)verlfled  that  It  was  not  so  with 
experiments  both  In  conical  and  spherical  bearings. 

This  brought  up  the  question  of  the  effect  of  the  Increased  values  of  amplitude  verified 
near  the  edge  of  these  shapes.  It  Is  the  Investigation  of  this  Influence  that  will  be  now 
summa  r I sed : 
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3.1  Ceramic  Characteristics 

A  dynamical  model  of  the  bearing  is  shown  In  fig.  3  where  the  behaviour  of  the  ceramic 
Is  that  of  a  spring  of  equivalent  stiffness  Kc •  Experiments  were  carried  out  to  obtain 
the  resonant  frequency  of  the  ceramic  measuring  Its  output  signal  with  an  applied  sinusoidal 
force.  A  value  of  Kc  of  7<73  x  1010  dynes/cm  was  obtained,  much  smaller  than  that 
predicted  from  the  ceramic  typical  data,  2.28  x  1 0 1 4  dynes  /cm. 

3.2  Conical  bearing  modal  shapes  and  load  capacity 

An  optical,  non  contacting  device  was  used  to  measure  the  amplitudes  of  vibration  along 
a  generator.  A  typical  station  plot  -  fig. 4  -  shows  that  the  frequency  of  resonance 

was  18  550  Ha  with  amplitudes  decreasing  considerably,  in  the  range  of  ±  200  Hz.  At  the 
primary  aim  of  this  study  was  the  determination  of  the  Influence  of  this  elastic  effect 
on  the  perfomance  of  the  bearing  axial  load  measurements  were  alto  made,  for  this  purpose 
an  externally  pressurized  thrust  gas  bearing  was  brllt.  Slmultaneote  lift  reaalngt  were 
also  recorded  by  means  of  a  wayne-kerr  capacitance  probe,  for  the  low  Imput  power  to  the 
bearing  It  was  noticed  a  very  sharp  working  frequency  band,  (about  i  Hz)  around  18,596  Hz. 
The  measured  valves  of  film  mean  gap,  load  capacity  and  voltage  applied  to  the 
piezoelectric  ceramic  are  presented  In  fig.  5. 

3.3  Disc  bearing  experiments 

Considering  the  close  relationship  between  the  resonant  and  lifting  frequencies  further 
experiments  were  conducted  with  disc  shapes.  Whilst  this  shape  Is  of  reduced  Interest  In 
application  considerable  simplicity  of  manufacture  with  convenient  surface  finish  control 
was  a  strong  reason  for  Its  use. 

Because  It  was  Interesting  to  obtain  considerable  variation  of  the  frequency  of  resonance 
without  change  of  shape,  dimensions  or  masses  three  different  specimen  were  used  for 
amplitude  measurements,  as  shown  In  fig.  6,  the  only  change  consisted  of  a  variation  of 
the  size  of  the  small  cylinder  Joining  the  supporting  member  to  the  base  and  designated 
by  neck.  The  neck  size  Is  characterised  In  this  study  by  the  ratio  of  Its  radius,  r jj ,  to 
the  bearing  radius,  r#,  and  designated  ns  neck  coefficient.  Amplitude  measurements  were 
carried  out  with  mild  steel  discs.  The  frequency  of  resonance  for  three  cases  Is  shown  In 
the  following  Tabe  I  _ _ 


Neck 

Coof f Ic 1  ant 

FREQUENCY 

_ (t'P'O _ 

Resonance 

Lifting 

.2 

4002 

4125 

.4 

6176 

6260 

.5 

8567 

no  lift 

TABLE  1 

the  neck  coefficient  values  were  arbitrary  choosen,  but  It  Is  evident  the  considerable 
stlffennlng  affect  as  this  ratio  Increases. 

Lifting  frequencies  were  recorded  and  also  Included  In  Table  1. 

The  disc  with  neck  coef f I c I en t . 5  didn't  provide  lift  at  any  load  but  the  two  other  cases 
show  that  resonant  frequencies  and  lifting  frequencies  are  closely  related. 

The  mean  gap  was  also  measured  for  various  power  Input  values  and  applied  loads,  as 
Indicated  In  Table  2. 

4.  THEORETICAL  APPROACH 

4 , 1  Con  I  ca 1  Bea  rings 

Pull  practical  use  If  the  previous  findings  depend  on  ability  to  predict  the  exact  resonance 
frequencies  of  the  refered  bearing  shapes. 

For  conical  bearings  two  types  of  vibrations  usually  occur.  The  Inextenslonal  vibrations 
also  called  flexural  vibrations  with  modal  shapes  having  nodal  lines  coincident  with  the 
genet  a  tors. When  the  middle  surface  of  the  shell  undergoes  extension  the  vibrations  are 
called  extens I ona I . 

The  solutions  of  equations  of  motion  for  the  combined  extenslonal  and  Inextenslonal 
vibrations  have  been  first  studied  bySaunders  at  al  (11).  The  theory  was  later  develloped 
by  Plates  (12),  with  the  origination  of  a  set  of  six  equations  governing  the  displacement 
of  a  point  on  the  case  middle  plane.  Integration  can  be  performed  using  a  procedure  by 
GoMberg  and  others  (1 3)  .  A  sliding  -  free  edge  condition  was  assumed. The  receptance  curve 
obtained  shows  that  the  predicted  resonant  frequency  should  occur  at  17.700  Hz.  The 
relative  error  between  this  and  the  actual  value  being  4,581. 
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k.  2  Disc  Bearings 

for  this  case  and  because  the  modal  shapes  can  be  easily  calculated  using  the  theory 
develloped  by  Me  Leod  (Ik),  a  compcrlson  between  the  experimental  values  of  3.3  and 
predicted  load  capacity  was  performed , F  I  g  .  7* 

To  obtain  the  load  capacity,  W,  from  the  Instantaneous  load  capacity,  W.  t,  an 
Integration  In  time  must  be  made.  As  the  instantaneous  pressure,  p,  vari8lTwlth  the  disc 
radius  the  value  of  Wj  Is  obtained  according  to  (I): 


W, 


-  /  2  ir  p  r  d  r 


O) 


Inst  o 

Where  p  Is  the  actual  pressure  value  at  a  distance  from  the  disc  center,  r, 
the  radius  at  the  bearing  (disc)  outer  edge. 

Defining  a  nond I  mens  I ona 1  Instantaneous  load  capacity,  W*. 

W 

Inst  _ 

Atmospher  I  c  load  pressure  irpa 

then , 


I  sn  t ' 


W* 

w  I  n  s  t 
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Inst 


(2) 


and  rfl  Is 
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u* 
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w* 

"  I  sn  t 


V’a 


J-  /a 
rl  » 


p  r  d  r 


Defining  a  nond I  mens  I ona 1  pressure  as 


-6-r  dr 

P  = 


(3) 


(k) 


■»  -2-  and  the  nond  I  men  s  1  ona  1  coordinate 

P* 


w* 

w  I  snt 


2  /  P  R  dR 


(5) 


The  time  average  of  WT  for  one  clcle  of  plate  motion  represents  the  nond  i  men s I ona 1 
load  capacity  of  the  belring,  W* .  Using  also  the  nond I  mens  I oa n 1  variable  T  »  ut,w  being 
the  supporting  member,  and  integrating  for  one  cycle: 


W* 


In  terms  of  the  actual  load,  W: 

W  «=  W*  ir  p 
The  usable  load  capacity,  w  ,  being: 


h  C  WTnst  dT 


r  2 
a  a 


(«i) 


(7) 


Wu  -  W  -  it  par|  •  (W*  -  1)  ir  pa  r*  (8) 

The  curves  relating  Wy  with  Ho*  »  i-1  are  shown  In  Fig. 8 

9 

5  .  Cone  1  us  Ions 

From  the  Fig. 8  the  following  conclusions  can  be  drawn: 

i  -  If  the  load  has  an  imposed  value,  which  means  that  the  value  or  W*  is  fixed,  instead 
of  h0  ,  It  Is  possible  to  conclude  that  the  disc  with  0 . A  neck  coefficient  ratio  will 
give  the  higher  lift,  i.e.,  the  higher  clearance  between  the  bearing  members.  This  Is 
caused  by  the  higher  amplitudes  of  vibration  for  this  particular  neck  coefficient  which 
produce  higher  values  of  the  excursion  ratio,  c. 

II  -  Comparing  now  the  behaviour  of  the  two  other  cases,  discs  with  coefficient  .5  and 
coefficient  .2,  whilst  the  first  case  presents  slightly  higher  amplitudes  and  therefore 
higher  excursion  ratio  values,  the  behaviour  of  the  .5  case  is  better  from  this  point  of 
view.  The  only  explanation  for  this  fact  Is  the  higher  working  frequency. 

ill  -  The  experimental  values  of  the  load  capacity,  denoted  by  small  triangles  In  Fig. 

7-33,  are  lower  than  the  theoretical  ones  for  the  same  bearing  clearance.  One  reason  for 
this  fact  could  be  the  damping  effect  of  the  air  film  on  the  disc  amplitudes.  Because 
the  film  thickness  for  the  load  capacity  calculation  is  derived  from  the  disc  modal 
shapes,  without  the  air  film,  and  therefore  the  excursion  ratio  values  result  overestimated. 
This  fact  originates  a  higher  load  capacity  than  the  actual  one. 
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FIG.  1 


Key  for  the  figure: 

1.  Lower  (supporting)  member. 

2.  Upper  (supported)  member. 

3.  Supporting  member  base. 

4.  Element  symmetric  to  (1). 

5.  Element  symmetric  to  (3). 

6.  Piezoelectric  ceramic  crystal 

7 .  Fixing  bol  vs  . 

8.  Standing  base  (cylinder). 

9.  Connecting  leads. 

10.  Bearing  fixing  bolts. 
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SUMMARY 


Previous  investigations  at  Cranfield  have  shown  that  the 
uncentralized  squeeze-film  damper,  employed  to  support  either 
rigid  or  flexible  rotors,  can  be  a  very  effective  means  of 
inhibiting  the  transmission  of  vibratory  forces  into  the  sur¬ 
rounding  structure.  These  earlier  studies  also  indicated  that 
the  performance  of  the  squeeze-film  damper  could  be  optimised 
in  terms  of  non-dimensional  parameters  which  contained  the 
basic  bearing  voriables  such  as,  land-length,  radial  clearance, 
fluid  viscosity,  unbalance,  etc. 

In  the  present  report  a  shaft-disc  system  somewhat  closer 
to  a  practical  gas-turbine  is  considered.  This  model  includes 
a  disc  (turbine)  supported  non-centrally  between  two  squeeze- 
film  damper  bearings,  and  an  overhung  (fan)  disc.  The  results 
included  in  this  report  again  indicate  that  che  forces  trans¬ 
mitted  into  the  support  structure  can  be  drastically  reduced 
if  a  correct  combination  of  damper  parameters  is  chosen.  Also, 
this  investigation  would  appear  to  indicate  that  the  design  of 
squeeze-film  damper  commonly  used  by  U.K.  engine  designers 
(uncentralized) ,  is  almost  always  more  efficient,  and  never  less 
efficient,  than  the  squirrel-caged  design  usually  employed  in 
U.S.  engines. 
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INTRODUCTION 

The  life,  reliability  and  general  mechanical  integrity  of  gas  turbines  can  be 
seriously  reduced  by  the  presence  of  mechanical  vibration.  Mechanical  vibration  in  this 
relatively  flimsy  structure  can  arise  from  several  sources,  for  example,  engine  order 
excitations  of  discs  and  blades.  However,  one  very  serious  source  of  vibration  is  the 
synchronous  excitation  produced  by  unbalance,  present  to  some  degree  in  all  engines,  but 
aggravated  in  service  engines  by  thermal  distortion  (bowing)  and  material  loss.  Unbalance 
in  this  form  can  produce  at  one  extreme  rough-running  of  the  engine  at  relatively  low 
speeds,  and  at  the  other  it  can  lead  to  a  considerable  increase  in  the  amplitude  of  the 
forces  which  are  transmitted  into  the  surrounding  structure  when  the  engine  approaches, 
or  passes  through  a  critical  speed. 

One  method  for  reducing  the  effect  of  vibration  in  the  gas-turbine  is  the  inclusion 
of  squeez  film  dampers,  as  proposed  by  Cooper  (1),  in  its  design.  A  squeeze-film  damper 
can  be  simply  an  annular  fluid-filled  space  surrounding  the  outer  race  of  a  rolling- 
contact  bearing  (see  Figure  1) .  The  radial  clearance  between  the  rolling-contact  bearing 
and  the  bearing  housing  is  usually  of  the  order  of  0.10mm  to  0.25mm  (0.004in  to  O.OlOin) , 
and  the  fluid  within  the  clearance  annulus  is  the  oil  employed  in  lubricating  the  rolling- 
contact  bearing.  The  outer  race  of  the  rolling  contact  bearing  is  not  usually  allowed 
to  rotate  within  the  clearance  circle,  although  in  practice  it  will  only  rotate  very 
slowly  if  unrestrained.  However,  it  can  move  with  fixed  coordinates  (orbit)  within  this 
space  and  it  is  this  movement  which  produces  the  squeeze-film  from  which  the  device  gets 
its  name. 

In  most  squeeze-film  dampers  oil  is  pressure  fed  into  the  annular  groove  shown  in 
Fig.  1  and  allowed  to  flow  axially  across  the  two  symmetric  bearing  surfaces  (lands). 

In  many  designs  side-plates  are  fitted  as  flow  restrictors  and  crude  assumptions  made 
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concerning  the  positioning  of  the  bearing  between  the  two  side-plates.  Even  from  the 
brief  description  included  here,  a  number  of  design  variables  become  apparent,  for 
example,  radial  clearance,  land  width,  inlet  pressure,  oil  viscosity,  side-plate  clearance 
etc.  However,  the  most  significant  variation  in  design  exists  between  those  squeeze-film 
dampers  where  the  outer  race  of  the  rolling-contact  is  held  centrally  within  the  clearance 
circle,  and  those  where  it  is  assumed  to  fall  to  the  bottom  of  the  clearance  circle  until 
the  unbalance  forces  become  large  enough  to  lift  off  and  bring  the  squeeze-film  effect 
into  play.  In  this  paper,  where  a  comparison  is  made  between  the  effectiveness  of  these 
two  forms  of  squeeze-film  damper,  the  terms  "centralized"  and  "uncentralized"  are  used 
to  describe  them.  Fig.  1  illustrates  these  two  design  forms. 

CANTILEVER  CENTRALIZING 

SPRING  (SQUIRREL-CAGE  I  OIL  FEED 


SIDE- PLATE 


OUTER 


INNER 


(a)  CENTRALIZED  VERSION  (b)  UNCENTRALIZED  VERSION 


FIG.  1  Centralized  and  Unoent.  rail  zed  Squeeze-Film  Dampers 

It  should  be  pointed  out  that  the  centralized  squeeze-film  damper,  that  is,  the 
version  where  tho  bearing  is  held  centrally  by  means  of  preloaded  cantilevers  (usually 
in  the  form  of  a  squirrel-cage),  is  attempting  to  perform  two  functions.  Firstly,  the 
obvious  reduction  in  vibration  amplitude,  and  secondly  "tuning''  of  the  critical  speed  by 
varying  the  support  stiffness.  This  centralized  design  is  that  usually  employed  by  gas- 
turbine  manufacturers  in  the  U.S.A.  (G.E.,  Pratt  and  Witney  etc). 

The  uncentralized  squeeze-film  damper  design  is  that  usually  employed  in  the  U.K. 
(Rolls-Royce) ,  and  while  it  lacks  the  capability  of  varying  the  rotor  critical  speed,  so 
that  it  can  be  moved  (presumably)  to  some  less  sensitive  sector  of  the  operating  speed 
range,  it  does  lead  to  a  simpler  (cheaper)  design,  with  a  saving  in  space  and  the  elimina¬ 
tion  of  the  possibility  of  fatigue  failure  at  the  squirrel-cage  support. 

It  is  almost  certainly  this  emphasis  in  the  U.S.A.  on  the  centralized  squeeze-film 
damper  design,  which  led  to  the  concentration  by  previous  researchers  (for  example  (2) , 

(3)  and  (4))  on  the  case  where  rotor  excursions  would  always  take  the  form  of  a  circular 
orbit  around  the  equilibrium  position.  However,  an  investigation  into  the  effectiveness 
of  uncentralized  squeeze-film  dampers  was  begun  at  Cranfield  and  some  results  published 
in  (5) ,  (6)  and  (7) .  This  previous  work  at  Cranfield  showed  that  the  uncentralized 
squeeze-film  damper  is  an  effective  means  of  reducing  the  vibratory  forces  transmitted 
to  the  structure  surrounding  an  unbalanced  rotor.  Similarly,  it  was  shown  that  the 
effectiveness  of  the  device  is  a  function  of  the  design  variables  such  as  radial  clearance, 
land-width,  fluid  viscosity  etc.,  that  these  properties  can  be  grouped  together  in  non- 
dimensior.al  form  (bearing  parameter  B,  gravity  parameter  W  etc.),  and  that  values  for 
these  non-dimensional  groupings  can  be  chosen  so  as  to  produce  a  high  (if  not  optimum) 
squeeze-film  damper  performance. 

For  the  work  reported  in  references  (5),  (6)  and  (7)  a  simple  two-bearing  flexible 
shaft  configuration,  with  a  single  centrally  supported  disc,  was  chosen.  The  results 
obtained  with  the  aid  of  this  simple  rotor  system  indicated  that  uncentralized  squeeze- 
film  dampers  could  produce  a  significant  reduction  in  the  vibration  amplitude,  and  that 
the  greatest  reductions  were  obtained  when  the  bearing  parameter  B  was  about  0.1  and  the 
gravity  parameter  W  was  about  0.05.  In  view  of  the  elementary  nature  of  the  rotor  model 
previously  used,  doubts  must  be  raised  concerning  the  applicability  of  these  results  to 
a  model  which  is  more  representative  of  a  real  gas-turbine.  For  example,  the  values  of 
the  bearing  and  gravity  parameters  for  optimum  squeeze-film  damper  performance  may  not  be 
the  same  as  those  previously  determined,  indeed  there  may  not  be  a  single  value  for  these 
two  parameters  for  optimum  performance  over  the  complete  practical  speed  range. 

As  an  extension  of  the  research  published  in  (5  to  7)  a  more  representative  experi¬ 
mental  rig  has  been  constructed  and  is  currently  under  investigation.  A  theoretical 
model  of  this  more  advanced  rig,  which  includes  an  overhung  rotor  (fan  disc)  and  a  second 
rotor  (turbine)  positioned  non-centrally  between  two  squeeze-film  damper  bearings,  is 
shown  in  Fig.  2  .  Both  of  the  bearings  are  attached  to  earth  by  means  of  springs  intended 
to  represent  the  stiffness  of  the  supporting  gas-turbine  structure.  A  theoretical  investi¬ 
gation  of  the  vibratory  characteristics  of  the  model  illustrated  in  Fig.  2  has  been  repor¬ 
ted  in  (8). 
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FIG.  2 
THEORY 


Nine-mass  Theoretical  Model  of  Rotor  System  with  Uncentralized  Squeeze-Film 
Dampers 


From  Fig.  2  it  can  be  seen  that  the  two-disc  uncentralised  squeeze-film  damper 
system,  which  has  been  made  the  subject  of  our  experimental  investigations,  is  repres¬ 
ented  by  a  nine-mass  theoretical  model.  Naturally,  since  a  practical  system  could  be 
considered  to  be  made  up  of  an  infinite  number  of  individual  masses ,  it  is  to  be  expected 
that  the  accuracy  of  the  results  obtained  from  a  particular  model  would  improve  with  the 
number  of  lumped-masses  included  in  that  model.  However,  there  is  obviously  a  practical 
limitation  to  the  complexity  of  any  assumed  theoretical  model,  and  in  the  computer  time 
available  fer  obtaining  a  solution.  Some  trial  calculations  based  upon  a  simpler  six- 
mass  model  have  been  made  and,  from  the  limited  evidence  available,  it  would  appear  that 
the  results  obtained  from  such  a  model  are  not  far  removed  from  those  reported  here. 


Masses  m,  and  m,  in  Fig.  2  represent  the  overhung  and  inboard  discs  respectively, 
whilst  masses  m j,s and  m5  are  lumped  shaft  masses.  Masses  m,  and  m»  represent  the 
squeeze-film  housing  masses.  These  latter  masses  are  earthed  through  springs  of  stiffness 
a  and  t  which  represent  the  stiffness  of  the  machine  supporting  structure. 

For  the  analysis  reported  here  it  has  been  assumed  that  only  discs  m,  and  m„  will 
an  gyroscopic  effect,  that  rotor  motion  in  the  axial  direction  is  negli- 

gible  and  that  all  vibratory  amplitudes  are  relatively  small,  it  has  also  been  possible 
to  include  the  effect  of  journal  misalignment  on  the  oil-film  forces  produced  in  the 
squeeze-film  dampers,  by  means  of  a  procedure  reported  in  C*) , 

lowinghformUati°nS  °f  m°tion  for  the  shaft  supported  masses  can  be  expressed  in  the  fo.l.- 
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Similarly,  the  aquations  of  motion  for  tha  bearing-related  masaaa  mi  to  m«  can  be 
expressed  as  follows: 
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FIG.  3  Nine-Mass  Theoretical  Model  of  Rotor  System  with 
Centralized(Squirrel-Caged) Squeeze-Film  Dampers 


If  centralizing  springs  (squirrel-cages)  are  included  in  the  structure,  as  is  the 
case  in  most  of  the  aero-engines  produced  in  the  U.S.,  the  system  can  be  represented  by 
Fig.  3.  Similarly,  equations  3  to  10  should  be  modified  as  follows.  For  the  centralized 
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And 

for  i  -  2,3 

, and  5  the  generalised  force  terms  are  given  as 
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*-*siXi  “ 

5dinxi 
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■-Rti6yi 

R?i 

--Rti6xi 

It  is  clear  that  the  oil  fluid-film  forces  FXj , F  and  Fx?,  f  ,  occurring  at  supports 
8  and  9  respectively,  are  of  considerable  importance  in  determining  the  dynamic  performance 
of  a  rotor  system  which  includes  squeeze-film  damper  bearings.  By  the  same  token  it  is 
clear  that  the  calculated  values  of  these  forces  (in  the  absence  of  experimental  results) 
will  depend  to  a  great  extent  upon  the  fluid-film  model  adopted.  In  this  report  the 
ir-film  model  has  been  chosen,  although  there  is  some  evidence  that  this  is  not  the  most 
accurate  model.  It  is  proposed  to  publish  a  comparison  of  the  results  obtained  from  a 
number  of  film  models  at  a  later  time. 

In  practice  the  effectiveness  of  a  squeeze-film  damper  bearing  is  assessed  in  terms 
of  its  ability  to  reduce  the  amplitude  of  the  vibratory  forces  transmitted  from  the  rotor 
to  the  surrounding  structure,  in  the  same  way  the  definition  of  squeeze-film  damper 
effectiveness  employed  in  this  investigation  is  the  ratio  of  the  forcos  actually  trans¬ 
mitted  (Ks|  A0  and  KSj  A  )  ,  to  the  support  reaction  forces  determined  for  the  nine-mass 
system  without  squeeze- film  dampers,  at  its  first  critical  speed.  At  and  A,  are  the 
maximum  displacements  at  the  two  supports  and  are  equal  to  (xj  +  yj)  o.»  ond  (XJ  +  y * )o . * 
respectively.  This  ratio  is  here  called  the  transmissibility  and  is  labelled  tr8  and 
TR9  for  the  appropriate  supports. 

ANALYSIS 

The  set  of  first-order  differential  equations  1  to  10  have  been  produced  from  the 
equations  of  motion  for  the  nine-mass  representation  of  the  rotor  system  shown  in  Fig.  2. 
Equations  1  to  10  have  been  numerically  integrated  using  the  modified  Euler  and  Fourth- 
Order  Runge-Kutta  methods,  although  any  appropriate  technique  could  be  used. 

The  initial  displacements  and  velocities  for  all  points  within  the  system  are  spec¬ 
ified  at  starting  time  tQ.  Hence,  it  is  possible  to  obtain  the  acceleration  rates  at 
these  points  and  subsequently  to  calculate  the  displacements  and  velocities  at  time 
t0  +  At. 


In  the  present  analysis  the  oil  film  forces  Fx  and  Fy  can  be  determined  from  any  one 
of  five  possible  fluid-film  models  (for  example  the  it-film  model) ,  including  one  which 
takes  account  of  shaft  misalignment  if  it  oxceeds  0.5  x  10“’  (9).  since  these  fluid-film 
forces  are  introduced  into  the  computation  in  generalized  form  it  would  be  possible  to 
introduce  any  other  appropriate  film  model  at  a  later  date. 

For  the  analytical  investigation  reported  here  only  steady-rate  conditions  are  con¬ 
sidered.  In  certain  situations  it  is  obvious  that  the  transient  conditions  would  be  of 
importance,  for  example,  the  rotor  response  to  sudden  loading  as  would  be  met  when  a 
blade  was  shed.  However,  in  the  present  circumstances  the  squeeze-film  damper  effective¬ 
ness  under  steady  conditions  is  being  evaluated,  and  consequently  the  initially  assumed 
values  of  rotor  velocity  and  displacement  will  have  no  influence  on  the  final  unique 
steady-state  orbit.  Whilst  the  transient  path  followed  by  the  rotor  centroid  during  the 
time-marching  procedure  is  of  no  great  significance  in  the  present  investigation,  the 
choice  of  time  interval  adopted  during  the  time-marching  process  was  found  to  be  very 
important  indeed.  If  an  unreasonably  short  time  interval  is  chosen  the  computer  costs 
become  excessive.  By  the  same  token  if  the  time  interval  is  too  great,  the  projected 
path  of  the  rotor  centroid  can  attempt  to  pass  outside  the  clearance  circle  during  a 
single  time  step,  a  condition  which  is  clearly  impossible.  Since  the  dynamics  of  the 
rotor  centroid  can  vary  considerably  with  operating  conditions  an  optimum  choice  of  time 
interval  for  each  occasion  is  clearly  desirable.  The  smallest  time-step  used  for  the 
present  investigation  was  0.0087266  radians,  equivalent  to  720  points  for  each  cycle. 

In  the  full  theoretical  study  reported  in  (10)  a  wide  range  of  system  parameters 
were  investigated.  However,  in  the  present  papsr  only  parameters  appropriate  to  the 
associated  experimental  study  have  been  chosen.  These  values  are  listed  below  in  non- 
dimensional  form. 
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Sealing  parameter 
Gravity  parameter 
Unbalance  parameter 
Mass  parameter 
Support  stiffness 
Centralizing  spring  stiffness 
Transverse  damping  ratio 
Angular  damping  ratio 
Phase  angle 
Speed  ratio 


B 

W 

U 


*oi 

n 


Rigid,  3.8023,  0.5649,  0.1000 
C . 1496 
0.? 

M  -  1.1  |  M  -  1.33  )  M  -  2.93 

l  *t  s  I  9 

12.66 

2.10 

0.01 

70.00 

0 

0.5  to  3.0 


For  the  above  analysis  the  initial  conditions  assumed  at  the  beginning  of  each  time¬ 
marching  procedure  were  that  the  velocity  of  the  rotor  centroid  was  zero,  and  its  dis¬ 
placement  equivalent  to  that  oroduced  by  the  dead  weight  of  the  motors. 

The  other  physical  properties  of  the  experimental  rig  used  in  this  analytical  invest¬ 
igation  are  as  follows.  Mass  of  inboard  disc  equal  to  9.70  kg,  and  the  mass  of  the  out¬ 
board  disc  equal  to  8.04  kg.  Distance  between  bearings  0.54  m. 

RESULTS 

Even  for  the  limited  range  of  system  parameters  listed  above,  the  results  of  a  full 
theoretical  study  would  be  too  great  to  include  in  this  paper.  Consequently,  only  a  few 
typical  results  are  listed  here,  and  since  the  influence  of  the  bearing  parameter  B  on 
the  ncrformance  of  a  squeeze-film  damper  has  been  shown  to  be  strong,  some  emphasis  has 
beei  placed  here  upon  the  effect  of  varying  that  parameter. 

In  simple  terms  Fig.  4  illustrates  the  influence  of  the  bearing  parameter  upcn  a 
system  which  includes  uncentraiized  squeeze-film  dampers,  whilo  Fig.  5  illustrates  the 
influence,  for  a  similar  range  of  bearing  parameters,  upon  a  system  where  the  bearings 
are  supported  on  centralizing  springs  (squirrel-cages) . 

Both  Fig.  4  and  Fig.  5  illustrate  the  variation  of  the  amplitude  ratios  at  the  two 
discs,  two  bearings,  and  two  supports  for  different  values  of  B.  Both  figures  also 
include  the  transmissibilities  determined  at  the  two  supports.  Transmissibility ,  in  this 
context,  is  defined  as  the  force  actually  transmitted  at  each  condition,  relative  to  the 
force  transmitted  at  the  first  critical  speed  in  a  system  which  has  rigidly  supported 
bearings. 

The  conditions,  for  which  the  results  shown  in  Figs.  4  and  5  were  determined,  relate 
closely  to  the  parallel  experimental  investigation  currently  being  carried  out  at 
Cranfield.  For  example,  the  outboard  and  inboard  disc  masses  are  taken  to  be  8.04  kg 
and  9.70kg  respectively,  and  the  distance_between  the  bearing  centres  is  fixed  at 
0.54  in.  Similarly,  the  gravity  parameter  W  is  fixed  at  0.1496,  the  unbalance  ratio  U 
at  0.2,  and  the  transverse  and  angular  non-dimensional  damping  coefficients  are  assumed 
to  be  0.01  and  70  respectively.  The  non-dimensional  casing  stiffness  is  assumed  to 
be  12.66  (equivalent  to  2.2  x  IQ5  lbf/in.  in  imperial  units),  while  the  stiffness  of  the 
centralizing  spring  K.  used  in  Fig.  5  is  taken  as  2.1,  a  value  obtained  from  a  typical 
U.S  engine. 

The  variation  of  the  amplitude  ratio  and  transmissibility  with  gravity  parameter 
W,  stiffness  parameter  K  ,  unbalance  parameter  u,  and  mass  parameter  M  (*=  m^/nij )  ,  was 
also  investigated  and  while  there  is  not  room  in  this  paper  to  report  on  the  effect  of 
these  parameters,  they  are  covered  fully  in  (10). 

A  comparison  of  the  transmissibilities  at  the  two  supports,  for  the  centralized  and 
uncentralized  cases,  is  shown  in  Fig,  6.  Again_the  gravity  parameter  W  is  taken  to  be 
0,1496  (as  in  the  experimental  rig),  U  as  0.2,  Kg  as  12.66,  and  K*  as  2.1.  Three  values 
of  the  bearing  parameter  B  are  used,  namely  0.1,  0.5649,  and  3.8023,  representing  three 
of  the  cases  which  can  be  investigated  experimentally. 

The  critical  speeds,  for  the  nine-mass  rotor  system  operating  without  squeeze-film 
dampers,  were  calculated  and  the  first  two  critical  speeds  were  found  to  occur  at  6113 
and  12221  rpm  respectively. 

DISCUSSION 


It  is  clear,  from  the  diagrams  which  go  to  make  up  Figs.  4  and  5,  that  squeeze-film 
dampers  can  be  effective  in  reducing  the  amplitude  ratios  and  transmissibilities  pmdurad 
in  the  system  imder  consideration,  in  general  terms  it  can  be  seen  that  both  the  cen- 
and  jhS  ^centralized  forms  of  the  device  can  lead  to  reduced  amplitudes  of 
vibration,  and  reduced  transmitted  forces,  and  that  the  effectiveness  of  both  types  of 
^  'jfmper  increases  with  reducing  bearing  parameter.  This  general  trend 
^  ,llows  that  discovered  in  our  earlier  investigations  with  a  simpler  model  (6).  In  this 
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FIG.  6  A  Comparison  of  the  Effectiveness  of  Centralized 
(Squirrel-Caged) ,  and  Uncentralized  Squeeze-Film 
Dampers 

earlier  work  it  was  discovered  that  a  value  of  about  0.1  for  the  bearing  parameter  B 
produced  maximum  attenuation  of  the  vibratory  properties  (below  about  0.1  instability 
could  arise).  However,  a  closer  inspection  of  Figs,  4  and  5  reveals  that,  while  a  value 
of  B  =  0.1  produces  a  general  reduction  in  the  amplitude  ratios  and  transinissibilities , 
in  certain  areas  of  the  speed  range  this  is  not  the  case,  in  fact,  in  some  instances 
values  can  exist  which  are  significantly  larger  than  those  which  would  occur  if  the  bear¬ 
ings  were  rigidly  supported.  For  example,  from  Fig.  4  it  can  be  seen  that  a  bearing 
parameter  of  0.1  can  produce  an  amplitude  of  vibration  of  the  fan  disc,  at  around  the 
first  critical  speed,  which  is  ten  times  greater  than  that  which  would  be  expected  if  the 
bearings  were  rigidly  fixed.  By  the  same  token,  however,  under  the  same  conditions  the 
force  transmitted  to  the  structure  at  support  8,  at  the  second  critical  speed,  would  be 
one  hundred  times  less  than  that  which  would  exist  if  a  squeeze-film  damper  had  not  been 
fitted.  Hence,  although  it  would  be  foolish  to  attempt  to  establish  general  rules  from 
the  limited  data  presented  in  this  paper,  it  does  appear  to  be  difficult  to  choose  one 
set  of  squeeze-film  damper  design  parameters  to  give  optimum  performance  over  the  whole 
speed  range. 

Not  shown  in  Figs.  4  and  5  are  the  amplitude  ratios  and  transmissibilities  for  the 
cases  where  the  bearing  parameter  is  low  (for  example  B  =  0.01  and  0.001) .  Values  as 
low  as  this  led  to  instability  over  part  of  the  speed  range  in  a  similar  manner  to  that 
reported  in  (6).  This  instability  could  be  synchronous  (eg:  bi-stable),  or  non- 
synchronous . 

Figs.  4(c),  4(d)  and  5(c),  5(d)  indicate  that  the  movement  of  the  squeeze-film 
damper  journal  increases  with  reducing  bearing  parameter.  This  would  appear  to  support 
the  suggestion  made  in  (6)  that  in  the  region  where  the  squeeze-film  damper  is  most 
effective,  the  journal  movement  is  greatest. 


Having  shown  that  bo^h  the  centralized  and  the  uncentralized  forms  of  the  squeeze- 
film  damper  can  be  effective,  in  reducing  both  the  amplitude  ratios  and  transmissibili- 
ties,  in  the  system  being  investigated,  the  obvious  next  step  is  to  compare  the 
performance  of  the  two  designs.  From  Fig.  6  it  can  be  seen  that,  for  the  vast  majority 
of  operating  conditions,  the  uncentralized  squeeze-film  damper  is  more  effective  in 
reducing  the  force  transmitted  into  the  surrounding  structure,  than  is  the  squeeze-film 
damper  which  is  mounted  in  parallel  with  a  centralizing  spring.  The  difference  between 
the  two  sets  of  transmissibilities  is  most  marked  where  the  bearing  parameter  is  low 
(0.1),  in  some  cases  the  transmissibility  for  the  squirrel-caged  version  is  ten  times 
greater  than  that  for  the  uncentralized  version.  Where  the  bearing  parameter  is  high 
(3.8023)  the  difference  between  the  two  damper  designs  is  much  less.  Hence,  it  is  pos¬ 
sible  to  say  that  an  uncentralized  squeeze-film  damper  is  much  more  effective  than  a 
squirrel-caged  model,  in  the  region  where  squeeze-film  dampers  are  most  useful. 

Naturally,  if  an  uncentralized  squeeze-film  damper  is  incorporated  in  an  engine 
design,  the  ability  to  tune  the  system  (change  the  critical  speed)  by  modifying  the 
stiffness  of  the  cantilever  springs,  is  lost.  However,  as  engine  designers  become  more 
proficient  at  calculating  critical  speeds,  it  is  possible  that  future  engines  will  be 
designed  such  that  their  critical  speeds  do  not  occur  in  a  troublesome  sector  of  the 
speed  range. 

CONCLUSIONS 

From  the  investigation  described  above  it  can  be  seen  that  both  centralized,  and 
uncentralized,  squeeze-film  damper  bearings  can  be  very  effective  in  reducing  the  ampli¬ 
tude  of  vibration,  and  the  forces  transmitted  into  the  surrounding  structure,  for  the 
adopted  theoretical  model  of  a  gas-turbine.  In  general  it  would  appear  that  the  optimum 
value  of  the  bearing  parameter  is  about  0.1.  However,  this  investigation  also  indicates 
that  a  squeeze-film  damper  which  leads  to  a  fairly  general  reduction  in  transmissibility 
could  also  produce  an  increase  in  the  vibration  amplitude  of  some  part  of  the  system. 
Hence,  care  may  be  required  in  choosing  the  design  parameters  for  a  squeeze-film  damper, 
so  as  to  optimise  its  performance  from  all  aspects.  Alternatively,  it  may  be  desirable 
to  design  a  squeeze-film  damper  which  has  properties  which  vary  with  enyine  speed. 

This  investigation  would  also  appear  to  show  fairly  conclusively  that  the  uncei.tral- 
ized  squeeze-film  dampers  employed  by  U.K.  engine  designers,  are  more  effective  in 
reducing  the  forces  transmitted  from  the  rotor  into  the  surrounding  engine  structure, 
than  are  the  centralized  (squirrel-caged)  squeeze-film  dampers  favoured  by  U.S.  engine 
designers.  This  advantage,  of  the  uncentralized  damper  over  the  centralized,  is  parti¬ 
cularly  pronounced  for  designs  where  the  bearing  parameter  is  low,  which  is  just  the 
region  where  squeeze-film  dampers  are  most  effective.  However,  the  squirrel-caged  damper 
design  does  retain  a  capability  for  tuning  the  system,  allowing  critical  speeds  to  be 
moved  from  some  troublesome  sector  of  the  speed  range. 
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DISCUSSION 


V. Bruno,  Pratt  &  Whitney,  Ca 

Are  your  conclusions  that  the  uncentralized  squeeze  film  is  superior  to  the  squirrel  cage  affected  by  the  presence  of 


\  heavy  axial  loads? 

Arbor's  Reply 

Nyve  no  knowledge  of  the  effect  of  axial  loads.  Intuitively  I  would  have  expected  the  effect  l„  oe  relatively  low, 
but  7\is  certainly  a  point  worth  investigating  and  I  may  try  to  incorporate  axial  loads  in  my  experimental  studies. 
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Summary 

This  paper  deals  with  theoretical  and  experimental  investigations  of  aerodynamic  spring 
bearings,  the  elastic  bearing  bushing  structure  of  which  can  stand  thermal  deformations 
without  any  inadmissably  large  changes  in  the  bearing  clearance.  Therefore,  they  seem  to 
be  suitable  for  the  mounting  of  small  turbo  machines  under  extreme  operating  conditions. 
Based  on  the  fundamental  equations  of  aerodynamic  bearing  theory,  a  method  was  developed 
to  determine  the  static  and  dynamic  spring  bearing  characteristic  curves  and  was  applied 
to  the  tilting  pad,  "Garrett"  and  multiwedged  spring  bearing.  To  simplify  matters  the 
bearings  are  approximated  by  substitute  models  consisting  of  similar  bearing  elements. 

In  the  static  and  dynamic  bearing  characteristic  curves  determined  in  this  way  the  pa¬ 
rameters  of  the  resilient  bearing  bushing  structure  are  dominant  over  wide  ranges.  Rotor 
tests  with  rotational  speeds  up  to  100,000  rpm  prove  the  applicability  of  these  bearings 
to  extreme  circumferential  speeds  and  in  general  also  the  reliability  of  the  calculated 
bearing  characteristic  values.  For  the  material  pairings  graphite/steel  and  ceramic/hard 
metal  coating,  an  adequate  wearing  strength  could  be  proved  by  continuous  starting  tests 
(with  10,000  start-stop-cyclcs)  up  to  a  medium  bearing  load  of  0.26  bar,  at  a  temperature 
of  350°  C. 


1 .  Introduction 

Substantial  attributes  of  good  spring  bearings  for  small  turbo  machines  with  high  speed 
rotors  and  extreme  circumferential  speeds  and  operating  temperatures  are  the  compliant 
structure  of  the  bearing  bushings,  capable  of  compensating  thermal  deformations  without 
any  inadmissably  large  changes  of  the  bearing  clearance  and  a  relative  high  damping  in 
the  external  support  of  the  bearing  bushings  guaranteeing  a.  good  stability  and  damping 
behaviour.  Besides,  the  bearing  surfaces  need  to  have  a  high  wearing  strength  because  of 
the  frequent  starting  under  maximum  load.  Bearings  for  small  gas  turbines  and  exhaust  gas 
turbo  chargers  must  also  stand  high  operating  temperatures  [  1,2,3].  For  a  reliable  con¬ 
struction  of  such  bearings  a  special  basis  for  calculation  and  special  construction  rules 
are  necessary  which  are  presented  and  discussed  below. 

Fig.  1  shows  the  three  aerodynamic  spring  bearings  with  external  bearing  damping  which 
were  investigated.  The  tilting  pad  spring  bearing  [  4  ]  has  bending  resistant  segments  which 
are  supported  via  a  plate  spring  and  have  an  adjustable  clearance.  In  order  to  decrease 
the  static  journal  eccentricity  the  segments  are  prestressed  against  stops  at  the  side  of 
the  bearing  housing.  The  "Garrett"  spring  bearing  [3]  has  elastic  foils  which  rest  with 
one  end  in  the  stiff  bearing  bore  and  with  the  other  end  on  the  foil  next  to  it.  Hero  the 
foils  are  prestressed  against  the  journal.  This  leads  to  an  increased  starting  moment. 

The  bearing  surface  and  the  external  elasticity  of  the  multiwedged  spring  bearing  consist 
of  thin  walled  cylindrical  bushes  which  are  elastically  deformed  via  suitably  arranged 
webs  to  a  multiwedged  profile.  The  required  external  bearing  deunping  of  all  three  spring 
bearing  types  is  mainly  produced  by  air  squeeze  films  in  the  external  gap. 


The  direct  calculation  of  the  characteristic  values  of  an  aerodynamic  spring  bearing  re¬ 
quires  an  extremly  high  calculation  effort  because  of  the  complex  bearing  structure,  the 
compressibility  of  the  lubricant,  and  the  coupling  of  the  lubricant  properties  and  the 
deformation  of  the  bearing  bushing.  Therefore,  systematic  investigations  for  the  develop¬ 
ment  of  a  suitable  model  had  to  be  carried  out  first.  All  three  spring  bearings  could  be 
related  to  a  system  of  similar  bending  elastic  bushing  segments  with  an  elastic  and  damping 
external  support.  The  bushing  elements  of  the  investigated  spring  bearings  differ  sub¬ 
stantially  in  the  lubricant  gap  behaviour,  in  the  position  of  the  support  points  and  in 
the  angular  mobility  of  the  segments  [5]. 

The  calculation  of  the  pure  lubricant  film  characteristic  value  of  a  bearing  element 
originates  from  the  general  Reynolds  equation  for  compressible  media 

!_(PH3H)  +  ^<PH3ff)  =  A.|?(PH)  +  2A-|^(PH)  (1) 

where  =  z/(D/2)»  the  dimensionless  coordinates  in  both  cirumf erential  and  axial 
directions,  D  «  journal  diameter,  <}>  =  wt  the  dimensionless  time,  P  =  p/Pa  the  dimension¬ 
less  pressure  (pa  =  ambient  pressure)  and  A  =  6nw/p=^2  the  compressibility  number  (n  = 
dynamical  viscosity,  w  =  angular  velocity  of  the  journal,  =  AR/(D/2)  =  relative  bearing 
clearance) ,  H  is  the  lubricant  film  width  between  the  journal  and  the  segments.  In  the 
general  case,  it  depends  on  the  eccentricity  (e,y)  of  the  journal  center  and  also  on 
the  bearing  bore  form  given  by  the  construction,  or  on  the  lubricant  gap  function  H 
(distance  of  the  bearing  bora  to  the  journal  surface  at  central  journal  position)  re¬ 
spectively.  To  simplify  the  calculation  furthermore,  the  bearing  bushing  elements  are 
approximated  by  circular  segments.  If  the  lubricant  film  width  H  =  H(»p)  remains  constant 
over  the  bearing  length,  the  following  equation  is  valid 


H(*)  =  H(<p)  -e'CosOp-Y) 


where  H  =  h/AR  and  e  =  e/AR  (AR  =  radial  bearing  clearance) . 


Contrary  to  hydrodynamical  bearings,  this  partial  differential  equation  of  second  order  is 
nonlinear  in  the  lubricant  film  pressure  P.  It  describes  the  pressure  built  up  P('P»C,'f) 
in  the  lubricant  gap  in  the  case  of  a  given  compressibility  number  A  and  a  given  local 
and  temporal  gap  behaviour  •  In  order  to  simplifiy  the  boundary  conditions,  it  is 

assumed  that  an  ambient  pressure  (p  =  p  )  dominates  at  all  bearing  segment  edges  (in 
circumferential  and  axial  directions) .  This  assumption  is  generally  possible,  if  applied 
to  air  bearings,  as  in  this  case  a  certain  negative  pressure  (0<p<p  )  is  also  possible 

a 

in  the  lubricant  film. 
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'vs»  numeric  solution  of  this  differential  equation  was  obtained  by  a  suitable  difference 
method.  Because  of  the  nonlinearity  of  the  differential  equation  a  transformation  is 
carried  out  first  by  introducing  a  new  variable  Q  *=  P!HJ.  This  transformation  leads  to  a 
quasilinear  differential  equation  whereby  the  hidden  nonlinearity  needs  an  additional 
iteration  [6],  The  static  load  capacity  and  the  frictional  force  at  the  bearing  element 
are  the  results  of  surface  integration  of  pressure  and  of  the  shear  stress.  The  nonlinear 
spring  and  damping  properties  of  the  lubricant  film  are  approximated  by  stiffness  and 
damping  coefficients,  as  usual.  These  coefficients  are  calculated  from  the  general 
Reynolds  equation  (1)  for  the  nonsteady  gas  bearing  by  the  pertubation  "Ansatz" 


P 

H 


Po  +  (i>o^  +  <f>o^  +  #o^'  +  <f>o^* 

HC  +  ^O^  +  (!y,oAy  * 


(3) 

(4) 


For  the  pressure  coefficient  four  additional  linear  differential  equations  are  obtained 
which  are  also  solved  by  a  difference  method  [  s].  The  stiffness  and  damping  coefficients 
finally  result  from  a  segment  surface  integration  of  the  pressure  coefficients.  In  order 
to  calculate  the  bending  elasticity  of  the  bearing  segments,  a  one-dimensional  approxima¬ 
tion  (a  board-like  beam)  is  sufficient,  as  the  elements  of  the  investigated  spring 
bearings  jre  comparatively  bending  resistant.  The  bend  up  of  the  segment  and  the  lubri¬ 
cant  gap  width  of  the  stiff  segment  add  up  to  the  total  lubricant  gap  width  of  the 
elastic  segment.  Generally,  the  stiffness  of  the  external  segment  support  can  be  calcu¬ 
lated  elementarily.  The  damping  of  the  external  air  squeeze  film  is  calculated  from 
slightly  modified  perturbation  differential  equations,  analogous  to  the  damping  of  the 
inner  lubricant  film  [  5  ].  For  further  simplification  it  is  assumed  that  the  external 
elasticity  and  damping  act  on  one  point.  The  effective  lubricant  gap  width  is  also  in¬ 
fluenced  by  the  elastic  and  damping  segment  support.  Therefore,  the  characteristic  curves 
of  a  complete  bearing  element  have  to  be  calculated  by  iterative  methods. 


Fig.  2  explains  this  procedure  by  taking  the  element  (index  s)  of  a  tilting  pad  bearing 

as  a  simple  example.  For  the  given  segment  dimensions  (B/D,  ipB,  02,  2 ),  the  given 

compressibility  number  Ag  and  load  Fg  the  static  operating  point  can  be  determined 

i  om  the  equilibrium  of  forces  at  the  segment.  The  external  load  or  the  lubricant  film 

pressure  force  F  respectively  has  to  correspond  with  the  force  Fp  in  the  elastic  support 

o.ided  that  Fg  >  F°  is  valid.  This  force  results  from  the  prestress  force  and 

from  the  additional  force  (k+H  )y 

P  P 


Fs  1  PF  Fs  -  Fs(VEscosV'  fF  =  K  +  (k+Hp>YP  (5) 

where 

=  1  -  esC°SYs,  Yp  =  caARs/(paBD)  ,  F°  =  F°/(paBD)  J  (6) 

where  c  =  the  stiffness  of  the  external  segment  support,  F°  =  the  elastic  force  pre- 
stressing  the  segment  against  the  stop,  and  k  is  a  geometric  parameter  of  the  complete 
bearing.  The  load  capacity  curves  Fg  (Ag , egcosYg)  of  the  pure  lubricant  film  agrees  with 
the  known  characteristic  curves  of  a  corresponding  "fixed"  segment  [5,6].  The  straight 
line  F„(e  cosy  )  or  Pp(H  )  for  given  F°-,  k-  and  y  -values  is  obtained  directly  from 

v  S  S  r  p  V  p 

equation  (5) .  The  static  operating  point  e„cosY_  is  clearly  presented  as  the  crossing 

s  s 

point  of  these  two  curves.  The  static  and  dynamic  characteristic  curves  of  the  complete 
bearing  can  be  calculated  approximately  by  a  vectorial  addition  of  the  characteristic 
curves  of  all  the  bearing  elements.  Hereby  the  determination  of  the  static  equilibrium 
position  (e,Y)  or  of  the  static  operating  points  (egcosYg)  of  all  segments  by  iterative 
SttVi  according  to  equation  (5),  is  most  important.  First  the  parameters  k  or  k^  respec¬ 
tively  depending  on  the  parameters  of  the  complete  bearing  explained  in  Fig.  3,  have  to 


Fig.  2.  Determination  of  the  static  operating  point  of  an  elastically 
supported  tilting  pad 


be  determined.  is  the  prestress  force  in  the  external  spring  at  a  bearing  clearance 

(minimum  clearance)  of  ARQ  ■  RLq  -  R,  and  in  operation  (u  fr  0,  F  f  0)  the  spring  is 
additionally  pressed  about  the  amount  of  hpi  +  e<  cos  (*Psi“Y)  “  ARQ  when  the  prestreso 
force  is  exceeded.  If  the  dimensionless  notation  is  used,  the  force  in  the  external 
spring  amounts  to 

5F1  ■  Ki  *  [v  *  -  jr^]  v  •  171 

From  equation  (5)  follows 


Fig,  3,  Parameters  of  the  tilting 
pad  spring  bearing 
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where  4ivi  ■  (RBi  -  R) /ARq  ■  relative  bushing  curvature.  The  distribution  of  the  external 
load  ?  to  the  single  segments  is  effected  according  to  the  equation 


f 


£  Psico,*ei 


(9) 


3.  Calculation  Results 


As  a  high  reoilience  of  the  segment  support  is  required  in  operation,  too  large  a  static 
journal  eccentricity  can  be  avoided  by  choosing  the  correct  prestress  for  the  segment. 

It  is  recommended  to  choose  the  prestress  forces  of  the  segment  Fv^  so  that  their  vec¬ 
torial  sum  is  approximately  in  equilibrium  with  the  given  (constant)  external  load  P 

£  Fvi*  cos*si  (10) 

and  also  that  all  segments  lift  off  before  the  operating  rotational  speed  and  the 
accompanying  Agi~values  respectively  are  reached. 

Fig.  4  illustrates  this  principle  by  the  symmetrical  tilting  pad  bearing,  as  shown  in 
Fig.  3  (four  equal  segments  with  -  80°,  “  0.65,  B/D  ■  1) .  Plotted  is  the  dimen¬ 

sionless  load  capacity  F  as  a  function  of  the  compressibility  number  A  and  the  segment 
prestress;  the  two  upper  segments  are  prestressed  with  F°°,  the  two  lower  ones  with  F°  . 


pads  (B2  *  80°,  8^/B2  3  0.65,  B/D  ■  1 ,  <|>v  ■  2)  prestressed  against  the  housing 

Here  the  static  journal  eccentricity  e  and  the  stiffness  of  the  segment  support  are 
constant.  Within  the  range  of  the  rotational  speed  and  the  compressibility  number  A  re¬ 
spectively,  below  the  break  point  of  the  capacity  load  characteristic  curve  the  bearing 
acts  as  it  would  do  with  a  stiff  segment  support;  there  the  bearing  load  capacity  P 
ascends  (with  e  =  constant)  with  the  compressibility  number  A  (and  the  rotational  speed) . 
Above  the  break  point  the  load  capacity  P  is  determined  only  by  the  given  static  eccen¬ 
tricity  e  and  the  prestress  forces.  An  increase  of  the  rotational  speed  and  of  the  A- 
value  leads  mainly  to  an  increase  of  the  minimum  lubricant  gap  height  Hp  This  charac¬ 
teristic  spring  bearing  behaviour  is  shown  by  the  "Garrett"  bearing  in  a  similar  way.  As 
shown  in  Fig,  5a  the  static  load  capacity  F  increases  with  a  given  beaiing  (B/D  =  1, 

F  =  0.08,  y  =  0.05)  approximately  proportionally  to  the  static  journal  eccentricity  e; 
here  the  compressibility  number  A^  is  of  little  influence.  The  absolute  minimum  lubricant 
f  11m  height  HQ  min  increases  also  considerably  with  the  rotational  speed  and  the  compres- 


Fig.  5 .  Static  load  capacity  F(e,A  )  and  minimum  lubricant  gap  width  H  .  (A  ,F)  of 

y  o,min  g' 

the  "Garrett"  spring  bearing 


sibility  number  Ag,  as  shown  in  Fig,  5b.  while  the  influence  of  the  bearing  load  remains 
comperatively  small.  It  should  be  noted  that  with  the  "Garrett"  bearing,  the  compressibi¬ 
lity  number  **  6nw/pa^2  does  generally  not  exceed  the  value  1,  as  the  "ref  erence 
clearance  "  <P  -  t  /D  is  comperatively  large  by  definition  (t  -  thickness  of  the 
foils).  9 

The  static  load  capacity  characteristic  curves  F(e)  of  the  multiwedged  spring  bearing 
plotted  in  Fig.  6a  show  a  stronger  influence  of  the  compressibility  nunberA,  resulting 
from  the  constructionally  given  bearing  clearance  ^  .  According  to  Fig.  6b  the  minimum 
lubricant  gap  width  Hq  ascends  with  the  rotational  speed  (and  with  the  compressibility 
number  A  )  in  the  same  way.  The  influence  of  the  bearing  load  F  is  here  much  stronger 
than  that  of  the  "Garrett"  bearing,  also  because  of  the  given  bearing  clearance 
From  figures  5b  and  6b  the  lift  off  rotational  speed  u*  -  A*  as  a  function  of  the  load 
F  can  be  estimated  for  a  given  boundary  value  e  Rz/AR(  ERz  -  sum  of  roughnesses). 

Fig.  7  shows  the  dimensionless  frictional  force  characteristic  curves  F*  (c,A)  for  the 
"Garrett"  and  for  the  multiwedged  spring  bearing  according  to  Fig.  5  and  Fig.  6.  Charac¬ 
teristic  for  the  investigated  spring  bearing  is  the  decrease  of  the  frictional  force 
F*  for  large  compressibility  numbers  A.  The  dependence  of  the  static  eccentricity  is 
small  in  this  range.  For  large  A  values  the  numerical  values  of  the  spring  bearings  are 
a  little  lower  than  those  of  air  bearings  with  a  stiff  support  and  also  lower  than  those 
of  oil  bearings. 


For  a  given  bearing  and  a  given  static  eccentricity  (e,y),  the  stiffness  and  damping 
coefficients  of  the  complete  bearing  can  be  calculated  directly  by  a  vectorial  addition 
of  the  dynamic  bearing  forces  and  a  transformation  to  the  complete  bearing  system. 

Fig.  8  shows  the  calculated  stiffness  and  damping  coefficients  of  the  "Garrett"  bearing 
according  to  Fig.  5  for  a  constant  static  load  F  =  0.13  with  a  pure  air  squeeze  film  dam¬ 
ping.  In  the  stiffness  coefficients  ^22*  stiffness  Ypg  of  the  external  support 

or  the  bearing  bushing  structure  respectively  is  dominant,  therefore  it  depends  only 
to  a  small  extent  on  the  compressibility  number  Ag  (and  on  the  rotational  speed)  .  The 
coupling  coefficients  821  are  i*1  the  technically  interesting  A  -range  negligibly 

small;  therefore  good  stability  properties  of  the  bearing  can  be  expected.  The  damping 
coefficients  Bn,  &22  first  increase  considerably  with  the  compressibility  number  A 
(and  rotational  speed) ;  having  exceeded  a  maximum,  they  decrease  (as  with  all  air  9 


A  =20  , 
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6j_  Static  load  capacity  characteristic  curves  F(e,A)  and  minimum  lubricant  gap 
width  H  (A,F)  of  a  multiwedged  spring  bearing 
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Fig.  7.  Dimensionless  friction  force  Fn  (e,A  )  of  the  "Garrett"  spring  bearing  and 

■“  ^  KCf  g 

F_(e,A)  of  the  multiwedged  spring  bearing 


bearings)  .  The  coupling  coefficients  6^,  B2-|  are  negligibly  small.  In  the  range  of  the 
high  rotational  speeds  (Ag  >  0.3)  the  damping  coefficients  6^,  B22  are  of  the  order  of 
magnitude  of  the  stiffness  coefficients  y^,.  ^22'  therefore  a  good  damping  capacity  can 
be  expected  too.  Fig .  9  shows  also  for  a  constant  load  F  =  0.26  the  stiffness  and  dam¬ 
ping  characteristic  curves  of  the  tilting  pad  spring  bearing  according  to  Fig.  4.  Above 
the  lift-off  point  (i.  e.  after  exceeding  the  prestress)  they  taki-  a  similar  course 
as  the  curves  of  the  "Garrett"  bearing.  The  stiffness  coefficient.'  =  y22  of  the 

complete  bearing  are  again  in  the  order  of  magnitude  of  the  stiffness  of  the  complete 
support  =0.12  and  depend  only  little  on  the  compressibility  number  A.  The  damping 

coefficients  g..  =  g_,  first  increase  with  the  rotational  speed  (  and  with  A)  and  decrease 


glq.  B...  Stiffness  and  damping  coefficients  of  the  "Garrett"  bearing  according  to  Pig.  5 

with  extreme  A-values  after  having  reached  a  maximum.  In  the  technically  interesting 
A-range  the  damping  coefficients  are  influenced  substantially  by  the  gap  width  <|>  of  the 
external  air  squeeze  gap.  It  should  be  mentioned,  that  for  the  idealized  symmetrical 
tilting  pad  bearing  all  coupling  coefficients  become  zero. 


?lq.  9.  Stiffness  and  damping  coefficients  of  the  tilting  pad  spring  bearing  according 
ro  Fig.  4  with  an  external  damping  by  an  air  squeeze  film  and  segments  pre¬ 
stressed  against  a  stop  at  the  housing 


4.  Experimental  Determination  of  '-he  Stiffness  and  Damping  Capacity  of  the  Bearings 


The  calculated  dynamical  bearing  characteristic  values  were  determined,  in  general,  by 
vibration  measurements  with  complete  rotor  bearing  systems.  These  measurements  were 
carried  out  with  a  high  speed  rotor  test  stand  with  a  variable  rotational  speed  (maximum 
power  20  kW,  maximum  rotational  speed  100,000  rpm)  [<].  The  measured  quantities  were  the 
shaft  vibration  movement,  the  static  journal  eccentricity,  deformations  of  the  bearing 
bushing  structure  and  temperatures  in  the  bearing  bushing.  All  tests  were  carried  out 
with  symmetrical  rotors  mounted  in  two  identical  bearings.  In  Fig,  lo  the  two  test  rotors 
are  shown  rnd  their  most  important  parameters  are  specified.  The  further  substantial  test 
parameters  have  been  defined  as  follows i  lubricant  «  ambient  air  (no  compressed  air  supp¬ 
ly)  ,  bearing  length  ratio  B/D  >■  1 ,  relative  bearing  clearance  at  a  maximum  rotational 
speed  0.5  to  1  %o  (self  adjusting). 


K2 


K3 


-  era  30 
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Rotor 

K  2 

K  3 

Journal  diameter  D 

30 

50.8 
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Mass  M 

4.6 

6.75 

kg 

Bearing  load  p  (B/I>=1 ) 

0.26 

0.13 

bar 

First  critical 
rotational  speed  nj*. 
for  rigid  mounting 

52  000 

43  000 

rpn 

Third  critical 
rotational  speed  rv*  TT 
for  "free"  mounting11 

140  000 

70  000 

rpm 

Fig.  10.  Test  rotors  of  the  high-speed  test  stand 


Fig.  11  shows  for  the  combination  rotor  K3  with  "Garrett"  bearings  according  to  Fig.  5 
the  measured  vibration  amplitudes  Aj  (amplitude  A^  ■  greater  semiaxis  of  the  elliptical 
displacement  of  tha  free  shaft- journal)  plottet  as  a  function  of  the  shaft  rotational 
speed.  Curve  parameter  is  the  additional  static  unbalance  or  the  eccentricity  of  the  can¬ 
ter  of  gravity  A p  respectively .  The  amplitude  curves  Aj  (n)  show  exclusively  in  the  range 
of  the  rotational  speed  from  n  ■  5,000  to  9,000  rpm  an  evident  amplitude  increase,  result 
ing  from  the  first  two  critical  rotational  speeds.  If  the  additional  unbalance  becomes 
too  high,  the  v.bration  amplitude  near  the  resonance  increases  substantially,  while  addi¬ 
tionally  subharmonic  vibrations  occur.  The  admissable  range  of  the  rotational  speed  is 


Effects  of  a  static  unbalance  Ap  on  the  vibration  amplitude  Aj  of  the  rotor  K3 
with  "Garrett"  spring  bearings 
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limited  by  a  substantial  amplitude  increase  to  the  third  critical  rotational  speed 
defined  mainly  by  rotor  data.  In  the  wide  range  of  the  rotational  speed  between  the  first/ 
second  and  third  critical  rotational  speeds  the  vibration  amplitudes  are  very  small; 
self-excited  vibrations  did  not  occur  within  the  complete  rotational  speed  range.  By 
comparison  the  calculation  values  of  the  first  three  critical  rotational  speeds  n*^  are 
marked  in  Fig.  11.  Measured  and  calculated  values  agree  satisfactorily,  hence  the  cal¬ 
culation  values  for  the  stiffness  of  the  complete  bearing  are  confirmed. 

In  Fig.  12  the  influence  of  an  additional  unbalance  on  the  vibration  amplitude  Aj  of 
rotor  K2,  mounted  in  tilting  p  id  spring  bearings  according  to  Fig.  4,  is  plotted  analo¬ 
gously.  With  p  =  0.26  the  bearing  load  is  substantially  higher.  For  small  unbalances 
similar  amplitude  curves  result  as  shown  in  Fig.  11.  If  a  certain  "boundary  unbalance" 
is  exceeded,  the  resonance  amplitude  increases  super-proportionally  with  the  magnitude 


Fig.  12.  Effects  of  a  static  unbalance  Ap  on  the  vibration  amplitude  Aj.  of  the 
rotor  K2  with  tilting  pad  spring  bearings 
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Fig.  13.  Comparison  between  calculated  and  measured  system  dampings  D*  and 
natural  cyclic  frequencies  of  the  rotor  K3  with  "Garrett"  spring 
bearings  (a)  and  of  the  rotor  K2  with  tilting  pad  spring  bearings  (b) 


of  the  unbalance.  Besides,  dangerous  subharmonic  vibrations  may  occur  over  large  rota¬ 
tional  speed  ranges.  The  operating  range  is  limited  only  by  the  maximum  rotational  speed 
of  the  test  stand  drive;  the  third  critical  rotational  speed  of  rotor  K2  is  nj^jj  = 
135,000  rpm.  The  calculated  first  two  critical  rotational  speeds  n*.j.  and  n*Il;  are  marked 
in  Fig.  12;  they  are  confirmed  by  the  measured  values.  Similar  amplitude  curves  result 
with  rotor  K2  mounted  in  multiwedged  spring  bearings.  With  a  dynamic  unbalance  the  re¬ 
sonance  amplitudes  are  significantly  higher.  Besides,  the  danger  of  subharmonic  pertur¬ 
bation  vibrations  increases. 

The  theoretically  determined  damping  capacity  of  the  bearings  can  be  experimentally 
checked  best  by  measuring  the  system  damping.  Therefore,  in  operation  with  an  electro¬ 
magnet  a  contactfree  shock  of  very  short  duration  is  applied  to  the  center  of  gravity 
of  the  rotor  and  the  impact  transition  function  is  measured.  From  its  fading  velocity 
or  the  time  constant  T  respectively  and  the  frequence  w* ,  the  system  damping  D*  =  1/(T  w* 
can  be  determined.  Fig.  13a  shows  a  comparison  of  the  calculated  and  measured  system 
damping  D*  and  the  natural  cycling  frequency  of  rotor  K3  with  "Garrett"  spring 

bearings  according  to  Fig.  5.  As  the  rotor  bearing  system  answers  in  experiment  only 
with  the  lowest  natural  vibration,  a  plotting  of  the  first  two  calculated  eigenvalues 
of  che  system  is  adequate. 

The  correspondence  of  measured  and  calculated  values  is  satisfactory  in  respect  of  the 
manufacturing  tolerances.  The  theoretically  determined  dynamical  bearing  characteristic 
values  and  also  the  substitute  model  are  confirmed  by  the  measured  values.  Fig,  13b  shows 
the  corresponding  comparison  for  rotor  K2  with  tilting  pad  spring  bearings  according  to 
Fig.  4.  Here  a  satisfactory  correspondence  and  therefore  a  confirmation  of  the  calculated 
values  results  too.  For  all  three  spring  bearings  the  system  damping  in  the  complete 
range  of  rotational  speed  remains  positive  therefore  in  normal  operation  there  is  no 
danger  of  self-excited  vibrations  coming  from  the  bearing. 

5.  Starting  Tests  and  Bearing  Materials 


By  means  of  starting  tests  up  to  medium  rotational  speeds  (about  30,000  rpm)  first  the 
function  safety  (low  lift-off  rotational  speed,  low  friction,  good  damping  capacity)  for 
different  material  and  construction  variants  has  to  be  checked.  It  was  considered  as 
satisfactory  provided  the  lift-off  rotational  speed  was  exceeded  without  disturbance, 
i.  e.  without  excessive  warming  or  substantial  thermal  deformations,  and  the  first  criti¬ 
cal  rotational  speed  of  the  rotor-bear ing- system  could  be  passed  without  inadmissably 
large  vibration  amplitudes.  In  order  to  reduce  the  efforts  in  manufacturing  the  bearings 
and  in  carrying  out  tests,  the  starting  test  stand  shown  in  Fig .  14  has  only  one  test 
bearing;  the  second  bearing  is  a  roller  bearing.  The  bearing  housing  of  the  test  bearing 
can  be  heated  up  to  a  maximum  temperature  of  350°  C  by  a  heating  conductor  surrounding 
the  bearing.  The  test  bearings  had  the  same  dimensions  as  used  for  the  vibration  measure¬ 
ments  (30  mm  journal  diameter  for  the  tilting  pad  spring  bearing  and  the  mulriwedged 
spring  bearing,  and  with  2"  =  50.8  mm  for  the  "Garrett"  spring  bearing';  the  bearing 

loads  were  the  same  as  used  for  the  vibration  measurements  (p  =  0.13  bar  for  the  "Garrett 
spring  bearing,  p  =  0.26  bar  for  the  tilting  pad  spring  bearing  and  for  the  mulitwedged 
spring  bearing) .  The  wearing  strength  of  the  bearing  materials  in  the  starting  range  was 
proved  by  automatically  controlled  continuous  starting  tests  with  10,000  start-stop-cyc- 
les.  Fig.  15  shows  the  amplitude  curves  A(n)  of  10  start-stop-cycles  for  the  tilting  pad 
bearing.  According  to  these  the  start  and  coast-down  curves  differ  a  little,  but  their 
temporal  change  during  the  complete  test  duration  remains  comperatively  small.  The  re¬ 
quirements  for  the  material  selection  were  an  adequate  temperature  resistance  and  a  good 
emergency  running  behaviour  (little  scuffing  tendency)  in  the  starting  range.  It  was 
found  that  ceramic  materials  to  which  in  a  wider  sense  also  grapithe  belongs  were  most 
suitable.  For  use  a3  air  bearing  materials  only  dense  materials  with  a  relatively  good 
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14.  Longitudinal  section  of  the  starting  test  stand 


1 5 .  Measured  amplitude  curves  of  starting  tests 
with  the  tilting  pad  spring  bearing 


heat  conduction  capacity  were  suitable.  For  the  material  pairings  graphite/steel  and 
ceramic/hard  metal  coating,  an  adequate  wearing  strength  was  proved  up  to  a  medium  bearing 
load  of  0.26  bar,  at  a  temperature  of  350°  C,  by  continuous  starting  tests  (with  10,000 
start-stop-cycles) .  At  the  moment  these  investigations  are  continued  with  higher  tempe¬ 
ratures  up  to  700°  C,  and  with  greater  radial  and  axial  temperature  gradients.  Finally, 
it  can  be  concluded  that  with  these  three  spring  bearings  investigated,  an  adequate  load 
capacity  and  bearing  damping  can  be  achieved  by  a  correct  support  design  and  a  correct 
prestress  of  the  segments.  The  necessary  wearing  strength  and  temperature  resistance  are 
only  guaranteed  by  a  correct  material  selection. 
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DISCUSSION 


B. Courage,  Rolls  Royee  (Aero  Div)  Ltd,  Bristol.  UK 

Your  analysis  model  assumes  circular  arc  forms  for  the  foil  profiles  or  segments.  Are  you  confident  that  the  defor¬ 
mation  during  operation  does  not  invalidate  this  assumption? 

Author’s  Reply 

All  three  spring  bearings  can  be  related  to  a  system  of  similar  circular  segments.  In  an  additional  calculation  the 
bending  elasticity  was  taken  inti)  account. 


M.A.H.Sequeira,  Portuguese  Oil  Co..  Po 

Once  there  is  no  lubricant  at  all  in  these  aerodynamic  bearings,  could  you  anticipate  any  kind  of  problems  due  to 
high  percentages  of  humidity  in  the  air? 

The  deposition  of  ll2  O.  due  to  vapour  pressure  that  condenses  during  non  working  periods,  couldn’t  attack  the 
metal  surfaces  non-proteeted  due  to  the  absence  of  the  oil  film? 

Author's  Reply 

We  did  not  carry  out  any  special  investigations  on  the  effect  of  humidity  in  the  air  on  the  metal  surface.  Changes  of 
the  surface  due  to  this  effect  have  not  been  obvious. 


R. Holmes,  University  of  Sussex,  UK 

This  paper  continues  the  fine  tradition  of  the  bearing  <>  >rk  at  Karlsruhe.  What  limitations  would  be  imposed  on  the 
use  of  such  bearings,  e.g.,  size  limitations  or  load  limitations  for  adequate  operation? 

Author’s  Reply 

With  regard  to  the  low  viscosity  of  air,  a  pressure  of  p  =  — —  (B  =  1 )  =  0.26  bar  seems  to  be  the  upper  limit. 

B  •  I) 


D.K.HeniK'cke,  MTU  Munchen  Cnnbll,  vie 

Does  your  term  ’’( iarrett’’  bearing  refer  to  a  type  or  class  of  bearings  or  is  it  an  actual  bearing  designed  for  a  (iarrett 
engine,  and  which  engine  is  it? 

Author’s  Reply 

for  our  first  investigations  a  bearing  purchased  from  (iarrett  AiRcsearch  has  been  used.  This  bearing  type  has. 
PTI'L-eouted  foils.  In  the  next  presentation  Mr  Soriano  will  report  about  an  advanced  bearing  type. 


V. Bruno,  Pratt  &  Whitney,  Ca 

Is  the  coating  of  the  surfaces  rubbing  during  starts  and  stops,  when  no  or  insufficient  lift  is  present,  durable  enough 
to  allow  applications  on  high  cycles  machines? 

Author's  Reply 

The  sufficient  wear  strength  of  the  material  pairings  has  been  proved  by  10,000  start-stop-cycles,  whereby  the  speed 
range  of  no  or  insufficient  lift  has  been  exceeded  every  time. 
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HIGH-TEMPERATURE  <649*C/1200*F)  COATINGS  FOR 
GAS-LUBRICATED  FOIL  BEARINGS  OF  THE  NAVY'S  ADVANCED 
AUXILIARY  POWER  UNIT  CONCEPTS 

Frank  J.  Suriano 
Robert  J.  Reiser 
Garrett  Turbine  Engine  Company 
A  Division  of  The  Garrett  Corporation,  Phoenix,  Arizona,  USA 

Fred  G.  Woessner 
Ray  Valor i 

Naval  Air  Propulsion  Center,  Trenton,  New  Jersey,  USA 


SUMMARY 


In  a  recent  high-temperature  foil  bearing  development  effort (1)  a  separate  materials 
task  was  directed  at  identifying  and  developing  coatings  and  coatings  combinations  for  use 
in  a  turbine-end  journal  foil  bearing  of  an  advanced  design  auxiliary  power  unit.  The 
coatings  were  required  to  operate  in  thermal  environments  up  to  649#C  (1200®F) .  This  paper 
describes  that  materials  de -elopment  task  and  the  identified  coatings. 

INTRODUCTION 


A  study (2)  for  the  definition  of  an  advanced  design  auxiliary  power  unit  (APU)  appli¬ 
cable  to  modern  Naval  fighter/attack  and  V/STOL  aircraft  identified  gas-lubricated  foil 
bearings  as  a  key  component  which  would  contribute  to  the  increased  efficiency,  decreased 
weight  and  increased  reliability  of  the  APU.  A  foil  bearing  capable  of  operation  in  the 
turbine-end  of  this  advanced  design  APU  must  sustain  steady-state  operating  temperatures 
of  538*0  (1000*F),  potential  transients  to  649*C  (1200*F) ,  and  loads  equivalent  to 

20  +  g's  due  to  flight  maneuvers.  A  high-temperature  foil  bearing  development  program(l) 
was  undertaken  to  develop  the  foil  bearing  suitable  for  use  in  this  advanced  design  APU, 
and  the  associated  coating  materials  development  is  described  herein. 

The  load-carrying  capacity  in  a  self-acting  (hydrodynamic)  fluid-film  bearing  is 
derived  from  the  pressure  generated  in  the  film  by  the  relative  motion  of  two  converging 
surfaces.  The  compliant  foil  journal  bearing  concept  utilizes  a  rotating  journal  and  a 
mating  compliant  foil  as  the  converging  surfaces  (Figure  1) .  A  certain  relative  speed 
between  the  surfaces  is  required  to  develop  an  adequate  film,  after  which  non-contact  con¬ 
ditions  between  the  journal  and  foil  exist  in  the  operating  bearings. 

Contact  between  the  mating  surfaces  occurs  when  the  journal  speed  is  below  that 
required  to  develop  a  supporting  hydrodynamic  film,  such  as  e  start-up  and  shut-down,  or 
during  bearing  overload  while  operating.  At  these  times,  surface  lubrication  is  provided 
in  the  form  of  a  solid  coating  applied  on  the  mating  journal  and  foil  surfaces.  Foil 
bearings  for  low-temperature  applications  have  been  utilized  in  production  turbomachinery 
for  a  number  of  years.  The  current  dry-film  coatings  in  these  applications,  such  as 
Teflon,  are  limited  to  approximately  232*C  (450*F)  maximum  operating  temperature.  Current 
low-temperature  foil  and  journal  coatings  and  coating  combinations  possess  the  following 
general  characteristics; 

o  Good  wear  resistance 

o  Low  friction  coefficient 

o  Chemical  compatibility  and  good  bondability  with  substrate  material 

o  Durability 

o  Machinability 

o  Availability 

o  Low  cost 

For  high-temperature  applications,  the  coatings/combinations  must  possess  all  of  the  above 
characteristics  up  to  higher  temperatures,  and  also  have; 

o  Good  oxidation  resistance,  or  alternatively,  the  gradual  formation  ot  a  soft 
lubricious  oxide 

o  Diffusional  stability  with  the  substrate 

o  Adequate  thermal  conductivity 

o  Thermal  expansion  coefficient  compatible  with  the  substrate  material 

The  high-temperature  foil  bearing  coatings  development  effort  which  was  conducted  is 
summarized  in  Figure  2.  It  was  designed  to  reduce  an  initial  coating  combination  candidate 
matrix  to  the  two  or  three  best  suited  coating  combinations  for  the  649*C  (1200°F)  foil 
bearing  application.  The  three  principal  steps  in  the  materials  development  were; 

Step  1  -  Preliminary  materials  testing  involving  an  inspection  of  incoming  coatings 

for  quality  and  mechanical  integrity,  followed  by  static  oven  screening  to 
evaluate  thermal  fatigue  and  oxidation  resistance. 

Step  2  -  Sliding  friction  measurements  at  three  test  temperatures  conducted  on  a 

reduced  matrix  of  shaft/foil  coatings  identified  by  the  preliminary  screen 
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Step  3  -  Dynamic  properties  testing  of  a  selected  group  of  coating  combinations  on  a 

materials  test  rig,  and  selection  of  final  coating  combinations  for  actual 
foil  bearing  testing. 

CANDIDATE  COATINGS  AND  COATINGS  COMBINATIONS 


A  matrix  of  the  ten  candidate  journal  coatings  and  twelve  candidate  foil  coatings  was 
constructed  (Table  1).  The  coating  combinations  exhibiting  a  high  probability  for  success¬ 
ful  foil  bearing  operation  are  identified  by  an  "X".  These  coating  combinations  were 
selected  on  the  basis  of  results  from  a  prior  Garrett  high-temperature  foil  bearing  pro¬ 
gram^),  results  from  a  recent  NASA/MTI  foil  bearing  program(4),  and  input  from  miscel¬ 
laneous  recent  literature. 

The  following  brief  discussion  of  the  characteristics  of  each  coating  provides  the 
basis  for  the  coating  selections. 

Foil  Coatings  (IN718  substrate) 

Kaman  DES  -  chemically  adherent  chrome  oxide  (Cr^Oj)  coating. 

Kaman  DES  Plus  Au  Overcoat  (Sputtered)  -  The  gold  overcoat  is  intended  to  improve  foil 
surface  quality  and  friction  behavior. 

Kaman  DES  Plus  TiB,,  overcoat  (Sputtered)  -  TiB2  offers  excellent  friction  qualities. 

Co-20  Ni  (Electroplated)  -  Excellent  as-plated  surface  finish,  good  friction  quali¬ 
ties  due  to  formation  of  lubricious  cobalt  oxide. 

Co-20  Ni  Plus  TIB;  Overcoat  (Sputtered)  -  TiB2  provides  an  oxidation-resistant  and 
wear-resistant  top  coat  for  the  soft  cobalt- nickel  substrate. 

Co-20  Ni  Plus  Cr?Qi  Overcoat  (Sputtered)  -  Good  oxidation  and  wear  qualities  of  over¬ 
coat  for  soft  cobalt-nickel  substrate . 

TIB?  (Sputtered)  -  Excellent  friction  qualities,  good  wear  capability,  good  oxidation 
resistance . 

CraO^  (Sputtered)  -  Good  oxidation  and  friction  qualities.  This  permits  a  direct  corn- 
par  isonwTtTTKaman  DES  (chemically  adherent  <2^03) . 

TiC  (Sputtered)  -  Good  oxidation  resistance  and  friction  behavior. 

B4C  (Sputtered)  -  Best  overall  oxidation  resistance  and  friction  behavior  in  the 
prior  program (3) . 

Ion-Plated  Cr-Au  -  Ion-plated  Cr-Au  is  a  two-layer  coating  3y3tem  developed  for  anti¬ 
fret  and  wear  applications. 

Reactively  Ion-Plated  CmOt  -  Ion-plated  Cr2C>3  coating  was  chosen  to  compare  the 
reactive  ion-plating  process  with  sputtering  and  chemical  bonding. 

Shaft  Coatings  (IN718  Substrate) 

Kaman  SCA  -  Chemically  adherent  oxide  composite  ceramic  containing  AI2O3,  si02'  and 

Cr203. 

Kaman  SCA  Plus  TiB;  Overcoat  (Sputtered)  -  The  TiB2  overcoat  improves  the  friction 
behavior  of  the  SCA  surface. 

Kaman  SCA  Plus  Ion-Plated  Gold  -  The  gold  overcoat  improves  the  friction  response  of 
the  SCA  material. 

Co-20  Ni  (Electroplated)  -  Excellent  finish  capability,  good  friction  qualities. 

Co-20  Plus  2r->0i  Overcoat  (Sputtered)  -  The  same  reasoning  as  for  the  cobalt-nickel 
plus  overcoat  choices  for  the  tolls. 

Co-20  Ni  Plus  TiB?  Overcoat  (Sputtered)  -  Same  reasoning  as  combination  above. 

Trlbaloy  400  (D-Gunned)  -  Tribaloy  400  is  a  cobalt  base  alloy  containing  a  hard,  wear- 
resistant  intermetallic  phase.  Lubricity  is  derived  from  cobalt  and  molybdenum 
oxides . 

Trlbaloy  400  (D-Gunned)  +  Ion-Plated  Gold  -  The  gold  overcoat  provides  low  friction 
during  the  break-in  period  prior  to  formation  of  cobalt/molybdenum  oxides. 

Ni-Cr  Bonded  CrB?  (Plasma-Sprayed)  -  This  was  one  of  the  more  successful  coatings 
evaluated  on  a  prior  program  (3) . 

NASA  Lube  PS-120  (Plasma  Sprayed)  -  A  composite  material  containing  Tribaloy  400  for 
wear  resistance,  silver  for  low-  to  intermediate-temperature  lubrication,  embed- 
ability,  and  thermal  conductivity,  and  calcium  fluoride  for  high-temperature  lubri¬ 
cation. 


TABLE  1.  HIGH-TEMPERATURE  COATING  CANDIDATES 


Poll  Coatings 

Kaman  DBS 
Overcoat  of : 

Co-20  Ni 
Overcoat  of t 

Sputter  Coatings 
Direct  to  Foil 

Ion  plated 

Nona 

Au 

TlBj 

None 

TiBj 

Ct2°J 

TlBj 

UtMM 

TtC 

b4c 

Cr -Au 

Cr2°3 

Journal  Coatings 

Kanan  SC At 

No  Overcoat 

TIBj  Ovarcoat 

Au  Ovarcoat 

1 

1 

1 

1 

1 

1 

1 

X 

X 

Co-20  Nit 

No  Ovarcoat 

Cr2°3 

TlBj  Ovarcoat 

1 

1 

1 

1 

I 

B 

1 

B 

1 

X 

Trlbaloy  400t 

No  Ovarcoat 

Au  Ovarcoat 

n 

1 

■ 

■ 

1 

■ 

g 

■ 

X 

Ni-Cr  Bonded  Cr 

No  Overcoat 

■ 

■ 

■ 

■ 

■ 

■ 

■ 

NASA  Luba  PS- 120 

(Tr lbaloy/Sl lvar/CaP ^ ) 

B 

B 

1 

■ 

i 

■ 

i 

■ 

Not* i  (Preferred  combinations  Indicated  by  X.) 


PRELIMINARY  MATERIALS  TEST  PROCEDURES 

Foil  and  journal  coating  test  specimens  were  fabricated  for  preliminary  testing.  The 
r. 7  specip~ns  were  fabricated  by  applying  the  candidate  coating  to  both  sides  of  an  IN718 
wh  was  0.152  mm  (0.006  inch)  thick,  50.8  mm  (2.0  inches)  long  and  25.4  mm  (1.0 

Inch)  tuat.  The  journal  specimens  were  fabricated  by  applying  the  candidate  coating  to  a 
jingle  side  of  a  3.75  mm  (0,125  inch)  thick  IN718  blank,  114.3  mm  (4.5  inches)  long  and 
31.75  mm  (1.25  inch)  wide.  The  coated  journal  blanks  were  then  aged  and  ground  (as 
required)  to  the  desired  surface  finish  and  coating  thickness.  All  of  the  coatings  in  the 
initial  test  matrix  were  subjected  to  metallographic  and  SEM  analysis  to  assess  coating 
quality,  uniformity  and  composition.  SEM  also  was  used  whenever  essential  to  assess  a 
coating's  response  to  the  various  tests  performed  on  the  coating. 

The  preliminary  testing  consisted  of  mechanical  and  oven  screening  tests  designed  to 
reduce  the  initial  10/12  matrix  to  a  6/6  matrix.  The  mechanical  tests,  which  were  per¬ 
formed  both  before  and  after  the  oven  exposure  tests,  are  described  below: 

o  Surface  ish 

c  Te-‘  oil  Specimens)  -  Coating  ductility  and  bond  strength  were  tested  by 

bending  coated  foil  specimens  through  a  90-degree  turn  about  a  3.175  mm 
(0.125-inch)  mandrel.  SEM  analysis  of  the  bent  samples  then  was  used  to  rank 
coating  ductility  and  bond  strength  by  measuring  the  average  crack  internal 
(spacing  between  cracks)  and  documenting  any  coating  spallation 

o  Hardness  Test  (Journal  Specimens)  -  Knoop  indentation  on  polished  sections. 

o  Scratch  T'  - 

o  Tape  Test  tape  test  was  performed  using  3-M,  Number  150,  pressure-sensitive 
tape  to  ( ‘  _n  a  qualitative  assessment  of  the  adhesion  between  coating  and  sub¬ 
strate 

After  inspecting  and  testing  the  coating  as  described  above,  thermal  exposure  testing 
was  conducted  on  the  coated  specimens.  Separate  oven  tests  were  performed  at  538®C 
(1000°F)  and  649®C  (1200®F)  in  an  air  atmosphere  for  a  period  of  500  hours.  At  the  end  of 
the  500-hour  period,  the  specimens  were  cycled  from  their  respective  test  temperatures  to 
about  149°C  (300°F)  by  withdrawal  from  the  furnace  and  rapid  air  cooling.  A  minimum  of  ten 
cycles  was  accumulated. 

Periodically  during  the  thermal  exposure  testing,  the  specimens  were  withdrawn  from 
the  furnace,  cooled  to  room  temperature,  ultrasonically  cleaned  in  acetone,  and  weighed  to 
determine  the  time  dependence  of  coating  oxidation. 

After  the  649°C  (1200°F)  thermal  exposure  testing,  the  coated  specimens  were  retested 
with  some  of  the  same  mechanical  tests  used  prior  to  exposure. 
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PRELIMINARY  SCREENING  RESULT3--F0IL  COATINGS 

Talyourf  profilometer  surface  finish  readings  were  made  on  all  incoming  foils.  The 
thin  foil  coatings  generally  reproduced  the  surface  finish  of  the  underlying  substrate 
material,  i.e.,  the  surface  finish  was  in  the  range  of  J-6  microinches  (RMS). 

Bend  test  data  for  the  coated  foil  specimens  prior  to  thermal  exposure  are  shown  in 
Figure  3.  The  data  in  this  Figure  show  that  the  coatings  with  metallic  constituents 
offered  the  highest  ductility.  The  data  also  show  that  even  relatively  brittle  coatings 
such  as  Kaman  DES  can  exhibit  better  surfaca  quality  when  "top  coated"  with  a  ductile 
material  such  as  gold. 


Due  to  thi  subjectivity  of  the  scratch  test,  a  comprehensive  breakdown  from  best  to 
worst  was  not  attempted.  Instead,  the  foil  coatings  were  grouped  into  four  separate  per¬ 
formance  levels,  as  described  briefly  below: 


Rating 


Description 


Excellent 


No  chipping,  cracking,  or  coating  breakthrough. 
Low  friction,  no  abrasive  wear  debris. 


Good 


Fair 


Poor 


Limited  chipping  and/or  cracking,  local  coating 
breakthrough.  Some  abrasive  wear  debris. 

Moderate  chipping  and/or  cracking.  No  crack 
branching  or  gross  spalling. 

Gross  chipping  and  spalling. 


Both  visual  and  SEM  observations  contributed  to  the  overall  rating.  Table  2  summarizes  the 
ratings  for  the  tested  coatings. 


Lastly,  it  is  noted  that  all  of  the  foil  coatings  candidates  successfully  passed  the 
tape  test. 

Figures  4  and  5  present  tie  weight  change  versus  exposure  time  data  for  the  coatings 
at  exposure  temperatures  of  538#C  (1000°F)  and  649#C  (1200*F) ,  respectively.  Ratings  of 
the  coatings  thermal  exposure  performance,  based  on  visual,  SEM  and  weight  change  data,  are 
presented  in  Tables  3  and  4  for  the  538*C  <1000°F)  and  649#C  (1200°F)  testing,  respec¬ 
tively.  The  relative  rankings  of  the  candidate  coatings  in  Tables  3  and  4  are  quite  simi¬ 
lar.  A  noticeable  exception  is  ion-plated  Cr-Au,  which  is  ranked  significantly  higher  at 
649°C  (1200°F)  than  it  is  at  5380C  (1000'F) . 


TABLE  2.  FOIL  COATING  SCRATCH  TEST  DATA 


Coating 

Comments 

Rating 

Ion  Plated  Cr-Au 

Very  low  friction,  no  cracking,  ship¬ 
ping  or  coated  breakthrough.  Some 
"plowing"  at  scratch  edges. 

Excellent 

Kaman  DES+Au 

Very  low  friction,  no  breakthrough 
of  Au,  no  plowing. 

Excellent 

Sputtered  TiB^ 

Good  find,  no  chipn,  or  cracks. 

Good 

Kaman  DES 

Very  limited  chipping  at  scratch 
edges.  Some  abrasive  wear  debris. 

Good 

Elt  ctroplated  Co-20  Ni 

Low  friction,  no  breakthrough,  some 
small  cracks  at  scratch  edges. 

Good 

Co-20  Ni  +  Sputtered  Cr^Oj 

Very  hard.  No  cracks  or  chips,  small 
amount  of  wear  debris. 

Good 

Sputtered  Cr^O^ 

Localized  chipping,  no  cracks, 
some  abrasive  wear  debris. 

Fair 

Sputtered  Tic 

Localized  chipping,  no  cracks,  no 
wear  debris. 

Fai  r 

Sputtered  B^C 

Extremely  hard  (no  coating  break¬ 
through)  although  extensive  chipping 
at  scratch  edges. 

Fair 

Co-20  t.i  +  Sputtered  TiB^ 

Some  spalling  of  TiB2  at  scratch  edges. 

Fair 

Ion  plated  Cr^O^ 

Excessive  spallation  in  and  around 
scratch . 

Poor 

Kaman  DEs  +  Sputtered  TiB^ 

Excessive  TiB2  spallation  in  and 
around  scratch. 

Poor 

TABLE  3.  CANDIDATE  FOIL  COATINGS  -  538*C  (1000’F)  THERMAL  EXPOSURE  PERFORMANCE  RATING 


Coating 

Rating 

Rating  Designations 

Kaman  DES 

Excellent 

Excellent  -  No  visual  coatinq 
degradation.  Stable  weight 
change  versus  time  behavior. 

Sputtered  TiC 

Excellent 

Electroplated  Co-20  Ni 

Excellent 

Sputtered  Cr203 

Good 

Good  -  Localised  areas  of  auper- 
f icial  attack  not  resulting  in 
substrate  exposure.  Stable 
weight  change  versus  time. 

Kaman  DES  +  Au 

Good 

Sputtered  B^C 

Fair 

Fair  -  Morv  pronounced  degrada¬ 
tion  with  some  areas  (less  than 

10%)  of  substrate  exposure. 

Ion  Plated  Ct-Au 

Fair 

Kaman  DES  +  TiB2 

Poor 

Poor  -  Excessive  oxidation  and/ 
or  spalling  of  coating.  Unstable 
weight  change  versus  time 
behavior . 

Co-20  Ni  +  TiB2 

Poor 

Co-20  Ni  +  Cr2o3 

Poor 

Sputtered  TiB2 

Poor 

Ion  Plated  Cr203 

Poor 

TABLE  4.  CANDIDATE  FOIL  COATINGS  -  649*C  (1200'F)  THERMAL  EXPOSURE  PERFORMANCE  RATING 


Coating 

Rating 

Rating  Designations 

Kaman  DES 

Excellent 

Excellent  -  No  visual  coatinq 
degradation.  Stable  weight 
change  versus  time  behavior. 

Sputtered  TiC 

Excellent 

Ion  Plated  Cr-Au 

Excellent 

Sputtered  Cr203 

Good 

Good  -  Localized  areas  of  super- 
ficial  attack  not  resulting  in 
substrate  exposure.  Stable 
weight  change  versus  time. 

Kaman  DES  +  Au 

Good 

Electroplated  Co-20  Ni 

Good 

Sputtered  B^C 

Fair 

Fair  -  More  pronounced  deqrada- 
tion  with  some  areas  (less  than 

10%)  of  substrate  exposure. 

Sputtered  TiB2 

Fair 

Ion  Plated  Cro0 

2  j 

Poor 

Poor  -  Excessive  oxidation  and/  [ 

or  spalling  of  coating.  Unstable 
weight  change  versus  time 
behavior . 

Kaman  DES  +  TiB2 

Poor 

Co-20  Ni  +  TiB2 

Poor 

Co-20  Ni  +  Cr203 

Poor 
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Figure  6  shows  the  results  of  the  pojt-thermal  exposure  bend  tests  that  were 
conducted  on  the  coated  foil  specimens  after  the  649"C  (1200®F)/500-hour  oven  exposure.  In 
most  cases,  the  thermal  exposure  tended  to  increase  coating  ductility  and  bond  strength  by 
promoting  diffusion  at  the  coating/substrate  interface.  Exceptions  to  this  were  the  Co-20 
Ni  and  ion-plated  Cr2o3  coatings,  which  exhibited  ductility  decreases. 

PRELIMINARY  SCREENING  RESULTS— JOURNAL  COATINGS 

Surface  finish  measurements  were  made  on  each  journal  coating  candidate  using  a 
Talysurf  prof ilometer .  Since  specimen  warpage  was  experienced  by  some  of  the  journal  coat¬ 
ing  specimens,  the  Kaman  sca  and  cobalt-20  Nickel  coatings  were  tested  in  the  as-processed, 
rather  than  ground,  condition.  The  surface  finish  of  these  coatings  ranged  from  28  to 
40p-in  PJ4S .  The  surface  finish  for  all  the  journal  coating  candidates  is  presented  in 
Table  5. 

Knoop  microhardness  tests  were  run  on  cross-sections  taken  through  the  journal  coat¬ 
ings  to  determine  coating  hardness  and  assess  cracking  tendency.  The  hardness  values  are 
listed  in  Table  5.  In  the  case  of  the  Kaman  SCA  coating,  an  accurate  measurement  of  hard¬ 
ness  was  difficult  due  to  the  composite  nature  of  the  coating,  and  coating  porosity.  This 
was  also  the  case  for  the  NASA-Lube  PS-120  coating.  The  hardness  values  presented,  there¬ 
fore,  are  "apparent"  microhardness  values  for  these  two  materials. 

The  scratch  test  data  for  the  journal  coatings  is  presented  in  Table  5.  The  coatings 
were  ranked  in  three  categories  as  described  below: 

Good  -  No  chipping,  cracking,  or  coating  breakthrough.  Low  friction. 

Shallow  scratch. 

Pair  -  Localized  breakthrough,  limited  chipping  and/or  cracking. 

Poor  -  Heavy  chipping  and/or  spalling  of  coating.  Deep  scratch  or 

extensive  breakthrough. 

Generally,  the  hard  ceramic  coatings  (SCA,  TiB2,  Cr203>  performed  poorly  in  this  test, 
exhibiting  chipping  and  generating  abrasive  wear  debris.  Metallic  coatings  (Cobalt- 
Nickel,  Tribaloy,  Gold  overcoat)  performed  well. 

All  of  the  journal  coatings  except  Kaman  SCA  +  ion-plated  gold  passed  the  tape  test. 

Figures  7  and  8  present  the  weight  change  versus  exposure  time  data  for  the  coatings 
at  exposure  temperatures  of  538"C  (1000®F)  and  649#C  (1200°F>,  respectively.  Ratings  of 
the  coatings  thermal  exposure  performance,  based  on  visual,  SEM  and  weight  change  data,  are 
presented  in  Tables  6  and  7  for  the  538*C  (1000“P)  and  649°C  (1200°F)  testing,  respec¬ 
tively.  The  relative  rankings  of  the  candidate  coatings  in  Tables  6  and  7  are  similar. 
The  most  significant  change  in  ranking  was  Cobalt-20  Nickel,  which  dropped  from  Excellent 
at  530#C  (1000°F)  to  Poor  at  649"C  (1200°F),  due  to  excessive  oxidation. 


TABLE  5.  JOURNAL  COATING  TEST  DATA 


Coating 

Competition 

Dapoaltion  Method 

Thicknesa 
mn  (in) 

Surface  Finish, 
fi-in  RMS 

Knoop 

Hardness 

Tape 

Teat 

Scratch 

Teat 

RAMAN  SCA 

SiOj-Ct jOj-AljOj 

Slurry 

0,137 

(0.0054) 

36  (as  coated) 

482 

(apparent) 

Pass 

Poor 

KAMAN  SCA  +  TiBj 

SiOj-CrjOj-AljOj 
plut  TiBj  top  coat 

Slurry,  aputtarad 
top  coat 

0.114 

(0.0045) 

28  (aa  coatad) 

482 

(apparent) 

Pa*  a 

Poor 

KAMAN  SCA  ♦  Au 

SlOj-CtjOj-AljOj 

plus  gold  top  coat 

Slurry,  ion  plated 
top  coat 

0,152 

(0,0060) 

34 (as  coatad) 

482 

(apparent) 

Fail 

Good 

Co-20  Ni 

SOI  cobalt-201  nickel 
•  Hoy 

Blactroplatad 

0.028 

(0.0011) 

30  (aa  coatad) 

491 

Paas 

Good 

CO-20NI  ♦  Cr,Oj 

801  cobalt-201  nickel 
alloy  plua  Cr.o,  top 
coat  3 

Electroplate, 
aputtarad  top  coat 

0.043 

(0.0017) 

36  (aa  coated) 

521 

Pass 

Poor 

CO- 2 ON i  ♦  TiB2 

801  cobalt-201  nickel 
alloy  plus  TiB- 
top  coat 

Blactroplatad, 
aputtarad  top  coat 

0.0  38 
(0.0015) 

40  (as  coated) 

504 

Paas 

Poor 

Tribaloy  400 

62Co-2SNo-2Sl-ecr 

Datonation  gun 

0.147 

(0.0058) 

6  (ground) 

655 

Pass 

Good 

Tribaloy  400  ♦  Au 

62Co-28Mo-2Si-8Cr 
plua  gold  top  coat 

Datonation  gun, 
ion  platad  top  coac 

0.152 

(0.0060) 

7  (ground) 

655 

Paas 

Good 

Nl-Cr  Bonded 

CtB2 

201  Nichroma  (80-20) , 
801  CrB2 

Plasma  aprayad 

0.051 

(0.0020) 

TBD  (ground) 

Paas 

Fair 

NASA  Lube  PS-120 

COt  Trlbaioy  400,  201 
Silver i  20%  Car^ 

Plasma  sprayed 

0.122 

(0.004B) 

21  (ground) 

103 

(apparent) 

Paas 

Fair 

[ 


TABLE  6.  CANDIDATE  JOURNAL  COATINGS  -  538*C  (1000*F)  THERMAL 
EXPOSURE  PERFORMANCE  RATING 


Coating 

Rating 

Rating  Designations 

KAMAN  SCA 

Excellent 

Excellent  -  No  visual  coating 

• 

degradation,  stable  weight 

Cobalt-20  Nickel 

Excellent 

change  versus  time  behavior. 

■  ■  •  1 

Tr ibaloy-400 

Excellent 

Good  -  Localized  areas  of  super- 

ficial  attack  no  resulting  in 

i 

Tribaloy-400  +  Au 

Excellent 

substrate  exposure.  Stable 

1 

weight  change  versus  time. 

Ni-Cr  Bonded  CrB~ 

Excellent 

& 

Fair  -  Mote  pronounced  deqrada- 

,1 

j 

KAMAN  SCA  +  Au 

Good 

tion  with  some  areas  (less  than 

10%)  of  substrate  exposure. 

Cobalt-20  Nickel+Cr.O, 

Poor 

Poor  -  Excessive  oxidation  and/ 

Cobalt-20  Nickel+TiB, 

Poor 

or  spalling  of  coating.  Unstable 

■  1 

weight  change  versus  time 

KAMAN  SCA  +  TiB^ 

Poor 

behavior . 

NASA  Lube  PS-120 

Poor 

- 

TABLE  7.  JOURNAL  COATINGS  -  649#C  (1200“F)  THERMAL 
EXPOSURE  PERFORMANCE  RATING 


Coating 

Rating 

Rating  Designations 

KAMAN  SCA 

Excel  lent 

Excellent  -  No  visual  coatinq 
degradation.  Stable  weight 

Tribaloy  400  +  Au 

Excellent 

change  versus  time  behavior. 

Ni-Cr  Bonded  CrB2 

Excellent 

Good  -  Localized  areas  of  super¬ 
ficial  attack  not  resulting 

KAMAN  SCA  +  Au 

Good 

in  substrate  exposure.  Stable 
weight  change  versus  time. 

Tribaloy  400 

Good 

Fair  -  More  pronounced  degrada- 

KAMAN  SCA+TiB2 

Fair 

tion  with  some  areas  (less  than 
104)  of  substrate  exposure. 

Cobalt-20  Nickel 

Poor 

Poor  -  Excessive  oxidation  and/ 

Cobalt-20  Nickel+Cr203 

Poor 

or  spalling  of  coating.  Unstable 
weight  change  versus  time 

Cobalt-20  Nickel+TiB2 

Poor 

behavior . 

NASA  Lube  PS-120 

Poor 

PRELIMINARY  SCREENING  CONCLUSIONS 

Reduction  of  the  initial  group  of  twelve  foil  coating  candidates  to  a  field  of  six 
relied  heavily  on  oven  screening  results  because  coating  durability  at  temperature  is  an 
absolute  requirement  for  successful  foil  bearing  operation.  The  metallographic  and 
mechanical  evaluations  provided  valuable  information  on  coating  quality  and  helped  define 
the  mechanisms  of  coating  degradation  after  thermal  exposure.  The  six  coatings  chosen  for 
continued  evaluation  were: 

Kaman  DES 

Kaman  DES  +  Au  Overcoat  (Sputtered) 

Co-20  Ni  (Electroplated) 

Cr2°3  (Sputtered) 

TiC  (Sputtered) 

B4C  (Sputtered) 

The  six  journal  candidates  chosen  for  sliding  friction  evaluations  were: 

Kaman  SCA 

Kaman  SCA  t  Ion-Plated  Gold 
Cobalt-20  Nickel  (Electroplated) 

Tribaloy  400  (D-Gunned) 

Tribaloy  400  (D-Gunned)  +  Ion-Plated  Gold 
Ni-Cr  Bonded  CrB2  (Plasma  Sprayed) 


9 


1 


1 


Li 
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SLIDING  FRICTION  TEST  PROCEDURE 

Sliding  friction  measurements  were  made  at  room  temperature,  316®C  (600®F) ,  427#C 
(800*F)  and  538#C  (1000#F) .  Both  static  and  dynamic  friction  coeff icienta  were  measured 
for  each  mating  material  combination  in  the  aix-by-six  matrix  of  foil/journal  coating  com¬ 
binations  selected  in  the  preliminary  materials  screening.  Room-temperature  tests  only 
were  conducted  on  as-coated  specimens.  All  coatings  were  then  pre-oxidized  for  one  to  two 
hours  at  1200#F,  and  tested  at  all  of  the  above  temperatures.  Room-temperature  testing  was 
conducted  to  assess  coating  performance  during  engine  start  up  transients  prior  to  foil 
lift-off,  while  elevated-temperature  testing  was  conducted  to  evaluate  friction  coeffi¬ 
cients  to  be  expected  during  high  speed  rubs  and  hot  starts.  A  typical  sliding  friction 
data  trace  is  shown  in  Figure  9,  which  also  t-1;  ?s  the  data  repeatability. 

SLIDING  FRICTION  RESULTS 


Table  8  is  a  compilation  of  the  measured  sliding  friction  coefficients  at  room  tem¬ 
perature  and  elevated  temperature  for  the  36  pre-oxidized  coating  combinations.  Table  9 
presents  the  sliding  friction  coefficients  of  as-coated  and  pre-oxidized  coating  combi¬ 
nations  measured  at  room-temperature  test  conditions. 

Results  observed  during  the  sliding  friction  tests  are  summarized  below: 

o  For  the  pre-oxidized  coatings  (Table  8),  the  mean  measured  static  and  dynamic 
friction  coefficients  at  24#C  (75°F)  were  0.53  and  0.26,  respectively.  At  538#C 
(1000#F)  the  mean  static  and  dynamic  friction  coefficients  were  0.88  and  0.73, 
respectively 

o  In  all  cases,  friction  coefficients  were  found  to  increase  when  the  test  temper¬ 
ature  was  increased  above  24#C  (75®F),  although  in  many  instances  the  coef¬ 
ficients  peaked  at  an  intermediate1  temperature  (i.e.,  less  than  538°C  (1000°F) 
and  decreased  slightly  beyond  this  point 

o  Compared  as  a  group,  the  sliding  friction  coefficient  of  the  as-coated  combin¬ 
ations  are  quite  similar  to  the  pre-oxidized  coating  combinations  (Table  9) . 
The  mean  measured  static  and  dynamic  friction  coefficients  for  the  as-coated 
combinations  were  0.55  and  0.25,  respectively. 

o  While,  as  a  group,  the  performance  of  the  as-coated  and  pre-oxidized  combin¬ 
ations  was  similar,  one  coating  combination  responded  to  pre-oxidation  of  the 
coatings  in  a  dramatic  manner.  When  the  coating  combination  of  Kaman  SCA  on  the 
journal  and  B,C  on  the  foils  was  pre-oxidized,  the  measured  static  and  dynamic 
friction  coefficients  were  0.46  and  0.07,  respectively,  compared  with  the  as- 
coated  values  of  0.79  and  0.59 

o  Gold-gold  combinations  yielded  extremely  high  friction  coefficients 


SLIDING  FRICTION  CONCLUSIONS 


Selection  of  the  four  coating  combinations  to  be  carried  forward  for  the  dynamic  pro¬ 
perties  testing  relied  on  data  from  the  sliding  friction  tests,  as  well  as  the  earlier 
preliminary  screening  data.  The  material  combinations  selected  and  the  rationale  for  the 
choices  are  presented  in  Table  10. 

DYNAMIC  PROPERTIES  PROCEDURE  AND  TEST  RIG 


Previous  investigations  of  high-temperature  dry-film  coatings  for  foil  bear ings (3) (4) 
tested  the  coatings  utilizing  foil  and  journal  specimens  that,  essentially,  were  partial 
or  total  foil  bearings.  In  this  current  program(l),  to  simplify  the  foil  and  journal 
specimens  and  facilitate  both  specimen  fabrication  and  testing,  the  approach  was  based  on 
using  flat  coating  specimens  in  a  test  rig  whose  features  are  depicted  in  Figure  10. 

The  rotating  wear  ring,  simulating  the  bearing  journal,  contacts  a  thin  flat  metal 
sheet  simulating  the  bearing  foil.  Candidate  journal  and  foil  coatings  are  applied  on  the 
contact  surfaces.  The  disk  is  driven  by  a  variable  speed  motor,  and  is  capable  cf  axial 
translation  along  its  axis  of  rotation.  The  disk  can  either  be  lifted  off  of  the  foil 
surface,  or  held  against  it  with  a  controlled  force,  simulating  the  contact  force  in  an 
actual  bearing.  Provisions  are  incorporated  for  measuring  the  torque  created  by  the  rotat¬ 
ing  disk  contacting  the  foil  specimen.  Friction  coefficients  then  are  derived  from  the 
torque  and  load  applied  to  the  disk-foil  interface.  Since  the  foil  specimen  is  supported 
on  an  undamped  air  bearing,  only  the  dynamic  friction  coefficient  is  monitored  with  this 
rig. 


The  specimen  portion  of  the  dynamic  properties  test  rig  is  in  an  oven  capable  of  pro¬ 
viding  a  controlled  thermal  environment  in  excess  of  649°C  (1200°F)  . 

The  procedure  utilized  for  the  rig  simulated  cold  and  hot  starts  and  also  developed 
wear  rate  data.  The  test  procedure  was  designed  to  maximize  information  gained  by  testing 
to  plausible  conditions,  rather  than  to  test  to  extreme  conditions,  which  would  fail  an 
excessive  number  of  specimens,  restricting  information  gained.  The  procedure  is  outlined 
in  Table  11. 
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TABLE  8.  STATIC  AND  DYNAMIC  FRICTION  COEFFICIENTS  AT  VARIOUS  TEMPERATURES 
FOR  PRE-OXIDIZED  FOIL  AND  JOURNAL  COATING  COMBINATIONS 


WEAR  COUPLE 
(«.  OURNAL/FOIL) 

TEST  TEMPERATURE  ( 

•C  15.55)  (• 

F  110) 

U»  +■ 

•  m 

1  ° 

316*C 

(6Q0*P) 

427»C 

(800°F) 

538^ 

(1000*F) 

Cobalt-20  Nickel/Cobalt-20  Nickel 

0.53/0.24 

0.75/0.39 

0.81/0.64 

0.92/0.73 

Cobalt-20  Nickel/Sputtered  Cr2°3 

0.62/0.29 

0.62/0.42 

0.84/0.61 

0.75/0.54 

Cobalt-20  Nickel/Sputtered  Tic 

0.59/0.28 

0.55/0.46 

0.72/0.56 

0.72/0.55 

Ccbalt-20  Nickel/Sputtered  B^C 

0.50/0.17 

0.62/0.44 

0.83/0.61 

0.92/0.68 

Cobalt- 20  Nickel/Kaman  DES 

0.28/0.18 

0.66/0.44 

0.64/0.44 

0.72/0.50 

Cobalt-20  Nickel/DES  +  Gold 

0.50/0.28 

0.73/0.48 

0.77/0.40 

0.73/0.39 

Kaman  SCA/Cobalt-20  Nickel 

0.60/0.31 

0.59/0.40 

0.57/0.40 

0.64/0.48 

Kaman  SCA/Sputtered  Cr2C>3 

0.69/0.40 

0.92/0.81 

0 .  "4/0 .75 

0.86/0.73 

Kaman  SCA/Sputtered  YiC 

0.57/0.28 

0.99/0.88 

0.94/0.81 

('.92/0.77 

Kaman  SCA/Sputtered  B^C 

0.46/0.0? 

0.99/0.86 

0.95/0.84 

0.92/0.77 

Kaman  SCA/Kaman  DES 

0.40/0.29 

0.90/0.77 

0.83/0.72 

0.86/0.79 

Kaman  SCA/DES  +  Gold 

0.59/0.17 

0.73/0.59 

0.92/0  .68 

0.90/0.68 

Tribaloy  400/Cobalt-20  Nickel 

0.57/0.20 

0.81/0.68 

0.92/0.77 

0.99/0.83 

Tcibaloy  400/Sputtered  Cr203 

0.57/0.29 

0.86/0.72 

0.92/0.73 

0.99/0.83 

Tribaloy  400/Sputtered  Tic 

0.53/0.22 

0.97/0.77 

0.95/0.79 

0.79/0.70 

Tribaloy  400/Sputtered  B^C 

0.44/0.17 

1.05/1.05 

1.05/0.99 

1.01/0,92 

Tribaloy  400/Kaman  DES 

0.38/0.26 

0.81/0.68 

0.90/C. 73 

1.01/0.84 

Tribaloy  400/DES  +  Gold 

0.61/0.18 

0.88/0.72 

0.97/0.81 

0.94/0.73 

Tribaloy  400  +  Gold/Cobalt-20  Nickel 

0.55/0.39 

0.92/-- 

0.90/1.01 

0.99/— 

Tribaloy  400  +  Gold/Sputtered  Cr2<03 

0,50/0.29 

0.81/0.70 

1.01/0.94 

0.94/0.94 

Tribaloy  400  +  Gold/Sputtered  Tic 

0.50/0.28 

0.68/0.61 

0.77/0.73 

0.88/0.86 

Tribaloy  400  +  Gold/sputtered  b^c 

0.50/0.26 

0.75/0.57 

0.84/0.72 

0.83/0.84 

Tribaloy  400  +  Gold/Kaman  DES 

0.53/0.42 

0.81/0.77 

0.99/0.84 

0.95/0.92 

Tribaloy  400  +  Gold/DES  +  Gold 

0.68/0.68 

— 

— 

— 

Nichrome-CrB2/Cobalt-20  Nickel 

0.51/0.22 

0.70/0.50 

0.72/0.55 

0.72/0.51 

Nichrome-CrB2/Sputtered  Cr203 

0.51/0.24 

0.83/0.72 

0..  95/0. 70 

0.88/0.72 

Nichrome-CrB2/Sputtered  TiC 

0.50/0.35 

0.92/0.70 

0.95/0.70 

0.90/0.68 

Nichrome-CrB2/Sputtered  B^C 

0.44/0.17 

0.88/0.70 

0.90/0.68 

0.86/0.68 

Nichrome-CrB2/Kaman  DES 

0.53/0.35 

0.92/0.72 

0.95/0.81 

0.84/0.68 

Nichrome-CrB2/DES  +  Gold 

0.57/0.22 

0.94/0.72 

0.86/0.66 

0.95/0.72 

Kaman  SCA  +  Gold/Cobalt-20  Nickel 

0.61/0.26 

0.81/-- 

0.90/0.83 

0.86/-- 

Kaman  SCA  +  Gold/Sputtered  Cr2°3 

0.51/0.20 

0.72/0.52 

0.77/0.57 

0.94/0.75 

Kaman  SCA  +  Gold/Sput tered  TiC 

0.57/0.22 

0.72/0.53 

0.72/-- 

0.59/0.42 

Kaman  SCA  +  Gold/Sputtered  B^C 

0.55/0.20 

0.84/0.72 

0.92/0.81 

0.84/0.73 

Kaman  SCA  +  Gold/Kaman  DES 

0.44/0.24 

0.70/0.44 

0.66/0.44 

0.86/0.64 

Kaman  SCA  +  Gold/DES  +  Gold 

0.94/0.64 

0.88/-- 

0.99/-- 

0.92/0. T9 

♦NOTES: 

o  Data  Format:  (Static  Coef  f  icient/Dynamio  ."nef  f  ici.'iit) 

o  All  Coatings  Pi eox id i zed  at  649°C  (l200°F)  for  l  to  2  Hours 

o  Unit  Loading  29025  Newton/m2  (3.63  psi),  Sliding  Velocity  0.3  to  0.6  m-’see 
(1  to  2  £t/sec) 
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STATIC  AND  DYNAMIC  FRICTION  COEFFICIENTS  AT  ROOM  TEMPERATURE 
FOR  AS-COATED  AND  PRE-OXIDIZED  FOIL  AND  JOURNAL  COATING 
COMBINATIONS* 


Wear  Couple 
(Journal/Foil) 

Test  Temperature 
=  24°C  (75°F) 

As-Coated 

Condition 

P:  -Oxidized 

Cobalt-20  Nickel/Cobalt-20  Nickel 

0.46/0.13 

C  .53/0.24 

Cobalt-20  Nickel/Sputtered  Cr^O^ 

0.44/0.18 

0.62/0.29 

Cobalt-20  Nickel/Sputtered  Tie 

0.48/0. 18 

0.59/0.28 

Cobalt-20  Nickel/Sputtered  84C 

0.40/0. 18 

0.50/0.17 

Cobalt-20  Nickel/Kaman  DES 

-/- 

0.28/0.18 

Cobalt-20  N i eke 1/DES  *  Gold 

0.50/0.28 

0.50/0.28 

Kaman  SCA/Cobalt-20  Nickel 

0.61/0.26 

0.60/0.31 

Kaman  SCA/Sput tered  Cr.,02 

0.64/0.37 

0.69/0.40 

Kaman  3CA/Sputtered  Tic 

0.55/0.28 

0.57/0.28 

Kaman  SCA/Sputtered  b4c 

0.79/0.59 

0.46/0.07 

Kaman  SCA/Kaman  DES 

-/- 

0.40/0.29 

Kaman  SCA/OES  +  Gold 

0.59/0.17 

0.59/0.17 

Tribaloy  400/Cobalt-20  Nickel 

0.46/0. 18 

0.57/0.20 

Tribaloy  400/Sputtered  Cr2<02 

0.62/0.26 

C. 57/0. 29 

Tribaloy  400/Sputtered  TiC 

0.50/0.18 

0.53/0.22 

Tribaloy  400/Sputtered  B4'C 

0.51/0. 18 

0.44/0.17 

Tribaloy  400/Kaman  DES 

-/- 

0.38/0.26 

Tribaloy  400/DES  +  Gold 

0.61/0. 18 

0.61/C.  18 

Tribaloy  400  +  Gold/Cobalt-20  Nickel 

0.64/0.61 

0.55/0.39 

Tribaloy  400  +  Gold/Sputtered  Cr.,Oj 

0.53/0.26 

0.50/0.29 

Tribally  400  +  Gold/Sputtered  TiC 

0.42/0.15 

0.50/0.28 

Tribaloy  400  +  Gold/Sputtered  B4C 

0.46/0.17 

0.50/0.26 

Tribaloy  400  +  Gold/Kaman  DES 

-/- 

0.53/0.42 

Tribaloy  400  +  Gold/DES  +  Gold 

0.68/0.60 

0.68/0.68 

Nichrome-CrB2/Cobalt-20  Nickel 

0.44/0.28 

0.51/0.22 

Nichrome-CrB2/Sput tered  Cr2Oj 

0.58/0.28 

0.51/0.24 

Nichrome-CrB2/Sputtered  TiC 

0.57/0.28 

0.50/0.35 

Nichrome-CrB2/sputtered  B4C 

0.57/0.35 

0.44/0.17 

Nichrome-CrB2/Kaman  DES 

-/- 

0.53/0.35 

Nichrome-CrB2/DES  +  Gold 

0.57/0. 22 

0.57/0.22 

Kaman  SCA  +  Gold/Cobalt-20  Nickel 

0.55/0.31 

0.61/0.26 

Kaman  SCA  +  Gold  Sputtered  Cr.,0^ 

0.51/0.20 

0 .51/0 .  20 

Kaman  SCA  +  Gold/Sputtered  TiC 

0.57/0.22 

0.57/0.22 

Kaman  SCA  +  Gold/Sputtered  B4C 

0.55/0.20 

0.55/0.20 

Kaman  SCA  +  Gold/Kaman  DES 

-/- 

0.44/0.24 

Kaman  SCA  +  Gold/DES  +  Gold 

0.94/0.64 

0.94/0.64 

NOTES: 

Data  Format:  ^g/^u  (Static  Co»f t icient/Dynamio  Coefficient) 

Pre-Ox  idat  ion  Condition;?:  649°C  (1200°F)  for  1  to  2  Hour.-; 

Unit  Loading  25025  Newtan'm^  (3.63  psi),  Sliding  Velocity  0..  to  0.6  m/noc 
'1  to  2  f t/sec) 


o 

o 

o 
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TABLE  10.  FOUR  COATING  COMBINATIONS  CHOSEN  FOR  DYNAMIC  PROPERTIES  TESTING 


JOURNAL 

FOIL 

RATIONALE 

Cobalt-20  Nickel 

Sputtered  TiC 

Low  friction.  Good  foil  coating  dura¬ 
bility  and  oxidation  resistance.  Eco¬ 
nomical  self-lubricating  journal  coating. 

Tribaloy  400 

Sputtered  TiC 

Stable  sliding  behavior.  Good  foil  coat¬ 
ing  durability  and  oxidation  resistance, 
Excellent  journal  coating  durability; 
oxidation  resintance. 

Kaman  SCA  +  Gold 

Kaman  DES 

Low  friction.  Highly  wear-resistant 
journal  coating.  Excellent  foil/journal 
oxidation  resistance.  SCA  open  porosity 
provides  reservoir  for  gold.  Economical 
processes . 

Tribaloy  400 

Sputtered  Cr203 

Stable  sliding  behavior.  Excellent  £<., 
coating  durability;  oxidation  resistance. 
Excellent  journal  coating  durability; 
oxidation  resistance. 

TABLE  11.  DYNAMIC  PROPERTIES  TEST  SEQUENCE 


Step 

Condition 

Temperature 

Rig  Speed* 
(rpm) 

Load  Arm 
Load2 

Time 

(min) 

■ 

Cold  start 
Repeat  5  times 
minimum 

Ambient 

200-1600 

2.224  Newton 
(0.5  Pound) 

Accelerate 
as  required, 
then 

decelerate 

2 

Hot  Start 
Repeat  5  times 
minimum 

427°C  649°C 

(800°F) ,  ( 1200°F) 

200-1600 

2.224  Newton 
(0.5  Pound) 

Accelerate 
as  required 

3 

Wear  test 

Ambient, 

427°C  649°C 
(800°F),  (1200°F) 

500 

minimum 

2.224  Newton 
(0.5  Pound) 

60 

at  each 
temperature 

NOTES: 

1  Average  wear  ring  surface  speed: 

at  200  rpm — 0.43  m/sec  (1.42  ft/sec) 
at  1600  rpm — 3.46  m/sec  (11.35  ft/sec) 

2  2.224  Newton  (0.5-pound)  load  on  load  arm  yields  6.672  Newton  (1.5-pound)  load  at 
tested  wear  surfaces.  The  unit  load  is  7514  Newton/m2  (1,09  psi) . 


DYNAMIC  PROPERTIES  TEST  RESULTS 

Dynamic  properties  tests  were  conducted  on  the  four  selected  material  combinations 
(Table  10) .  Figure  11  presents  a  typical  data  trace  obtained  during  the  start  tests 
(Steps  1  and  2,  Table  11)  on  the  dynamic  properties  test  rig.  Table  12  presents  the 
dynamic  friction  coefficient  data  from  this  portion  of  the  dynamic  properties  tests. 
Typically,  friction  coefficients  were  found  to  decrease  or  stabilize  with  increasing  slid¬ 
ing  speed.  Stick-slip  behavior  also  was  most  pronounced  at  lower  sliding  speeds. 

Friction  coefficient  and  wear  rate  data  for  the  wear  test  portion  of  the  test  sequence 
(Step  3)  are  presented  in  Table  13.  The  649®C  (1200°F)  test  was  conducted  first,  followed 
by  the  427°C  (800#F) ,  and  24®C  (75°F)  tests.  Since  oxide  transfer,  which  occurred  during 
the  b49°C  (1200°F)  test,  tended  to  mask  wear  rate  trends  that  occurred  at  lower  temper¬ 
atures,  the  649®C  (1200‘F)  wear  rate  data  are  the  most  meaningful. 
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TABLE  12.  DYNAMIC  PROPERTIES  RIG  DATA  -  START/STOP  TESTS* 


Wear  Coupla 
(Journal/Foil) 

DYNAMIC  FRICTION  COBFFICI BNTS  ,  Cf 

24*C  ( 75 *F > 

427‘C  (827*F) 

649*C  (1200*F)  | 

At  Maxlaua 
Spaad 

During 

Tranalenta 

At  Maxlauai 
Spaad 

During 

Tranalanta 

At  Kaxlaua 
Spaad 

During 

Tranalanta 

Cobalt-Nickel/ 

TIC 

0.35  to  0.40 

0.35  to  0.40 

0.50  to  0.60 

Off  acala 
[»1.0  below 
2,56  a/aac 
(8.4  ft/aac) ) 

0.35  to  0.40 

(1.0  below 

1.86  a/aec 

(6.1  ft/aac)] 

T-400/TIC 

0.18  to  0.20 

0.18  to  0.20 

0.50 

0.5 

0.20  to  0.40 

0.20  to  0.40 

Kaaan  SCA+Au/ 
Kaaan  DBS 

0.10  to  0.70 

0.20  to  0.70 

0.30 

0.30  to  0.40 

0.30 

0.30  to  0.40 

|(INCREASES 

WITH  TIMB)  | 

T-400/CrjOj 

0.10  to  0.12 

0.18  to  0.22 

0.30  to  0.40 

0.30  to  0.40 

0.40  to  0.50 

(1.0  btlow 

2.32  a/aac 
(7.6  ft/aac)] 

‘Sliding  velocity  ranged  fro*  0.56  a/aac  (1.83  ft/aac)  to  3.72  a/aac  (12.22  ft/aac) >  unit  load  waa 
7514  Newton/a?  (1.09  pailt  air  ataoapheret  no  lubrication. 


TABLE  13.  DYNAMIC  PROPERTIES  RIG  DATA  -  STEADY  STATE  WEAR  TEST* 


Wear  Couple 
(Journal/Foil) 

WEAR  (mg/304. 8m  (1000  ft)  OF  DISK  TRAVEL) 

24°C 

(75#F) 

427*C 

(800°F) 

649°C  ( 1200°F) 

Journal 

Foil 

Journal 

Foil 

Journal 

Foil 

Cobalt-Nickel/TiC 

-0.2956 

-0.0341 

-0.0940 

-0.0818 

+0.0818 

+0.4320 

T-400/TiC 

-0.0114 

+0.1933 

-0.0286 

+0.0390 

-0.0022 

+0.0110 

Kaman  SCA+Au/Kaman  DES 

+0.1320 

+0.0400 

- 

- 

-0.1863 

-0.1464 

T-400/Cr2O3 

+0.0066 

-0.0044 

tO. 1013 

+C.1745 

-0.1697 

+0.9986 

DYNAMIC 

FRICTION  COEFFICIENTS  (Cp) 

24*C  (75°F) 

427°C  (800°F) 

649°C  ( 1200*F) 

Cobalt-Nickel/TiC 

0.44 

0.50 

0.40 

T-400/TiC 

0.40 

0.55 

0.35 

Kaman  SCA+Au/Kaman  DES 

0.55 

- 

0.55 

T-400/Cr2O3 

0.22 

0.20 

0.14 

♦Sliding  velocity  ranged  from  0.73  to  3.86  m/sec  (2.40  to  12.68  ft/sec);  unit 
load  was  7514  Newton/m2  (1.09  psi)>  air  atmosphere?  no  lubrication. 

Figure  12  shows  the  649°C  (1200°F)  wear  data  in  bar  graph  form  for  the  four  wear 
couples.  The  Cobalt-20  Nickel  versus  TiC  data  indicate  Cobalt-Nickel  oxide  formation  was 
rather  excessive,  with  both  samples  gaining  weight  during  the  test  (this  material  subse¬ 
quently  wore  away  at  the  lower  test  temperatures).  The  Tribaloy  400  versus  TiC  data 
reflect  a  slight  weight  loss  of  the  Tribaloy  sample  with  material  transfer  to  the  TiC 
sample.  In  the  case  of  the  Raman  SCA  +  Gold  versus  Kaman  DF!S  wear  couple,  both  samples 
experienced  abrasive  wear.  The  Tribaloy  400  versus  Cr2(>3  combination  experienced  a  much 
higher  degree  of  adhesive  wear  than  the  Tribaloy  400  versus  TiC  combination,  with  heavier 
weight  loss  and  transfer  from  the  Tribaloy  sample  to  the  Cr207  sample.  Table  14  presents  a 
summary  of  post-test  observations  for  the  tested  coating  combinations. 

Figure  13  compares  the  dynamic  friction  coefficent  measured  for  one  coating  combin¬ 
ation  in  the  sliding  friction  test  rig  with  that  measured  in  the  dynamic  properties  test 
rig.  It  is  noted  that  reasonable  agreement  was  obtained. 
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TABLE  14.  DYNAMIC  PROPERTIES  RIG  TESTS  -  POST-TEST  OBSERVATIONS 


Wear  Couple  (Journal/Foil) 

*  Observations 

Cobalt-Nickel/TiC 

Cobalt-nickel  shows  considerable  oxidation  and  loose 
material  on  the  surface  after  hot  wear  tests.  Heavy 
transfer  of  oxide  from  wear  ring  (Co-Ni)  to  TiC  disk. 
Much  oxide  is  removed  during  ambient  wear  test.  Oxide 
is  silver-grey  and  burnished  smooth  in  many  areas, 
although  overall  surface  finish  of  both  samples  is  rela¬ 
tively  rough. 

Tribaloy  400/TiC 

Tribaloy  400  has  blue  heat-tinted  areas  plus  adhesive 
patches  of  gold-brown  material.  Very  fine  crack  pat¬ 
terns  observable  in  Tribaloy  400  at  20X  but  no  evidence 
of  de-bonding.  TiC  sample  shows  patchy  areas  of  oxide 
transfer  from  Tribaloy  400  wear  ring.  No  evidence  of 
coating  failure.  Eoth  samples  are  extremely  smooth. 

Kaman  SCA  +  Gold/Kaman  DES 

Uneven  wear  pattern  on  SCA  +  gold  ring.  in  heavy  wear 
areas  SCA  coating  exhibits  pulled  out  material  which  may 
have  caused  abrasion.  Abrasive  gouging  of  DES  sample 
exposed  substrate  material,  which  is  then  smeared  on  top 
of  DES  coating. 

Tribaloy  400/Cr203 

Tribaloy  400  wear  ring  is  burnished  to  extremely  smooth 
surface  finish  (2-3  fl- in  RMS).  Oxide  formation  and 
heavy  transfer  to  Cr20a  sample  created  some  relatively 
rough  patchy  areas  of  oxide  buildup.  Tribaloy  400  oxide 
tint  varies  from  blue  to  gold  to  grey.  Original  lapping 
marks  still  evident  in  some  areas.  No  evidence  of  coat¬ 
ing  breakthrough. 

CONCLUSIONS  AND  FINAL  COATING  COMBINATION  SELECTIONS 


The  materials  development  task  conclusions  are  represented  by  selecting  the  prime 
coatings  and  coating  combinations  for  use  on  the  actual  foil  bearings  for  the  rig  and 
existing  tests  on  the  Reference  (1)  program.  The  selected  coatings  are: 


Journal  Coatint 

Tribaloy  400 
Tribaloy  400 


Foil  Coating 

Sputtered  TiC 
Sputtered  Cr203 


Alternatives:  Kaman  SC«. 


Kaman  DES 


Note  that  an  alternate  journal  and  alternate  foil  coating  are  also  identified.  These 
alternate  coatings  may  be  paired  against  each  other,  or  with  the  other  prime  coatings 
selected.  Of  particular  interest  would  be  the  combination  of  Kaman  SCA  and  sputtered  TiC, 
as  both  of  these  coatings  have  excellent  wear  properties.  Table  15  provides  some  key  over¬ 
all  comments  on  the  performance  of  these  coatings  in  the  materials  tests. 
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TABLE  15.  BEST  PERFORMING  HIGH-TEMPERATURE  COATINGS 


Coaling  Combination 
(Foil/Journal) 

Characteristics 

Sputtered  TiC/Tri _ 400 

Both  coatings  offer  good  oxidation 
resistance  up  to  649*C  (1200#F)  .  Combi¬ 
nation  results  in  excellent  wear  behav¬ 
ior  (low  wear  rates, good  wear  morphology) 
low  to  intermediate  friction  coeffi¬ 
cients  ard  very  stable  sliding  behavior. 

Sputtered  Cr203/ 

Both  coatings  offer  good  oxidation 

Tribaloy  400 

resistance  up  to  649»C  (1200#F) .  Combi¬ 
nation  results  in  good  wear  behavior, 
with  low  wear  rates,  (although  slightly 
adhesive  in  nature)  and  low  friction 
coefficients,  although  there  was  some 
stick-slip  during  transients. 

Kaman  DES/Kaman  SCA* 

Both  coatings  offer  excellent  oxidation 
resistance  up  to  649°C  (1200°F) .  DES 

♦Alternate  foil  and 

coating  durability  is  somewhat  lower 

journal  coatings. 

than  the  sputtered  coatings  and  in  some 

Not  necessarily  to  be 

cases  exhibits  local  rub-through.  Low 

used  as  a  couple. 

to  intermediate  friction  coefficients. 
Economical  ccacing  processes. 

CONVERGING  SURFACES  (JOURNAL  INSTALLED) 

JOURNAL 

"WEDGE"  REGION 
FOIL 

Figure  1.  Self-Acting  Gas-Lubricated  Compliant 
Journal  Foil  Bearing  Concept. 
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OBJECTIVE:  SURFACE  C0ATIN68  FOR  BEARINGS 
TO  040°  C  (1200°  F) 


CANDIDATE  C0ATIN68 


12  FOIL  COATINGS 
10  JOURNAL  C0ATIN68 


o 


STEP  1 


QUALITY  AND  MECHANICAL  INTEGRITY  EVALUATED 


OVEN  SCREENING  AT:  538°  C  (1000°  F) 
640°  C  (1200°  F) 


SELECT 


o 

•  6  FOIL  COATINGS 

•  0  JOURNAL  C0ATIN6S 


STEP  2 


SLIDING  FRICTION  TEST  AT:  ROOM  TEMP 
427°  C  (800°  F| 
538°  C  (1000°  F) 


SELECT 


o 

4  FOIL/JOURNAL  COMBINATIONS 

o 


STEP  3 


DYNAMIC  WEAR  TEST  RIG  AT:  ROOM  TEMP 

427°  c  (600°  F) 
848°  C  (1200°  F) 


_ 

SELECT  •  2  FOIL/JOURNAL  COMBINATIONS 

- o- - 


J1HHT0M0I; 


APPLY  TO  TEST  BEARINGS 
FOR  RIG  AND  ENGINE  TEST 


AVERAGE  CRACK  INTERVAL  (MILS) 
COATING  0.5  1.0  1.5  2.0 


Figure  3.  Foil  Coating  Ductility 

Comparison.  Highest  Values 
are  Best. 


Figure  2.  Foil  Bearing  Surface  Coating 
Development 


Figure  4.  Foil  Coating  Candidates. 

Weight  Change  Versus  Time 
at  538*C  (1000*F)  Exposure 
Temperature . 


IXPOtUM  t'Mi  MOVAi 


Figure  5.  Foil  Coating  Candidates. 

Weight  Change  Versus  Time 
at  649°C  (1200°F)  Exposure 
Temperature. 
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AVERAGE  CRACK  INTERVAL  (MILS) 
0.25  0.50  0.75  1.0 


ION  PLATEO 
Cr-Au 


200  300  «00 

I  *  POSH  HI  I IMI  IIKHINS' 


Figure  7.  Journal  Coating  Candidates. 

Weight  Change  Versus  Time  at 
538°C  (1000°F)  Exposure 
Temperature . 


V  ' 

Figure  9.  gliding  Friction  Test  Results, 
IVibaloy  400  Versus  B4C  (pre- 
ox^dized)  Showing  Static 
Friction  Spike  A,  Linkage 
Backlash  B,  Dynamic  Friction 
Trace\c .  [Contact  Force  = 

24.2  NWton  (5.45  Pounds), 

Room  Temperature] . 
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OBJECTIVE:  SURFACE  COATINGS  FOR  BEARINGS 
TO  640° C  (1200’F| 


CANDIDATE  COATINGS 


•  12  FOIL  COATINGS 

•  10  JOURNAL  COATINGS 


STEP  1 


QUALITY  ANO  MECHANICAL  INTEGRITY  EVALUATEO 


STEP  2 


OVtN  SCREENING  AT:  536°  C  (1000°  F| 
640°:  |1200° F| 


SELECT 


<;> 

•  u  '{I!!.  C0AJI8CS 

•  6  JOWiHi.  COATINGS 

o 


SLIDING  FRICTION  TEST  AT:  ROOM  TEMP 
427°  C  (800°  F) 
538°C  [1000° F| 


STEP  3 


JJ-MTOPMZ 


SELECT  •  4  FOIL/JOURNAL  COMBINATIONS 


OYNAMIC  WEAR  TEST  RIG  AT:  ROOM  TEMP 

427°  C  (800°  F) 
640°  C  (1200°  F| 


_  O 

SELECT  •  2  FOIL/ JOURNAL  COMBINATIONS 

- O- - 


APPLY  TO  TEST  3EARIN6S 
FOR  RI6  ANO  EN6INE  TEST 


AVERAGE  CRACK  INTERVAL  (MILS) 
COATING  0.5  1.0  1.5  2.0 


Figure  3.  Foil  Coating  Ductility 

Comparison.  Highest  Values 
are  Best. 


Figure  2.  Foil  Bearing  Surface  Coating 
Development 


Figure  4.  Foil  Coating  Candidates. 

Weight  Change  Versus  Time 
at  538#C  (lOOO’F)  Exposure 
Temperature. 


Figure  5.  Foil  Coating  Candidates. 

Weight  Change  Versus  Time 
at  649°C  ( 1200 °F)  Exposure 
Temperature. 


KAMAN  OES  ♦  AU 


SPUTTERED  l4C 


CO-2D  Ml  *  TIBZ 


SPUTTERED  TIB2 

ELECTROPLATED 
CO-ZO  HI 

SPUTTERED 
TIC  |S) 

SPUTTERED 
TIC  (BWI 


KAMAN  DEC 


SPUTTERED 

ION  PLATEO 
Cr2°3 

KAMAN  OES 

\  tib2 

Figure  6. 


Foil  Coating  Ductility 
Comparison.  Highest  Values 
are  Best. 


Figure  8.  Journal  Coating  Candidates,, 
Weight  Change  Versus  Time  at 
649®C  (1200®F)  Exposure 
Temperature . 
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5  NOTE:  THREE  TEST  RUNS  SHOWN  TO  PORTRAY  DATA 
REPEATABILITY 


-1  4 


EXPOSURE  TIME  ’HOURS) 


Figure  7.  Journal  Coating  Candidates. 

Weight  Change  Versus  Time  at 
538  °C  ( 1000°F)  Exposure 
Temperature . 


Figure  9.  Sliding  Friction  Test  Results 
Tribaloy  400  Versus  B4C  (pre¬ 
oxidized)  Showing  Static 
Friction  Spike  A,  Linkage 
Backlash  B,  Dynamic  Friction 
Trace  C.  (Contact  Force  = 
24.2  Newton  (5.45  Pounds), 
Room  Temperature]  . 


Ml  ALSO  TRANOUTES  MIW.LT  ON  I  / 

AXIS  Of  REVOLUTION,  AMOUNT  Of  fONCf  t~ 

»T  CONTfcCT  OUfcffcCt  II  CONTNOUH.  .A 


FLfcT  ROTATINO  Ollfc. 
"JOURNAL"  COATINO  APPLIED 
TO  "FOIL"  CONTfcCT  SIDE. 


...  FLfcT  "FOIL  SPECIMEN,  WITH 
COATINO  fcPPLIEO 


"FOIL''  SPECIMEN  tUPPOHTEO 
ON  AIN  IEANINO.  AND 
TOHQUE  TO  COUNTERACT 
NOTATION  MEASURED 


NOTE:  TEST  RIO  ENCLOSED  IN  OVEN  FOR  ELEVATED 
TEMPERATURE  TESTINO 


Figure  10.  Sketch  of  Dynamic  Properties  Test  Rig. 
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Figure  11.  Typical  Dynamic  Friction  Test  Results 
(Steps  1  and  2,  Table  11). 


WEAR  RATE  MG/1000  FT) 

WEIGHT  GAIN 
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A-  -  DYNAMIC  PROPERTIES  RIG 
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Figure  12.  649°C  (1200°F)  Wear  Test 

Behavior  of  the  Four 
Tested  Wear  Couples. 

Dynamic  Properties  Test  Rig . 
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Figure  13.  Comparison  of  Dynarrrc  Friction 
Coefficient  Data. 
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EVALUATION  OF  ANTI  STICK  -  SLIP 
BEHAVIOUR  OF  BRONZE  FILLED  PTFE 
AS  BEARING  MATERIAL 
by 

0 .  Anla<Jan 

Mechanical  Engineering  Denar tment 
Middle  East  Technical  University 
Ankara  -  Turkey 


SUMMARY 

PTFE  based  plastics  have  long  been  proved  to  be  a  good  alternative  group  of  materials 
used  in  bearings  and  guideways,  where  slow  soeed  performance  is  important.  Its  good  per¬ 
formance  is  backed  up  by  relatively  high  wear  resistance  which  provides  reasonable  bearing 
life  expectancy  comparable  to  the  life  of  conventional  bearing  materials.  However,  detoria- 
tion  in  the  slow  speed  performance  of  bronze  filled  PTFE  is  observed  as  wear  progress, 
that  is,  stick-slip  occurs  at  low  speeds. 

The  work  reported  in  this  paper  is  concerned  with  the  evaluation  of  the  performance  of 
bronze  filled  PTFE  at  slow  speeds.  Experimental  results  are  used  to  explain  the  mechanism 
involved  in  wear  which  is  primarily  responsible  for  the  loss  of  slow  speed  performance. 

The  behaviour  change  is  attributed  to  the  mechanical  changes  that  takes  peace  on  sliding 
surface  of  plastic  as  wear  progresses,  which  leads  to  change  of  f riction-velocitv  profile 
from  positive  to  negative. 


INTRODUCTION 

In  bearings  where  boundarv  lubrication  is  inevitable,  there  is  solid  contact  between 
sliding  surfaces  which  may  initiate  an  oscillatorv  moti.ni  called  stick-slip.  This  kind  of 
motion  must  be  absolutely  absent  in  bearing  aplicat i ous  where  accurate  petitioning  is 
required,  like  in  machine  tools  or  in  measuring  instruments. 

If  a  gradually  increasing  force  is  applied  to  a  mass  standing  on  a  bearing  surface, 
contacting  surface  asperities  are  tangentially  deformed  until  the  junctions  are  broken, 
then  sliding  starts;  that  is,  static  friction  changes  to  kinetic  friction.  When  there  is 
an  abrubt  change  from  static  to  kinetic  friction  as  the  mass  starts  moving,  energy  stored 
in  the  elastic  component  of  the  drive  unit  which  exerts  force  on  to  the  mass  is  released 
after  the  static  friction  is  overcome.  The  release  of  this  energy  may  cause  stick-slip 
oscillation.  At  low  speeds,  friction  force  is  basically  composed  of  solid  and  boundary 
frictions,  which  are  functions  of  surface  deflection.  At  higher  speeds,  the  mass  is  lifted 
because  of  hydrodvnamic  effect,  and  consequently,  the  asperity  deformation  is  changed, 
affecting  the  solid  and  boundary  frictions.  As  speed  increases,  the  vxscous  friction,  which 
is  caused  by  shearing  of  the  lubricant  film,  and  which  is  directly  proportional  to  speed, 
becomes  more  significant. 

The  occurance  of  stick-slip  motion  depends  on:  i)  the  frictional  properties  of  bearing 
materials  ii)  the  properties  of  lubricant  used  in  the  bearing  and  iii)  the  structural 
parameters  of  driving  unit  [1], 

It  is  usually  considered  that  friction  is  useful  for  damping  unwanted  oscillations  in 
a  system,  but  in  the  case  of  stick-slip  oscillation,  friction  is  the  cause  of  instability. 

In  general,  materials  have  static  coefficients  of  friction  higher  than  kinetic  coefficients 
of  friction.  Early  works  suggest  that  the  ratio  of  static  to  kinetic  friction  df termines 
the  occurance  of  stick-slip  motion,  but  later  works  state  that  the  friction-velocity  pro¬ 
file  is  the  effective  factor  |2]>  If  the  kinetic  coefficient  of  friction  decreases  as  the 
sliding  speed  increases,  the  energy  stored  in  the  elastic  component  of  drive  unit  will  be 
introduced  into  the  system  in  the  form  of  kinetic  energy  when  any  increase  in  sliding  speed 
takes  place.  Therfore  the  system  stability  is  reduced.  In  other  words,  a  negative  friction- 
velocity  profile  represent  a  concept  of  negative  damping  which  is  the  source  of  stick-slip 
oscillation  [3]  [4].  A  positive  friction-velocity  profile  indicate  a  stick-slip  free  motion. 

The  viscosity  of  lubricant  applied  to  sliding  surfaces  is  a  factor  affecting  the  stabil¬ 
ity  of  sliding  motion.  Hydrodynamic  lift  force,  squeeze  film  force  and  viscous  shear  force 
depend  on  lubricant  viscosity.  Life  force  seperates  sliding  surfaces  so  that  solid  friction 
component  is  reduced,  that  means  the  negative  damping  is  reduced.  Since  higher  viscosity 
results  higher  lift  force,  stick-slip  is  reduced  if  a  higher  viscosity  lubricant  is  em¬ 
ployed.  Viscous  shear  force  which  is  proportional  to  the  viscosity  of  lubricant,  represents 
a  positive  damping  in  the  system.  So  higher  viscosity  lubricant  increases  positive  damping 
in  the  system  due  to  higher  viscous  shear  force.  Critical  velocity,  that  is,  the  sliding 
velocity  beyond  which  the  stick-  slip  motion  is  diminishes,  can  be  reduced  by  employing 
higher  viscosity  lubricants  [5]. 

It  is  a  well  known  fact  that  polar  lubricants  (mineral  oils  containing  a  fatty  acid  as 
polar  additive)  inhibit  stick-slip  motion  and  reduce  friction  level.  It  is  shown  that 
when  a  polar  lubricant  is  used  between  sliding  surfaces,  a  friction-velocity  profile  with 
positive  slope  is  obtained  [4], 

Bell  and  Britton  [6]discuss  the  influence  of  polar  lubricants  on  the  stability  of 
slideway  systems.  It  is  pointed  out  that  the  maroinal  instability  can  exist  even  in  the 
presence  of  polar  lubricants  on  large  machine  tools  where  low  drive  stiffness  and  low 
drive  natural  frequencies  are  common.  Cockerham  and  Symmons  [7]  investigate  the  level  of 
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positive  viscous  damping  neceasarv  to  induce  stability  in  a  potential  stick-slip  situation. 
The  results  of  this  theoretical  analvsis  show  that  smooth  sliding  is  achieved  by  introduc¬ 
ing  a  viscous  damping  system  whose  damping  coefficient  is  equal  to  one-half  of  the  negative 
friction  deunping  coefficient  value.  It  is  suggested  that  the  damping  component  might  be 
adequately  obtained  by  using  a  suitable  polar  lubricant,  or  a  polymer  material  exhibiting 
high  internal  damping.  It  is  also  shown  that  as  well  as  increasing  the  system  stiffness,  a 
reduction  in  the  inertia  of  the  system  can  reduce  the  amplitude  of  stick-slip  oscillation. 

The  amount  of  energy  stored  in  the  elastic  component  of  the  drive  actuator  is  an  impor¬ 
tant  factor  influencing  the  stick-slip  motion.  Voorhes  [8]  proposes  the  energy  concept  to 
explain  the  stick-slip  phenomenon.  He  suggests  that  there  are  two  types  of  surface  deforma¬ 
tion,  namely,  elastic  deformation  of  asperities  where  the  slider  remains  stationary,  and 
plastic  deformation  of  asperities  where  sliding  takes  place.  During  elastic-plastic  transi- 
t-ior,  the  drive  sv^tem  release?  an  amount  of  energy  which  varies  inversly  with  the  drive 
stiffness.  A  sort  drive  accelerates  the  slider  sufficiently  to  lower  the  meta-stable  kinetic 
coefficient  and  triggers  stick-slip.  It  is  shown  that  a  positive  friction-velocity  profile 
can  bo  obtained  by  employing  high  stiffness  drive.  Hunt  (91  works  on  elimination  of  stick- 
slip  oscillations  by  normal  exitation.  He  concludes  that  stick-slip  is  almost,  entirely 
eliminated  when  the  slider  is  subjected  to  normal  vibration  at  one  of  the  resonant  frequen¬ 
cies  of  the  combined  slider-siideway  system.  It  is  found  that  the  amplitude  of  the  oscilla¬ 
tory  force  required  to  overcome  stick-slip  can  be  as  low  as  4  percent  of  the  static  load. 

No  effect  on  coefficient  of  friction  by  normal  exitation  is  observed. 


FRICTION  OF  BRONZE  FILLED  PTFE 

PTFE  has  exceptionally  good  frictional  characteristics  which  no  other  material  has. 

Apart  from  having  the  lowest  coefficient  of  friction  compared  with  all  the  other  materials 
when  it  slides  against  metales,  its  motion  is  free  of  stick-slip  under  any  condition,  and 
dry  sliding  application  is  possible.  Despite  all  the  satisfactory  frictional  behaviour, 
however,  it  has  the  lowest  wear  resistance  compared  with  the  others.  The  practical  applica¬ 
tion  of  pure  PTFE  as  a  bearing  material  is  limited  due  to  its  low  wear  resistance. 

Use  of  filler  materials  in  plastics  to  provide  extra  strength  and  wear  resistance  is  a 
comm  application.  Most  of  the  commercially  available  PTFE  bearing  materials  contain 
bronze  particles  as  fillers.  Bronze  increases  wear  resistance  especially  at  low  and  medium 
speeds.  It  ilso  gives  extra  strength  to  PTFE  and  increase  its  thermal  conductivity. 

Turcite-B  and  Fluon  VB-60,  which  are  both  commercially  available  bronze  filled  PTFE  are 
tested  for  their  frictional  and  wear  characteristics.  The  mean  size  of  bronz  particles  in 
Turcite-B  is  23  urn  whereas  the  mean  size  of  bronze  particles  in  Fluon  VB-60  is  9  km. 

Polished  surface  photographs  of  test  specimens  are  shown  in  Fig.l. 

Specimens  are  tested  under  dry  and  lubricated  conditions.  Dry  test  results  suggest  that 
Turcite-B  has  a  brakeaway  friction  coefficient  of  about  0.12  and  coefficient  of  friction 
increases  as  sliding  speed  increases.  Introduction  of  lubricant  between  sliding  surfaces 
reduces  the  brakeaway  friction.  Vitrea  27  and  Vitrea  72  which  are  both  mineral  oils  having 
viscosities  of  22  Cs/50°C  and  112  Cs/50°C  respectively,  reduce  brakeaway  friction  to  0.1. 
Tonna  27  and  Tonna  72  which  are  both  polar  oils  having  viscosities  of  22  Cs/50°C  and 
112  Cs/50°C  respectively,  reduce  brakeaway  friction  even  further  to  0.08.  The  classical 
effect  of  polar  lubricants,  that  is,  to  create  positive  slope  in  the  friction-velocity 
profile  due  to  their  boundary  lubrication  properties,  is  observed.  No  significant  difference 
between  friction  test  results  of  Turcite-B  and  Fluon  VB-60,  except  that  Fluon  VB-60  has 
slightly  lower  dry  brakeaway  friction  level  than  Turcite-B  has,  is  observed  (Fig. 2). 

Turcite-B  and  Fluon  VB-60  are  tested  for  their  stick-slip  performance.  The  experimental 
techniques  are  described  elsewhere  ( 1 ] .  Neither  Turcite-B  nor  Fluon  VB-60  shows  any  tendency 
to  stick-slip  motion  under  dry  or  lubricated  conditions. 


WEAR  OF  BRONZE  FILLED  PTFE 

In  the  previos  work  [10],  wear  characteristics  of  Turcite-B  and  Fluon  VB-60  were  exper¬ 
imentally  investigated.  It  is  concluded  that  the  dry  wear  resistance  of  bronze  filled  PTFE 
is  much  higher  than  that  of  cast  iron.  The  use  of  lubricant  has  a  dominant  influence  on 
bearing  wear  characteristics.  Even  with  use  of  abrasive  contaminant,  the  wear  is  10  times 
less  than  chat  observed  under  dry  conditions.  The  wear  factor  of  tested  specimens  are  shown 
in  Table  1.  It  is  concluded  that  the  use  of  bronze  filled  PTFE  as  bearing  material  can  give 
substantial  improvements  in  wear  and  in  the  degree  of  gross  demage  inflicted  on  the  bearing 
surfaces  under  poor  working  conditions.  This  is  especially  valuable  where  insufficient 
lubrication  of  sliding  surfaces  is  inevitable. 

Tests  were  performed  on  small  scale  specimens  of  25  mm  diameter  to  investigate  the 
mechanical  changes  that  take  place  on  the  surface  of  Turcite-B  and  Fluon  VB-60  when  they 
were  sliding  against  steel  surface.  Surface  of  specimens  were  examined  under  microscope 
at  certain  stages  of  wear  progress.  Prior  to  wear  tests,  specimens  were  ground  and  mechan¬ 
ically  polished. 

The  bronze  particles  in  Fluon  VB-60  have  irregular  shapes  with  sharp  cornerj  and  wide 
variety  of  particle  sizes.  The  bronze  particles  in  Turcite-B  are  larger  and  they  have 
spherical  shape.  As  wear  propresses,  in  the  running-in  perrod,  friction  tracks  are  observed 
on  the  particals  and  matrix  surfaces.  Surface  scoring  and  longitudinal  scratches  are  indica¬ 
tion  of  abrasive  wear  on  worn  specimens.  The  particles  become  more  irregular  and  more 
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Table  I.  Wear  factors  of  Turcite-B  and  Fluon  VB-60  when  sliding 
against  ground  steel  surface  (contact  pressure)  4  kg/cm2,  sliding  velocity)  50  mm/sec) 


MATERIALS 

SLIDING  CONDITIONS 

WEAR  FACTOR)  k  ( - ^ - ) 

kg/cm2 -km 

TURUTE-B 

dry 

0.180 

FLUON  VB-60 

dry 

0.060 

TURUTE-B 

lubricated  with 

contaminated  lubricant 

0.OU9 

abrasive  due  to  abrasive  action  and  work  hardening  effect  of  the  counterface. 

After  10  km  of  sliding,  due  to  polishing  effect  of  the  counterface  and  third  bodies  at 
the  interface,  smooth  surface  of  individual  particles  were  formed.  They  form  an  elevated 
"metallic  plateau"  like  structure  on  the  worn  surfaces  of  the  specimens,  since  the  relatively 
soft  matrix  around  bronze  particles  are  worn  with  a  faster  rate  by  the  abrasive  action. 

At  later  kilometers,  the  total  area  of  these  plateaus  gains  importance  on  overall  area  of 
contacting  surface.  As  the  real  contact  area  of  bronze  particles  increases  during  sliding 
wear,  more  and  more  bronze  comes  into  contact  with  counterface. 

The  surface  photographs  of  Turcite-B  show  two  types  of  scratch)  thin  and  long  scratches 
having  almost  uniform  width,  and  dark  scratches  naving  a  width  comparable  to  the  particle 
diameter.  This  suggests  two  different  mechanisms  for  the  formation  of  scratches.  The  first 
one  is  the  abrasive  effect  of  the  steel  counterface,  the  second  is  the  flow  of  bronze 
particles  in  the  soft  PTPE  matrix  and  in  the  direction  of  sliding.  The  second  mechanism  is 
also  responsible  for  the  detachment  of  particles  from  the  polymer  matrix.  It  appears  that 
repeated  movement  of  particles  decreases  the  bonding  effect  of  the  matrix.  The  moving 
particles  when  encounter  other  particles  are  detached  or  detache  weakly  bonded  particles. 

In  case  of  Fluon  VB-60  the  number,  the  length  and  the  depth  of  scratches  are  less.  This  is 
due  to  higher  filler  percantage  and  irregular  shapes  of  particles  which  give  maximum  chance 
of  being  bonded. 

The  results,  at  the  end  of  40  km  of  sliding,  show  that  an  overall  increase  in  particle 
proportion  is  obtained.  In  both  specimens  a  rapid  increase  in  particle  proportion  is 
observed  in  the  running-in  period.  This  is  due  to  high  transfer  rate  of  PTFE  durinq  the 
running-in  period.  Then  a  decrease  in  particle  proportion  is  observed.  This  is  attributed 
to  the  fact  that  exposed  particles  are  detached.  These  particles  form  third  bodies  or  are 
transferred  to  the  steel  counterface  together  with  PTFE.  The  transfered  material  gradually 
fills  up  the  surface  depressions  of  the  counterface  leading  to  a  smoother  surface.  The  new 
surface  generated  on  the  steel  counterface  is  more  resistant  to  particle  penetration  than 
the  composite  surface.  Detached  particles  which  penetrate  in  the  PTFE  matrix  reincreas  the 
particle  area  proportion  of  the  composit.  Percentape  areas  of  bronze  particles  on  the 
specimen  surface  are  tabulated  in  Table  II. 

Table  II.  Percentage  area  of  filled  bronze  particles  and 
standart  deviations  from  the  mean  values. 


It 

t 

k  . 

t- 

Sliding 

distance 

Turcite  -  B 

Fluon 
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km 

%  Area 
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deviation 

%  Area 

Standard 

deviation 
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0 

10.5 

3.1 
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11.5 

2. 

22.7 

3.5 
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35 

13.5 

1.4 

22. 

3.2 

40 

13.9 

3.4 

23.2 

1.9 

EFFECT  OF  WEAR  ON  FRICTON  OF  BRONZE  FILLED  PTFE 

Wear  results  two  significant  mechanical  changes  on  the  worn  surface  of  bronze  filled 
PTFE  specimens.  First,  particle  population  between  sliding  surfaces  increases  as  wear 
propress.  That  means  the  ratio  of  the  metal  to  metal  contact  area  to  the  plastic  to  metal 
contact  area  increases.  This  may  effect  the  friction-velocity  profile  of  original  PTFE - 
metal  pair.  As  a  matter  of  fact,  it  is  reported  that  the  slope  of  friction-velocity  profile 
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of  bronze  filled  PTFE  becomes  negative  after  the  sliding  surface  being  subjected  to  wear 
[10].  The  friction-velocity  profiles  of  worn  Turcite-B  and  worn  Fluon  VB-60  are  shown  in 
Fig. 3.  By  comparing  Fig. 2  and  Fig. 3,  one  can  easily  observe  that  the  slope  of  friction  - 
velocity  profile  of  bronze  filled  PTFE  changes  from  positive  to  negative  when  sliding  sur¬ 
faces  are  subjected  to  wear. 

Seco.id,  when  sliding  surfaces  are  subjected  to  wear,  a  non  uniform  wear  progress  on  the 
surface  of  composite  plastic  because  of  the  non  homojenity  in  the  nature  of  composites  and 
difficulty  of  sustaining  a  uniform  contact  pressure  distribution  over  the  sliding  surface. 
Non  uniform  wear  over  the  sliding  surface  of  bronze  filled  PTFE  is  also  emphesiced  in 
reference  [10]. 


TABLE  VELOCITY  (mro/sei.) 

a)  TURCITF  -  B- GROUND  CAST  IRON 


TABLE  VELOCITY  (mm /sec) 
b)  FLUON  VB-60 -GROUND  CAST  IRON 


Fig. 3.  Steady  state  friction-velocity  curves  of  worn  Turcite-B  and  worn  Fluon  VB-60  sliding 
on  ground  cast  iron. 


The  stick-slip  behaviour  of  bronze  filled  PTFE  detoriates  as  the  bearing  surface  is  worn. 
Detoriation  of  stick-slip  performance  is  mainly  due  to  the  change  of  the  slope  of  friction  - 
velocity  profile  from  positive  to  negative.  On  the  other  hand  in  a  theoretical  investigation 
on  the  stick-slip  phenomenon  it  is  shown  that  high  contact  pressure  increases  the  critical 
velocity  of  stick-slip  motion  [5].  Since  it  is  obvious  that  ncn  uniform  wear  results  high 
local  contact  pressures,  the  occurance  of  stick-slip  on  worn  PTFE  composite  bearing  sur¬ 
faces  is  expected.  The  experimental  results  showing  the  critical  velocities  of  worn  Turcite-B 
and  worn  Fluon  VB-60  are  shown  in  Fig. 4. 

Critical  velocity  decreases  when  drive  stiffness  increases  and  also  when  lubricant 
viscosity  increases.  Overall  stability  picture  of  both  worn  specimen  is  more  satisfactory 
when  compored  to  the  overall  stability  picture  of  cast  iron  which  is  presented  in  reference 
[11].  On  the  other  hand,  a  comparative  evaluation  of  stability  behaviour  of  worn  specimens 
suggests  that  Fluon  VB-60  exhibits  a  better  performance  than  Turcite-B.  The  use  of  polar 
lubricant  in  tests  with  worn  Turcite-B  and  worn  Fluon  VB-60  prevent  stick-slip  motion  under 
all  experimental  conditions. 

Increase  in  the  bronze  particle  population  on  the  surface  of  worn  specimens  is  observed. 

In  Table  II  the  percentage  area  of  metal  (bronze)  is  tabulated  against  the  distance  of  slid¬ 
ing.  After  40  km  of  sliding,  a  30%  of  increase  in  the  percentape  area  for  Turcite-B  and 
25%  of  increase  in  the  percentage  area  of  Fluon  VB-60  are  measured.  It  is  assumed  that 
friction-velocity  profile  of  bronze  filled  PTFE  is  composed  of  friction-velocity  profiles 
of  PTFE-metal  and  metal-metal  pairs.  As  wear  progresses  the  friction-velocity  characteristics 
of  metal-metal  becomes  dominant  over  the  friction-velocity  characteristics  of  composite 
PTFE.  This  is  assumed  to  be  the  reason  of  the  change  of  friction-velocity  profile  as  wear 
progresses. 
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a)  Turcite-  sliding  against  ground  cast 


iron 


b)  Fluon  VB-60  sliding 'agains  groun  cast  iron 

Fig. 4.  An  overall  view  of  the  stability  characteristics  of  worn  Turcite-B  and  worn  Fluon 
VB-60  showing  the  influence  of  drive  stiffness  and  lubricant  viscosity  (contact 
pressure:  6  x  104  N/m2). 


CONCLUSSION 

The  friction-velc  ity  profile  of  bronze  filled  PTFE  has  positive  slop.  Mainly  due  to 
this  property,  bronze  filled  PTFE  does  not  exhibit  stick-slip  motion  even  under  severe 
working  conditions. 

The  wear  resistance  of  bronze  filled  PTFE  is  high  enough  to  provide  an  acceptable  bearing 
life  expectancy.  Resistance  against  abrasive  wear  is  especially  superior  over  other  conven¬ 
tional  bearing  materials.  Use  of  small  size  bronze  particles  with  irregular  shape  as  fillers 
improve  the  wear  resistance  of  composite  PTFE. 

Anti  stick-slip  performance  of  bronze  filled  PTFE  detoriates  as  the  bearing  surface  is 
worn.  Still  the  worn  bronze  filled  PTFE  exhibit  beter  anti  stick-slip  performance  than 
conventional  bearing  materials.  The  stick-slip  motion  can  be  completely  eliminated  by  using 
a  polor  lubricant  having  an  adequate  viscosity. 

Bronze  filled  PTFE  is  recommended  as  bearing  materials  if  stick-slip  free  motion  at  low 
speeds  under  inadequate  lubrication  jnditions  is  required. 
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DISCUSSION 


K.i. Brown,  Ontario  Hydro,  Toronto,  Ca 

Could  the  stick-slip  behaviour  be  related  to  the  presence  or  thickness  of  the  transferred  PTFE  layer  on  the  steel? 

Author’s  Reply 

The  friction  and  wear  tests  were  performed  at  different  test  rigs.  The  worn  specimens  were  tested  in  the  friction 
test  rig  where  the  metal  counterface  was  free  of  transferred  PTFE.  Therefore,  the  stick-slip  behaviour  of  the  worn 
specimen  is  not  related  to  the  transferred  PTFF.  layer  on  the  steel  counterface. 
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APPLICATION  OF  DYNAMIC  GAS  BEARINGS  TO 
CRYOGENIC  COMPRESSORS  AND  TURBINES 

by 

G.  Nardi 

Istituto  di  Macchine  -  Universita  di  Pisa 
56100  Pisa,  Italy 


SUMMARY 

A  particular  design  of  dynamic  gas  bearing  containing  tilting  pads,  for  cryogenic  compressor  and  tur¬ 
bine  applications,  is  discussed.  The  bearing  system  has  no  gas  input  during  normal  operation  in  order  to 
prevent  entirely  the  exchange  of  hot  and  cold  gas.  A  pressure  increase  is  generated  in  the  wedge-shaped 
gas  film  between  the  shaft  and  the  pad.  A  portion  of  the  gas  stream  flowing  through  the  wedge  is  intro¬ 
duced  through  the  pad  into  the  gas  between  the  pad  and  the  pad  housing.  In  this  manner,  the  pressure  in 
the  gap  is  a  factor  of  the  pressure  in  the  wedge.  The  pad  is  completely  surrounded  by  a  gas  film.  It  ad¬ 
justs  itself  automatically  in  accordance  with  the  equilibrium  of  the  forces.  The  angle  of  incidence  of 
the  pads  is  determined  by  the  equilibrium  of  torques  relative  to  the  axis  of  rotation  of  the  pad. 

It  is  shown  that  the  gas  bearings  offer  the  advantage  of  improved  reliability  because  no  control  sys¬ 
tem  is  necessary. 


INTRODUCTION 

Future  aircraft  and  missiles  will  place  severe  requirements  on  the  auxiliary  power  systems.  As  a  re¬ 
sult  of  high  Mach  number  flight,  approaching  Mach  4  for  current  operational  fighters  and  supersonic  trans¬ 
port  aircraft,  hydrogen  fuel  may  offer  great  premise.  Hydrogen  is  cooled  to  20  K  to  reach  a  state  of  liq¬ 
uefaction,  stored  in  that  form  by  well  insulated  tanks,  and  pressurized  to  feed  the  gas  turbine  combustion 
chamber.  In  order  to  avoid  problems  of  priming  and  pre- cooling,  the  pumps  is  immersed  in  the  liquid  hy¬ 
drogen  tank.  If  the  motor  is  placed  outside  the  tank,  a  long,  slender,  shaft  is  required  to  drive  the 
pump .  There  is  also  the  problem  of  making  safe  the  electric  motor  outside  the  tank,  where  gaseous  hydrogen 
can  surround  it.  However,  when  the  pump  runs  there  will  be  an  appreciable  hydrogen  boiling  away  due  to 
the  inefficiency  of  the  motor,  which  turns  to  heat,  and  the  changes  to  gaseous  state  during  the  fueling 
operation.  A  submerged  motor  is  preferable  when  hydrogen  has  to  be  rapidly  pumped. 

The  evaporated  low  temperature  hydrogen,  as  a  result  of  boiling  at  the  pump  suction  and  delivery,  has  to 
be  used  for  auxiliary  purposes  in  a  cryogenic  compressor  and  in  a  cryogenic  turbine,  respectively  requir¬ 
ing  and  delivering  power. 

Cryogenic  hydrogen  pumps,  compressors  and  turbines,  are  normal  components,  figure  1  and  Rr  f.  1,  in 
nowadays  hydrogen  liquefaction  plants,  for  instance  handling  large  quantities  of  gaseous  hydrogen  availa¬ 
ble  at  future  air  terminals,  through  pipelines  from  the  production  site.  During  the  airplane  fueling 
ground  operation,  and  at  any  other  time  when  the  temperature  and  pressure  exceed  the  conditions  required 
to  maintain  hydrogen  in  its  liquid  state,  some  of  the  liquid  hydrogen  changes  to  gaseous  state  and  must  be 
collected  and  returned  to  the  liquefaction  plant  for  a  cryogenic  compression. 

Thermal  and  environmental  control  systems  in  aircraft  are  more  and  more  using  nitrogen  and  helium  loop 
heat  exchangers  to  provide  direct  cooling  of  subsystems  and  equipment. 

The  present  paper  gives  therefore  a  picture  of  some  of  the  fields  of  present  interest  to  problems  in 
bearing  and  lubrication  of  cryogenic  pumps,  compressors  and  turbines.  The  uses  of  cryopumping  with  conden¬ 
sation  surfaces  at  temperatures  very  lr  i  are  increasing.  The  new  superconducting  electronic  devices  will 
need  a  whole  new  generation  of  refrigerators,  too. 

With  the  present  state  of  development  of  superconductors  and  helium  refrigerators,  superconducting 
alternators  may  be  used  in  aircraft.  Between  500  kVA  and  1  MVA,  the  superconducting  machine  becomes  com¬ 
petitive,  although  direct  liquid  cooled  alternators  would  probably  be  marginally  lighter.  Above  1  MW,  the 
superconducting  machine  would  be  lighter  than  a  conventional  type,  the  weight  advantage  increasing  as  the 
rating  increases.  The  predominant  promise  is  that  of  the  4  K  to  77  K  refrigerator.  This  aspect  coullwell 
be  the  major  influence  on  the  prospects  for  superconducting  machines  in  aircraft,  and  emphasizes  the  reed 
for  the  continued  development  of  small,  reliable,  hightweight  helium  refrigerators  with  ratings  up  to  ap¬ 
proximately  8  to  10  Watts. 

In  a  gas  bearing  cryogenic  turbo  -  expander  for  refrigerators  or  liquefiers,  the  process  gas  (hydrogen, 
helium,  nitrogen,  etc.)  may  be  expanded  in  a  single-  stage  inward-  flow  turbine,  driving  a  compressor  sea¬ 
ted  on  the  same  shaft.  The  hydrogen  (or  helium)  turbine  has  radial  and  thrust  dynamic  gas  bearings  at  am¬ 
bient  temperature,  while  the  impeller  operates  at  20  K  (or  4  K) . 

The  turbine  with  dynamic  gas  bearings,  figure  2,  neither  needs  bearing  gas  from  the  cycle  compressor.  Gas 
circulates  in  the  bearing  housing  in  a  closed  loop  and  does  not  effect  the  process  stream. 

Axial  and  centrifugal  compressors  with  gas  lubricated  bearings  have  been  developed  in  ordor  to  over¬ 
come  the  problem  of  oil  contamination  in  hydrogen  (or  helium)  refrigerators.  The  use  of  these  compressors 
should  permit  the  construction  of  practically  maintenance  free  refrigerators. 
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Compact  auxiliary  power  units,  using  hydrogen  gas  for  both  turbi  no  and  compressor,  shall  be  used  for  re  -  cir¬ 
culation  of  cryogenic  hydrogen  leakage  in  next  generation  hydrogen  fueled  turbojet  engines. 

It  is  only  since  about  1  950  that  the  study  og  gas  bearings  has  been  noticeably  accelerated.  This  is 
because  present  special-purpose  bearing  requirements  con  often  best  be  satisfied  by  using  gas  bearings. 
Gas  bearings  are  useful,  both  in  high  -  temperature  missiles  and  1  ow  -  temperature  cryogenic  applications, 
because  the  viscosity  does  not  change  much  with  temperature  and  retains  satisfactory  values  over  wide  tem¬ 
perature  ranges. 


1)  Compressor 

2)  Cryogenic  turbine 

3) ,  4),  5)  Heat  exchangers 
6)  Liquid  hydrogen  tank 


Fig.  1  -  Flow  chart  of  a  hydrogen  liquefaction 
plant,  with  cryogenic  expansion  turbine. 


Gas  bearings  are  used  in  superconducting  alternators,  refrig¬ 
erators  and  liquefiers.  Because  pf  low  frictional  losses,  gas 
bearings  are  used  for  high-speed  electrical  motors  to  take 
advantage  of  the  fact  that  power  equals  torque  times  angular 
velocity.  Thus,  higher  speeds  means  smaller  sizes  to  deliver 
the  same  horsepower. 

Cas  bearings  are  classified  as:  self-scting,  Ref,  5,  if 
the  lubricating  film  exists  because  of  relative  tangential 
motion;  and  externally  pressurized,  if  due  to  an  external 
source . 


GAS  BEARINGS  FOR  CRYOGENIC  PUNTS 


Fig.  2  -  Dynamic  gas  bearing  concept. 
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Fig.  1  -  Static  gas  bearing  concept. 


The  Sulzer  gas  bearing  turbine,  figure  6 
The  mechanical  energy  which  is  withdrawn  is 


Turbines  with  static  gas  bearings,  figure  3,  need  a  sup¬ 
ply  of  bearing  gas  from  the  refrigerator  cycle  compressor. 
From  the  other  hand,  dynamic  gas  bearings,  figure  2,  have  no 
loss  in  efficincy,  caused  by  bearing  gas  or  leakage  stream 
from  the  cycle,  and  improved  reliability,  because  no  control 
system  is  necessary. 

Helium  refrigerators  normally  need  two  turbines  whi eh  run 
at  different  temperature  levels,  figure  4. 

Figure  5  shows  a  cooling  method  for  a  superconducting 
magnet.  A  liquid  helium  reservoir  exists  withn  the  refriger¬ 
ator  cold  box,  where  the  high  pressure  helium  gas  is  recooled 
several  times. 

As  an  example  of  small  power  device,  wo  consider  an  e let— 
trical  alternator  which  converts  the  output  of  an  axial  helium 
flow  action  l.aval  -  turbine  into  electrical  power.  The  whole 
engine,  including  generator  and  bearings,  works  at  a  tempera¬ 
ture  of  25  K,  with:  input  pressme,  3  000  kl’a;  pressure  ratio, 
20;  input  temperature,  25  K;  rotational  speed,  161)  000  rpm; 
diameter  of  the  wheel,  2o  mm;  number  of  blade,  240. 

and  Ref.  2,  is  a  single-stage  inward-  flow  turbo  -  expander, 
transmitted  to  the  brake  circuit  by  a  compressor  seated  on  the 
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•ante  shaft.  This  brake  circuit  contains  a  cooler  and  a  valve.  The  same  medium  is  contained  in  the  brake 
circuit  and  in  the  process  circuit.  The  two  circuits  are  connected  with  one  another  for  pressure  equali¬ 
zation.  The  three  standard  models  have  the  following  characteristics:  impeller  diameter,  9-32  ran;  maximum 
peripheral  wheel  speed,  460  m/o;  performance  (helium),  0.1-20  kW;  efficiency,  0.58-  0.82;  maximum  rota¬ 
tional  speed,  294  000  -  228  000  -  156  000  rpm;  shaft  diameter  in  radial  bearing,  16  -  22  -  32  n«n. 


1)  Compressors 

2)  Turbines 


Fig.  4  -  Helium  liquefaction  plant  with 
two  cryogenic  expansion  turbines. 


Fig.  5  -  Cooling  of  superconducting  magnet. 


Fig.  6  -  Suiter  gas  bearing  turbo  -  expander. 


The  turbine  has  two  radial  and  two  thrust  gas  bear¬ 
ings,  which  all  operate  at  ambient  temperature.  The 
impeller  operates  at  temperatures  of  down  approxi¬ 
mately  6  K.  Rotor  and  bearings  are  installed  in  the 
bearing  cartridge.  The  bearing  system  has  no  gas 
infeed  during  normal  operation,  entirely,  preventing 
exchange  of  hot  and  cold  gas. 


An  oil  -  free  centrifugal  compressor,  with  gas 
lubricated  bearings,  may  operate  with  a  single  stage 
pressure  ratio  of  1.26  at  a  flow  rate  of  800  Nm3/h, 
figure  7  and  Ref.  3.  As  a  conventional  helium  re¬ 
frigerator  operates  with  a  pressure  ratio  of  at  least 
10,  it  is  necessary  to  connect  a  large  number  of  com¬ 
pressor  unit  in  series.  All  the  components  from 
stage  to  stage  are  identical  except  for  the  impeller, 
the  impeller  shroud,  the  diffuser  and  the  thrust 
bearing.  These  components  have  to  be  designed  to 
match  the  volume  flow  through  each  stage.  The  im¬ 
peller  is  driven  by  a  24  m/s,  two  pole,  three-phase 
induction  motor. 

The  rotor  is  supported  on  tilting  pad  gas  journal 
bearings.  The  pads  are  supported  on  elastic  hinges 
which  limit  the  motion  of  each  pad  to  that  of  rota¬ 
tion  in  the  direction  of  tilt;  they  are  given  a 
slight  bias  in  the  direction  of  tilt  by  means  of  ad¬ 
justable  compression  springs.  These  ensure  that  the 
gas  films  are  convergent  at  all  speeds  of  the  shaft. 
The  bearing  at  the  inlet  end  of  the  rotor  has  a  nom¬ 
inal  diameter  of  15.9  mm  and  the  design  radial  clear¬ 
ance  at  the  hinge  line  of  0.01  mm.  The  bearing  at 
the  impeller  end  of  the  rotor  has  a  nominal  diameter 
of  22,2  mm,  and  the  design  radial  clearance  at  the 
hinge  line  is  0.015  mm. 

The  thrust  bearing  has  to  support  the  impeller,  with 
a  clearance  of  order  0.05  nm,  over  a  wide  range  of 
operating  conditions,  including  surging. 


DYNAMIC  GAS  MAKING  FOR  A  CRYOGENIC  HYDROGEN  TURBINE 


We  refer  to  a  cryogenic  expansion  turbine,  figure  S  and  Ref.  4,  for  a  hydrogen  liquefaction \a>lant 
producing  25.74  N/a  of  LH2,  corresponding  to  a  power  need  of  18.35*25.74  ■  472  MW  (where  18.35  MJ/N  \ 

■  11.229/0.765  ♦  3.67  MJ/N;  with  the  hydrogen  low  heat  of  combustion  11.229  MJ/N,  the  efficiency  0.765  ’^or 
the  gaseous  hydrogen  production  by  electrolysis,  and  the  gaseous  hydrogen  liquefaction  energy  need  3.76  ^ 
MJ/N).  A  liquid  hydrogen  production  of  25.74  N/s  in  sufficient  for  7  flights  (each  10  000  km)  a  day  of  a\ 
400  passengers  subsonic  transport  plane.  As  comparison,  the  present  biggest  hydrogen  liquefaction  plant 
is  rated  6.18  N/s. 

The  thermodynamic  liquefaction  cycle  imposes,  figure  1,  a  pre  -  cooling  by  a  recycle  of  gaseous  hydrogen,  a 
part  of  which  is  flowing  through  the  cryogenic  expansion  turbine. 


1)  Heat  exchanger 
3)  Stator 
5)  Impeller 
7)  Journal  bearing 


2)  Diffuser 
4)  Rotor 

6)  Thrust  bearing 
8)  Shround 


Fig.  7  -  Oil  -  free  centrifugal  compressor,  with  gas  lubricated  bearings. 

According  to  an  optimized  liquefaction  process  with  ortho- para  hydrogen  conversion,  the  weight  flow 
through  the  turbine  is  62.76  N/s,  for  initial  and  final  pressure,  tenq>erature  and  entalpy,  conditions, 
respectively,  pj  *  4  046  kPa,  Tj  «  80  K,  ij  »  130.13  kJ/N,  and  pf  *  246.7  kPa,  Tj  *  2b  K,  if  »  78.93  kJ/N. 

In  order  to  be  able  to  operate  a  cryogenic  plant,  like  the  one  in  figure  1,  it  is  necessary  to  reduce 
the  temperature  of  a  gas  stream  at  one  or  more  locations  in  the  plant.  In  the  case  of  gases  which  display 
ideal  thermodynamic  behaviour,  it  is  not  possible  to  reduce  the  temperature  through  throttling.  This  is 
the  case,  within  wide  ranges,  with  hydrogen,  which  is  suitable  lor  such  plants  as  a  result  of  its  low  liq¬ 
uefaction  temperature.  In  such  cases,  the  temperature  can  only  be  reduced  by  removing  energy  from  the  gas 
stream,  e.g.  through  expansion  in  a  full  action  turbine.  Since  the  expansion  occurs  at  a  low 
temperature  level,  the  volume  flow  rates  and  thus  the  decisive  cross  sections,  are  small.  The  veloci  ty 
(generally  several  100  m/s)  of  the  gas  stream  leaving  the  impeller  is  depending  upon  the  enthalpy  drop.  In 
order  to  achieve  a  good  efficiency  there  must  be  a  given  ratio  between  the  peripheral  wheel  speed  and  the 
gas  velocity.  This  results  in  relatively  high  peripheral  wheel  speeds,  which  require  small  dimensions  and 
very  high  rpm. 

Dynamic  gas  bearings,  figure  2,  are  used  because  of  reduced  blow-  by  losses.  The  pressurized  gas  is 
circulating  in  a  closed  cycle  without  any  influence  on  the  expansion  process.  An  outside  control  system 
is  not  needed,  and  the  efficiency  is  very  high.  Additional  static  gas  bearings  may  be  used  during  tran¬ 
sient  regimes. 

Turbines  with  dynamic  gas  bearings  have  been  running  continuously  for  more  than  50  000  hours  in  small  power 
cryogenic  plant3.  It  is  however  required  high  constructive  accuracy,  to  avoid  rotor  oscillation  under  a 
certain  value  of  rotational  velocity. 

The  actual  available  power  at  the  turbine  shaft  (27  000  rpm),  with  an  efficiency  0.83,  is  resulted 


62.76  (130.13  -  78.93)  •  0.82  -  2  635  kW 


for  the  sizes  of  figure  8. 

liven  though  dynamic  gas  bearings  have  been  adopted,  an  auxiliary  static  gas  bearing,  figure  3,  is 
provided  for  near  starting  and  stopping  operations.  This  secondary  circuit  is  using  pressurized  low  tem¬ 
perature  gas,  to  avoid  at  most  heat  exchanges. 

The  low  viscosity  coefficient  of  the  gas,  and  the  consequent  compatibility  betwee  load  capacity  and  radial 
bearing  clearance,  have  imposed  hight  rotating  masses  and  as  highest  as  possible  peripheral  velocities. 

The  radial  gas  bearings,  containing  four  tilting  pads,  are  located  in  two  end  cartridges  filled  with  low 
temperature  gaseous  hydrogen.  The  auxiliary  hydrogen  flow,  extracted  from  the  cycle,  has  the  only  function 
to  recover  the  blow- by  losses  through  the  sealing  packing.  One  major  problem  with  tilting  pad  bearings 
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is  pad  friction,  which  makes  then  difficult  to  set.  In  our  case,  the  bearing  surface  of  the  pad  is  eccen¬ 
tric  with  reference  to  the  axis  of  rotation  of  the  pad.  A  pressure  increase  is  generated  in  the  wedge  - 
shaped  gas  film  between  the  shaft  and  the  pad.  A  portion  of  the  gas  stream  flowing  through  the  wedge  is 
introduced  through  the  pad  into  the  gap  between  the  pad  and  the  gas  housing.  In  this  manner,  the  pressure 
in  the  gap  is  a  factor  of  the  pressure  in  the  wedge.  The  pad  is  completely  surrounded  by  a  gas  film.  It 
ad justs  itse 1 f  automatically,  in  accordance  with  the  equilibrium  of  the  forces.  The  angle  of  incidence  of 
the  pad9  is  determined  by  the  equilibrium  of  torques  relative  to  the  axis  of  rotation  of  the  pad.  These 
torques  are  produced  by  both  the  pressure  forces  normal  to  the  pad  surface  and  by  the  viscosity  forces 
acting  tangential  to  the  surface. 

Each  oscillating  pad  has  its  surface  eccentric  in  respect  to  the  pad  rotation  shaft.  The  pressure  in  the 
wedge  -  formed  meatus  between  pin  and  pad  increases,  and  a  small  gas  flow  under  pressure  fills,  through  a 
hole  in  the  pad,  the  pad/housing  hollow  space.  In  such  a  way,  the  housing  pressure  is  dependent  upon 
that  one  existing  on  the  extraction  point  of  the  meatus  and  related  to  the  collecting  hole  load  loss. 

The  pad  is  completely  surrounded  by  a  gas  film,  so  that  it  may  oscillate  around  its  axis  according  to  the 
acting  viscous  forces. 

Thicknesses  and  lifts  for  the  pad  equilibrium  have  been  carried  out  on  the  basis  of  gas  motion  in  the  mea¬ 
tus  and  in  the  hollow  space.  The  angle  of  the  resultatt  load  has  been  carried  out  from  the  values  of  the 
gas  viscosity,  the  rotational  shaft  velocity  (27  000  rpm),  the  load  of  59  N  and  relative  overload,  the 
maximum  length  (AO  mm)  of  the  pad  along  the  rotational  axis,  the  maximum  diameter  (140  n*n) ,  the  radial 
clearance  (22  •  10-3  mm),  and  the  gas  volumetric  flow  (2.40  •  10-1°m3/s).  The  maximum  relative  pressure 
and  the  meatus  minimum  height  are  resulted,  respectively,  35  kPa  and  10-3  mm,  this  one  requiring  a  preci¬ 
sion  grinding  (roughness  about  0.8  micron). 

The  pad  external  surface  is  assuring  equilibrium  at  pressure  42.17  kPa  and  35  kPa,  respectively,  where  the 
resultant  load  is  applied  for  zero  volumetric  flow  (pad  directly  on  housing)  and  2.04  •  10-^  m3/s  flow 
(equilibrium) . 

The  pressure  drop  in  the  duct,  added  to  the  entry  and  exit  losses,  is  resulted  274.6  kPa.  Taking  into 
account  the  pressure  distribution  in  laminar  motion,  a  minimum  hoi  low  space  thickness  of  4  micron  is  nec- 
cessary.  In  equilibrium  conditions,  the  viscous  torque  on  the  pad  is  10.3  •  10-3  Nm,  balanced  by  the 
torque  due  to  an  eccentricity  0. 7  mm  in  respect  to  the  external  load. 

Both  thrust  bearings  are  dynamic  gas  devices  with  inwardly  pumping  spiral  grooves.  Depending  upon 
the  direction  of  the  resultant  axial  thrust  at  the  rotor,  either  the  right  or  the  left  thrust  bearing  is 
operative. 

This  type  of  bearing  has  been  experimented  in  the  last  50  years,  and  has  been  employed  to  support  loads 
more  than  a  few  tons. 

The  spiral  groves  supply  a  pressurized  fluid  iilm,  because  of  viscosity  in  their  inward  pumping.  High 
load  capacities  arc  devo’opable,  hut  temperature  increases  are  accompanying  the  low  flows  pumped  by  the 
spirals.  The  axial  load  sustained  by  the  bearing  is  evaluated  considering  a  radial  pressure  gradient  and 
a  flow  continuity  between  spiral  and  housing. 

In  sizing  the  present  thrust  bearings,  with  an  axial  thrust  of  24,4  N,  is  resulted:  15  high  pressure  lab¬ 
yrinths,  witli  110  mm  diameter  and  0.15  nm  radial  clearance,  27.  of  total  flow  as  loss,  pressure  from  3  923 
kPa  to  98  kPa,  and  7  low  pressure  labyrinths  with  103  mm,  0.4  mm,  0.5/1,  294  kPa  and  98  kl’a  respectively 
as  diameter,  clearance,  loss  and  pressures. 

A  multi-stage  thrust  dampers  avoid  load  on  the  labyrinths.  The  thrust  bearing  has  the  following  charac¬ 
teristics:  axial  load,  93  Nj  meatus  minimum  and  maximum  height,  0,032  and  0.224  mm;  spiral  groove  depth, 
0.192  mm. 

For  that,  the  tolerable  load  on  the  bearing  results  higher  than  the  turbine  axial  thrust. 

As  before  considered,  a  rotor  equipped  with  dynamic  gas  bearings  needs  auxiliary  startup  bearings, 
also  with  pressure  gas  feed,  during  transient  regimes.  Pressurized  gas  is  fed  in,  when  the  turbine  is 
started  and  stopped.  This  auxiliary  bearing  feed  is  swithched  off  during  normal  operation. 

(las  static  bearings  have  been  chosen,  whose  lift  is  generated  by  pressurized  gas  impacting  a  movable 
slide. 

Helium  has  been  used  as  working  fluid,  which,  besides  liquefaction  temperature  lower  than  that  of  hydro¬ 
gen,  is  also  a  inert  gas,  i.e.  such  to  avoid  dangers  deriving  from  mixtures  with  hydrogen.  The  system 
requires  an  external  circuit,  for  pressure  and  flow  balance,  operating  at  ambient  temperature  and  there¬ 
fore  relatively  easy  as  realization. 

Auxiliary  lifting  bearings  must  have  clearances  between  static  and  movable  plane  higher  than  that  of  dy¬ 
namic  gas  bearings.  This  is  to  avoid  mutual  sliding  between  the  two  auxiliary  bearings  planes  during 
normal  operation.  Moreover,  the  eccentricity,  between  geometrical  axis  and  bearing  pin  axis,  generated 
by  the  load  or  geometric  or  pressure  distribution  errors  in  presence  of  more  entry  ducts,  has  be  less 
than  the  dynamic  gas  bearing  clearance,  to  avoid  sliding  during  transient  motion. 

The  adopted  solution,  figure  8  (detail  1),  consists  of  three  steady  sectors  located  120°  each  other, 
through  which  pressurized  helium  impacts  the  external  surface  of  the  thrust  bearing  disk. 

Flow  and  thrust  result  meanly,  for  each  sector,  10  dm3/s  and  127.5  N,  with  maximum  and  minimum  clearances, 
0.049  and  0.028  mm,  between  sector  and  disk.  The  needed  flow  results  quite  high,  but  it  is  to  be  consid¬ 
ered  its  rare  use.  It  is  convenient  to  equip  the  system  with  a  control  circuit  for  pressure  distribution 
on  the  three  sectors,  and  with  limitation  of  the  eccentricity. 

Regarding  the  auxiliary  thrust  bearing,  it  is  realizable  by  introducing  gas  helium  through  inlet  holes, 
directly  in  the  hollow  space  between  disk  and  steady  plane  of  the  normal  operation  thrust  bearing. 
Dimensions  to  respect  and  clearances  in  whole  the  bearing  system  have  very  stringent  tolerances,  but  it 
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i«  to  be  considered  the  non- series  processing  in  which  every  element  may  be  realised  with  extreme  preci¬ 
sion  and  accurate  controls.  It  has  to  be  observed  also  that  the  calculated  dimensions  are  the  "cold"  ones 
(at  cryogenic  operating  temperatures),  while  processing  is  carried  out  at  "vtrm"  conditions  (at  ambient 
temperature).  For  that,  materials  with  very  similar  (or  equal)  expansion  coefficients  have  to  be  adopted, 
to  avoid  clearances  variations  because  of  temperature  gradients. 

In  order  to  reduce  the  control  technology  required,  the  auxiliary  gas  betring  has  recently  been  re¬ 
placed  by  an  auxiliary  magnetic  bearing.  The  magnetic  bearing  consists  of  two  magnetic  rings,  which  are 
axially  magnetized.  Two  identical  poles  work  against  one  another  and  produce  an  auxiliury  thrust  bearing 
force.  Because  of  the  design  considerations,  the  auxiliary  magnetic  bearing  is  not  arranged  in  the  main 
thrust  bearing,  but  in  the  vicinity  of  one  of  the  radial  bearings. 

The  stiffness  of  the  auxiliary  magnetic  bearing  is  significantly  lower  than  that  of  the  gas  bearing  sys¬ 
tem,  so  that  the  latter  is  not  disturbed.  In  addition,  the  auxiliary  magnetic  bearing  increases  the  axial 
load  capacity  of  the  bearing  system. 

Adopted  materials  must  have,  in  particular,  the  following  characteristics:  compatibility  non  only  with 
cryogenic  temperature  hydrogen,  but  also  with  external  ambient;  strength  capacity  to  stresses  deriving 
from  thermal  contractions  during  refrigeration  cycles;  low  thermal  capacity  to  avoid  cryogenic  fluid  re¬ 
heating;  low  thermal  conductivity,  because  of  the  big  temperature  difference  between  inside  and  outside 
ambient. 

Expecially  at  low  temperature,  thermal  fatigue  is  a  possibile  cause  of  breaking,  particularly  for  compo¬ 
nents  subjected  to  temperature  variations  without  their  expansions  or  contractions. 
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